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ASLE TRANSACTIONS 5, 1-7 (1962) 


Bearing and Lubricant Requirements for Some Aero- 
space Projects: Discussion and Preliminary 
Investigation 


By R. H. LARSON! and A. G. PIKEN? 


This paper illustrates some of the pressing bearing and lubrication problems which confront the 
aero-space industry today. Specific requirements of bearings and lubricants for nuclear engine 
controls and a hot gas flight stabilization system are given. The results of a lubricant survey are 
discussed, and the preliminary test results obtained in a 600F lubricant evaluation program are 
presented. A brief discussion of the merits and limitations of gas lubricated bearings in extreme 
environments is included. The concluding remarks emphasize the need for increased bearing and 


lubricant research. 


Introduction 


THE aim of this paper is to bring to light some of the 
bearing and lubricant requirements which have evolved 
as a result of the tremendous strides being taken in 
aero-space research and development. 

Considerable effort is being devoted toward the de- 
velopment of control systems for advanced aero-space 
vehicles, with a prime objective of this effort being to 
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develop control components which are capable of operat- 
ing successfully in the extreme environments associated 
with various aeronautical and astronautical missions. 
One of the most pressing problems accompanying the 
development of the control hardware is that of providing 
low friction between the moving elements and the sup- 
porting structure. 

This paper deals with the specific bearing and lubri- 
cation requirements for certain aero-space control sys- 
tems now under development. The projects to be dis- 
cussed include electro-pneumatic control rod actuators 
for the nuclear engines of the Pluto and Rover programs 
and a hot gas flight stabilization system for various ad- 
vanced flight vehicles. 

The Pluto program is aimed toward the development 
of a nuclear ramjet engine for a hypersonic missile 
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designed for low altitude operation so as to avoid radar 
detection. Figure 1 is a photograph of a test reactor 
which represents an initial step in the development of 
the Pluto nuclear ramjet engine. 

The Rover program is concerned with the development 
of a nuclear rocket engine capable of hurling payloads 
far into space. This engine is expected to achieve a much 
greater specific impulse than that obtainable with the 
best chemical engines. Figure 2 is a photograph of a test 
reactor for the Rover program. 

Both of the test reactors illustrated are necessarily 
heavy due to shielding, and consequently do not repre- 
sent flyable designs. The success of the ultimate engines 
depends upon the ability of the mechanical and electrical 
components to function in the environments provided by 
unshielded reactors. 

The hot gas flight stabilization system will have the 
function of properly orienting a space vehicle in its flight 
path. Typical flight vehicles in which it can be incor- 
porated are hypersonic manned re-entry vehicles and 
hypersonic low altitude missiles. The system is com- 
pletely pneumatic and derives its power from the de- 
composition of hydrogen peroxide. No special cooling is 
provided; therefore, extreme temperatures can be ex- 
perienced by all components. 

The high velocities, exotic power plants, and unusual 
missions of the vehicles create extreme environments 
and operating conditions for the bearing elements, which 
in most cases are the critical elements in the mechanical 
devices. The challenges to those concerned with bearing 
and lubricant research and development are, indeed, 
great. 


Operating conditions and performance requirements 


Table 1 illustrates the important environmental con- 
ditions and operating requirements for bearings in the 
three vehicles previously discussed. The values shown 
are averaged or approximated in some instances for pur- 


poses of brevity, but the information presents a good 
picture of what the bearings and lubricants must be 
capable of enduring. 

The high temperature environment for the Pluto con- 
trol rod actuator is created by nuclear radiation and 
the ram air entering the ramjet engine. A maximum 
temperature of 1200 F is anticipated. The close proximity 
of the actuator to the reactor will provide a fairly high 
radiation flux; however, the effects of radiation heating 
will be counteracted by the circulated ram air. 

A very high radiation flux will be received by the 
Rover control rod actuator, but the circulation of low 
temperature hydrogen will limit the operating tempera- 
ture range to —220F to +600F. It should be pointed 
out that the hydrogen which cools the actuator is sub- 
sequently heated to an extremely high temperature by 
the reactor and utilized as the thrust-producing medium. 

The hot gas flight stabilization system is not exposed 
to a strong radiation source, but severe thermal effects 
are created by the exothermic decomposition of hydrogen 
peroxide and by aerodynamic heating. No special cool- 
ing gas is present; therefore, the ambient gas consists 
of oxygen and superheated steam which are the de- 
composition products of hydrogen peroxide. Of para- 
mount importance in the selection of materials is re- 
sistance to oxidation, as the oxygen and steam mixture 
will destroy most common metals in a short time. 

The present nuclear power plants being developed for 
aero-space projects utilize a heat exchanger system to 
energize a gas which then expands through a rocket 
nozzle to create thrust. Future engines may utilize elec- 
trically accelerated plasma and ions to produce thrust; 
however, a nuclear electrical power generating device 
will probably be used. Pulsed fission engines are also 
envisioned for the future, but a nuclear energy source 
will be required to initiate the fission process. Thus it 
appears that the environments for bearings and lubri- 
cants in the future will be at least as severe as those 
which must be dealt with now. 
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Bearing and Lubricant Requirements 


TABLE 1 
Representative Bearing Requirements of Selected Aero-Space Projects 





Condition 


Actuator for 
Pluto program 


Actuator for 
Rover program 


Flight stabilization 
system 





Ambient temp. range (F) 
Gas supply temp. range (F) 


Low temp. life 


High temp. life 


No. of complete thermal cycles 
Time period of thermal cycle (min) 


Cooling medium 


+70 to + 1200 
+70 to + 1060 


104 cycles at 1 cps 
104 cycles at 10 cps 


104 cycles at 1 cps 
104 cycles at 10 cps 


30 
5 (70F to 1200 F) 


Air at 1060F 


Ambient gas Air 
Ambient pressure (psia) 14.7 to 375 
Supply gas pressure (psig) 1000 
Supply gas filtration (micron) 10 
Total nuclear radiation dose (rads) 108 
Vibration 0 to 3000 cps 
6 gs max 


Bearing motion 


Hertz stress range (psi) 
Max. coefficient of friction 
Max. radial play (inches) 


1 cps + 720° ampl 
10 cps + 90° ampl 
200,000 to 350,000 
0.05 
0.002 


—220 to + 600 

—220 to + 600 

3 X 105 cycles at 
+ 70F 


1300 cycles 


Hydrogen at 
—220F 


Hydrogen 
0 to 65 
85 to 1000 
Chemically clean 
109 
10 to 2000 cps 
10 gs max. 
0.33 cps + 9° ampl 


140,000 to 370,000 
0.05 
0.003 


+ 40 to + 1400 
+ 1200 to + 1400 


50 hr at 140F 


5 hr at 700F 
5 hr at 1400 F 


5 
120 


None 


Oxygen and steam 
0 to 14.7 
600 
10 
None 
10 to 2000 cps 
10 gs max. 
15 cps + 720° ampl 


150,000 to 300,000 
0.02 
0.002 








Lubricants 


A survey was conducted to determine the types and 
classes of lubricants which could be of use in the proj- 
ects under development. Much of the available litera- 
ture on the subject was consulted, and visits were made 
to a number of research laboratories working in the area 
of high temperature lubrication. 

The survey was initially directed toward commercially 
available lubricants in the hope that at least the lubri- 
cation requirements of the Rover actuator could be 
easily met. Any optimism was short-lived, however, as 
most of the conventional oils, greases, and miscellaneous 
compounds were found to have one or more critical 
faults. Liquid lubricants in general are not suitable for 
the extreme low or high temperatures required (1), and 
most of them have poor radiation resistance. The poly- 
phenyl ethers have excellent thermal stability and re- 
sistance to oxidation and radiation (2), but they are 
usable only over a relatively narrow temperature range 
because of high pour point and low load carrying ca- 
pacity at high temperatures. The so-called high tempera- 
ture greases were eliminated because of deficiencies in 
operating temperature range and radiation resistance. 

With the available liquids and greases totally elimi- 
nated, the solid film lubricants were investigated. Molyb- 
denum disulfide and graphite were reported to be effective 
over a temperature range of from 750 F down to sub- 
zero in air. In a reducing atmosphere, molybdenum di- 


sulfide can be used at temperatures up to at least 1600 F. 
The use of graphite in such atmospheres has been ques- 
tioned by some people. 

For temperatures up to 1200F, metal-free phthalo- 
cyanine appears to be an effective lubricant (3, 4), and 
above 1200 F, lead oxide has some promise (5). Other 
lubricants reported to be effective at high temperatures 
are cupric oxide (6), cadmium oxide (3), calcium fluoride 
(7), boron nitride (8, 9), and lead sulfide (10). There 
appears to be no radiation problem with most of the 
solid lubricants (2). 

Possible methods of application of solid lubricants 
include self bonding, resin or ceramic bonding, suspen- 
sion in a controlled gas flow, use as a thickener to make 
a grease, and suspension in a liquid carrier which can 
be completely volatilized. For the specific aero-space 
requirements, the use of a lubricant-gas mixture is im- 
practical, and liquids are not available for making suit- 
able greases. It was concluded, therefore, that for the 
application at hand, the practical lubrication techniques 
involved bonded solid films and solid lubricant suspen- 
sions in fugitive liquid carriers. 


Rolling-contact bearing and lubricant evaluation 


Rolling-contact type bearings were chosen for the 
initial investigations because it was felt that they offered 
the greatest chance for success. The significant amount 
of industry and government supported research on high 
temperature ball and roller bearings was a factor since 
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it insured that the state-of-the-art would be continually 
advancing. 

A test program was initiated to evaluate those lubri- 
cants and lubrication techniques which were shown to 
have promise in the initial survey. The goal of this 
program was to qualify bearing-lubricant combinations 
for the three aero-space projects under development. 
The program was set up to proceed in three phases: 


Phase 1: Bearing-lubricant evaluation for project 
Rover application. 

Phase 2: Bearing-lubricant evaluation for project 
Pluto application. 

Phase 3: Bearing-lubricant evaluation for the hot 
gas flight stabilization system. 


At the time of this writing, only Phase 1 had been 
completed. 

The solid lubricants which, on the basis of the litera- 
ture survey, were thought to be most applicable to 
the requirements of the Rover actuator were metal-free 
phthalocyanine, molybdenum disulfide, lead sulfide, and 
cupric oxide. Different applications of these lubricants 
were screened and the best performer of the eight, fortu- 
nately, was good enough to justify putting it through the 
qualification tests. 

The concept of suspending a dry lubricant in a fugi- 
tive carrier seemed particularly well suited to the needs 
of the project, so six such lubricants were prepared, 
using about two parts of the powder to one part of the 
carrier by weight. The powder-carrier ratio was deter- 
mined by the amount needed to produce a suitable 
grease-like consistency at room temperature. 


At the completion of Phase 1, the following applica- 
tions of lubricants* had been evaluated: 


(a). Lube No. 1: A paste mixture of metal-free 
phthalocyanine and a commercial polybutene 
of low viscosity. 

(b). Lube No. 2: 70% molybdenum disulfide and 
30% metal-free phthalocyanine suspended in 
propylene glycol. 

(c). Lube No. 3: Molybdenum disulfide plus pro- 
pylene glycol or polybutene. 

(d). Lube No. 4: 90% molybdenum disulfide and 
10% lead sulfide plus propylene glycol. 

(e). Lube No. 5: 75% molybdenum disulfide, 19% 
metal-free phthalocyanine, and 6% lead sul- 
fide plus propylene glycol. 

(f). Lube No. 6: Cupric oxide with a commercial 
polybutene. 

(g). Resin-bonded film (commercial process): 
90% molybdenum disulfide and 10% graph- 
ite. 

(h). Self-bonded film of metal-free phthalocyanine. 


Each of the eight lubricants was subjected to a screen- 
ing test in an R-16 size ball bearing made of 440C 
stainless steel, as this corresponded closely to a typical 
bearing size and material selected for the actuator. The 
volume of paste used was approximately 5% of the 
available bearing space. The following test conditions, 
based upon the life requirements, were imposed: (a) 5 





3 Data concerning purity, particle size, etc., of the lubricants 
are contained in the Appendix. 


TABLE 2 
Results of Lubricant Screening Tests 








Initial Final Coefficient 
radial play radial play of 
Lubricant (inches) (inches) friction Comments 
None 0.0001 to 0.0040 0.05 Considerable wear, surfaces 
0.0007 roughened 
Lube No. 1 0.0001 to 0 to 0.05 Lubricant jammed bearing and 
mfp 0.0007 0.0001 caused rough operation, no 
galling 
Lube No. 2 0.0001 to Oto 0.02 Slight jamming, no galling, lubri- 
7 Mo S,+3 mfp 0.0007 0.0001 cant film built up 
Lube No. 3 0.0001 to 0 to 0.003 to No jamming or galling, good built- 
Mo S, 0.0007 0.0001 0.005 up film 
Lube No. 4 0.0001 to Oto 0.003 to Sane - 
9 MoS, + 1PbS 0.0007 0.0001 0.005 ae ae ete Me. 3 
ae “a ean 0.0001 to Oto 0.003 to Slight roughness due to jamming, 
4 6 PbS. 0.0007 0.0001 0.006 no galling 
Lube No. 6 0.0001 to 0.0001 to 0.015 
CuO 0.0007 0.0007 Balls and races very rough 
Resin bonded film 0.0001 to 0.0001 to 0.005 to Lubricant worn off, surfaces 
90 MoS, + 10C 0.0007 0.0007 0.010 roughened 
Phthalocyanine 0.0001 to 0.0001 to 0.008 Slight roughening of surfaces 
film 0.0007 0.0007 
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hr at room temperature with a speed of 1000 rpm and 
a 10 lb load (137,000 psi Hertz stress), (b) 15 min 
at 600 F with a speed of 1000 rpm and a 200 lb load 
(370,000 psi Hertz stress). Measurements of friction 
torque were made at regular intervals, and the radial 
play was measured before and after each test. 


All of the tests were performed on the apparatus 
illustrated in Figs. 3 and 4. The test equipment consists 


OVEN 
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Fic. 3. Schematic diagram of high temperature bearing test 
fixture. 


of a cantilever support shaft, an oven with electric heat- 
ing elements, a loading device, a torque-measuring de- 
vice, and an electro-hydraulic servo motor for driving. 
The equipment is capable of testing radial bearings in 
sizes up to 2 inches OD at temperatures between 80 F 


— ita: eee 


and 1200 F with loads up to 300 lb. Maximum rotating 
conditions of 3000 rpm or 10 cps + 90° amplitude can 
be achieved. 

The results of the screening tests are tabulated in 
Table 2. The values of coefficient of friction are obtained 
from the relation: f — M/RW, where M is the friction 
torque, R is the ball pitch radius, and W is the radial 
load. The coefficients of friction are approximate due to 
the fact that the torque arm was subject to vibration 
and the friction torque had to be estimated. 


The lubricant pastes which were predominantly metal- 
free phthalocyanine did not perform as well as those 
composed primarily of molybdenum disulfide. Under the 
test conditions used, the metal-free phthalocyanine tended 
to form into hard lumps which jammed the bearing 
and caused rough operation; however, it did a good job 
in preventing wear and galling. 


Lube No. 6, which is primarily cupric oxide, did not 
produce acceptable results. After the room temperature 
portion of the test, the balls and races were in good 
shape, but the high temperature operation resulted in a 
high coefficient of friction and a rough surface finish 
on the contacting elements. 


The resin-bonded film did not perform as well as 
the paste application of molybdenum disulfide (Lube 
No. 3). The bonded film wore away quite readily, and 
the surface finish of the balls and races was comparable 
to that of the bearing run with no lubricant. It appeared 





Fic. 4. Test apparatus 








6 R. H. Larson AND A. G. PIKEN 


that the powder constituent of Lube No. 3 was effec- 
tively circulated in the bearing to provide a longer lasting 
lubricant supply. 

The self-bonded film of metal-free phthalocyanine was 
obtained by surrounding the parts with the powdered 
lubricant and heating them in a nitrogen-purged retort 
up to a temperature of 920 F where they were held for 
3 hr (4, 11). Apparently the coating was not thick 
enough to lubricate effectively, as the balls and races 
were roughened to a greater extent than was the case 
with most other lubricants. It is interesting to note that 
no appreciable wear was incurred, and the coefficient of 
friction was constant over the complete run. This lubri- 
cation method was not considered further due to its 
somewhat inferior performance and the difficulty in ap- 
plying the film. 

Lube No. 3 was found to be the best performing 
lubricant of those screened; consequently, it was selected 
as the lubricant to be used in the preliminary qualifica- 
tion tests on all of the actuator bearings. The results 
indicated that this lubricant adequately satisfies the 
high temperature requirements of the Rover actuator. 
While tests were not run at low temperatures or under 
nuclear radiation, it is strongly believed that since only 
a very small amount of the liquid carrier is present, any 
adverse effects would be negligible. In the event that 
low temperature or nuclear radiation prevents successful 
lubricant performance, the bearing can be run-in with 
Lube No. 3 and subsequently heated to boil off the 
liquid carrier before installation. 

The success of Lube No. 3 is attributed in part to 
the action of the liquid component in evenly distributing 
the molybdenum disulfide on the races. The result, after 
a short run-in period, is that the MoS. becomes burnished 
into the races and forms an even, protective film. It was 
found that the type of liquid carrier used had no adverse 
effect upon the performance of the MoS, so long as it 
left no deposit when it boiled off. 


Gas bearings 


The use of solid lubricants in rolling contact bearings 
at high temperatures precludes the attainment of ex- 
tensive life because wear is usually severe enough to cause 
failure long before material fatigue can occur. Under 
the environmental conditions discussed here, significant- 
ly greater life may be obtained with journal type bear- 
ings which utilize pressurized gases to separate the bear- 
ing elements. 

Gases as lubricating fluids have a number of distinct 
advantages over solid films, liquid metals, and organic 
liquids. Selected gases experience only small viscosity 
changes over broad temperature ranges and do not break 
down or change phase even under severe radiation. High 
pressure gas is readily available for all of the systems 
under consideration, and the used gas can be discharged 
overboard with no appreciable loss in the efficiency or 
performance of the vehicles. 

Externally pressurized gas bearings are preferred over 


the self-acting type in these applications since sizeable 
loads must be carried and many start-ups must be ac- 
complished. The higher performance of externally pres- 
surized gas bearings is obtained at the sacrifice of sim- 
plicity, as gas manifolding and precision inlet passages 
must be provided. 

An investigation was made to determine the feasibility 
of using externally pressurized orifice-compensated air 
bearings in the control rod actuator for the Pluto pro- 
gram, and it was found that the development of such 
devices would require an extensive program considerably 
beyond the scope of the present activity. No attempt 
will be made to go into detail here, but the major dif- 
ficulties encountered with the gas bearing were: (a). In- 
ability to operate efficiently over a broad temperature 
range, (b). Sensitivity to thermal gradients, (c). Ques- 
tionable shock capacity and dynamic stiffness, (d). Rela- 
tively large space required, and (e). Sensitivity to con- 
tamination. 


Conclusions and recommendations 


The operating conditions and performance require- 
ments of bearings in three typical aero-space projects 
have been presented. The environmental extremes im- 
posed upon the bearing elements create material design 
problems heretofore not experienced. 

Liquid lubricants and conventional greases are not 
usable in the applications discussed because of low radia- 
tion resistance, poor thermal stability, or narrow operat- 
ing temperature range. It appears that solid or gaseous 
lubricants must be used in all applications where wear 
must be minimized. 

The lubrication requirements of the Rover actuator 
in the 70 F to 600 F temperature range are effectively 
met with molybdenum disulfide in a fugitive carrier. 
Tests have not yet been made with the lubricant in a 
radiation environment or at temperatures below 70 F. 

Rolling-contact bearings appear to be the best type 
for general application in extreme environments as de- 
scribed herein. Gas lubricated bearings can be employed 
where exceptionally long life and low friction are re- 
quired, however, they require a great deal of develop- 
ment work. 

A great deal of research and development is required 
in the bearing and lubricant fields before there can be 
much confidence in designing and lubricating bearing 
elements for use in extreme environments consisting of 
corrosive gases, nuclear radiation, extreme temperatures, 
vibration, and shock. The major goals which should be 
sought are: 

(a). Greater radiation resistance, oxidation resist- 
ance, and thermal stability of liquid lubri- 
cants. 

(b). Increased oxidation resistance, lower friction, 
and increased wear resistance of solid lubri- 


cants. 
(c). Higher hot hardness and strength of corrosion 
resistant bearing materials. 
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(d). Lubrication systems or techniques which can 
be used effectively in aero-space vehicles and 
which will greatly extend the life of plain 
bearings and rolling-contact bearings. 


(e). Practical applications of gas bearings in aero- 
space vehicles. 
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Appendix 
COMPOSITION OF LUBRICANT CONSTITUENTS 
1. Metal-Free Phthalocyanine 


The particle size was found by microscopic examina- 
tion to be less than 10 microns. A spectroscopic analysis 
showed that the following impurities were present: 


Iron—0.2% to 0.5% 
Copper—0.001% to 0.005% 
Aluminum—0.03% to 0.05% 
Silicon—0.05% to 0.10% 


2. Molybdenum Disulfide 

The MoS2 powder used had a maximum particle size 
of 62 microns and conformed to military specification 
MIL-L-7866a. 
3. Lead Sulfide 

The compound was reagent grade with particle sizes 
ranging from 5 to 300 microns before mixing operation. 
4. Cupric Oxide 

Reagent grade oxide was used which had particle sizes 
ranging from 4 to 50 microns. 
5. Polybutene 


This liquid is predominantly high molecular weight 
mono-olefins with some isoparaffins. The average molecu- 
lar weight is 330, the viscosity at 100 F is 114 Saybolt 
seconds, the flash point is 230 F, and the pour point is 
—65 F. 


6. Propylene Glycol 

The manufacturer gives a boiling point range of 367 to 
369 F as an indication of the purity. 
7. Resin Bonded Film 


This film was put on with a thickness of approximately 
0.0003 inch using a thermosetting resin. 
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Friction, Wear, and Evaporation Rates of Various 
Materials in Vacuum to 107’ mm Hg 


By DONALD H. BUCKLEY,! MAX SWIKERT,? and ROBERT L. JOHNSON® 


Evaporation data on soft metals, lubricating inorganic compounds, and various reference materials 
are reported for temperatures from 75 to 1000 F in vacuum as low as 10-7 mm Hg. Observations 
on modes of vacuum degradation (e.g., evaporation or dissociation) and methods of experimenta- 
tion are related. Friction and wear data are presented for several unlubricated metals (e.g., type 
440-C steel) and metals coated with inorganic (e.g., MoS,, CaF.) as well as with soft metal 
films in vacuum at ambient pressures between 10—6 and 10-7 mm Hg. 


Introduction 


THE requirements for bearings and seals to operate in 
the environment of space dictate a new area for lubri- 
cation research. The low ambient pressures encountered 
in space can be expected to influence the behavior of oil, 
grease, and solid-film lubricants. The property of these 
materials most significantly affected by low ambient 
pressures is the evaporation rate. Various investigators 
have therefore measured the evaporation rates of oils 
and greases in vacuum as one method of establishing 
their relative merit for space applications (1-3). The 
results of this work have given some indication as to 
the oils and greases with the greatest stability at re- 
duced ambient pressures. Only limited experimental 
work, however, has been reported in the literature for 
inorganic solids and soft metals which have potential 
use as solid lubricant films or coatings for hard alloy 
substrates [e.g. Reference (4) ]. In general, the evapora- 
tion rates of these materials would be lower than those 
of oils and greases. These films might therefore be very 
attractive as lubricants for high vacuum service. 


The lack of oxygen in outer space creates another 
problem for lubrication systems, namely, the absence 
of the protective metal surface oxides normally encoun- 
tered in air. In the absence of these or other protective 
surface films, mass metal transfer, welding, and high 
coefficients of friction may be experienced for metals in 
sliding contact (5-7). Some data are presented in the 
literature for the friction and wear of metals and soft 
alloys in vacuum [e.g. Reference (8)]. In general, these 
data were obtained with conventional oil diffusion pumps 
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in the vacuum systems. One of the problems associated 
with such systems is that of back-migration of oil vapors 
from the pump to the test chamber. ‘This back-migration 
even with cold traps and baffles can serve as a source 
of specimen contamination and result in a pronounced 
reduction in friction and wear. 

There is a need for data on the evaporation rates of 
lubricants and also on the friction and wear character- 
istics of potential bearing and seal materials; these data 
must be obtained in a vacuum environment to facilitate 
the proper selection of lubricants and slider materials 
intended for use in space. The friction and wear data 
should be obtained in systems which are free from 
sources of specimen contamination like that associated 
with the oil diffusion pumps. 

The objectives of this investigation were to determine 
in vacuum (10~®* to 10-7 mm Hg): (a) the evaporation 
rates for various organic and inorganic lubricants, (b) 
the evaporation rates of solid lubricant coatings, (c) the 
friction and wear properties of unlubricated slider ma- 
terials for reference, and (d) the friction and wear prop- 
erties of these slider materials coated with solid lubricant 
films. Evaporation-rate experiments were used to select 
the most promising solid lubricants for use as surface 
films on slider materials in vacuum. Evaporation rates 
were measured at temperatures from 55 to 1000 F. Fric- 
tion and wear experiments were conducted with a 3/16- 
in. radius rider sliding on a 2% in. diameter disk speci- 
men at a surface speed of 390 ft/min. The rider was 
loaded against the disk with a 1000 g load. The dura- 
tion of the experiments was 1 hr. 


Materials 


The specimens used in the evaporation experiments 
of this investigation were oils, greases, inorganic solids, 
metals, and solid lubricant coatings. The oils included 
MIL-L-7808 (di-2-ethyl hexyl sebacate), two mineral 
oils (viscosities of 380 and 235 centistokes at 100 F) 
designed for high-temperature use, and a polyphenyl 
ether [1-(p-a-cumyl phenoxy )-4-phenoxy benzene]. The 
ether was a solid at room temperature. The greases 
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9 
TABLE 1 
Alloy Compositions 
Composition Hardness, 
Metal Fe Ni Co Cr . Mo W Ti Si Mn Al Ov.her Rockwell 
52100 Bal. 1.3 0.95 0.20 0.25 P, 0.025 R, 60-43 
of to to to to S, 0.025 
comp. 1.6 1.10 ao A5 
440-C Bal. 16.0 0.95 0.75 1.0 1.0 P,S R,. 54 
of to to Max. 
comp. 18.0 1.20 
Ni-Cr 0.250 Bal. 11.0 18.0 0.06 9.0 3.2. 0.010 0.050 1.50 R, 43 
of to to to to 
comp. 12.0 20.0 BY 10.5 
Ni-Cr-Fe 5.0 70.0 15.0 0.08 0.50 S, Cb R, 29 
to Al, Mn 
9.0 
Cobalt alloy 3.0 2.5 43.0 31.0 2.4 17.0 1.0 ik 52-63 
Ni-bonded TiC 25.0 13.2 5.0 52.0 Cb, 4.5; Ry 89 
and CbC2 Ta, 0.3 





@ Ti and Cb are present as mixed carbides. 


CONDE 
SHIELD 


Fic. 1(a). 


Vacuum apparatus for bulk evaporation studies 
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included were a radiation-resistant grease and two 
mineral-oil-base greases with phthalocyanine thickeners. 
The inorganics included chemically pure materials ob- 
tained from commercial supply houses: cadmium iodide 
(CdI2), cobalt chloride (CoCl2), nickel fluoride (NiF2), 
lead oxide (PbO), calcium fluoride (CaF:), barium 
fluoride (BaF2), tungsten disulfide (WS.2), and molyb- 
denum disulfide (MoS2). The nickel bromide (NiBre) 
could not be readily obtained commercially and was 
therefore prepared in the laboratory. The metals included 
were cadmium (Cd), indium (In), zinc (Zn), magnesium 
(Mg), tin (Sn), gallium (Ga), lead (Pb), and silver 
(Ag). Two organics other than the oils and greases for 
which evaporation rates were measured were polytetra- 
fluoroethylene (PTFE) and epoxy (diglycidyl ether of 
bisphenol A with a diethylene triamine catalyst). 

The alloys used in the friction and wear experiment 
with their compositions are presented in Table 1. 


The molybdenum disulfide coatings used were coatings 
of the following types: silicon resin bonded, epoxy- 
phenolic resin bonded, ceramic bonded, and a metal 
matrix coating. The coatings were applied to 0.003 in. 
thick metal tabs for evaporation experiments. The 
thickness of the applied coating was 0.001 in. In the 
friction and wear experiments, however, the coating 
thickness on the disk specimens was 0.0002 to 0.0003 in. 


Apparatus 


The apparatus used in this investigation is presented 
in Figs. 1(a) to 1(c). The evaporation apparatus con- 
sisted of a commercial bell-jar vacuum system with a 
4 in. oil diffusion pump system. Pressures in the 18 in. 
diameter chamber were measured with thermocouple 
and hot cathode ionization gages. Inside the bell-jar 
chamber just above the throat of the diffusion pump, 





¢ 


Fic. 1(b). Vacuum evaporation apparatus with balance for continuous rate measurements 
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a large plate was used to support a heater and the 
test specimen. The heater consisted of a housing of 
machinable ceramic and a wire-wound tungsten heating 
element. The specimen was placed on the heating ele- 
ment. A thermocouple was positioned on the top edge 
of the specimen for temperature measurement and con- 
trol. 

Approximately 4 in. above the specimen was a con- 
densing shield. This shield was cooled with a liquid- 
nitrogen coil, and the temperature measured at the center 
of the condensing shield when liquid passed through the 
coil was —204 F. On the side of the shield facing the 
specimen was a copper tab for making X-ray analyses 
of condensate composition. 

The bell-jar evaporation apparatus was modified for 
use with a continuous recording balance. The apparatus 
with associated modifications is presented in Fig. 1(b). 
The weighing mechanism of a commercially available 
electronic balance was mounted on a support in the 
upper part of the bell jar. Suspended from the balance 
beam was a thin wire that extended from the balance 
beam through the condensing shield to a stirrup that 
supported the specimen. The specimen and stirrup were 
suspended in the mouth of a cylindrical furnace. The 
walls of the furnace contained the heating elements of 
wound tungsten wire. A dummy specimen with thermo- 
couple placed beneath the test specimen was used to 


measure and control specimen temperatures. The dummy 
specimen technique has been employed by others in 
similar experiments (9). Weight changes in the specimen 
were continuously recorded on a strip chart. 

The vacuum friction and wear apparatus is shown 
schematically in Fig. 1(c). The basic elements of the 
apparatus were a 214 in. diameter disk and a 3/16 in. 
radius rider specimen. The disk was rotated by means 
of an induction motor with a canned rotor and stator. 
The enclosure of rotor and stator permitted a vacuum 
in the motor chamber. A vacuum valve connected the 
motor chamber with a mechanical pump system. The 
system included a liquid-nitrogen cold trap to inhibit oil 
migration from the pump. The specimen chamber con- 
taining the disk and rider was attached to the motor. 
The motor drive shaft extended into the specimen 
chamber with the disk specimen bolted directly to the 
end. The only seal between chambers was that afforded 
by a ball bearing mounted on the drive shaft. Since 
the presence of the ball bearing did not provide a vacuum 
seal, the ionization pump pumped both chambers. When 
the pressure in the specimen chamber was 10-7 mm Hg, 
it was approximately 10-* mm Hg in the motor cham- 
ber. 

The rider specimen was supported in the specimen 
chamber by a retaining arm that was gimbal and bellows 
mounted to the chamber. A linkage at the end of the 





Fic. 1(c). Vacuum friction and wear apparatus 
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retaining arm away from the rider specimen was con- 
nected to a strain-gage assembly. The assembly was 
used to measure frictional force. Load was applied 
through a dead-weight loading system. 

Attached to the lower end of the specimen chamber 
was a vacuum valve. The side of the valve away from 
the chamber had a T-section. On the lower portion of 
the T was connected a 400 liters/second ionization pump. 
The remaining portion of the T connected with a vacuum 
valve and a mechanical pump using liquid-nitrogen cold 
traps. 

The first high-vacuum pump to be used with the 
vacuum friction and wear apparatus was a conventional 
oil diffusion pump. In initial experiments it was estab- 
lished, however, that specimen contamination by oil 
vapors had occurred (see Appendix A). Various liquid- 
nitrogen cold-trap designs were employed to eliminate 
this problem. Subsequent specimen examinations, how- 
ever, indicated surface contamination. Combinations of 
cold traps, optical baffles, and heating grids for decom- 
position of oil vapors were then tried with little or no 
success. Since, even with the best trapping techniques, 
the possibility of specimen contamination did exist, the 
diffusion pump was replaced by an ionization pump. This 
pump employs no fluids or vapors in its operation. 


Experimental procedure 


The procedure used in the evaporation studies con- 
sisted of first preparing the experimental specimens. This 
was accomplished for the solids by oven-drying and de- 
hydrating the materials. When the powders were dry, 
small charges were placed in a mold and compressed 
into tablet form under a 10,000 psi compression force. 
When the specimens were removed, they measured 5% in. 
in diameter and were approximately 1% in. thick. The 
tablets were then placed into a small preweighed glazed 
ceramic dish that had side walls of % in. and inside 
diameter just large enough to accommodate the tablet 
specimen. The specimens and holders were then stored 
in a desiccator until ready for use. The oils and greases 
were placed directly in the dishes with the specimen fill- 
ing the dish. 

Prior to an experiment the specimens were removed 
from the desiccator and weighed. The specimen and 
holder were then placed into the vacuum chamber, and 
the chamber was evacuated. At a pressure between 10~® 
and 10-7 mm Hg the experiment was started. In those 
experiments conducted above room temperature, the 
specimens were heated by a tungsten heater on which 
the specimen was placed. 

The evaporation-rate experiments made with solid 
lubricant coatings were run using the electronic balance 
with a continuous measure of weight change with time. 
During an experiment a tab was placed on the stirrup 
that was suspended from the balance at the top end of 
the furnace, and the chamber was then evacuated. At 
a pressure between 10~—® and 10-7 mm Hg the evapora- 
tion experiments were started. 


The disk and rider specimens used in friction and wear 
experiments were finish-ground at 4 to 8 u in. Before 
each experiment the disk and rider were given the 
same preparatory treatment. This treatment consisted 
of (a) a thorough rinsing with acetone to remove oil 
and grease, (b) polishing with moist levigated alumina 
on a soft cloth, and (c) a thorough rinsing with tap 
water followed by distilled water. For each experiment 
(data point) a new set of specimens was used. In those 
experiments in which disks with coatings were used, the 
coatings were applied after the cleaning procedure. 
Plated specimens were solvent-cleaned, and bonded coat- 
ings were carefully handled following coating in order 
to avoid contamination. 

The specimens were then placed in the apparatus. 
Mechanical pumps with liquid-nitrogen cold traps were 
used to obtain a pressure of 10-* mm Hg in the speci- 
men chamber. In the startup of the ionization pump, 
ionization of chamber gases was produced by the pump. 
This ionization generally persisted for 20 to 30 min. 
In the event that oil molecules had migrated through 
the liquid-nitrogen cold traps of the mechanical pumps 
prior to being valved off from the specimen chamber, 
the ionization would decompose them. 

When the specimen chamber pressure was between 
5.0 X 10-7 and 2.0 & 10-*® mm Hg as measured by 
a hot cathode ionization gage and by the ionization 
pump current, the friction experiment was started. A 
1000 g load was applied to the rider loading it against 
the disk. Friction force was continuously measured and 
recorded on a strip chart. The wear was measured as 
volume loss of the rider specimen upon completion of 
1 hr of running. The wear to the disk specimen surface 
was recorded with a surface profile measuring device. 


Results and discussion 


EVAPORATION DATA 


The evaporation rates for some low-vapor-pressure oils 
and greases were determined in vacuum at various tem- 
peratures. The results obtained in these evaporation 
experiments are presented in Fig. 2. The sebacate MIL- 
L-7808 bubbled continuously while evaporating. The 
high-temperature mineral oils (viscosities of 380 and 
235 centistokes at 100 F) did not exhibit this character- 
istic, and the surfaces were rather quiescent during 
evaporation at 55 and 200F. The ether (1-a-cumyl 
phenoxy-4-phenoxy-benzene was a solid at 55 F and ex- 
hibited no detectable weight change in 60.0 hr. At 200 F 
the ether was in a liquid state, and the evaporation rate 
was quite high (2.5 & 10~-® g/cm?/sec). 

The greases appeared to lose the base oil with in- 
crease in temperature, leaving the bulk of the thickener 
behind. The evaporation experiments were terminated 
before complete evaporation of the base oil had oc- 
curred. This was found desirable in order to avoid a 
change in evaporation rates once the base stock had 
completely evaporated and the thickener with its own 
characteristic rate began to evaporate. The radiation- 
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Fic. 2. Evaporation rates for various oils and greases in vacuum. Ambient pressure, 
8.0 X 10-7 to 2.0 X 10—-® mm Hg. 





resistant grease exhibited a very low rate of evaporation 
at 55 F. At 200 F, however, the rate increased and the 
specimen became rubbery. The greases using phthalo- 
cyanine as a thickener both showed evidence of the 
thickener evaporating with the base stock, as determined 
by examination of the condensate on the liquid-nitrogen 
condensing shield. The evaporation rates of the greases 
were tolerable at 200 F; however, at 350 F the rate was 
quite high. The total per cent of the oil and grease 
samples lost depended upon the evaporation rates of 
the various materials. For example at 200 F only 3 per 
cent of the grease with H thickener was lost in 20 hr 
while 86 per cent of the MIL-L-7808 had evaporated 
in 14.0 hr. The oil and grease evaporation experiments 
were generally of 20 hr duration. In those cases where 
the evaporation rates were very high (MIL-L-7808) the 


on the specimen surface. The cobalt chloride sample 
exhibited a color change from blue to green at 500F; 
however, the evaporation rate was low. X-ray analysis 
of the sample indicated its composition to be cobalt 
chloride (CoCl.). The cobalt chloride, cadmium iodide, 
and nickel bromide evaporated and condensed on the 
condensing shield as cobalt chloride, cadmium iodide, 
and nickel bromide, respectively. The epoxy composi- 
tion (diglycidyl ether of bisphenol A with a catalyst of 
diethylene triamine) showed evidence of decomposition 
at 350 F. 
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experiments were terminated in shorter periods. Dupli- 
cate experiments indicated a reproducibility of data with- e Bes a 2s 
in 5 per cent. ° EPOXY LEAD OXIDE CADMIUM IODIDE 


The evaporation rates for compressed disks of various 
lubricant coating constituents were determined, and the 
results obtained in vacuum at various temperatures are 
presented in Fig. 3. The nickel fluoride showed no evi- 
dence of evaporation at 55 or 200 F. At 350 F, however, 
the nickel fluoride dissociated to metallic nickel and 
fluorine. The specimen surface changed from yellow- 
green to a black color. X-ray analysis of the surface 
indicated the black film to be metallic nickel. The lead 
oxide also dissociated at 350F to metallic lead and 
oxygen. X-ray analysis indicated the presence of lead 
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Fic. 3. Evaporation rates for possible coating constituents in 
vacuum. Ambient pressure, 8.0 X 10-7 to 2.0 x 10-6 mm Hg. 
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The evaporation rates for molybdenum disulfide, tung- 
sten disulfide, calcium fluoride, and barium fluoride at 
temperatures to 1000F are presented in Fig. 4. The 
weight losses for these materials in vacuum at elevated 
temperatures were very low, and in general these ma- 
terials appeared to be the most stable of the inorganics 
tested. The rates for molybdenum disulfide, calcium 
fluoride, and barium fluoride were extremely close, and 
a single curve was drawn to represent the evaporation 
rate of these three materials. The molybdenum and 
tungsten disulfide had to be heated in vacuum prior to 
an experiment to remove adsorbed gases. 

The evaporation rates for polytetrafluorethylene (pure 
polymer without plasticizer) were determined at various 
ambient temperatures and pressures. The results ob- 
tained in these experiments are presented in Fig. 5. 
While the polytetrafluorethylene exhibited some weight 
change at various ambient pressures, this weight change 
was extremely small. The evaporation rate of polytetra- 
fluorethylene at various temperatures was determined at 
an ambient pressure of 8.0 x 10-7 to 2.0 K 10-* mm 
Hg. The evaporation rate of polytetrafluoroethylene was 
low to 350 F; at 650F the rate was high. Polytetra- 
fluorethylene begins to decompose at temperatures above 
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Fic. 4. Evaporation rates for various inorganic compounds in 
vacuum. Ambient pressure, 8.0 X 10-7 to 2.0 X 10-6 mm Hg. 
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Fic. 5. Evaporation rate of PTFE at various temperatures 
and pressures. 


500 F; this may well account for the high evaporation 
obtained at 650 F. 

The evaporation rates for various metals were deter- 
mined in vacuum over a range of temperatures, and 
the results obtained in these experiments are presented 
in Figs. 6 and 7. Cadmium and zinc exhibited relatively 
high rates of evaporation. The rates were higher than 
obtained with polytetrafluorethylene. Lead, tin, and 
silver had the lowest rates of evaporation of the soft 
metals investigated. 

When the evaporation rates determined experimental- 
ly in this investigation are compared with data calculated 
from vapor pressure presented in the literature (10), the 
results appear to be in good agreement (Fig. 6). Any 
differences observed could be due not only to experi- 
mental error but to error in the calculated values. The 
calculated values are based on thermodynamic relations 
where an error of 10 per cent is not unlikely. Since the 
evaporation rate can be determined from vapor pressure, 
the reverse must also be possible. The use of evaporation 
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Fic. 6. Evaporation rates for various metals in vacuum. Am- 
bient pressure, 8.0 X 10-7 to 2.0 X 10-6 mm Hg. 
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Fic. 7. Evaporation rates for various metals in vacuum. Am- 
bient pressure, 8.0 X 10-7 to 2.0 X 10-6 mm Hg. 








Friction of Materials in Vacuum 


rates to determine vapor pressure can be accomplished 


533 


for pure metals by a simple equation: 


Pum == 17.14 c,/= 
m 


where 
Pmm = Vapor pressure in mm Hg 
G = evaporation rate in g/cm?/sec 
T = temperature in °K 
m = molecular weight 


The vapor pressure of zinc is determined from its 
evaporation rate at 500 F: 
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Fic. 8. Evaporation rate of various MoS, coatings in vacuum. 
Ambient pressure, 1.0-2.0 x 10-—® mm Hg; 0.001-in. MoS, coat- 
ing on Ni-Cr alloy. 
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Pmm = 9.81 X 10-5 


The vapor pressure of zinc at 500F presented in the 
literature (10) is 1.0 XK 10-* mm Hg. 
Evaporation-rate experiments were conducted with 
four molybdenum disulfide coatings in vacuum at vari- 
ous temperatures. An electronic balance was used to con- 
tinuously measure weight changes with time. The results 
obtained in these experiments are presented in Fig. 8. 
In general, there appears to be a break in evaporation 
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Fic. 9. Friction and wear of various alloys in air and in 
vacuum. Vacuum, 5.0 X 10-7 to 2.0 x 10—-® mm Hg; sliding 
velocity, 390 ft/min; load, 1000 g; duration of run, 1 hr. 
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Fic. 10(A)-(D). ree Waco and surface profile tracings of wear areas on disk specimens, load, 1000g; sliding 
velocity, 390 ft/min; duration of run, 1 hr; xX 20. (A) Disk specimen, 52100 tool steel in air. (B) Disk specimen, 52100 
tool steel in vacuum. (C) Disk specimen, 440-C stainless steel in air. (D) Disk specimen, 440-C stainless steel in vacuum. 
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Fic. 10(E)-(H). Photomicrographs and surface profile tracings of wear areas on disk specimens, load, g; sliding velocity, 390 
fpm; duration of run, 1 hr; X 20. (E) Disk specimen, cobalt-base alloy in air. (F) Disk specimen, cobalt-base alloy in vacuum. 
(G) Disk specimen, Ni-Cr-Al alloy in air. (H) Disk specimen, Ni-Cr-Al alloy in vacuum. 
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curves for all coatings; this result indicates a change in 
evaporation rate. This change may be due to two dif- 
ferent evaporation rates, one for the binder, and the 
other for molybdenum disulfide itself. 


FRICTION AND WEAR DATA 


Unlubricated metals. Friction and wear experiments 
were conducted in air and vacuum with five alloy com- 
binations. The results obtained in these experiments are 
presented in Fig. 9. The friction and wear values for 
52100 steel sliding on itself were lower in vacuum 
than in air. Examination of the disk surfaces after the 
experiments indicated a change in the wear mechanism 
[Figs. 10(a) and (b)]. Free metal wear particles are 
oxidized in air, and the resulting metal oxides on the 
particles prevent adherence to the base metal. At an 
ambient pressure of 10—-® mm Hg, however, where oxygen 
availability was appreciably reduced, the wear surface 
of the disk showed evidence of considerable metal trans- 
fer as nascent wear particles readily adhered to the 
parent metal. The surface profile tracings of Fig. 10(b) 
indicate “buildup” on the disk surface. This was ap- 
parently due to the transfer of metal from the rider to 
the disk specimen. 

The low friction coefficients experienced for 52100 
steel in vacuum (10-* mm Hg) may be accounted for 
in that, even at 10-* mm Hg, oxygen is present. Bowden 
and Tabor (11) have indicated that copper will oxidize 
as rapidly at 10-* mm Hg pressure as it will at atmos- 
pheric pressure; also, it has been established elsewhere 
that, at 10-® mm Hg, a clean metal surface will adsorb 
a monolayer of gas in a second. Since some oxygen is 
available at 10-* mm Hg, it is probable that as pieces 
of metal, which are quite hot, transfer from one speci- 
men surface to the other, localized oxidation of the 
transferred metal occurs. With the limited oxygen avail- 
able the lower oxides of iron, FeO and Fe3;0,, would 
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Fic. 11(a). Coefficient of friction for 52100 sliding on 52100 
at various ambient pressures. Sliding velocity, 390 fpm; load, 
1000 g; temperature, 75 F. 


form on ferrous metal and result in a friction coefficient 
lower than normally encountered in air at atmospheric 
pressure (12) where Fe2Oz is one of the oxides present. 
Results obtained at pressures lower than 10-* mm Hg 
should differ from those obtained at 10-* mm Hg. 

The coefficient of friction for 52100 tool steel sliding 
on 52100 tool steel at various ambient pressures is pre- 
sented in Fig. 11(a). The friction decreased from 0.45 
at 760 mm Hg pressure to 0.2 between 10-1 and 10~? 
mm Hg. The friction began to increase again at 10~‘* 
mm Hg, and at 5.0 x 10-7 mm Hg it was 0.375. 

In order to reduce the oxygen concentration available 
for surface reaction at pressures of 10-* to 10-7 mm Hg 
a liquid helium condensing coil was added to the friction 
and wear apparatus. Liquid helium will condense all 
gases except helium. A friction experiment was made at 
2.0 X 10-7 mm Hg using the liquid helium condenser. 
The results obtained are presented in Fig. 11(b). The 
initial coefficient of friction was 0.2. This low value 
being associated with the presence of the lower iron 
oxides on the specimen surfaces. As time progressed, 
however, the coefficient of friction began to increase and 
after 30 min of operation when the residual surface 
oxides had worn away, a friction of 5.0 was observed. 
The specimen then welded together and the experiment 
was terminated by this complete seizure. 

The friction and wear results obtained with 440-C 
stainless steel sliding on itself in vacuum were about 
the same as in air (Fig. 9). Examination of surface 
photomicrographs and profile tracings of the disk wear 
area [Figs. 10(c) and (d)] indicate that particles were 
transferred to the disk specimen. 

The friction and wear of a cobalt-base alloy were 
determined in vacuum and air, and the results obtained 
are presented in Fig. 9. The friction and wear were lower 
in vacuum than in air, and examination of the surface 
topography indicated no evidence of mass metal transfer 
in vacuum [Fig. 10(f)]. Similar results have been ob- 
served for this particular alloy in inert and reducing 














= MASS WELDING OF 
SPECIMENS 

FS 4.0r—- 
- — 
© 
cx 
& 30K 
uw 
° + 
> 
w 2.0r— 
oO 
a 3 
w 
W 
8 10K 

-— 

‘7 
re) 5 10 15 20 25 30 35 
TIME, MIN 


Fic. 11(b). Coefficient of friction for 52100 sliding on 52100 
in vacuum with liquid helium cryogenic pumping; pressure 2.0 
xX 10-7 mm Hg., sliding velocity 390 fpm, load 1000 g. 
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atmospheres (data in process of publication). This par- 
ticular alloy is an air cast material and has about 1.0 
per cent sil.con in its composition. The influence of 
silicon on the friction and wear properties of materials 
is discussed in Reference (11). It was established in (11) 
that small quantities of silicon rather markedly reduced 
the friction and wear normally encountered for alloys 
in inert and reducing atmospheres. This same mechanism 
could be expected to apply in vacuum. 

The friction and wear properties of a vacuum-melted 
nickel-base alloy (Ni-Cr) were next cetermined. The 
results obtained in air and vacuum are presented in 
Fig. 9. The coefficient of friction in vacuum was greater 
than in air. The rider wear, however, was about the 
same in both environments. Examination of this wear 
area on the disk specimen indicated metal transfer in 
vacuum [Fig. 10(h)]. From the photomicrograph it 
appears that pieces of metal were transferred from rider 
to disk and then smeared in the direction of sliding. 
Though the rider wear was nearly the same in air and 
in vacuum, the wear mechanism on the disk surfaces 
was quite different, as indicated by comparison of the 
photomicrograph and surface profile traces of Figs. 10(g) 
and 10(h). 

The friction and wear values for a nickel-bonded 
titanium and columbium carbide cermet sliding on itself 
is presented in Fig. 9. For this particular material both 
friction and wear were higher in vacuum than in air. 
The photomicrograph and surface profile tracing of Fig. 
10(j) indicate evidence of metal transfer to the disk 
surface in vacuum. 

Lubricated metals. The mechanism of wear for met- 
als in vacuum indicates that stable films should be 
employed to lubricate these materials. Since molybdenum 
disulfide has been shown to be a good dry film lubricant 
in air and has very low evaporation rates in vacuum, 
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Fic. 12. Friction and wear of 440-C on 440-C with various 
MoS, films. Ambient pressure, 8.0 X 10-7 to 2.0 xX 10-6 mm 
Hg; sliding velocity, 390 fpm; load, 1000 g; duration of run, 
1 hr. 


molybdenum disulfide coatings using various binders 
were used as solid-film lubricants for 440-C stainless 
steel in vacuum. The friction and wear results obtained 
with 440-C sliding on 440-C coated with various molyb- 
denum disulfide films in vacuum are presented in Fig. 
12. From the results obtained, it appears the lubricant 
binder plays an important role in the friction and wear 
results obtained with molybdenum disulfide coatings. 
The best friction and wear were obtained with an 
epoxy-phenolic and a silicone resin-bonded molybdenum 
disulfide coating. The metal matrix was less satisfactory, 
and the ceramic bonded gave the poorest results with a 
continuous friction coefficient of about 0.3 over an entire 
1 hr of operating. These results, however, were obtained 
at room temperature, and the epoxy-phenolic coating 
may not appear as promising at elevated temperatures. 

Friction and wear experiments were made with other 
solid film, and the results obtained are presented in 
Fig. 13. A lead oxide-silicon dioxide coating developed 
for high-temperature use in air was applied to 440-C 
stainless steel and was run in vacuum. A friction co- 
efficient of about 0.17 was obtained at 10—® to 10-7 mm 
Hg ambient pressure. In air at room temperature, with 
a sliding velocity of 430 ft/min, this particular coating 
had a friction coefficient of 0.3 (14). In vacuum the sur- 
face became sufficiently heated without an external heat 
addition to give a friction coefficient similar to that 
obtained in air at 250 F in (14). 

A calcium fluoride solid lubricant coating developed 
for high-temperature applications was applied to a 
Ni-Cr disk. A Ni-Cr-Fe rider was used against the disk 
in vacuum. The friction and wear obtained are presented 
in Fig. 13. The coating gave a friction coefficient of 0.18 
over a 1 hr period, and the wear to the rider specimen 
was low. The friction coefficient obtained with this coat- 
ing in vacuum was lower than obtained in air at the 
same temperature. 

In the literature, instances are cited where thin, soft 
metal films were used as protective coatings for bearings 
run in vacuum (4, 15). Various soft metals were there- 
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vacuum. Ambient pressure, 8.0 X 10-7 to 2.0 x 10-8 mm Hg; 
sliding velocity, 390 fpm; load, 1000 g; duration of run, 1 hr. 
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fore applied to 440-C stainless steel substrates to deter- 
mine their influence on the friction and wear of these 
substrates in vacuum. The results obtained with a 440-C 
stainless steel rider sliding on the thin metal film (0.0004 
in. thickness) coated 440-C disks are presented in Fig. 
13. The friction coefficient for lead, gold, and silver was 
less than 0.1 while tin was about 0.14. The wear for 
440-C stainless steel was low with all four coatings. The 
thin metal films appear to have properties when applied 
to hard substrates that make them potential candidates 
as solid-film lubricants for use in vacuum. 


Summary of results 


Evaporation rates, and friction and wear were ob- 
tained at a pressure of 10-* to 10-* mm Hg. Since 
the pressures encountered in space may be many orders 
of magnitude lower (approximately 10—'* mm Hg), the 
results obtained in similar experiments at lower pres- 
sures may differ somewhat from those obtained herein. 
The results presented here, however, do give some in- 
dication of the effects of reduced ambient pressures on 
lubricants, friction, and wear. The results obtained in 
this study are summarized as follows: 


1. The use of MoSe coatings (epoxy-phenolic resin 
and silicone resin bonded 0.0002 to 0.0003 in. thick- 
ness) provided effective solid lubricant films for 440-C 
stainless steel at pressures of 10—® to 10-7 mm Hg. 
Both friction and wear were extremely low with these 
coatings. 

2. Some metals (Ag, Sn, Au, and Pb) when ap- 
plied to substrates such as 440-C stainless steel (0.0004 
in. thickness) appreciably reduce the friction and wear 
normally encountered with this alloy in vacuum (10-® 
to 10-7 mm Hg). 

3. The friction and wear results obtained with 
various metals in vacuum (10~-* to 10-7 mm Hg) 
indicate a wear mechanism unlike that encountered 
in air. In general the wear in vacuum was character- 
ized by mass metal transfer. The friction coefficients 
were lower than obtained in air for some alloys (e.g., 
52100) and considerably higher for others (e.g., Ni- 
Cr alloy and Ni-bonded TiC and CbC). Operation at 
lower pressures might be expected to further alter 
the wear mechanism based on oxygen availability. 

4. The evaporation data for some inorganics 
(CaF. and MoS.) and metals (Ag and Sn) indicate 
they have potential for use as lubricants in vacuum 
(10-* mm Hg) to temperatures as high at 1000 F. 

5. The evaporation data indicate that some oils 
and greases may be used as lubricants at pressures 
of 10-* mm Hg for short periods of time provided 
the ambient temperature is low (55 F). 
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Appendix 


A Stupy OF THE EFFECTIVENESS OF VARIOUS TRAPPING 
DEVICES IN STOPPING BACK-MIGRATION OF DIFFUSION 
Pump OILs 


The vacuum friction and wear apparatus used in this 
investigation originally employed an oil diffusion pump 
to obtain high vacuum. The oil diffusion pump has as- 
sociated with it the undesirable characteristic of per- 
mitting oil vapors to migrate from the pump. In the 
vacuum literature it has been suggested that this prob- 
lem can be eliminated by the use of baffles and/or cold 
traps between the oil diffusion pump and experimental 


chambers. Numerous cold-trap and baffle designs have 
been reported in the literature and users of oil diffusion 
pumps have employed these and other modifications in 
vacuum systems. There appears, in general, to be very 
little if any standardization on cold-trap and baffle de- 
signs. Various cold traps and baffles were therefore tried 
in the vacuum friction and wear apparatus in an attempt 
to eliminate back-migration of oil vapors. 

The first step taken was to place a liquid-nitrogen 
spiral cold trap in the apparatus between the experi- 
mental chamber and the oil diffusion pump. A schematic 
of this cold trap is shown in Fig. 14(a). The gas being 
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Fic. 14(a). Various baffle designs used in vacuum friction 
and wear apparatus. 


pumped had to travel a spiral path along liquid-nitrogen- 
cooled walls. A friction experiment was conducted with 
a disk and rider specimen in the experimental chamber. 
The friction coefficient obtained with clean 440-C stain- 
less steel was in a region (0.1) associated with effective 
boundary lubrication. The disk surface was checked with 
distilled water after the experiment; observations of high 
contact angle and lack of wettability gave evidence of 
an oil film. 

An optical baffle plate was then added between the 
cold trap and specimens in an attempt to eliminate the 
contamination. The baffle design used is shown in Fig. 
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“—— - 
Hh 









| OPTICAL | 
; , P | | “BAFFLE: 


OPTICAL 
BAFFLE ra 



































| =} rs 
TUNGSTEN is ais 
= HEATER +=~COOLING 
oe nn COILS 


Fic. 14(h), (i), (j). Various baffle designs used in vacuum friction and wear apparatus 














22 Donatp H. BucKLEY, MAx SWIKERT, AND RoBERT L. JOHNSON 


14(b). Friction experiments with 440-C stainless steel 
again gave a friction coefficient indicative of effective 
boundary lubrication. Examination of the disk surface 
with distilled water showed evidence of a contaminated 
surface. 

The use of a honeycomb copper structure as a baf- 
fle has been reported in the literature as a means of 
trapping oil molecules. A baffle of this design was fitted 
to the optical baffle, and the unit was placed in the 
specimen chamber above the liquid-nitrogen cold trap 
[Fig. 14(c)]. This arrangement was not effective in 
preventing specimen contamination by oil vapors. 

Another approach to eliminating the back-migration 
problem considered was that of using heat to decompose 
oil vapors migrating to the specimen chamber. To achieve 
this, a heater was attached to the optical baffle previous- 
ly used. The optical baffle with heater placed between 
it and the liquid-nitrogen cold trap is shown in Fig. 14 
(d). This arrangement was also inadequate in eliminat- 
ing specimen contamination, as ascertained by friction 
experiments with clean 440-C stainless steel and wet- 
tability checks. The heater plate was then replaced by a 
heater grid of tungsten coils. These coils were heated 
to an orange-yellow heat in an attempt to decompose oil 
vapors entering the specimen chamber. The heater grid 
and optical baffle used are shown in Fig. 14(e). This ar- 
rangement was also unsatisfactory. 

A tungsten-wound heater coil was then placed in the 
specimen chamber directly beneath the disk and rider 
in an attempt to keep vapors from the specimen surfaces 
[Fig. 14(f)]. This arrangement was insufficient, and the 
specimens again exhibited evidence of surface contami- 
nation. 

The design of the optical baffle previously used was 
altered, and the new optical baffle is shown in Fig. 14(g), 
where it was used in conjunction with the liquid-nitrogen 
cold trap. In Fig. 14(h) a tungsten heater grid was 
added below the baffle. Neither of these systems accom- 
plished the elimination of oil contamination as deter- 


mined by friction coefficients and specimen surface ex- 
amination. 

The next approach to the back-migration problem 
considered was to remove the expansion bellows of the 
apparatus located between the specimen chamber and 
the liquid-nitrogen cold trap and to replace it with a 
heater-baffle assembly. This assembly can be seen in 
Fig. 14(i). It consisted of two water-cooled optical baf- 
fle plates with a tungsten-wound heater grid between the 
plates. The temperature of the space between the tung- 
sten grids maintained during diffusion pump operation 
was 1000F. The outside walls of the chamber were 
water-cooled. This assembly in conjunction with the 
liquid-nitrogen cold trap minimized the specimen con- 
tamination. Examination of the disk surface with dis- 
tilled water indicated a contact angle less than previous- 
ly obtained; however, the water still would not wet the 
metal surface, and the coefficient of friction for 440-C 
stainless steel was about 0.2. An addition was then 
made to the system, namely, the optical baffle used in 
earlier trapping designs. The complete trapping system 
can be seen in Fig. 14(j). The results obtained were 
about the same as with the arrangement of Fig. 14(i). 

A liquid-nitrogen-cooled plate type chevron baffle was 
also considered for these experiments. This configura- 
tion was not, however, used because experimental evi- 
dence by colleagues showed that it also allowed test- 
chamber contamination. 

The experiences related here were obtained with a 
common diffusion pump oil composed of petroleum 
hydrocarbons. Separate experiments were conducted 
with additional diffusion pump oils including a silicone 
and a sebacate. In no case was back-migration of dif- 
fusion pump oil completely eliminated. 

The inability to completely eliminate the back-mi- 
gration of oil vapors from the oil diffusion pump resulted 
in the replacement of the oil diffusion pump with an 
ionization pump. This pump employs no fluid or vapors 
in its operation. 


DISCUSSION 


M. H. Hasrantan Anp E. G. Jackson (National Research Corpo- 
ration, Cambridge 42, Massachusetts) : 


We wish to comment particularly on the appendix of this paper. 
It is apparent from the difficulties the authors had with diffusion 
pumps that there is a possibility of oil contamination in diffusion 
pump systems. However, there is much evidence available indi- 
cating that the difficulty is not an inherent one, and can be 
avoided by suitable baffle design and pumpdown techniques. 
The authors’ success with an ion-mechanical pump combination 
shows that backstreaming can be trapped even at pressures above 
the ultrahigh vacuum range. 

The authors do not give many details of the diffusion pump 
system and pumping procedure, such as the size and type of the 
diffusion pump, the pump-down sequence and associated pres- 
sures, the presence or absence of separate roughing line, etc. It is 


therefore difficult to determine exactly all possible conditions 
contributing to excessive backstreaming. 


The obvious difficulty appears to be insufficient trapping. The 
major difficulties with the trapping arrangements used by the 
authors are: (1) The main liquid nitrogen cold trap does not 
ensure at least one contact on a cryogenic surface by molecules 
coming from any direction; (2) All other baffle arrangements 
used above the main liquid nitrogen trap are insufficient because 
they are either not cooled at all, or cooled only by water. 


The spiral liquid nitrogen cold trap permits molecules to pass 
through between the spiral and the uncooled walls. In addition 
molecules which happen to travel along paths parallel to the 
spiral surface, bouncing off warm outer walls, will pass through 
the traps without contacting the cooled parts of the trap. After 
some of the oil molecules appear in the space above the cold trap, 
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it is useless to try to stop them from entering the working cham- 
ber by optical baffles if those baffles are not refrigerated. 

It is important to distinguish between primary backstreaming 
which occurs in a well-defined pattern from the top jet of the 
pump, and the molecules re-evaporating from the walls which 
come from random directions and cannot be stopped by un- 
cooled baffles. A well-designed liquid nitrogen baffle must assure 
at least one contact on a refrigerated surface for molecules coming 
from any direction. In sensitive experiments it may be desirable 
to have a minimum of two or more such contacts. N. Milleron 
at a recent American Vacuum Society meeting reported that a 
system designed to ensure at least one contact results in four or 
five actual contacts for the average molecule, and thereby re- 
duces the probability of a molecule passing through to truly 
negligible proportions. 

Although heated grids for oil decomposition have been dis- 
cussed in literature some time ago, their effect has not been evalu- 
ated. To be efficient, they should be tight, in which case they 
will occupy a large area of the inlet duct and consequently de- 
crease the pumping speed. There is a possibility that such heaters 
may drive the products of oil decomposition into the chamber. 
It would be perhaps better to place such baffles below the liquid 
nitrogen trap rather than above as used by the authors. In addi- 
tion, the heaters in Fig. 14d, e, and h appear to heat the optical 
baffles above them by radiation and therefore make those baffles 
even less effective. The copper foil traps shown in Fig. 14c are 
only effective after a thorough bakeout and they have been 
proven only in small glass systems. It is not surprising therefore 
that they were not helpful as used by the authors. 

In addition, it would be desirable for friction experiments under 
space conditions to have a higher vacuum than produced in the 
system described in the paper. Even with a liquid helium con- 
densing coil, the authors achieved only 2 X 10-7 mm Hg, which 
is about three orders of magnitude higher than the capabilities of 
presently available ultrahigh vacuum systems with oil diffusion 
pumps. 

Following are some references which indicate that vacuum 
essentially free of heavier hydrocarbons can be obtained with oil 
diffusion pumps. 

1. “The Measurement of Low Partial Gas Pressure with the 
Mass Spectrometer” by H. W. Drawin and C. Brunee (Atlas- 
Werke AG, Germany) from Vakuum-Technik, No. 3 (1960). The 
following partial pressures were obtained with mercury diffusion 
pumps: 

Hydrogen, 1 X 10-®mm Hg; Water, 1 x 10-19mm Hg; Car- 
bon monoxide, 5 X 10-—19mm Hg; Nitrogen, 5 X 10—19mm Hg; 
Carbon dioxide, less than 1.5 X 10-® mm Hg; Hydrocarbons, 
less than 1 X 10-10 mm Hg; Mercury, less than 1 X 10-19 mm 
Hg; Total pressure, less than 3.3 X 10-9 mm Hg. Using oil 
diffusion pumps, very similar results were obtained at total pres- 
sure of 3 X 10-9 mm Hg. The authors say: “. . . With both 
pump types, about the same ultimate partial pressures can be ob- 
tained with the exception of hydrogen. The partial pressure of 
hydrogen was at least ten times higher with the oil diffusion 
pumps compared to the mercury pumps.” It may be noted also 
that reduction of foreline pressure of a diffusion pump reduces 
the amount of hydrogen on the high vacuum side. 

2. N. Milleron (Lawrence Radiation Laboratcry, University 
of California, Livermore, Calif.) at the First Symposium on Sur- 
face Effects on Spacecraft Materials, Palo Alto, California (May, 
1959). “Diffusion Pumps have been demonstrated to be inher- 
ently clean ... . First, diffusion pumps, both mercury and oil, 
can be completely trapped. No oil or cracked hydrocarbon spec- 


trum, and no mercury, down to partial pressures of 10-11 mm 
Hg for oil and 10-16 mm Hg for mercury is detected.” 

3. “Mass Spectrometer Investigations in the Ultrahigh Vac- 
uum” by P. Jahn and J. Zahringer (Max-Planck Institute for 
Nuclear Physics, Heidelberg), Vakuum-Technik, No. 10, 5, p. 138 
(June, 1961). 

“A very sensitive mass spectrometer—allowing the measure- 
ment of partial pressures below 10-12 torr—was used to inves- 
tigate the composition of the residual gas in a vacuum system, 
as obtained with oil diffusion pumps plus nonrefrigerated baffles, 
and with an ion-getter pump. The spectrum of the residual gas 
was checked daily during several weeks whereby different types 
of pumps, baffles and pumping fluids have been used.” 

“The investigations have shown that the combination two-stage 
pump plus silicone-ultra fluid plus aluminum oxide trap has 
been proven suitable for production of ultrahigh vacuum. The 
pressure remains constant for many weeks at its initial value 
and the residual gases from the pump are only methane and 
hydrogen.” 

In general, experiments which greatly depend on surface con- 
ditions must be conducted with very careful vacuum design and 
techniques, or contamination is possible with both diffusion 
pumps and ion-gettering pumps when used together with me- 
chanical pumps. 


AuTHOoRS’ CLOSURE: 


The comments by Messrs. M. H. Hablanian and E. G. Jackson 
on vacuum technology with diffusion pumps are most welcome 
even though they do not pertain to the body of the paper. The 
appendix to this paper to which they refer was included primarily 
so that other investigators would not have to duplicate this 
effort. It is reasonable to expect that the problem of back migra- 
tion can be solved. The efforts described in the appendix, however, 
did not solve the problem. Rather than to spend more effort, 
the problem was avoided by using an ion pump. The ion pumped 
system is not free from problems but fortunately they are differ- 
ent than the one of primary concern here. 

The references cited by the discussers are indicated to suggest 
that systems “essentially” free of back migration can be obtained. 
The problem in friction, wear, and lubrication studies is that 
systems must be absolutely free of organic contamination. In 
visits to a number of laboratories no diffusion pumped systems 
were observed that could be considered absolutely clean. No doubt 
those systems included many of the design considerations ad- 
vanced by the discussers. One laboratory indicated that a diffu- 
sion pumped system with a zeolite trap was completely free of 
back migration. The effectiveness of such a trap has not been 
verified by the authors, however, it merits consideration where 
only diffusion pumped systems are available. 

One specific point raised by the discussers concerned the high 
pressure achieved with liquid helium cryopumping. That pressure 
(2X 10-7 mm Hg) was obtained by design rather than as a 
minimum pressure. The point made was that pressure measure- 
ments alone are not an adequate means of defining space simula- 
tion. It is important to define molecular and atomic species pres- 
ent in the chamber and to measure partial pressures. Using liquid 
helium to the limit of its cryopumping capabilities in the appa- 
ratus, we achieved pressures in the 10-9 mm Hg range. The pres- 
sures were measured with a nude hot cathode ionization gage 
adjacent to the experimental specimens. Using other gages of 
types more commonly employed by others including the discuss- 
ers, lower values would be obtained. 
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Friction and Wear Characteristics of Cermets at High 
Temperature and High Vacuum 


By R. D. BROWN,! R. A. BURTON? and P. M. KU* 


The friction and wear characteristics of several bearing substrate materials and lubricants were 
determined over a temperature range from ambient to 2000F, and in normal atmosphere with 
pressure varied from 760 to 10-8 mm Hg. The sliding speed was 14 to 20fpm. The load ranged 
from 1500 to 15,000 psi. Two oxide-bonded cermets (Cr-Al,O,-W and Cr-Al,O,-Mo-TiO,) were 
found to exhibit low wear and moderate friction when run against themselves throughout a wide 
range of test conditions. A third cermet (Cr-Al,O,) showed very poor frictional properties. Three 
high-temperature alloys were also investigated for purposes of comparison. 

Test results are also presented which indicate that two of the cermets were effectively lubricated 


by precious metal films. 


Introduction 


THE data presented here were collected during the initial 
phase of a program directed toward the selection of ma- 
terials and lubricants suitable for use in high-load, slow- 
speed journal bearings intended to operate at tempera- 
tures ranging up to 2000F and at pressures down to 
10-* mm Hg. 

A number of materials were selected for study, pri- 
marily on the basis of high-temperature strength. The 
materials discussed here fall into two classes, alloys and 
cermets of high metal content (sometimes called “metal- 
ceramics’). Results indicate that there are differences 
in frictional characteristics between the two classes of 
material and very striking differences in their wear and 
scoring characteristics. When compared with the metals 
tested, over a wide range of environmental conditions, 
two of the cermets generally showed lower friction, much 
lower wear, and much better resistance to interfacial 
seizure, tearing, and scoring. The third cermet showed 
high friction and poor resistance to interfacial seizure. 

Some suppositions are made as to what mechanisms 
were affecting the frictional and wear properties. The 
sintered, heterogeneous, oxide-bonded structure of the 
cermets is believed to play an important role in estab- 
lishing their frictional and wear properties. The two 
cermets exhibiting superior frictional and wear proper- 
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ties were made of three or four constituents. Because 
of their complex, heterogeneous structure, they would 
tend to give less like-to-like material contact in sliding 
than the alloys. The poor behavior of the third cermet 
is attributed to the fact that it had only two constituents, 
hence the amount of like-to-like material contact was 
greater than the other two cermets. 

The coefficient of friction is believed to be sensitive 
to the lubricating capacities of the oxides of the metal 
constituents. Decreases in friction at higher tempera- 
tures correlate with the results of other work where 
oxide lubrication was investigated. 

At the time of writing, some investigation of lubrica- 
tion by precious metal films had been made, showing 
some beneficient effects on the cermets in particular. 
When precious metal film lubricants were used, friction 
and wear were reduced. Also, the wear surfaces were 
smooth and often. mirror-like. 


Test apparatus and procedure 


Cylindrical test specimens, making contact at the 
ends, were used. As shown in Fig. 1, one of the speci- 
mens had a flat test surface, while the other had an 
annular test surface. 

Figure 2 shows the test apparatus with the test speci- 
mens in place. The specimen with flat test surface was 
held stationary. The specimen with annular test surface 
was rotated by a fluid motor located outside the hous- 
ing. Normal load between the specimens was applied 
by an air piston which forced the stationary specimen 
against the rotating specimen. An indication of friction 
torque was provided by the signal from strain gages 
bonded on the torque arm which was used to prevent 
rotation of the stationary specimen. Speed was indicated 
by a flowmeter in the return line of the fluid motor. 

The specimens were heated by a clamshell-type elec- 
tric heater. Temperature was indicated either by a ther- 
mopile focused on a spot including the line of contact 
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or by a thermocouple located inside the stationary speci- 
men one-eighth inch from the rubbing surface. 

A mechanical forepump and a three-stage oil diffusion 
pump, preceded by a liquid nitrogen trap, constituted 
the vacuum system. Vacuum measurement was made 
with a cold cathode discharge gage located immediately 
below the flange. 

Surface preparation consisted, in general, of hand 
grinding on abrasive papers through 600 grit, resulting 
in surface finishes of 5 to 8 microinches rms. Different 
surface preparations were used for some of the speci- 
mens coated with lubricants. Some precious metal films 
were deposited on surfaces prepared in the manner just 
described; other lubricants were deposited on grit- 
blasted surfaces, some of which were then run-in at 
light loads on a drill press. 

Just before a test started, the specimens were cleaned 
by washing in benzene, drying in air, cathodic cleaning 
in an aqueous solution of trisodium phosphate and wet- 
ting agent, rinsing in water, rinsing in alcohol, and 
drying in air. 


Test apparatus 


Specimens were weighed before and after tests; the 
change in weight was used as the measure of wear. Wear 
is reported as cubic inches per foot of sliding for each 
specimen. The distance of sliding was calculated from 
the mean radius of the annular ring. Some weight 
changes resulted from oxidation, but, for the materials 
of greatest interest (the cermets), these weight changes 
were small in comparison to the wear losses. 

Temperatures, in the tests reported, ranged from room 
temperature to 2000 F. Pressures ranged from atmos- 
pheric to 10-*mm Hg. Load (contact stress) ranged 
from 3000 to 15,000 psi. 


Test materials 


The composition and hardness of the test materials 
are shown in Table 1. There are distinct differences in 
the two classes of materials, alloys and cermets. These 
differences are largely a result of the difference in meth- 
ods of production. The alloys were produced by melting 
and casting, followed by extrusion or other shaping proc- 
esses. In view of the extensive solubilities of the major 
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TABLE 1 
Composition and Hardness of Test Materials 


Hardness, VPH 











Symbol 
designation Composition 90F 1600F 2000F 
Alloys 
Mo-Ti Mo-0.5% Ti 180 65 62 
D-31 Cb-8.5% Ti 210 88 66 
F-48 Cb-15% W-5% Mo-1% 
Zr-0.05% O-0.05% C 270 _ _ 
Cermets 
LT-1 Cr-23% Al,O, 365 — _ 
LT-1B_ Cr-19% Al,O3-20% 
Mo-2% TiO, 513 a a 
LT-2 W-25% Cr-15% Al,O 544 o — 





constituents of the alloys, they should be essentially 
single phase. The cermets were slip-cast, sintered pow- 
der-metallurgy products and, depending on composition, 
had two or more different distinguishable microcon- 
stituents. They were slightly porous and approximately 
one-third, by volume, alumina. The cermets are much 
harder than the alloys, but they are also more brittle 
than the alloys. 


Results 


For the sake of convenience, the test results are pre- 
sented under three groups: unlubricated-in-air, unlubri- 
cated-in-vacuum, and lubricated-in-air-and-vacuum. 


UNLUBRICATED-IN-AIR 


At higher temperatures in air, two of the cermets 
(LT-1B and LT-2) had lower friction (Fig. 3) and 
lower wear rates (Fig. 4) than the alloys. Throughout 
the temperature range 1500 to 1900 F, cermet LT-1B 
had a coefficient of friction less than 0.25, while cermet 
LT-2 had a coefficient of friction approximately 0.3. 

Cermet LT-1 showed poor rubbing properties. In air, 
its coefficient of friction was 0.97 at room temperature 
and 0.78 at 1500 F; and interfacial seizure occurred at 
the start of the high-temperature test, causing a speci- 
men to break. Cermet LT-1 showed similarly poor rub- 
bing properties in vacuum, and also in tests where pre- 
cious metal lubricants were used. In fact, the properties 
of this cermet were such that it was dropped from con- 
sideration as a bearing material, and hence was not as 
extensively investigated as the other two cermets. 

Of the two columbium-based alloys, F-48 showed de- 
cidedly better frictional properties in air than D-31, 
though neither alloy had as low friction or wear as 
cermets LT-1B and LT-2. In the temperature range 
1500 to 1700 F, F-48 had a friction coefficient of 0.4 
to 0.5, and fairly low wear. Under similar conditions, 
D-31 showed higher friction (f — 0.7 at 1700F), 
severe wear, and badly torn wear surfaces. The Mo-Ti 
alloy had fairly low friction (f = 0.3 at 1500 F) but 
also severe wear, though the wear surfaces were smooth. 
Because of the poor oxidation resistance of molybdenum, 
it is probable that much of the weight loss of the Mo-Ti 
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alloy resulted from oxidation. The nonrubbing surfaces 
were protected with an oxidation resistant coating. 

As can be seen in Fig. 3, the variation of friction with 
temperature was similar for cermets LT-2 and LT-1B 
when rubbing against themselves. Friction was highest at 
room temperature and decreased with increasing tem- 
perature up to 1500 F where the coefficient of friction 
was 0.25 for LT-2 and 0.20 for LT-1B. Friction of both 
these cermets increased as temperature was increased 
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Fic. 5. Friction, equilibrium temperature, and wear, in air 
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above 1500 F. The variation of friction with temperature 
for LT-1B against LT-2 showed virtually the same 
trends. 

In contrast to the friction-temperature characteristics 
of the two cermets, the columbium alloys F-48 and D-31 
exhibited higher friction at the higher temperatures. 

The vast difference in wear experienced by the cermets 
and the alloys is shown in Fig. 4 (a logarithmic scale is 
used in order to show all the wear rates on one graph). 
The wear rates of the metals ranged from approximately 
100 to 1000 times greater than the wear rates of the 
cermets. The bars in Fig. 4 generally represent the aver- 
age wear of values from several tests. In instances where 
a material rubbed against itself, a single bar would rep- 
resent that material’s wear rate for a specific load. Where 


specimens of two different materials were used, it was 
necessary to use one bar to represent the wear rate for 
each material, accounting for the two bars shown for the 
LT-2 versus LT-1B combinations. 

At lower temperatures (90 to 1000F), the cermets 
maintained their superior wear properties though fric- 
tion was roughly the same for all the materials tested. 
Figure 5 shows the results of four tests, started at room 
temperature and run for periods of time up to 30 min. 
During these runs the specimens were not heated, thus 
the temperature rises were due solely to frictional heat- 
ing. Differences in friction were not great, but the wear 
rate of the alloys was roughly 1000 times that of the 
LT-2 cermet. The equilibrium temperatures were meas- 
ured with thermocouples wired to the stationary speci- 
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Fic. 7. D-31 alloy specimens after low temperature friction test in air 
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mens one-eighth inch from the rubbing surface. Tem- 
perature increases were as much as 900F. The 
temperature indicated for the Mo-Ti alloy was probably 
too low, as the thermocouple became loose and did not 
remain in contact with the specimen. Severe wear was 
experienced by the alloys. Figures 6, 7, and 8 show the 
badly torn wear surfaces of the metal specimens. The 
wear surfaces of the cermet specimens are shown in 
Fig. 9. 

It has been suggested that the oxides formed at high 
temperature might possess superior frictional character- 
istics even at low temperatures. To test this supposition, 
two cermet specimens were heated to and maintained at 
1500 F for approximately 1 hr in air. After cooling to 
room temperature, friction tests were run without ap- 


plying heat. The results of these tests, shown in Table 2, 
indicate no reduction in friction at low temperature. A 
slightly different procedure, oxidizing at 1500 F followed 


TABLE 2 
Low-Temperature Friction of Cermets with Oxides Formed at 
Room Temperature and at High Temperature® 





Coefficient of friction 








Material Room 1500 F, then 1500 F, then 
combination temperature cooledinair cooled in helium 
LT-1B vs LT-1B 55 53 AS 
LT-2 vs LT-2 51 52 —_— 





@ All tests were started at room temperature and no heat was 
applied. Load was 7500 psi and speed was 19 fpm for all tests. 
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Fic. 8. F-48 alloy specimens after low temperature friction test in air 





Fic. 9. LT-2 cermet specimens after low temperature friction test in air 
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by cooling to room temperature in helium, did result in 
a slight decrease in room-temperature friction. 


UNLUBRICATED-IN- VACUUM 


The averages of results from several tests are shown 
in Fig. 10, indicating that cermets LT-1B and LT-2 had 
moderate friction in vacuums ranging from 10~* to 
10-5 mm Hg. Mo-Ti, the only alloy tested in vacuum, 
had coefficients of friction of 0.53 at 1500F and 
6 X 10-2 mm Hg, and 1.10 at 1100 F and 10-* mm Hg. 
Figure 11 shows the wear rate of the two cermets to be 
substantially less than that of the Mo-Ti alloy. 
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Fic. 10. Friction, unlubricated, in vacuum 
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Fic. 11. Wear, unlubricated, in vacuum 


The LT-2 cermet had virtually the same friction in 
vacuum (Fig. 10) as in air (Fig. 3) and showed no evi- 
dence of gross seizure when run against itself or the 
other cermet in vacuum or in air. High-temperature fric- 
tion of LT-1B cermet in vacuum was approximately 
twice as much as in air. This material also showed some 
tendency to seize. In one test of 70 min running time, at 
temperatures ranging from room to 1980 F, in a vacuum 
ranging from 4 < 10-5 to 3 K 10-*mm Hg and at a 
load of 15,000 psi, interfacial seizure occurred and the 
specimens were broken. A plot of friction and tempera- 
ture versus time for this test is shown in Fig. 12. As 
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shown in this figure, the temperature rise due to fric- 
tional heating was very high. 


LUBRICATED-IN-AIR-AND-VACUUM 


At the time this paper was written, the investigation 
of lubricants had not been completed, but some of the 
results were interesting enough to be reported. 

Investigations of precious metal film lubrication had 
been reported (1, 2), and this method appeared to be 
promising for use on the hard cermets. The data shown 
in Figs. 13 and 14 support this supposition, at least for 
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cermets LT-1B and LT-2. These two cermets were ef- 
fectively lubricated at high temperatures for periods 
longer than 2 hr. Of the precious metals used, silver and 
an 80% silver, 20% palladium alloy (alloyed to raise 
its melting temperature) were the most effective. Fric- 
tion coefficients less than 0.2 were obtained under a 
variety of conditions. Wear was somewhat reduced in 
these tests. However, very smooth, often mirror-like, 
surfaces were obtained. An example of the highly pol- 





Fic. 15. Reflection of a scale in the wear track on a LT-2 
cermet specimen. 


ished surfaces is shown in Fig. 15, which shows the 
reflection of a scale in the wear track of a cermet speci- 
men that had been lubricated with a silver-palladium 
film. Gold films did not appreciably lower friction but 
greatly reduced wear. 

Cermet LT-1 was subjected to three high-temperature 
(1500 to 1600 F) friction tests in vacuum (10~! to 10-* 
Hg), using silver and palladium fiims. In each test the 
friction torque was high enough to break a specimen 


without sliding. Friction coefficients based on the break- 
ing torque fell in the range of 0.8 to 0.9. 


Discussion 


There were decided differences in the friction and wear 
characteristics of the materials tested. The factors caus- 
ing these differences have not been positively identified, 
but two important factors seem to be the oxidation 
characteristics of the major constituents of the materials 
and the structure of the materials. 

In most of the tests reported here, the sliding pairs 
were either of identical or similar material. Though 
each material was composed of more than one con- 
stituent, it is interesting to note, as shown in Table 3, 


TABLE 3 
Solid Solubilities of Major Metal Constituents 


Solid solubility 








Metal with 
Chromium Mo 
Columbium Mo, W 
Molybdenum Cr, Cb, W 
Tungsten Mo, Cb 





that there is extensive solid solubility between most of 
the major elemental constituents. When two similar 
metals rub against each other, the scoring tendency is 
generally high, as reported by Goodzeit (3) and Coffin 
(4). Also, high temperature enhances adhesion between 
metals in contact, as shown by Mason (5). On the basis 
of these findings, it would appear that interfacial sur- 
face damage and wear should have been severe for 
all the tests. An examination of Figs. 6, 7, and 8 shows 
that for the low-temperature tests surface damage was 
severe for the alloys, but the cermets showed much less 
surface damage (Fig. 9). At the higher temperatures, 
surface damage of the cermets LT-1B and LT-2 was 
always less than for alloys subjected to similar tests. 
Under a variety of conditions, wear was substantially 
less for cermets LT-1B and LT-2 than for the alloys, 
as shown in Figs. 4, 5, and 11. 

Since the seizure tendencies of the cermets LT-1B 
and LT-2 were low throughout a wide range of conditions, 
some factor must have effected a decrease of intimate 
contact. Surface contaminants could cause such a de- 
crease, and oxide films could serve in this capacity. 
Peterson and co-workers (1, 6) have reported results 
indicating that oxides of molybdenum, chromium, and 
tungsten have lubricating capacities at higher tempera- 
tures, above 900 F for molybdenum, above 1100F for 
chromium, and above 1300F for tungsten. The high 
friction of all materials at low temperatures, shown in 
Fig. 5, may be explained on the basis that equilibrium 
temperatures were too low for effective oxide lubrication. 
In the case of the metals, surface damage was so great 
that possibly no lubricant could have been effective. At 
higher temperatures, the cermets showed minimum fric- 
tion around 1500 F, as did the Mo-Ti alloy in air. These 
results might also be attributed to oxide lubrication. 
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Because the friction of cermets LT-1B and LT-2 in 
vacuum was not drastically higher than in air, factors 
other than oxide formation may be affecting the friction 
characteristics. Since the cermets are much harder than 
the metals (Table 1) and have a different structure, 
either or both of these factors could be affecting fric- 
tional properties. Hardness effects are not too positive; 
for one thing, the cermets showed the lowest friction 
at high temperatures where they should be softer. Mor- 
dike (7) has suggested that materials with sintered 
structures have different friction characteristics from 
solid materials. These cermets are slip-cast, sintered 
powder-metallurgy products composed of three or four 
constituents possibly bonded together by oxides (8). 
Such a structure would lessen the amount of like-to- 
like metal contact, especially if each individual particle 
had an oxide film. Another factor of importance in the 
case of the cermets is sintering, which should occur 
more readily at higher temperatures, possibly account- 
ing for the upturn in friction with increasing tempera- 
ture above 1500 F. 

The cermets LT-1 and LT-1B have been investigated 
by Sibley e¢ al. (9), at high temperature in oxidizing 
atmospheres but under different speed and load con- 
ditions. Speeds were high (100 and 200 fps) and loads 
were light (2 to 50 psi). Coefficients of friction for the 
high-speed, light-load conditions at around 1500 F were 
less than one-half the magnitude of the coefficients of 
friction reported herein for low-speed, high-load condi- 
tions. 

The formation of mirror-like wear surfaces on pre- 
cious metal lubricated cermets is an interesting phe- 
nomenon, giving rise to the speculation that an amor- 
phous film may be formed in such cases, with shearing 
occurring in the amorphous layer. 


Conclusions 


1. In the range from room temperature to approxi- 
mately 1000F, the wear rates of the cermets 
LT-1B(Cr-19% AlsO3-20% Mo-2% TiOz) and 
LT-2(W-25% Cr-15% Al,O3) were less than 
one-thousandth of the wear rate of the three 
alloys Mo-0.5% Ti, Cb-8.5% Ti, and Cb-15% 
W-5% Mo-1% Zr-0.05% O-0.05% C. At high 
temperatures (above 1000 F), cermets LT-1B 
and LT-2 exhibited lower friction and wear than 
the alloys. 

2. The tendency toward adhesion, gross seizure, 
and severe surface roughening was much less 
for cermets LT-1B and LT-2 than for the metal 
alloys. 


3. In vacuum, friction and wear of cermets LT-1B 
and LT-2 were not greatly different from in air. 
The one alloy (Mo-0.5% Ti) tested in vacuum 
showed high friction and wear. 

4. Cermet LT-1 (Cr-23% AlsO3) showed much 
higher friction and a greater tendency for in- 
terfacial seizure than the other two cermets 
tested. 

5. Precious metal film lubrication of the cermets 
reduced friction, wear, and surface damage. 

6. Proposed factors of importance in determining 
the frictional properties of the cermets include 
oxidation characteristics of the metal constit- 
uents, sintered nonhomogeneous structure, and 
hardness. 
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Lubrication of Diffusion-Beryllided Titanium 


By R. V. KLINT? and R. S. OWENS? 


The friction and lubrication characteristics of titantwm which had been beryllided by a diffusion 
process were investigated. Tests were performed using flat surfaces in a modified 4-Ball wear 
tester. The apparatus is described and the results tabulated and discussed. 

Various combinations of titaniwm, beryllided titanium, 4140 steel, 1020 steel and silver-plated 
steel were studied rubbing under oil lubrication and also dry. Special bearing materials such as 
lead-PTFE dry bearing material and oiled and dry porous bronze were also investigated. 

This study confirms that 1020 steel, 4140 steel, and silver-plated steel when run against oil 
lubricated titantwm gall and seize very rapidly. However, these same materials running against 
titanium which had been beryllided showed none of these poor sliding characteristics but instead 
had a low coefficient of friction and very low wear. 


Similar contrast in behavior was noted when rubbing titanium and beryllided titanium on 
porous bronze and the lead-PTFE dry bearing material. 

It is concluded, that after a beryllided coating has been formed on titanium by a diffusion 
process, the resulting surfaces can be lubricated by conventional means. 


Introduction 


It 1s generally recognized (1) that titanium is very 
susceptible to galling and seizing when rubbing against 
titanium or against other materials. However, because 
of its relatively light weight considering its great 
strength, and high resistance to corrosion, the use of 
titanium is very desirable in some applications where 
sliding may occur. 

Many lubricants (2, 3) have been used in conjunc- 
tion with titanium with very few of them effective in 
reducing galling and seizing. Coatings of many types 
have been used to cover the titanium surfaces (3, 4) 
and it appears that this is an effective way to circum- 
vent the problem of lubricating bare titanium or its 
alloys. 

Some of the literature pertinent to the lubrication of 
titanium is appended to this report as a Bibliography 
and contains reports not specifically referred to here. 

This study deals with friction and lubrication results 
obtained after forming a coating on titanium. This is a 
beryllided coating which is diffused into the surface. 
The diffusion process was devised by N. C. Cook. 
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American Society of Lubrication Engineers held in Philadelphia, 
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Thrust washer friction apparatus 


The apparatus used in this study was a modified 
Four-Ball Wear Tester which is shown pictorially in 
Fig. 1 and appears schematically in Fig. 2. 

When used as a four-ball wear tester, the apparatus 
rotates a single 14 inch ball at speeds from 0 to 3600 
rpm. The additional fixed balls are held in a cup di- 
rectly below the rotating ball. The cup, in addition to 
holding the three fixed balls, acts as a reservoir for oils 
and other lubricants under test. 


The cup containing the balls is then forced upward 
by pneumatic pressure and the three fixed balls all 
contact the rotatable, or driven ball. The pneumatic 
(normal) force can be varied from 0 to 160 kg. By the 
proper analysis of the forces on the balls together with 
the friction force measured by the transducer and the 
length of the torque arm, a value for the coefficient of 
friction can be obtained. 

The temperature at which the test is carried out may 
be varied from ambient to 1000 F since the test cup is 
surrounded by a heating element whose power input 
may be automatically controlled. There is also pro- 
vision for running these tests under various atmos- 
pheres. 

For the present study, the apparatus has been modi- 
fied to allow the testing of various coatings and com- 
positions. The rotating ball as a test member has been 
replaced by a circular test cup having a rubbing area 
of 0.392 inch.2 In the place of the three fixed balls, 
flat washers having coatings of the material to be tested 
or made of the material itself are substituted (Fig. 3). 
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Fic. 1. 


This results in two flat surfaces of known area rubbing 
together at a specified velocity under a specified nor- 
mal force. 

Appendix I contains a discussion of the method used 
to measure the friction force and the coefficient of fric- 
tion. 


Preparation of specimens 


The rotating specimen (1% inches OD) is designated 
as the cup, and the stationary specimen (154 inches 
OD) is designated as the washer; they are represented 
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in Fig. 3. All steel specimens were machined and then 
ground to an eight microinch finish. The titanium 
washers were made from rolled titanium sheets and the 
beryllided titanium specimens were made using tita- 
nium alloy (6A1-4V) which had been beryllided by a 
diffusion process. Some specimens of {-titanium were 
also used. The type of alloy used affected the ease of 
coating. All specimens were solvent-cleaned before use. 


Results and discussion 


Beryllided Coatings Under Oiled Lubrication 


Table 1 lists the combination of materials and the 
conditions to which they were subjected in the modi- 
fied Roxana wear tester. The coefficients of friction 
listed in all but the oiled beryllided titanium runs are 
the last coefficients recorded before chattering and 
squealing occurred. The runs with the oiled beryllided 
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titanium, yielded coefficients which were constant over 
hours of running; the tests were stopped only after it 
appeared that they could run indefinitely. It is evident 
that while titanium under these conditions of lubrica- 
tion will seize, the beryllided titanium is lubricated ef- 
fectively. 


Beryllided Coatings Running Dry 


To determine the effectiveness of the beryllided tita- 
nium coatings running without oiled lubrication, ro- 
tating cups of steel and silver-plated steel were run 
against the coated titanium. (It is apparent from Table 
1 that uncoated titanium would not run without lu- 
brication.) The results are summarized in Table 2. It 
can be seen that both 4140 and 1020 steel run with high 
friction and are scored and worn rapidly, while the 
silver-plated steel can run against the beryllided tita- 
nium dry at a relatively low coefficient of friction. 








TABLE 1 
Friction and Wear of Titaniwm Compared with Beryllided Titanium under Lubrication® 
Coefficient 
Washer Rotating cup of friction Time run Remarks 
Titanium 4140 Steel 0.7 15 sec Seized. Deep wear track on titanium washer. 
Cup badly scored and had titanium pick-up. 
Titanium 1020 Steel 0.35 10 min Torque became eratic and rose. Moderate 
wear track on titanium washer. Cup scored 
had titanium pick-up. 
Titanium Silver-plated 0.15-0.22 7 min Chattered and seized. Silver was completely 
4140 Steel worn off. Steel was also worn and Ti washer 
had wear track. 
Beryllided 4140 Steel 0.092 2 hr Black polished streaks on cup. Slight polish- 
titanium ing of Ti-Be washer. 
Beryllided 1020 Steel 0.037 7 hr Slight polishing of Ti-Be washer and cup. 
titanium 
Beryllided Silver-plated 0.08 2.5 hr Slight polishing of silver plate. Slight pol- 
titanium 4140 Steel ished track on Ti-Be washer. 





@ Thrust Washer Test: Speed—2000 rpm; Pressure—100 psi; Lubricant—SAE10 Spindle Oil. 


TABLE 2 
Friction and Wear of Dry Beryllided Titanium® 








Coefficient 
Pressure Speed of 

Rotating cup psi rpm friction Time Remarks 

4140 Steel 213 300 max. 0.3 10 sec Squealing and chattering. 
Ti-Be washer had steel pick-up. 
Cup was scored. 

4140 Steel 213 1500 max. 0.8 10 sec Squealing and chattering. 
Ti-Be washer had steel pick-up. 
Cup was badly scored. 

1020 Steel 100 400 max. 0.3 10 sec Chattering occurred, friction rose 
steadily. Cup was_ scored. 
Scratches on Ti-Be. 

Silver-plated 313 300 0.22 5 min Ti-Be washer picked up silver. 

4140 Steel 426 300 0.15 1 min Silver plate worn. 
297 300 0.21 5 min 





@ Thrust Washer Test: All washers—beryllided titanium ; Lubricant—none. 
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TABLE 3 
Special Bearing Materials® 








Coefficient 
of 
Washer Rotating cup friction Time Remarks 
Lead-PTFE Beryllided 0.19 lhr Slight polishing of Lead- 
titanium PTFE 
Lead-PTFE Titanium 0.26 2 min Lead-PTFE worn. Titanium 
scored. 
Porous bronze Beryllided 0.19 1 hr Slight polishing of bronze. 
(oiled) titanium Rotating cup had slight 
bronze cast. 
Porous bronze Titanium >0.5 2 min Titanium was grooved and 
(oiled) the bronze was _ badly 
worn. 
Porous bronze Beryllided 0.4 15 min Squealing occurred. Washer 
(no oil) titanium worn. Cup had bronze 
color. 





@ Thrust Washer Test: Pressure—100 psi; Speed—2000 rpm. 


Special Bearing Materials 


It was of interest to observe the frictional behavior 
of the beryllided titanium against special bearing mate- 
rials. As shown in Table 3, a lead-PTFE dry bearing 
material (5) when run against the beryllided titanium 
showed only slight polishing after 1 hour, and ran at 
a comparatively low coefficient of friction (0.192). Un- 
coated titanium was scored and the lead-PTFE was 
badly worn after only 2 minutes of running. 


The beryllided titanium ran for 1 hour against oiled 
porous bronze with low friction (0.19) and only slight 
polishing of the bronze and some very slight transfer 
of bronze to the beryllided titanium. However, running 
of oiled porous bronze against uncoated titanium re- 
sulted in high wear of the bronze and scoring of the 
titanium after only 2 minutes. 
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COEFFICIENT OF FRICTION 





To ascertain the effect of the oil, the oil was removed 
from some porous bronze by hot trichlorethylene and 
then run dry against beryllided titanium. Sliding was 
noisy, with high friction (0.4); after 15 minutes the 
bronze was worn with slight bronze transfer to the 
beryllided titanium. Evidently, oiling is necessary for 
the porous bronze in this case. 


Beryllided Coatings Under Boundary Lubrication 


It is well known that hydrodynamic effects may be 
present under fluid lubrication. It is evident from Table 
1 that the uncoated titanium runs with high friction 
and wear. Under the same conditions, beryllided tita- 
nium exhibits good frictional characteristics. It would 
appear that even if some hydrodynamic effects are 
present, that the uncoated titanium is inadequate. 

To indicate hydrodynamic effects, load was held con- 
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stant as the rotating speed of the cup was varied. The 
resulting coefficient of friction is shown in Fig. 4. The 
highest value of friction was seen to be 0.19 at 0.88 
rpm. Other studies have indicated that at this low speed 
for this load the lubrication is of the boundary type, 
obviously more severe than under conditions of hydro- 
dynamic lubrication. Specimens of beryllided titanium 
were run against each other for 82 hours at 0.88 rpm, 
and showed no measurable wear. Tool steel, hardened 
to 60 Rockwell C, was also run against beryllided tita- 
nium for a period of 20 hours; friction coefficient and 
wear were the same as for the beryllided pair. 

It can be seen, even under boundary lubrication con- 
ditions, that beryllided titanium can be run satisfac- 
torily against itself or against a hard steel surface. 


Summary 


This study confirms that 1020 steel, 4140 steel, and 
silver-plated 4140 steel when run against oil lubricated 
titanium, gall and seize very rapidly. However, these 
same materials running against titanium which had been 
beryllided showed none of these poor sliding character- 
istics, but instead had a low coefficient of friction and 
very low wear. 

The results also showed that silver-plated steel would 
run against beryllided titanium, dry, for short periods 
of time with a relatively low coefficient of friction. 
When the beryllided titanium was run dry against lead- 
PTFE material, a low coefficient and virtually no wear 
occurred. Plain titanium run against this same material 
yielded a higher coefficient of friction and resulted in 
both the titanium and lead-PTFE material being worn 
badly. 

A similar contrast in behavior was noted for oiled 


porous bronze bearing material, with plain titanium 
causing rapid wear, while the beryllided titanium ran 
smoothly with low friction and wear. 


It is concluded that after a beryllided coating has 
been formed on titanium by a diffusion process, the re- 
sulting surfaces can be lubricated by conventional 
means. 
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Appendix | 
Force Transducer 


In order to measure the frictional force a four-arm 
strain gage force transducer is used. 


A force applied to the probe of the transducer by 
means of an arm extending from the test cup is trans- 
lated into an exact electrical analog by means of a com- 
plete balanced bridge of unbonded strain sensitive wire. 
Forces to 32 ounces are measured simply and accu- 
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rately. The resistive nature of the four-arm bridge per- 
mits operation in DC or AC circuits so that a wide va- 
riety of end-instruments may be used. Because of the 
stepless character of the output, the ultimate resolution 
is limited only by the characteristics of the receiver. 

The direction of sensitivity is along the longitudinal 
axis, and the moving parts of the transducer weigh 
4.3 g. 


Power Supply and Control Unit 


The circuit for the power supply and control unit ap- 
pears in Fig. 5. Before and after each of the tests a 
calibrated weight is suspended from the transducer after 
it has been zeroed. The output of the transducer then 
causes a recorder to indicate a certain number of divi- 
sions. This weight per division can then be used as a 
calibration as the curve Fig. 6 shows the linear output 
of the transducer. 
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Fic. 6. Calibration curve of force transducer 


Coefficient of Friction 


The force applied to the probe of the transducer by 
means of the arm extending from the test cup can be 
measured. 

Measuring this force in weight units per division and 
knowing the length of the arm, load or normal force, 
and radius of the test washer, the coefficient of friction 
can be calculated in the following manner: 


Letting 

f = coefficient of friction 

F = friction force at the test washer rubbing sur- 
face 

LZ = length of arm from axis of rotation to trans- 
ducer probe (cm) 

r = radius of test washer (cm) 

W = normal load (Kg) 

K = calibration (Kg/DIV) 

D = DIV on recorder 


The coefficient of friction is defined as 


F 
[= [1] 
From equilibrium of moments it can be shown that 
ED 4 -&L 
by ps A [2] 


When a constant load (W), radius (r), arm (ZL) and 
calibration (K), this can be written 


f = (constant) xX D [3] 
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Sliding Contact Frictional Behavior in Sodium 
Environments 


By J. W. KISSEL,' W. A. GLAESER,? and C. M. ALLEN* 


A study has been made of wear and friction phenomena associated with rubbing surfaces (primarily 
molybdenum) in sodium environments. Operating conditions include vacuum or argon environ- 
ments and specimen temperatures from 80 to 1300 F. Sliding speeds were about one half inch per 
minute and contact stresses were about 100,000 psi. Sliding specimens consisted of a ball sliding 
on a flat rectangle. Wear and friction behavior were found to be influenced by surface films which 


were modified by the presence of liquid sodium. 


Introduction 


IN engineering systems utilizing molten sodium or NaK 
as a heat-transfer medium, it is almost inevitable that 
there will be pairs of members which will be required to 
rub against each other nonhydrodynamically in a liquid- 
metal or vapor environment. Whether the members be 
parts of a fuel-element-transfer device, valve, shaft seal, 
or control-rod mechanism, the designers are faced with 
a common problem—to find a pair of materials which, 
under the desired operating conditions, are not corroded 
by the alkali metal, do not react with each other, do not 
adhere to each other, and can slide over each other with 
low friction when lubricated only by the liquid metal or 
its vapor. 

The approach to this problem, to date, has been mostly 
empirical. Usually, a large number of combinations is 
screened, and promising pairs are singled out for full- 
scale component tests (J—6). It is apparent that the 
knowledge of the principles underlying the behavior of 
sliding surfaces in sodium could save considerable ex- 
perimentation. This paper describes a research program 
designed to yield basic information about rubbing sur- 
faces in sodium environments. Hopefully, the results of 
this type of work will prove useful for the selection of 
materials and for the design of components subjected to 
such service. 


Experimental procedure 


To develop general principles for use in selection of 
materials and in mechanical design of components, an 
approach was adopted in which friction and surface 
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damage occurring between pairs of materials rubbing 
while immersed in sodium environments (liquid or vapor) 
were investigated. Both the frictional behavior and the 
nature and condition of the rubbing surfaces before and 
after sliding under controlled conditions were given de- 
tailed study. The contact pressure and rubbing speed 
between specimens were chosen to eliminate hydrody- 
namic effects. Careful control of specimen temperature 
and gaseous environment was also provided. In order to 
study the effects of surface films on sliding behavior, a 
sensitive friction measuring system was designed and 
constructed. 


SLOW-SPEED FRICTION APPARATUS 


The apparatus which was developed is shown in Fig. 1. 
The specimens consist of a ball sliding on a flat. The 
specimens are enclosed by a small electric resistance 
furnace and only this zone is heated. The entire system, 
specimens, furnace, and friction measuring apparatus are 
completely enclosed in a stainless steel and glass vacuum 
chamber. 

The ball specimen is clamped in a fixture on the end 
of a long rod. The rod in turn is supported on a vertical 
cantilever beam. This beam resists the frictional forces 
developed at the sliding contact. Since only displace- 
ments induced by frictional forces are transmitted 
through the ball-rod-bea~ assembly, it is a relatively 
simple matter to monito: . itic and kinetic friction with 
a differential transformer at the cool end of the ap- 
paratus. The load is applied as a dead weight to the 
ball support rod. Means are provided for removing the 
load without opening the system. The unit load used in 
the research being reported was approximately 100,000 
psi maximum compressive stress. 

The flat specimen is mounted in a small reservoir and 
in turn, the reservoir is supported by a linearly movable 
rod. The rod is supported by a sleeve and sealed by a 
metal bellows. Sliding motion is provided by an external- 
ly mounted small reversing electric gear motor coupled to 
the flat specimen support rod. Sliding velocities of the 
order of 0.4 to 1 inch per minute may be obtained. The 
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Fic. 1. Stick-slip, slow-speed friction evaluation apparatus 


entire assembly-drive motor-rod-sleeve and hence the flat 
specimen—may be moved laterally in a direction normal 
to the direction of sliding so that a fresh wear track 
surface may be used for each successive run without 
opening the system. The combination of the low canti- 
lever spring rate and low sliding speed permits the 
observation of the familiar stick-slip frictional behavior. 
The friction apparatus chamber is connected to a high 
vacuum system and to an inert-gas supply. Sodium is 
transferred via argon-filled, heated, stainless steel tubing, 
and fittings from a three-pound storage tank to a meter- 
ing device and thence through an entry port into the 
friction-test chamber. Temperature of the test specimen 
is maintained by the furnace controlling thermocouple 
which is embedded in the lower specimen holder. 


SPECIMEN PREPARATION 


The ball specimens were 1/4-inch diameter precision 
balls. The surface finish was “as received” from the 
manufacturer. Preparation of the flat specimens was as 


follows: after the specimens were machined and ground, 
one surface was successively lapped with silicon carbide 
and diamond dust to a surface smoothness of 6 to 10 
microinches rms. After lapping the flat, both the ball 
and flat specimens were washed in detergent and then 
extracted in a trichlorethylene vapor degreaser for at 
least 30 minutes. Part of the surface of the flat specimen 
was then etched by immersion in an appropriate etchant. 
(In the case of molybdenum, this was Murakami’s etch- 
ant, 10 gm potassium ferricyanide, 10 gm potassium hy- 
droxide, and 100 ml water; and the immersion time was 
3 minutes.) Etching was done to investigate the possible 
effects of individual grains on friction and wear be- 
havior. After etching, the specimen was washed with 
water, dried with ether, and immediately installed in the 
friction apparatus. 


Experimental results 


Several check-out runs were made with the friction 
apparatus using steel specimens. Considerable variation 
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in the general character of recorded friction traces was 
observed. Figure 2 presents data typical of three con- 
ditions of surface cleanliness. Figure 2a illustrates the 
uniform trace obtained from “uncleaned” surfaces; Fig. 
2b shows the irregular performance of the average “well 
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Fic. 2. Recorded friction traces for three conditions of surface 
cleanliness. 


cleaned” specimen; and Fig. 2c illustrates the violent 
“stick-slip” which is indicative of metal-to-metal contact. 
The raw recorded friction data, as depicted in Fig. 2, was 
converted into average values. The average coefficient of 
friction was obtained by drawing a line parallel with 
the time axis. This represents the average of maximum 
and minimum points on the recorded trace and represents 
the average coefficient of kinetic friction. Future refer- 
ence to friction values, therefore, refer to average values. 


A number of runs were made with tungsten carbide 
and pure molybdenum specimens at various temperature 
levels with sliding surfaces both dry and immersed in 
sodium. The gaseous environment in these experiments 
was very pure argon. 


Tungsten carbide cermet and pure molybdenum were 
chosen because of their high-temperature strength, cor- 
rosion resistance, and non-self-welding tendencies in 
molten sodium (7-10). 

Data for dry friction were obtained first, then molten 
sodium was added to obtain the sodium-lubricated fric- 
tion data. A fresh surface on the flat specimen was used 
for each run. The results of these friction experiments 
are summarized in Figs. 3 through 5. The direction of 
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Fic. 3. Friction and wettability data for tungsten carbide (20 
w/o cobalt binder) sliding against itself. (A decrease in contact 
angle between the liquid sodium and the base-metal interface in- 
dicates that some degree of wetting of the surfaces by the sodium 
has taken place.) 


temperature changes is indicated by arrows superimposed 
upon the friction curves in Figs. 3 and 4. Where the 
arrows point in both directions on the same line, the 
coefficients were reproduced during both rising and fall- 
ing temperature cycles. 

Significant differences in frictional behavior were ob- 
served for cemented WC and molybdenum. Figure 3 
shows that when cemented WC is rubbed against itself 
in the presence of molten sodium, the kinetic friction 
remains essentially high and constant up to 1000 F and 
increases above 1000 F. Molybdenum, however, demon- 
strated considerably lower friction, especially when so- 
dium was present at the higher temperatures. Both dry 
and sodium lubricated friction results, Figs. 4 and 5, 
indicate that marked changes in friction occur when the 
molybdenum specimens are environmentally conditioned 
by exposure to various temperatures for extended periods 
in vacuum or in inert gas atmospheres. 

The reasons for the behavior of the molybdenum speci- 
mens were not at first obvious. That sodium had some- 
thing to do with the sliding behavior of molybdenum was 
quite evident, however, both from frictional behavior 
and examination of wear tracks with the electron micro- 
scope. 

The severe surface damage produced by dry sliding, 
as compared with sodium-lubricated wear, is illustrated 
in Fig. 6. Greatly enlarged portions of these wear tracks 
indicate deep galling and plowing damage for dry sliding, 
but only very superficial scoring for the sodium lubricated 
surface. In the latter case the surfaces also appeared to 
be coated with a film of a whitish soft substance. 
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It was suspected that the phenomenon of wetting of 
the specimen surfaces with sodium was a major factor in 
the frictional behavior. The fact that the discontinuity 
of friction vs. temperature traces occurred in the vicinity 
of the temperature at which published data (11, 12) 
indicated wetting should occur seemed to substantiate 
this. An example of the parallel behavior of wettability 
and friction phenomena is shown in Fig. 3. Note that the 
friction data departs from a relatively constant value 
soon after wetting should be expected (in the neighbor- 


hood of 900 F to 1000 F). However, it was also found 
that the drop in friction noted after a “critical” tempera- 
ture range was passed persisted even after the sodium 
was evaporated from the surface. Sliding in and out of 
a drop of sodium on the molybdenum surface had little 
effect on friction characteristics. 

It was noted that the friction characteristics of molyb- 
denum specimens run without sodium under controlled 
atmosphere conditions could be made to vary depending 
on the degree of vacuum and the length of time at which 
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Fic. 6. Wear tracks produced on an etched and a lapped molybdenum flat specimen 
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Fic. 7. 
films found on the test surfaces. 


a specimen was held at temperature in a given vacuum 
condition. This suggested the possibility of oxide films 
influencing frictional behavior. In addition, the soft film 
found on molybdenum surfaces after friction runs in 
sodium suggested that a surface chemical reaction must 
be taking place. 


The nature of surface films present on molybdenum, 
under various conditions, was explored by surface reflec- 
tion electron-diffraction analyses (13, 14). These indi- 
cated that MoO; was formed on heated-in-air molyb- 
denum surfaces; whereas MoO, was found on such 
surfaces when heated in a vacuum. Differential thermal 
analyses were subsequently performed between MoO, 
powder and molten sodium and between molybdenum 
chips and molten sodium. An exothermic reaction was 
registered for the MoO. + Na reaction, but none was 
indicated for Mo-+ Na. X-Ray diffraction analysis of 
the MoO, + Na reaction product showed that NasMoO, 
had been produced. Similar analyses of the surfaces of 
molybdenum specimens exposed to sodium during friction 
runs likewise indicated the presence of NasMoQy. 


Molybdenum specimens specially treated so as to 
provide surface films of MoOz, MoO;3, and NasMoQ, 
were prepared and evaluated. The frictional behavior 
exhibited during several experiments is shown in Fig. 7. 
In each case, the films were identified by electron dif- 
fraction analyses. As can be seen, the average coefficient 
of friction was high for the higher oxide of molybdenum 
(non-outgased surfaces in argon) with and without so- 
dium present. When specimens having MoOs; surface 
films were heated for several hours in a good vacuum, 
the lower oxide, MoOs, was formed. The coefficient of 
friction in vacuum was considerably lower than for MoOgz 
but the surface damage was comparable and relatively 
severe. When sodium was added to the MoO. filmed 
specimens, the friction was somewhat lower up to 1000 F 
and surface damage was essentially nonexistent. In this 


Summarization of molybdenum friction studies with respect to the different surface 


case, the surface film composition was NasMoQ,. (Re- 
ferring to Fig. 6, it is believed that the upper wear 
track had an MoO, film while the lower one was 
NazMoQ,.) 

The melting points of all of these compounds is above 
the ambient temperatures of the experiments reported so 
the frictional behavior observed is presumed to be for 
the solid films. Of course, there were instances of high 
friction which may have been indicative of film rupture. 
Also, the frictional behavior can be modified by pro- 
longed periods of exposure to a particular environmental 
condition—soaking at high temperature for instance— 
thus suggesting that chemical equilibrium is probably not 
achieved in short-time experiments. 


Conclusions 


It is apparent that under certain conditions beneficial 
surface films can be formed on molybdenum surfaces in 
the presence of sodium. These films, particularly sodium 
molybdate, are extremely resistant to wear and surface 
damage at high unit loads. From this, it must be assumed 
that the reacted films are quite adherent to the substrate 
and, in themselves, quite strong. Considerations of the 
thermodynamic free energy relationships suggest that 
several reaction processes are possible. In any case, it 
certainly appears necessary for oxygen to be present. 

In the practical sense, where large volumes of sodium 
are involved, oxygen may be available initially in the 
form of Na.O. It is to be expected that “filters” will 
soon remove the NasO and may exclude most of the 
oxygen from this source. Sources of oxygen in the form 
of molybdenum oxide may also diminish with time. How- 
ever, it is quite likely that some oxygen, up to a few ppm, 
will always be present in practical engineering systems 
and this may be in a form such as to act as a film re- 
plenishing agent in the case of sodium molybdate films 
on molybdenum. Na,MoO, wear debris will probably 





44 J. W. Kisser, W. A. GLAESER, AND C. M. ALLEN 


form an insoluble but “filterable” sludge. In the event 
that excess oxygen may not be available to form and 
replenish worn away lubricating films, it may become 
necessary to use preformed films on sliding contact com- 
ponents. Experiments to explore these possibilities are 
now under way. 
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Friction and Surface Deformation During Sliding on a 
Single Crystal of Copper 


By JOHN M. BAILEY’ and ALLAN T. GWATHMEY? 


The effects of crystal orientation and temperature on sliding friction and surface deformation 
were studied by examination of indentations and wear tracks formed by styli on a single crystal of 
copper. Copper, diamond and sapphire indenters and sliders were used. Experiments were con- 
ducted at room temperature in air and in hydrogen at temperatures up to 800C. The distribution 





of dislocation etch pits in the damaged regions was studied microscopically. 

Friction changed by 50 to over 500%, and track width changed by 15 to 35% as the direction 
of sliding on a given face in air was varied. These anisotropies are interpreted in terms of 
topography, work-hardening, and air oxide films. 

At higher temperatures diamond and sapphire sliders gave lower friction and larger track width 
than at room temperature. Friction obtained with copper sliders increased markedly with tem- 
perature. Surface deformation at intermediate temperatures resulted in recrystallization, and at 


higher temperatures polygonization resulted. 


Introduction 


WHENEVER one metal slides over another, plastic defor- 
mation usually occurs in the surface regions. The nature 
of this deformation will control the friction between the 
surfaces in two ways. First, it will determine the stresses 
required to displace material at one surface by asperities 
on the other surface, and secondly, it will determine the 
real area of contact over which adhesion may occur. The 
wear which occurs will also depend basically on surface 
plasticity. For example, work-hardening characteristics 
of the material in an asperity on a sliding surface deter- 
mine whether the asperity will smear smoothly out over 
the surface or break off and form an abrasive wear- 
particle. 

In spite of the importance of surface deformation in 
friction and wear, as well as in chemical, electrical and 
optical phenomena’ at solid surfaces, relatively little 
work has been done to understand surface deformation 
itself. Most plasticity experiments have not been con- 
cerned with surfaces but have involved deformation of 
solids in bulk. At the other extreme, few wear experi- 
ments have been analyzed in terms of surface plasticity. 
The importance of the hardness of the material im- 
mediately below the surface is indeed recognized, but 
very little is known about the microscopic processes 
which are basic to macroscopic hardness, or how they 
change with temperature. Feng (1) recognized the pos- 
sibility of the interface between two asperities becoming 
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roughened when they were pressed together, and he 
pointed out the importance of oxide or surfactant films 
in this roughening. 

Almost no detailed work has been done on the num- 
ber and arrangement of dislocations produced when a 
metal is rubbed by another solid. 

Thus, there has been need for experiments on surface 
deformation and its relation to friction and wear. These 
experiments had to be carried out on well controlled, 
strain-free surfaces of known structure. Such a surface 
was obtainable on a well-prepared single crystal of metal. 

Studies in the past have indicated that friction and 
wear depended on crystallographic orientation. The co- 
efficient of static friction between two crystals of copper 
was found to be markedly dependent on crystal face 
(2). When oxides were removed from the surface and 
two close-packed (111) faces were placed together in 
hydrogen, the coefficient of static friction was 23. How- 
ever, when two (100) faces were placed together, they 
seized during sliding and the coefficient was greater than 
100. Feng (1) observed 57% variations in wear rates 
on single crystals of copper having various orientations. 
Meincke (3) observed that resistance to grinding, scratch 
hardness, and indentation hardness were all approxi- 
mately 214 times greater on (111) than on (100) faces 
of copper. The directions in which these operations were 
performed on the given faces were not specified. Evans 
et al. (4) found that (110) faces of copper were more 
easily abraded with emery papers in some directions than 
in others. More recently, Dyer (5) measured friction 
and track width for a sapphire ball rolling on the (001) 
cube face of a single crystal of copper under 200 g load. 
The rolling resistance was 32% greater in the [110] 
direction than in the [100] direction whereas the track 
width was 44% less. He explained these results on the 
basis of anisotropies in topography and work hardening, 
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and made the first detailed application of dislocation 
theory to friction phenomena. 


Electron diffraction studies of the surface deforma- 
tion on abraded single crystals of metal (4) revealed a 
transition region between the microcrystalline or amor- 
phous Beilby layer and the undisturbed crystal below. 
This region was rotated by the rubbing action into a 
position related both to the direction of the abrasion 
and to the direction of close-packed planes in the 
crystal. 

A number of investigators have shown that friction 
and wear also depend on crystal orientation in such 
nonmetals as graphite (6), diamond (7), and alkali 
halides (8). 

This paper reports a number of experiments which 
were carried out as part of a study (9) of the deforma- 
tion processes basic to friction and wear. Carefully pre- 
pared faces on a single crystal of copper were deformed 
by indenting or scratching in various directions with 
sapphire, diamond, or copper styli. This permitted ex- 
amination of the surface changes which occur early in 
the abrasion of a metal surface. From the standpoint 
of studying surface deformation itself, the concentrated 
inhomogeneous stress exerted by the moving stylus al- 
lowed qualitative observation of the surface strain at 
decreasing stresses and increasing distances from the 
stylus. The use of nonbonding sapphire and diamond 
styli on copper sought to minimize the adhesive com- 
ponent of friction and emphasize the plowing com- 
ponent. Normal and frictional forces on the stylus were 
measured and many of the experiments were conducted 
in an atmosphere of purified hydrogen, at temperatures 
up to 800C. The extent and depth of damage to the 
crystal were studied by special sectioning and etching 
techniques. The damaged regions were examined micro- 
scopically. 


Apparatus 


The apparatus in which scratches and indentations 
were made on copper surfaces is shown in Fig. 1. It 
consisted of a means for moving an oriented crystal past 
a stationary stylus. The normal force with which the 
crystal pressed against the stylus could be controlled 
and measured with the aid of strain gages placed on 
the arm supporting the stylus. Two horizontal leaf 
springs supported the stylus rod, and a set of gages 
on the upper spring read the frictional force. The springs 
were held in place by collets located in two large side 
arms which were attached to the envelope support. Fric- 
tional forces as small as 0.1 g could be measured. The 
normal load was varied from 5 to 50 g and was measura- 
ble to within a gram. The crystal was supported by a 
vertical glass rod which was attached to a drive screw 
at the base of the apparatus. The screw, which was 
driven through an air-tight bellows unit with no sliding 
seals by a reversible 1-rpm motor, moved the crystal 
at a velocity of 1/32 in. per min (10—* cm per sec). The 
rod-and-screw system was supported by a set of gimbals 


so that it could be pivoted about two perpendicular 
horizontal axes. The crystal could be loaded against the 
stylus by pivoting about one of the axes, and it could be 
indexed sideways by pivoting about the other axis for 
additional experiments without opening the glass cham- 
ber. 

The glass envelope support was held securely in a 
vertical position by several aluminum bands around its 
waist and around the side arms. The removable high- 
temperature glass envelope was attached to the envelope 
support by a ground glass joint. Electrical leads entered 
the envelope support through small side arms and were 
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Fic. 1. Friction and wear apparatus 


connected to the strain gage leads by means of small 
brass lugs, not shown. The signal from the gages was 
amplified and read on a commercial strain indicator. The 
whole support was connected to a 1-in. glass-metal seal 
which was attached to the drive screw through a metal 
bellows. 

The upper part of the apparatus containing the crystal 
could be heated by means of a cylindrical electric fur- 
nace. The temperature in the region of the crystal was 
limited to about 900 C to prevent overheating the ground 
glass joint at the bottom of the envelope. The tempera- 
ture was measured by a thermocouple clamped to the 
outside of the envelope opposite the position of the 
crystal. 

During experiments at elevated temperatures a steady 
flow of purified hydrogen was passed through the ap- 
paratus. Great care was taken to clean all glass and 
metal parts which were placed in the apparatus. An oil 
diffusion pump backed by a roughing pump permitted 
evacuation of the system to 10-®mm of mercury with 
all the parts in place. 
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The crystal was held by its stem in a short high-tem- 
perature glass tube which had been sealed to the end 
of a high-temperature glass rod. It was then positioned, 
with its flat face in a vertical plane normal to the stylus, 
by heating and bending the support rod. 

Round-tipped styli of sapphire or copper with radii 
from 22 to 1588 w were used in the experiments. The 
copper styli were made by machining and polishing 
hemispherical tips on short pieces of polycrystalline rod. 
The 22 and 63 wu radius styli were made from sapphire 
phonograph styli which had been removed from their 
usual mounting and press-fitted into holes drilled in 1/16 
in. copper rods. One-sixteenth inch and 1% in. spheres 
of synthetic sapphire served as the 794 and 1588 p radius 
styli. A diamond pyramid stylus having the shape of a 
solid right angle was also used. It was mounted in a 
cylinder of high-temperature material. 


An adaptation of the apparatus described above per- 
mitted variation of the direction of sliding on a given 
crystal face in air. The crystal was clamped on the end 
of a steel rod in such a way that it could be rotated 
about a horizontal axis normal to and passing through 
the crystal face. The steel rod was then fitted into the 
chuck which normally held the crystal support rod dur- 
ing experiments made in hydrogen. Normal and fric- 
tional forces were measured in the way described above. 
The envelope was of course removed during these ex- 
periments. 


Procedure 


The specimens used were cut from cylindrical single 
crystals of copper grown by the Bridgman method from 
metal of 99.999% purity. Spheres 5@ in. in diameter 
with a small shaft extending from the bottom were ma- 
chined from the rods, and crystallographic orientations 
were determined from etch patterns. One or more low- 
index faces were machined on each sphere. The orienta- 
tion of each face was then checked by back-reflection 
X-ray diffraction. After mechanical polishing with graded 
emery papers and levigated magnesia, the crystals were 
electropolished in a phosphoric acid-distilled water solu- 
tion (10). After 30 to 90 min of electropolishing, depend- 
ing on the past history of the crystal, the crystal was 
rinsed alternately in 10% phosphoric acid and distilled 
water for several minutes to remove the last traces of 
polishing solution, then dried in a stream of dry nitrogen 
and placed in the apparatus. During these steps the 
crystal was handled only with glass tongs which had 
been cleaned in boiling detergent and in boiling nitric 
acid. The stylus, crystal holder, support rods, and en- 
velope had been given the same treatment. Air was 
pumped from the system, purified hydrogen was ad- 
mitted, and the crystal was annealed for several hours 
at temperatures from 500 to 900 C. Heating in hydrogen 
served to relieve residual stresses and to remove surface 
oxides. 

The controlled-atmosphere experiments were carried 
out immediately after annealing, without disturbing the 


crystal. The crystal was scratched or indented first at 
the highest temperature then at lower temperatures. In 
this way, it was never heated to a temperature greater 
than that at which it had been deformed, before being 
examined. The experiments in which azimuth of sliding 
was varied were carried out in air with the attachment 
described above. The crystal was usually rotated 5 to 10 
degrees between scratches. 


Experiments were made on (100), (110), (111), and 
(211) faces. 

After completion of the deformation, the crystal was 
examined with a metallographic microscope at magnifica- 
tions up to 1000. Surface topography, diameters of in- 
dentations, and widths of tracks formed by scratching 
were measured directly from images projected on a view- 
ing screen which was part of the microscope. Variations 
in surface relief as small as 1 4 were measured by selec- 
tive focusing, at the higher magnifications. Interesting 
areas were photographed. 


Etch techniques played an important part in ex- 
amining the nature and extent of deformation near the 
wear tracks and indentations. It was found that almost 
any of the mild etchants known for copper would empha- 
size recrystallization boundaries. However, it was also 
desired to estimate the density and positions of disloca- 
tions, produced during the deformation, by use of 
selective etchants which would form pits where disloca- 
tions intersected the surface of the crystal. An etchant 
was found (11) which fulfilled this purpose very well, 
on faces whose orientation was within 1.5 degrees of 
(111). The etch consisted of a 5 to 10 second dip in a 
solution of 4g FeCl3.6H2O, 20 cc HCl, 1 cc CH;COOH, 
and 8 drops bromine in 125 cc distilled water. More 
recently, etchants have been developed which will form 
dislocation etch pits on other low-index faces of copper 
(12). 

The depth to which surface deformation penetrated 
was also studied by the electrolytic removal of layers 
of copper of known thickness (13). Successive etching 
and removal of layers made it possible to obtain a three- 
dimensional picture of the damage caused by indenting 
or scratching a crystal surface. 


Results 


Before describing the results which were obtained, it 
would be well to review some fundamental facts about 
plastic deformation in single crystals. It has been well 
established experimentally that slip in face-centered 
cubic crystals such as copper takes place in close-packed 
<110> directions and nearly always on close-packed 
{111} planes. There are six <110> directions on each 
of the 4 {111} planes, making 24 possible slip “systems.” 
(Throughout this paper crystallographic symbols are 
used, whereby ( ) signifies a plane, { }, a group of 
equivalent planes, [ ], a direction, and << >, a group 
of equivalent directions.) The effect of a stress applied to 
a single crystal will be governed by the component of 
the stress resolved on the slip plane and in the slip di- 
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rection. Slip first occurs when the resolved shear stress 
on any system exceeds a critical value. Furthermore, it 
is the nature of the slip process in metals to be confined 
to thin bands or layers of slip planes, with very little 
deformation occurring in the region between the bands. 
Thus, when a crystal deforms, the dislocation loops by 
which the slip moves intersect the surface to form def- 
inite steps, large enough to be visible optically. The 
line of intersection of the slip planes with the surface 
is called a slip trace or slip band. The diagrams in Fig. 
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Fic. 2. Directions on crystal faces 


2a, b show by means of lines the possible orientations of 
slip traces on (100) and (111) faces. Other major 
crystallographic directions lying in the plane of the faces 
are also indicated. 


FRICTION OBSERVATIONS 
Anisotropy of Sliding Friction in Air 
The friction between a sapphire or diamond and a 


single crystal of copper in air was found to depend 
markedly on the direction of sliding. Figure 3 shows 
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some of the friction results obtained for sliding on the 
(100) face of 99.999% pure copper in air. Each square 
represents the average of 2 to 4 friction determinations. 
With the hemispherical styli, coefficient of friction was 
minimum in the four <001> directions and maximum 
in the four <011> directions. The maximum and mini- 
mum friction differed by more than 250% when using a 
63 u stylus, and by nearly 500% when using a 794 
stylus (see Table 1). On the contrary, use of the diamond 
pyramid stylus gave minimum friction in <011> direc- 








TABLE 1 
Coefficient of Friction on Single Crystal of Copper in Air 
Stylus Load (g) (100) (110) (111) (211) 
Diamond pyramid 25 .64,.88 53,.91 .68,.8 4,.81 
22 wu sapphire 25 .23.,67 -19,.5 39,.7 
63 pw sapphire 25 -12,.32 -1,.28 42,22: 42,32 
794 pw sapphire 25 .02,0.1 .01,.08 .04,.15 .01,.14 





tions, increasing to maxima in the <001> directions, 

the difference amounting to approximately 50%. 
Figure 4 shows some of the friction results obtained 

on a (111) closepacked face. Friction was maximum in 





0.8F a 
22 MICRON STYLUS / 


x 25 $M LOAD 
L eo al 
O.4- A 


0.6 + A 
0.2 +63 MICRON STYLUS pa] 
25 GM OAD a 


- 4 


COEFFICIENT OF FRICTION 




















fe) fio) i) fod 1a for) 20 hid fr 
DIRECTION OF SLIDING 
Fic. 4. Sliding friction on single crystal of copper in air, (111) 
face. 


the equivalent [112], '211], and [121] directions. The 
difference was about 180% in the case of the 22 uw 
stylus, and nearly 400% in the case of the 794 u stylus 
(Table 1). Note that a reversal of direction (180 de- 
grees change in azimuth) altered friction drastically on 
the (111) face. The coefficient of friction obtained with 
the diamond stylus on (111) displayed no consistent 
variation with azimuth. 

Friction results obtained on (110) and (211) faces 
in air showed similar anisotropies. Table 1 summarizes 
the frictional anisotropies observed on all the faces 
studied. Coefficients of friction in the maximum and 
minimum directions are listed. Note that the average 
coefficient of friction on a given crystal face was larger 
when sharper styli were used. An increase in load on a 
given stylus was also observed to increase the coefficient 
of friction. However, under similar conditions, the aver- 
age coefficient obtained in various directions did not 
vary noticeably from one face to another. 


Variation of Friction in Hydrogen With Temperature 


The friction of sapphire and diamond sliding on cop- 
per was measured on the (100), (110) and (111) faces 
in hydrogen as a function of temperature. Figure 5 
shows the results obtained on the (111) face at tem- 
peratures up to 800C. The sliding was in directions 


lying 30-50 degrees from [112]. Each point shown is an 
average of three friction measurements. A 794 u stylus 
under 25g load gave a coefficient of friction between 
0.13 and 0.19 which was insensitive to temperature up 
to 500-600 C, then increased to 0.27 at 800C. In con- 
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trast to this, a 63 4 stylus under the same load produced 
an average coefficient of 0.64 at room temperature which 
fell to 0.15 at 600C, then rose to 0.26 at 800C. The 
coefficient of friction obtained with a diamond stylus 
remained relatively high over the entire temperature 
range, decreasing from 0.8 at room temperature to 0.55 
at 800C. 
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Fic. 5. Friction on single crystal of copper as function of 
temperature, (111) face. 


Wear tracks were formed by a 63 slider on the 
(111) face in directions lying 5 degrees, 30-35 degrees, 
and 57-60 degrees from [112] in hydrogen at room tem- 
perature. The coefficient of friction measured was 0.7, 
0.64, and 0.45 respectively. Therefore, on the basis of 
just three experiments, the frictional anisotropy which 
is observed in air (Fig. 4) seemed still to exist with 
oxide films removed. 


Friction of Copper on Copper in Hydrogen as a Func- 
tion of Temperature 

A set of experiments was carried out in which a 
polycrystalline copper hemisphere under 25 g load slid 
on the (111) face of a 99.999% pure copper crystal in 
a direction 30 degrees from [112]. The purpose was to 
study the temperature dependence of friction in the 
case where adhesion between the surfaces might be pro- 
nounced. As Table 2 indicates, the friction increased 
drastically as temperature increased. 


TABLE 2 
Coefficient of Friction, Polycrystalline Copper Sliding on (111) 
Face of Copper in Hydrogen 





Temperature, °C Coefficient of friction 





400 0.5-3 
600 7-18 
800 22-27 





OBSERVATIONS OF SURFACE DEFORMATION 
Topography of Wear Tracks 
After completion of a friction experiment, the dam- 
aged region was always examined microscopically. Fig- 
ures 6 and 7 show wear tracks which were formed by 
two sapphire styli with different radii on a (100) face, 
sliding in a direction within 10 degrees of [001]. The 


groove formed by a 794 u stylus under 100 g load (Fig. 
6) was 1 to 2 uw deep and about 100 u wide. The slip 
traces that surrounded the groove showed that the sur- 
face had been deformed plastically over a considerable 
distance. Optical microscopic examination suggested that 





Fic. 6. Wear track formed by 794 p stylus, 100 g load, sliding 
on (100) face of single crystal of copper in a direction 10° from 
[001]. 1 in. = 80 p. 





Fic. 7. Wear track formed by 63 pw stylus, 53 g load, sliding 
on (100) face of single crystal of copper in [001] direction. 1 
in; =: 33 M, 


the traces were spaced several microns apart and that 
they lay along the traces (vertical) of (111) slip planes 
(horizontal traces) on the lower side of the groove. A 
63 uw stylus sliding under 53g load produced a more 
complex deformation pattern, with multiple slip ob- 
servable on both sides of the wear track (see Fig. 7). 
Close to the edges of the groove the crystal lattice 





50 JouN M. BaILey AND ALLAN T. GWATHMEY 


seemed to be bent, since the slip traces retained their 
identity even though they were curved. 

When sapphire or diamond styli slid on copper, the 
surface of the wear groove was smooth or only slightly 
furrowed by roughness of the stylus. No material was 
transferred from the flat surface to the stylus in optical- 
ly visible amounts. These results were taken as evidence 
that adhesion between the stylus and crystal had at 
least been partially reduced. Shrivels or specks which 
might have been oxide fragments were sometimes ob- 
served in tracks made by hemispherical sliders moving 
in the directions of high friction. In contrast to the 
smooth wear grooves formed by the sapphire and 
diamond styli, the surface of the wear groove formed 
by a copper stylus was severly gouged out or piled up 
as a result of adhesion and transfer of material to and 
from the stylus. 

The material displaced from the groove by the sap- 
phire and diamond sliders was accommodated partially 
by raising the surface 1 to 5 u over a distance of 30 to 
50 » on both sides of the groove. However, much of the 
metal went into a higher ridge at both edges of the 
groove. This pileup of material was observed to be 
asymmetrical. More metal was displaced to one side of 
the groove than to the other, depending on the direction 
of sliding. A partial understanding of this phenomenon 
was achieved by correlating the direction of sliding with 
topography of a normal indentation made by the same 
stylus on the same crystal face. For example, when a 
(100) face was indented by a hemispherical stylus, the 
central concavity was not surrounded by a uniformly up- 
lifted surface, but one which was preferentially raised in 
the four <011> directions (Fig. 2a). Similar but more 
complex anisotropies were observed around indentations 
made on (110), (111), and (211) faces. Therefore, if 
a stylus were advancing under load on a (100) face in 
a direction to the right of a <011> direction, it would 
continually meet a surface which is higher on the left. 
Thus, more metal would be expected to pile up on the 
left side of the groove. This result was observed. 


Anisotropy in Width of Groove 


The width of the groove formed on a given crystal 
face by a stylus under constant load was found to change 
with the direction of sliding. One should be hesitant in 
equating width of groove to “Wear,” for narrow grooves 
were often accompanied by tearing of the edges of the 
groove and separation of chips from the surface. How- 
ever, the width of groove was an interesting parameter, 
for when the width was greater, plastic deformation as 
studied by slip traces and etch pits penetrated further 
out and down into the crystal. The results of variation 
of sliding azimuth on (100) and (111) faces are sum- 
marized in Figs. 8 and 9. 

On (100), the groove width was minimum in the four 
<011> directions and maximum in the <001> direc- 
tions. These are just the reverse of the directions in which 
minimum and maximum friction were obtained when 
using hemispherical styli. With the diamond pyramid 


stylus, directions of high friction and low friction coin- 
cided with directions of maximum groove width and 
minimum groove width. On (111), the groove width 
was minimum in the three equivalent <112> directions 
and maximum in the three <121> directions. Again, 
when using hemispherical styli, low friction was accom- 
panied by large groove width and vice versa. The diamond 
pyramid showed no definite anisotropy in groove width 
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Fic. 8. Surface deformation on single crystal of copper in 
air, (100) face. 
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Fic. 9. Surface deformation on single crystal of copper in 
air, (111) face. 


on (111). The data from Figs. 8 and 9 indicate that 
under similar conditions the average groove width was 
slightly larger on (100) than on (111). 

In all cases where anisotropy in width of groove was 
observed, whether on (100), (110), (111), or (211), 
minimum groove width occurred when the sliding direc- 
tion was normal to a slip trace. These results agree with 
those of Boyarskaya (8) who studied scratch hardness 
as a function of azimuth on ionic NaCl and KCI crystals. 
The percentage variation in groove width with azimuth 
was plainly less than that of friction. On (100), the 
anisotropy amounted to 15 to 25% under various con- 
ditions, and on (111), 20 to 35%, when using hemi- 
spherical sliders. 
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Dislocations in the Wear Tracks 


Optical examination gave considerable information 
about the dimensions of the wear tracks, surface eleva- 
tions, and slip traces. However, etch techniques, which 
permitted the examination of individual dislocations in 
the deformed regions on (111) faces, were probably 
even more useful. The pits not only verified slip trace 
information regarding the planes on which dislocations 
moved to the surface during deformation, but also re- 
vealed the nature and extent of plastic strain in regions 
where the deformation was not sufficient to create visible 
slip traces. Figure 10 shows the edge of the groove 





Fic. 10. Wear track formed on (111) face of single crystal of 
copper by 1588 pw stylus, 100g load. Sliding direction 55° from 
[112] in air. Surface etched. 1 in. = 80 un. 


formed by a 1588 u sapphire stylus sliding under 100 g 
load on (111) at room temperature in air. The direction 
of sliding lay about 52 degrees from [112]. Etch pits 
indicate that dislocations were lined up along traces of 
(111) planes (trace in [011] direction). The pits were 
too closely spaced to be counted near the groove, but 
their over-all density served to indicate the degree of 
deformation. The point at which pit density decreased 
to that of the background outlined the limit of plastic 
deformation. The same limit was also observable in depth 
(13). 

Wear Tracks Formed in Hydrogen at Higher Tempera- 
tures 


The experiments which were carried out in hydrogen 
at temperatures up to 800C were intended to show 


how temperature would affect the processes basic to the 
“Plowing” component of friction without the added com- 
plication of surface oxide formation. Once the techniques 
for development of dislocation etch pits had been per- 
fected, the effect of temperature on surface deformation 
could be studied in far greater detail by examining 
changes in the arrangements of dislocations at the dif- 
ferent temperatures. 

It was first observed that the metal in the wear tracks 
that were formed at intermediate temperatures recrystal- 
lized during or soon after the deformation. For example, 
a surface deformed by a 794 u sapphire stylus sliding at 
001 cm per sec under 15 to 25g load recrystallized 
when the deformation temperature was above 300 C and 
below 500 C. At temperatures above 500 C, polygoniza- 
tion, as evidenced by wavy lines of dislocation etch pits, 
had replaced recrystallization as a recovery process (Fig. 
11). That is, no large-angle grain boundary separating 





Fic. 11. Edge of wear track formed by a 794 p sapphire stylus 


under 25g load sliding in a direction 33° from [112] on the 
(111) face of single crystal of copper in hydrogen, 800 C. Surface 
etched. 


entirely re-oriented regions from the undisturbed crystal 
was observed, but rather a series of low-angle grain 
boundaries formed by parallel dislocation lines, through 
which the crystal orientation changed gradually. When 
a sharper (63 ) stylus was used under similar con- 
ditions the temperature range for spontaneous recrystal- 
lization extended from 250 to 800C, the highest tem- 
perature studied. Polygonization, which was first observed 
at 400 C when using the 794 u stylus developed only 
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at 600 to 800C when using the sharper stylus, and 
even then only partially. 

The extent of surface deformation, as measured by 
the width of the groove, increased with temperature in 
most but not all cases. The results obtained on the (111) 
face with various styli sliding in directions lying 30 
to 50 degrees from [112] are presented in Fig. 12. Each 
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Fic. 12. Surface deformation as a function of temperature 
(111) face. 


symbol represents the average of measurements made 
on 2 to 3 different tracks. The over-all increment in 
groove width between room temperature and 800 C was 
greater when sliders with smaller radii were used and 
when load was greater. The 63 u stylus sliding under 
5g load produced a groove the width of which was 
insensitive to temperature over the entire temperature 
range studied. The 63 and 794 4 styli sliding under 
25g load produced grooves the widths of which were 
fairly insensitive to temperature up to 500 to 600C, 
yet went through reproducible minima at 400 to 600 C. 
At temperatures higher than 600C the groove width 
increased markedly. The width of the groove formed 
by the diamond pyramid increased monotonously from 
room temperature to 800C. 

The depth to which damage penetrated the crystal 
was determined by electrolytic sectioning (13). The 
recrystallization which occurred in the temperature 
range outlined above penetrated as much as 40 to 50 u. 
In addition, plastic deformation, as evidenced from etch 
pits, penetrated as deeply as 150 p, at the highest tem- 
peratures studied. 


Discussion 


It should be emphasized that the studies of sapphire, 
diamond, and copper sliding on electropolished single 
crystals of copper were carried out not with the idea of 
simulating any practical bearing systems, but for the 
purpose of reducing the number of variables and sim- 
plifying the experiments so that the influence of certain 
important factors could be determined. It should also 
be borne in mind that throughout this paper, the scale 
of observation has been small; less than 100 «, or 
0.004 in. 


ANISOTROPY IN FRICTION AND SURFACE DEFORMATION 


The anisotropies can be at least partially explained 
in terms of topographical changes and work-hardening 
that occur during indentation or formation of wear 
tracks on single crystals. It was mentioned in the section 
on topography of wear tracks that indentation of a (100) 
face raised the surface preferentially in the four <011> 
directions. Dyer (5) obtained the same result and ex- 
plained it on the basis of the arrangement of the slip 
planes in the applied stress field. He also observed 
preferential work-hardening in the <011> directions and 
explained it by the greater degree of mechanical feed- 
back of raised material into the deformation process in 
these directions. 

Assuming that the same anisotropies in surface bulg- 
ing and work-hardening occurred in sliding as in rolling, 
one would expect the width of a sliding track to be 
smaller in the <011> directions. (Track width, d, is pro- 
portional to (W/H)1/*, where W = load and H = hard- 
ness. Furthermore, as Dyer points out, meeting a surface 
bulge head-on, as was the case for sliding in <011> di- 
rections, leads to an elongation of the contact area in the 
direction of sliding. For a given apparent area of contact, 
this would cause a further decrease in the groove width. 
In the converse manner, sliding in <001> directions 
foreshortened and widened the groove. At azimuths lying 
between <011> and <001>, intermediate track widths 
would be expected and the asymmetries described in the 
paragraph on topography of wear tracks would result. 

The anisotropy in track width which resulted from 
sliding small styli under 25g load on the (100) face 
amounted to 15 to 25%. This result compares with 
that obtained by Dyer in rolling a % in. sapphire ball 
on the (100) face under 200g load (44% anisotropy). 

There were, however, larger differences between roll- 
ing and sliding when frictional anisotropy is considered. 
First, the anisotropy under sliding conditions was much 
greater [more than 500% in some cases, in comparison 
with 32% (5)]. Secondly, the frictional anisotropy ob- 
tained with the diamond pyramid slider was the reverse 
of that obtained with hemispherical sliders or rollers. 

Dyer explained the higher friction for rolling in the 
<011> directions by showing that although the surface 
was hardened to a greater degree and a narrower track 
resulted, surface bulging increased the volume of material 
which had to be displaced by the slider. The greater 
sliding frictional anisotropy that the authors observed 
might be explained in terms of greater anisotropies in 
surface bulging and hardening under sliding conditions, 
especially with the small styli which were used. No data 
of this sort are available. 

Several results have made likely the conclusion that 
oxide films and adhesion were affecting the friction in 
air even when “nonbonding” sliders were used. First, 
the coefficient of friction obtained for sliding on (111) 
at room temperature in hydrogen was usually greater 
than that obtained in air. (Compare data from Table 1 
and Fig. 5). When sliding on a (111) face in a direction 
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30-35 degrees from [112], the 63 mu stylus experienced 
a coefficient equal to .15 to .18 in air and .64 in hydro- 
gen. The 794 w stylus experienced a coefficient equal to 
.08-.12 in air and 0.2 in hydrogen. Furthermore, the 
presence of dark specks which might have been oxide 
fragments in the wear tracks made by hemispherical 
sliders just in the direction of high friction suggest that 
in certain directions oxide films were ruptured, whereas 
in others, the oxide may have been preserved. Therefore, 
it seems likely that an anisotropy in protection by thin 
air oxide films must have added to those of topography 
and work hardening, during sliding. Evidence for the 
existence of frictional anisotropy during sliding in hy- 
drogen shows that the anisotropy in air cannot be a 
result of oxide films alone. More work is needed to show 
the quantitative importance of oxide films in friction on 
single crystals. 

The frictional anisotropy which was observed for 
sliding of the diamond pyramid on the (100) face 
might be explained tentatively in this way: the pyra- 
midal stylus ruptured air oxide films regardless of the 
sliding direction as a result of profound penetration of 
the surface. Thus, the contribution of oxide rupture to 
frictional anisotropy would not exist, and the per cent 
variation in friction with azimuth would be less than 
with other styli. Furthermore, the friction in air would 
be nearly equal to that in hydrogen. Both of these 
phenomena were observed. 


It is further shown below that the plowing frictional 
force experienced by a pyramidal slider should be in- 
sensitive to work-hardening. Therefore, on the basis of 
the analysis used thus far, the reversed frictional aniso- 
tropy which was observed with the pyramid; i.e., maxi- 
mum friction in <001> directions and minimum friction 
in the <011> directions, could have resulted from sur- 
face bulging. If a pyramid indenter raised the surface 
preferentially in the 4 <001> directions, then a pyra- 
mid sliding in a <001> direction would have to displace 
more material, and friction would increase. 


EFFECT OF LOAD AND SHAPE OF STYLUS 


In order to discuss the effects of radius of slider and 
load on the results obtained, it would be well to review 
some ideas concerning the forces required to plow a 
groove with a hemispherical or pyramidal slider. For a 
sliding hemisphere, the load is supported on the front 
half of the circle of contact. This area, A,, is equal to 
nd?/8, projected on the plane of the surface. The groove 
width is d. The compressive flow stress or hardness, H, 
is equal to W/A, or 8W/nxd?. At the same time, A;, the 
cross sectional area displaced by the advancing hemis- 
phere is approximately equal to d°/12r, where r is the 
radius of the hemisphere. This assumes that the surface 
in front of the stylus remains flat. The frictional force 
due to plowing, F, is equal to p,A;, where py; is a shear 
flow stress. Thus F is equal to (p;d°/12r); d is equal to 
\/8W/xH, so F is equal to (Const.) ~,W'/?/rH*/? and 
the coefficient of friction, f is equal to (Const.) ppr/W/ 





rH*/?, Turning back to the experimental results (Table 
1) it is possible to see why the measured coefficient of 
friction increased when styli with smaller radii were 
used and when load was increased. The change in friction 
was less than that predicted by the equation just given 
because, for one thing, H is not constant, but increases 
with the ratio d/r during deformation by a hemisphere 
(14). Surface bulging, which has not been included in 
the treatment above, would also enter in. Furthermore, 
as the preceding sections of the discussion indicate, ad- 
hesive friction may in some cases rank with plowing 
force in contributing to overall friction. 

In the case of a solid right-angle pyramid with body 
diagonal perpendicular to the surface of the crystal, A, 
is equal to .2885d?, so that H is equal to 3.47 W/d?. If 
sliding is in a direction such that an edge of the pyramid 
leads, then A; is equal to 0.2d?, so that if plowing forces 
predominate, F is equal to p;A; or 0.695 p;,W/H, so co- 
efficient of friction is equal to 0.696 p,/H. Since p; and H 
would be expected to be proportional, the coefficient 
should be independent of hardness. The use of a pyramid 
as indenter or slider is distinct from the use of a hemis- 
phere, in that the geometry of the deformation is in- 
dependent of the load applied. Thus, the degree of 
work-hardening should have been the same regardless of 
load, or a graph of track width against \/W should be 
linear. Using the data obtained with loads from 5 to 50 
g, this relationship was observed experimentally. Fur- 
thermore, the coefficient of friction should be and was 
almost independent of load. 


TEMPERATURE EFFECTS 


The main distinction between surface plastic deforma- 
tion and bulk plastic deformation is probably one of 
degree. The strains commonly met in surface deforma- 
tion are greater. Thus, work-hardening plays an im- 
portant role. The effect of increased deformation tem- 
perature is to relax the restrictions on and barriers to 
the motion of dislocations, or to remove work-hardening. 
However, the effect of reduction in work-hardening had 
a complex effect on friction and track width in the 
case of hemispherical sliders (see Figs. 5 and 12). The 
794 uw slider between room temperature and 200C and 
the 63 wu slider between room temperature and 600 C 
experienced decreasing friction with increasing tempera- 
ture. Such a decrease would call for a decrease in ad- 
hesion, hardly likely, a greater decrease in p; than in H, 
or a decrease in anisotropic hardening effects. More 
work is needed to clarify this point. At the higher 
temperatures, results indicate that H had decreased suf- 
ficiently to increase f. 

Use of a 63 u slider under 5 g load evidently did not 
cause much work-hardening at any temperature, since 
the groove width remained the same (Fig. 12). The 63 
u stylus, which should produce greater work-hardening 
than the 794 uw stylus under similar conditions at room 
temperature, did form a groove whose width was more 
sensitive to temperature between room temperature and 
800 C. 
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As the deformation temperature was increased from 
room temperature to 250C to 300C, thermal activation 
allowed the deformed regions to recrystallize spontane- 
ously. However, at still higher temperatures the re- 
crystallization decreased. Cottrell (15) has proposed 
that for a recrystallization nucleus to grow, its boun- 
daries must be mobile large angle boundaries. Such 
boundaries are more likely to occur during recovery of 
a deformed region if there is a high strain concentration 
or dislocation density at some point. In the high tem- 
perature experiments performed under moderate stress 
conditions, the requisite strain concentration was not 
achieved. Rather than recrystallizing, the deformed sur- 
face region polygonized or rearranged into a series of 
domains several microns in diameter and slightly mis- 
oriented with respect to each other, judging from the 
network of etch pits which were observed at 800 C. The 
increase of stress concentration resulting from substitut- 
ing a 63 pw stylus for the 794 pw stylus caused recrystal- 
lization to reappear. 

Turning to the diamond pyramid stylus, several 
interesting things may be noted. First, the friction, 
though decreasing with increasing temperature, did not 
change markedly. It was shown theoretically above that 
if friction is due to plowing alone, f = 0.695(p;/H). 
The fact that friction did decrease indicates that p; may 
have decreased more than H as temperature increased. 
Since work-hardening by the pyramid should not have 
changed with depth of penetration, the plot of groove 
width versus temperature provides a measure of (1/ 
H)'/?, By this scheme, Fig. 12 would indicate a con- 
tinual decrease in H with temperature, more so above 
400 C. 

The increase in friction with temperature which was 
observed for sliding of copper on copper was doubtless 
a result of cohesive bonding between the surfaces. 


Summary 


The studies which have been reported in this paper 
should help one to understand more fully what happens 
when a hard surface slides on a softer, unlubricated 
surface. If the softer surface is polycrystalline, the load 
will be born simultaneously or in sequence by crystal- 
lites of many different orientations. The studies on large 
single crystals show that there is a large difference in 
friction and deformation properties, depending on the 
crystal orientation. This results from anisotropies in 
surface bulging, work-hardening and protection by oxide 
film. Therefore, in a polycrystalline surface, some crystal- 
lites will be oriented advantageously but others will not. 
This suggests that a polycrystalline surface with proper 
preferred orientation might give inherently lower fric- 
tion. 

In air, oxide films may help lower friction if the 


sliding asperities are not too sharp. By bearing the 
load on more asperities, the load on each should decrease 
and with it, the coefficient of friction. 

When using copper surfaces, the high degree of work- 
hardening which surface deformation causes at room 
temperature decreases at higher temperature. Recrystal- 
lization allows the deformed metal to take up new 
orientations and relieve strain. At still higher tempera- 
tures, dislocations, whose stoppage is the very basis of 
work-hardening, are seen to enjoy much greater free- 
dom of movement. They leave their accustomed (111) 
slip planes and form low-energy polygonized arrays. With 
this, work-hardening disappears. The metal is more 
severely deformed. 

The results which were obtained could be interpreted 
with consistency on the basis of the analysis presented 
above. However, the picture is still not complete. More 
work must be done before the effect of such factors as 
surface oxide film and shape of stylus can be understood 
in detail. 
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DISCUSSION 


D. G. From (General Electric Company Missile and Space Ve- 
hicle Department, P.O. Box 8555, Philadelphia 1, Pennsylvania) : 


This paper represents a valuable contribution to the study of 
friction and deformation processes. As the authors state, there 
has been little work in the past on surface deformation. It is 
encouraging that they have now attacked this problem in a 
very direct manner. By the use of single crystals many of their 
results can be interpreted in terms of well established slip and 
glide concepts. The additional control of atmosphere and temper- 
ature make the study even more significant. 

Recently, I carried out similar experiments, as yet unpublished, 
utilizing both single crystal and polycrystalline specimens. In that 
work a modified microhardness tester was used and the materials 
studied included copper, aluminum, iron, zinc, cadmium, mag- 
nesium meta-aluminate polycrystalline samples. Those experiments 
are mentioned because the results on copper are directly com- 
parable to those of Bailey and Gwathmey. For example, with 
hemispherical styli on metallographically polished and etched 
(001) faces, the effects of orientation were similar to those de- 
scribed in the present paper. The friction coefficients in our work 
were somewhat higher and the relative differences in friction (24 
to 51%) and track widths (2 to 14%) for different sliding di- 
rections were not as great. Nevertheless, the same trends in fric- 
tion and track widths were observed as well as the pileup of 
material surrounding static indentations and the ends of friction 
tracks. 

In contrast with the results of Bailey and Gwathmey, I found 
that with a 136° diamond pyramid indenter (Vickers) the orien- 
tation effects for both friction and track widths paralleled those 
for the hemispherical sliders. The important feature here was to 
use the same diamond geometry in comparing < 100 > and the 
<110> sliding directions. That is if the diagonal edges of the 
diamond were parallel to the direction of sliding, the track widths 
were higher for both <100> and <110> directions than if 
the diagonal edges were at 45° to the direction of sliding. In 
the first of these cases, the average track width decreased 31% 
in going from the < 100 > to the < 110> direction while the 
friction increased 14%. In the second case, the track width de- 
creased 14% in going from the < 100> to the < 110> direc- 
tion and the friction increased 17%. Thus, in both cases, friction 
was higher in the <110> direction than in the < 100> 
direction. 

Even though the work hardening of the surface should be 
independent of the depth of indentation with a pyramid indenter, 
as suggested by Bailey and Gwathmey, the slip in the copper 
should still occur on {111} planes and thus give rise to raised 
material in the <110> direction relative to the <100> 
direction. This can indeed be observed in a static indentation with 
a Vickers indenter. Consequently, in sliding the pyramid in the 
<110> direction it is necessary to move the “mound” of ma- 
terial directly ahead of the slider in the same manner as for a 
hemispherical slider. On the other hand, in the < 100> direc- 
tion, the “mound” of material to be moved lies at 45° to the 
direction of sliding, again as for a hemispherical slider. This may 
mean that the discrepancy in the experimental observations in 
the two studies lies in the effect of surface films rather than in 
deformation per se. 

It is interesting to note that for aluminum, orientation effects 
similar to those for copper are observed. Static indentations give 
rise to fourfold symmetry of slip patterns on the (001) face, 
twofold symmetry on the (011) face and threefold symmetry on 


the (111) face. The friction is greatest and track width lowest in 
those directions in which the slip traces immediately precede the 
moving indenter. A prediction of friction and track width for a 
given direction can be made therefore solely on the basis of a 
static indentation. 


F. F. Linc (Rensselaer Polytechnic Institute, Troy, New York): 


It is gratifying to read such a lucid account of the “ploughing” 
aspect of friction on a single crystal of copper. The abundance 
of data adds to the value of the paper. 

One of the interesting observations of the authors is the azi- 
muthal variation of the “ploughing” aspect of friction between 
diamond pyramid and copper single crystal in air on the (100) 
face: maximum in the < 001 > directions and minimum in the 
< 011 > directions. The opposite is true for hemispherical styli 
under otherwise the same conditions. The authors argued that 
adhesion may be affecting the fricticn in air on the bases: (1) 
higher values of friction at room temperature in hydrogen than 
those obtained in air; (2) evidences suggesting the rupturing of 
oxide films in some directions not in others. 

If one agrees with the fact that the diamond pyramid slider is 
not “non-bonding” while the hemispherical styli used are com- 
paratively “non-bonding,” then the adhesion explanation may be 
supported by the work of R. Takagi and Y. Tsuya [“Static Fric- 
tion between Clean Copper Single Crystal Surfaces,” Wear 4, 
216-227 (1961)]. This work includes static friction between cop- 
per single crystal balls and blocks in vacuum on the (100) face. 
The coefficient of friction (in this case mostly adhesion) in the 
<_001 > directions is about twice that in the < 011 > directions 
on the average and the magnitudes are two orders of magnitudes 
higher than those reported for air by the authors (mostly 
“ploughing”’). 

Moreover, if the above were true, then it stands to reason that 
the true azimuthal effect on the “ploughing” aspect of friction 
is that the maximum occurs in the < 011 > directions and the 
minimum occurs in the < 001 > directions, subject to the expla- 
nations given by the authors; and, the true azimuthal effect on 
the adhesion aspect of friction, at least for the (100) face of 
copper single crystal, is that the maximum occurs in the < 001 > 
directions and the minimum in the < 011 > directions. The ex- 
planation of the latter is that, for sliding in the < 001 > direction, 
viscous flow in [001] as well as local slips in < 011 > directions 
give rise to a larger adhesion area than in the case of sliding in 
the [011] direction, where the adhesion area is formed by vis- 
cous flow in the [011] direction alone. 


L. D. Dyer (General Motors Research Laboratories, Warren, 
Michigan): 


I should like to thank the authors for their contribution which 
is a pioneering effort in the study of friction and wear. I think 
it will be of lasting interest and will stimulate a number of fields 
that it touches upon. The guide lines for my own work on rolling 
friction on crystals (C1) have come from this study for which I 
am greatly indebted. 

I should like to point out an interesting possibility in terms of 
crystal slip which may explain some of the differences between 
rolling and sliding on the cube face of copper. The rolling defor- 
mation and accompanying friction come about through the ac- 
tion of deeply penetrating stream lines of plastic flaw resem- 
bling those in the static indentation due to a punch on a flat 
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surface (C2). In the copper crystal, this must be accomplished 
by dislocation loops moving on discrete slip planes—each loop 
either having a slip vector that slants into or slants out of the 
crystal. 

There are only two remaining crystal slip vectors that are not 
in use in the rolling case—both of these are parallel to the cube 
face. It seems natural that these two slip vectors might enter into 
the sliding process, superimposing their action on the deeply 
penetrating slip pattern, and establishing a new level of equilib- 
rium conditions for steady ball movement. This would explain 
the characteristically striated appearance of sliding tracks as 
opposed to rolling tracks. It could also account for the ease of 
sliding a diamond stylus in the < 110> directions—parallel to 
one of these slip vectors. The dislocation loops having these 
vectors should be long and probably not far beneath the surface; 
a light etch might remove them and leave only the deeper pattern. 
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AvutTuHors’ CLOSURE: 


The discrepancy between the frictional anisotropies obtained 
with a diamond pyramidal slider by Flom and by the authors 


may lie in the shape of the pyramid used. Flom employed a 4- 
sided pyramid, whereas the authors used a 3-sided pyramid, 
always oriented with one edge in the forward direction of sliding. 

Dr. Ling’s proposal that “ploughing” friction is maximum in 
<011> directions, whereas adhesive friction is maximum in 
< 001 > directions is an interesting interpretation of the exper- 
imental results available. It deserves further study. One obvious 
way to compare the adhesion of diamond and sapphire to copper 
would be a set of similar experiments using sapphire, then dia- 
mond sliders having the same shape. This would show whether 
the reversed frictional anisotropy obtained with the diamond 
pyramid resulted from adhesion or some other factor. 

Dr. Dyer’s suggestion may point the way to clearing up the 
problem of why the frictional anisotropy is greater in sliding than 
in rolling of sapphire on copper. He reminds us that the shear 
stress resolved on systems lying parallel to the surface is greater 
under a sliding ball. Thus, the crystal would be more likely to 
slip along these systems. It is a complex problem in plasticity to 
predict the effect of this added movement of material on the fric- 
tional force. One is applying an inhomogeneous stress to a medium 
which has preferred slip planes and directions, and which work- 
hardens! However, by studying carefully the resolved shear 
stresses in the crystal before any plastic flow occurs, one might 
find an indication as to why the force which must be applied to 
slide a sapphire ball varies more with crystal direction than does 
the force required to roll the ball. 
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Chemical Changes in Steel Surfaces During Extreme 
Pressure Lubrication 


By DOUGLAS GODFREY! 


Films and wear fragments from unfailed test cups from SAE extreme pressure runs with sulfurized 
mineral oil and films from unfailed hypoid gear teeth run in commercial gear oils were analyzed 
by six methods. The major compound was Fe,0, or a similar spinel. Minor constituents were 
FeS, FeO, and an “iron carbide.” Emission spectrographic analysis showed silicon in much greater 
concentrations than in the base metal. The beneficial effects of silicon enrichment are discussed and 
the mechanisms that might cause it to concentrate in the surface. Bench test data are given 
demonstrating how poly(methylphenylsiloxane) can increase the load-carrying capacity and reduce 


the wear of gear oils. 


Introduction 


PARTICULARLY lacking in the understanding of the 
mechanism of extreme pressure (EP) lubrication is the 
chemical composition of films formed on steel by the 
EP additives. In the literature, unequivocal identification 
of iron sulfides, chlorides, and phosphides, so commonly 
accepted as reaction products, has been rare. Radioactive 
isotopes permit the positive identification of elements 
in or on the EP surface. But this method always leaves 
the possibility that oil which cannot be washed off with 
solvents has penetrated the material and the amount 
of radioactivity does not represent reaction. The pur- 
pose of the research reported here was to provide ad- 
ditional information on the chemical composition of 
EP films. An EP film is defined here as the reaction 
product insoluble in hydrocarbon solvents. Analysis was 
limited to unfailed films and wear fragments formed in 
sulfurized oil under conditions of high load-carrying 
capacity. 


Materials and procedures 
SPECIMENS AND LUBRICANTS 


EP films and wears fragments were obtained from 
commercial bearing races (commonly used and known 
as test cups, Appendix I) that had been run on the 
SAE lubricant testing machine to 200 pounds or more 
without scuff (Appendix I). USP (United States Phar- 
macopoeia) mineral oil saturated with elemental sulfur 
was used as the lubricant. 

EP films were also obtained from hypoid gear teeth 
and pinions out of gear sets which had passed a stand- 
ard gear lubricant test (7) with commercial gear lubri- 
cants containing sulfur. 





Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Chicago, Illinois, 
October 1961. 

1 California Research Corporation, Richmond, California. 


The EP films were removed from the used test cups, 
gear teeth, and pinions by an electrolytic stripping pro- 
cedure (Appendix IT). 


LUBRICANT TESTING 


The load-carrying capacity of lubricants was deter- 
mined by a standard SAE-EP lubricant test procedure 
(2). This procedure was also used to evaluate the load- 
carrying capacity of preformed films on test cups with 
USP mineral oil. Wear characteristics were determined 
on the SAE machine running for 4 hr at 225 F, 180 lb, 
and 500 rpm (3). Friction and wear characteristics of 
the lubricants were determined on a pin-on-disk type 
low-load tribometer.? The conditions were: SAE 4140 
steel versus SAE 4140 steel (both 30-32 Rockwell C), 
500 gm load, 200 F, and 1-hr duration at 3.9 cm/sec. 


METHOpDs OF ANALYSIS 


The specimens were analyzed by the following meth- 
ods: electron diffraction, X-ray diffraction, emission 
spectrography, proton scattering, chemical spot tests, 
volumetric analysis. Details for each method are dis- 
cussed in Appendix III. 


Results and discussion 


Photomicrographs of typical stripped films and wear 
fragments are shown in Fig. 1. Representative diffrac- 
tion patterns from test cups are shown in Fig. 2. Films 
on gear teeth and fragments gave similar results. De- 
tails of analyses are presented according to the materials 
identified. 


Ferrosoferric Oxide, Fe304 


Finely crystalline, randomly oriented Fe,;0, was iden- 
tified on almost all specimens, particularly by diffraction 





2 Tribometer, “An instrument for the measurement of sliding 
friction” —Webster. 
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techniques. If F304, was not present, the spinel? was 
identified. The spinel structure, for which the formula 





3 Spinel: the name of a crystal structure of a group of metal 
oxides with the general formula M++O-—, M,+++0,-—~, for 
example FeO-Cr,Og. 


was not determined, was obtained by electron diffraction 
of test cups and gear teeth. The spinel was not observed 
on gear teeth which had been phosphated, or on wear 
fragments. Proton scattering of the surface of a test cup 
which was run to full load in sulfurized mineral oil showed 
dilution of the surface of the steel with 30% oxygen 





Fic. 1. Photomicrographs of a film stripped electrolytically from test cup (a) and of wear fragments collected from oil (b) 
after an SAE-EP run to 550 lbs with USP mineral oil containing 2% sulfur (x 75). 
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Fic. 2. Electron diffraction data obtained from test cups run on the SAE machine. The graphs show the data from the 
patterns. The vertical axis d(A) is the interplanar distance and the horizontal axis (J/J,) is the relative intensity of the lines 


compared to most intense line in the pattern. 
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by weight to a depth of over one micron. Since oxygen 
is 27.5% of Fes04, the 30% observed means that some 
of the oxygen is entrained, or in the form of a metal 
oxide with high oxygen content such as SiO,. The gear 
teeth showed a dilution of the iron with 18% oxygen 
to a depth of one-half micron. This concentration of 
oxygen converts to 67.5% Fes;04, assuming all the 
oxygen is in the form of oxide. 


Iron Sulfide, FeS 


Metal sulfides were determined qualitatively by chem- 
ical spot tests and diffraction techniques. They were 
determined quantitatively by chemical analyses of 
stripped films or turnings and by sulfur content revealed 
by proton scattering of test cups and gear teeth. If iron 
sulfide was present and no diffraction pattern was ob- 
tained, the sulfide was assumed to be amorphous. 

Both crystalline and amorphous iron sulfide were 
found on test cups. Only amorphous iron sulfide was 
found on gear teeth. The amount of iron sulfide on test 
cups run to 550 lb in the SAE machine is shown in Table 
3, 

TABLE 1 
Amount of Sulfide on New and Used Test Cups 


Metal sulfide 








Specimen (equivalent % FeS) 
Reference—turnings from new cup 0.45, 0.32 
Turnings—used cups 0.47, 0.54 
Stripped films—used cups 2.3, 1.9 
Wear fragments—used lubricant 11.1, 15.7 





Proton scattering of the surface of the same gear teeth 
which showed 30% oxygen showed 10% sulfur. This 
concentration converts to 25% FeS, assuming all the 
sulfur is in the form of sulfide. However, the difference 
in the values obtained by the two methods suggests con- 
siderable entrained sulfur. 

The results show that Fe,;0, is a major constituent 
and FeS is a minor constituent of the EP films examined, 
and confirms the work of Simard et al. (4) and Russian 
results (5) recently translated. 


DISCUSSION OF OxIDE-SULFIDE RELATIONSHIP 


Pure iron sulfides do not possess any of the physical 
properties that have been established as beneficial to a 
sliding surface. They have high shear strengths and 
abrasiveness comparable to FeO; (rouge) (6), and high 
melting points (FeS, 2182 F; FeSs, 2142 F) (7) rela- 
tive to case hardened steel (2360 F) (8). Further, the 
sulfides do not have the low shear strength of MoS. or 
the good basal cleavage of graphite, mica, or talc. 

There is experimental evidence that thin films of 
pure iron sulfide do not have good lubricating properties 
(9-12). SAE machine results show that a film of Fes;0, 
does not have extreme pressure lubricating properties 
either. It appears that the presence of both, in the sur- 
face layers of the metal, is the condition for high load- 
carrying capacity. This was proved by supplementary 
runs with test cups on the SAE machine with USP min- 


eral oil as the lubricant. Cups with preformed films of 
Fes0,4 and FeS failed at 100 lb or less. Cups with both 
present failed near 250 Ib. If the FeS was removed by 
mild acid treatment, the higher load-carrying capacity 
was lost. (See Appendix IV for details). 

The author concurs that oxygen and active sulfur com- 
pounds compliment each other in EP lubrication (4, 12- 
15). The corrosion literature (16-18) suggests that sul- 
fur and sulfur dioxide promote the oxidation of iron or 
copper. The reason for the acceleration given in the 
literature is that the sulfide creates pores in thé oxide 
lattice and permits rapid diffusion of the oxygen. The 
results indicate that the EP mechanism with sulfurized 
oil is the formation of a layer 0.5 to 1.0 micron deep 
in the steel in which the major constituent is Fe;O,. It 
is speculated that the oxide and sulfide would make the 
steel porous with lattice and grain boundary irregulari- 
ties and aid penetration and retention of oil. Iron sulfide 
is a minor constituent; nevertheless, the SAE results 
with preformed films indicate that the sulfide is necessary 
for high load-carrying capacity. The formation of cer- 
tain thicknesses of sulfide, such as that calculated from 
radioactivity when using S*°, does not appear to be the 
correct interpretation of the data. 


OTHER CONSTITUENTS 


An iron carbide (FeC)* and ferrous oxide (FeO) were 
found in a few cases. Eight diffraction patterns were 
obtained which could not be positively identified by 
common methods. (One commercial additive used in the 
gear oil test was known to contain chlorine and phos- 
phorus. However, no crystalline chlorides or phosphides 
were identified on the gear teeth by diffraction methods. ) 
Complete analysis of films was not obtained. 

Silicon 

The emission spectrographic results given in Table 2 
show concentrations of silicon significantly greater than 
in the base metal. Analysis of new, unused cups showed 
that the concentration is not a result of the methods 
used or the oil. No silicon or silicon compounds were 
identified by any other method. This finding supports 
five cases already reported of element enrichment in 
sliding surfaces (19-23). The good friction and wear 
characteristics of siliconized metals, cast irons which 
contain 2% to 3% silicon, and aluminum-silicon bearing 
alloys, supports the idea of silicon as a beneficial con- 
stituent of sliding surfaces. 


In research on other properties of metals, silicon en- 
richment of surfaces has been found. In corrosion prod- 
ucts formed at low temperature (24-26), at high tem- 
perature (26-34), and in the dross on molten metal 
(35-37), silicon as silica, silicic acid, and FeO-SiO2 has 
been found. Thus, it seems established that silicon will 
enrich surface layers under corrosive and high tempera- 





4 The iron carbide is 77.4% Fe, 17.4% C; see ASTM X-Ray 
Powder Data File, Card 6-0686. 
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TABLE 2 
Emission Spectrographic Analysis of Reference Materials and EP Specimens % Metal + 20% 
TEST CUPS 
Reference—Unused Cups 
_ Run i lfurized mi 1 oil 
approximate Stripped un in sulfurized mineral oi 
Metal composition film “Turnings” Stripped films Wear fragments 
Si 0.3 0.8 0.5 3.3 5.8 
Mn 0.55 0.4 0.3 0.2 0.2 
Fe Bal. 43 73 31 35 
Ni 1.9 0.2 0.9 0.5 0.5 
Mo 0.25 0.2 0.2 0.2 0.2 
GEAR TEETH 
Reference 
Unrubbed surfaces Run in commercial hypoid gear 
SAE of used teeth oils in gear oil test 
approximate Stripped Unphosphated Phosphated 
Metal composition film “Turnings” stripped film stripped film 
Si 0.3 2.5 0.5 15 9 19 
Mn 0.55 0.3 1 1.4 1.0 1 
Fe Bal. 70.0 65 11 14 24 
Ni 1.9 0.2 1 0.1 0.1 1 
Mo 0.25 0.2 0.2 0.1 0.1 0.6 





ture conditions, which are the conditions of EP lubrica- 
tion. 

The chemical mechanisms considered to explain silicon 
enrichment were: etching away of the base metal, leav- 
ing the less corrodible silicon compounds in relief, and 
preferential oxidation of silicon metal. The small free 
energy required in the formation of silica compared to 
the larger value for the formation of iron oxides (29, 
38) makes the latter plausible. Film formation involves 
the diffusion of the metal ions through the film; the 
silicon ion, which is smaller than the iron ion, could 
diffuse more rapidly and also react with oxygen more 
readily, resulting in its enrichment in the surface. A 
possible physical mechanism is the “pumping” of the 
small silicon atoms with dislocation movements during 
elastic and plastic deformation (39). A satisfactory 
mechanism has not been developed; however, as agreed 
in the corrosion literature, diffusion of the silicon is oc- 
curring. 

The effect of the presence of silicon compounds could 
be to reduce metal-to-metal contact by the introduction 
of inert and mutually insoluble materials. Further, the 
silicon could improve the adhesion (26) and cohesion 
(31) of the oxide-sulfide film. 


ORGANIC SILICON COMPOUNDS AS EP ADDITIVES IN 
MINERAL OIL 


The use of organic silicon compounds as EP additives 
is based on the idea that the fluid would impregnate 
the surface layers, where it would decompose to silica, 
or react with the metal, to produce beneficial effects. This 
idea parallels the mechanism proposed by Hoock and 


Kleinholz (23) for the finding of nickel in a sliding sur- 
face lubricated with nickel dialkyldithiophosphate. Silox- 
anes as additives to improve the lubricating properties 
of mineral oils (40) and of esters (41-43) have been 
proposed. 

A variety of organic silicon compound fluids was 
blended with a gear oil base fluid, and the load-carrying 
capacity was measured in the SAE-EP lubricant testing 
machine at 500 rpm. Results for poly(methylsiloxane) 
and poly(methylphenylsiloxane) are shown in Fig. 3. 
The silanes and silanols not listed produced load-carry- 
ing capacities between 100 and 200 lb. Generally, the 
organic silicon compounds increased the load-carrying 
capacity of the base fluid independent of viscosity 
change. Fluids containing the phenyl radical gave a 
slightly higher load-carrying capacity than those which 
did not. Films stripped from the test cups run with the 
5% poly(methylphenylsiloxane) in the base fluid showed 
6% silicon on the top cup and 4% on the bottom. This 
limited amount of analysis suggests that the silicon was 
being incorporated into the film. 

Poly (methylphenylsiloxane) was chosen to add to the 
base oil which contained sulfur, chlorine, or phosphorus 
compounds representing commercial EP additives. The 
results are shown in Fig. 3. The addition of 5% siloxane 
increased the load-carrying capacity of each blend. 

In a wear test on the SAE machine (3), the addi- 
tion of 2.5% poly(methylphenylsiloxane) reduced wear 
caused by sulfur. The weight loss of the test cups in an 
oil consisting of 1.5% sulfur in base oil was 1470 mg. 
The weight loss in the same material plus siloxane was 
250 mg. Filter screen plugging occurred with the oil 
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LUBRICANT 


BASE FLUID - GEAR OIL BASE, SAE 90 GRADE 


BF + 5% POLY(METHYLSILOXANE) 
BF + 5% POLY(METHYLPHENYLSILOXANE) 


BF + .5%4 S$ 
BF + .5% S + 5% POLY(METHYLPHENYLSILOXANE) 


BF + 10% SULFURIZED LARD OIL 
BF + 10% SULFURIZED LARD OIL + 5% POLY(METHYLPHENYLSILOXANE) 
BF + 2% BENZYL DISULFIDE 


BF + 2% BENZYL DISULFIDE + 5% POLY(METHYLPHENYLSILOXANE) 


BF + 2.1% P-DICHLOROBENZENE 
BF + 2.1% P-DICHLOROBENZENE + 5% POLY(METHYLPHENYLSILOXANE) 


+ 


BF 
BF 


+ 


2.2% O-NITROCHLOROBENZENE 
2.2% O-NITROCHLOROBENZENE + 5% POLY(METHYLPHENYLS|LOXANE) 


+ 


BF + 2.5% TRICRESYLPHOSPHATE 
BF + 2.5% TRICRESYLPHOSPHATE + 5% POLY(METHYLPHENYLS! LOXANE) 


BF + 2.5% TRICRESYLPHOSPHITE 
BF + 2.5% TRICRESYLPHOSPHITE + 5% POLY(METHYLPHENYLSILOXANE) 





100 200 300 400 500 
LOAD AT FAILURE, LB 


Fic. 3. Barograph showing the load at failure in SAE-EP test (2) run at 500 rpm for various organic silicon com- 


pounds in a base oil or base oil plus EP additives. 


containing siloxane. Wear reduction of lesser magnitude 
was observed by adding siloxane to commercial hypoid 
gear oils. 

The results obtained with the low-load tribometer 
for various lubricants are shown in Table 3. These re- 
sults further confirm that poly(methylphenylsiloxane) 








TABLE 3 
Friction and Wear of Lubricants with Silicon-Containing 
Additives 
Total wear, 
micrograms 
Coefficient after 
Lubricant of friction 140,400 cm 
None 0.55 720 
USP mineral oil 0.17 1.5 
USP mineral oil + 1% sulfur 0.20 25 
USP mineral oil + 5% 
palmityl chloride 0.14 0.45 
USP mineral oil + 5% poly- 
(methylphenylsiloxane) 0.13 1.0 
USP mineral oil + 5% 
siloxy benzene 0.13 0.7 
USP mineral oil + 5% 
chlorosilane 0.10 0.3 





* Conditions: Low load tribometer, steel versus steel 500 gm, 
200 F, 3.9 cm/sec. 


as an additive in mineral oil is beneficial to sliding sur- 
faces. 


Conclusions 


1. Sulfurized mineral oil promotes oxidation of steel 
under EP conditions. Iron sulfides are a minor con- 
stituent, but necessary for high load-carrying capacity. 

2. Silicon is present in this type of EP film. Theoret- 
ically, its presence as SiOz or silicides should be bene- 
ficial due to improved inertness, adhesion and cohesion 
of films, and hardness of surface material. 

3. Organic silicon compounds as additives for petro- 
leum oils decrease friction and wear and provide a 
moderate increase in load-carrying capacity in bench 
tests. Poly(methylphenylsiloxane) produces a synergis- 
tic effect when used with sulfur, chlorine, and phosphorus 
in a gear oil, in the SAE machine. 

4. The presence of iron oxides, a carbide and silicon, 
in addition to iron sulfide, in the surface of steel which 
was lubricated with sulfurized oil indicates that several 
chemical mechanisms are occurring during extreme pres- 
sure lubrication. 
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Appendix | 


SPECIMENS FOR ANALYSES 
Cups and Wear Fragments from SAE Lubricant 
Testing Machine 

The test cups are made of SAE 4615 steel, case 
hardened to a depth of approximately 1/32 inch. The 
case is approximately 1% carbon and the hardness is 
60-62 Rockwell C. 

An extreme pressure testing procedure (2) was modi- 
fied slightly by limiting the load to avoid scuffed cups. 
Speed, 1000 rpm; sliding ratio, 14.6:1; break-in, 30 
sec at 10-20 lb; loading rate, 4 lb/sec; limit of load for 
film or wear fragment recovery, the run was stopped at 
a load 25 lb below the known failure point, or 550 lb 
if the lubricant was able to carry full load. That is, the 
run was terminated before the film was destroyed by 
scuffing. Only specimens which could carry a load of 
200 Ib or greater were used. 


Gear Teeth 


Films were stripped (see Appendix II) from the rub- 
bing surfaces of single gear teeth cut dry on a band saw 
from unfailed hypoid gears. With vigorous air cooling, 
the sliding surfaces were kept below a temperature of 
150 F during cutting. Films were stripped from whole 
pinions. These gears had been run in the standard gear 
oil test (1) using commercial gear oils containing sulfur. 

Turnings or chips were collected by taking 0.001-inch 
cuts from the surface of cups and gears. The cutting was 
done at low speed without a cutting fluid, and the chips 
collected under clean conditions. 


Appendix Il 


ELECTROLYTIC Fitm STRIPPING® 


The stripping of films depends upon the attack of the 
underlying metal in an electrolytic cell. The specimen 
was made the anode, and carbon was the cathode. The 
carbon was shaped so that the distance to the specimen 
was 1 cm to all areas to be stripped. The electrolyte was 
7 parts ethyl alcohol, 2 parts perchloric acid, and 1 part 
glycerine. This mixture has explosive potential; it should 
be cooled with an ice bath. Investigate hazards. A cur- 
rent density of 0.8 amp/cm? was applied for 10 sec to 
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2 min. Areas not to be stripped were masked with a 
masking resin used in commercial plating. 

The films were loosened by the hydrogen evolution 
and tended to slip off or float away from the specimen. 
They were collected from the electrolyte by repeated 
centrifuging and washings in methyl alcohol and ether. 


Appendix Ill 
METHODS OF ANALYSES 


Electron Diffraction 


Reflection and transmission techniques (45) were 
used with commercial instruments. In some cases films 
were vacuum annealed to improve crystallinity. This 
consisted of heating the specimens to 300 C in a vacuum 
of 1 & 10-5 mm of Hg or better for 1 hr, and then 
slowly cooling in vacuum. Quite often on unannealed 
specimens, it was necessary to scratch the specimen with 
Al,O3; abrasive paper under ether in order to get a 
pattern. 


X-Ray Diffraction 

Transmission techniques were used for a few milli- 
grams of stripped films which were placed in a glass 
capillary of 0.2 mm inside diameter and exposed in a 
Debye-Scherrer powder camera. 


Emission Spectrographic Analysis 

The powdered sample is mixed (1 part) with a flux 
(20 parts). The flux consists of one part lithium car- 
bonate and one part powdered graphite containing vari- 
ous internal standard elements. The sample is vaporized 
in an electric arc. The light emitted is dispersed in a 
spectrograph. The light of various wavelengths charac- 
teristic of the elements present is measured. The light 
intensities are proportional to the element concentration. 


Proton Scattering 


Analyses by this method were purchased as a service 
from an industrial research laboratory. The method is 
described in Reference (46). In the presence of massive 
steel specimens, the sensitivity for elements below iron 
in atomic number was limited to 3% to 5%. 


Chemical Methods 


Spot Test. The presence of metal sulfides was detected 
by a chemical spot test (47). This test, briefly, consists 
of intimately contacting the sample with ad-type (with- 
out baryta coating) photographic paper thoroughly damp 
with 5% sulfuric acid. The acid reacts with the sulfides 
to release hydrogen sulfide, H2S, which darkens the 
emulsion. The more H2S, the darker the paper. 


Volumetric 


The procedure outlined here was developed for the 
analysis of iron sulfides in 1 to 5 mg samples of stripped 
films and wear fragments. 


1. The sample is dissolved in HCl in a system 


where the H2S evolved is purged with a stream 
of No. 
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SPECIMENS FOR ANALYSES 


Cups and Wear Fragments from SAE Lubricant 
Testing Machine 

The test cups are made of SAE 4615 steel, case 
hardened to a depth of approximately 1/32 inch. The 
case is approximately 1% carbon and the hardness is 
60-62 Rockwell C. 

An extreme pressure testing procedure (2) was modi- 
fied slightly by limiting the load to avoid scuffed cups. 
Speed, 1000 rpm; sliding ratio, 14.6:1; break-in, 30 
sec at 10-20 lb; loading rate, 4 lb/sec; limit of load for 
film or wear fragment recovery, the run was stopped at 
a load 25 lb below the known failure point, or 550 lb 
if the lubricant was able to carry full load. That is, the 
run was terminated before the film was destroyed by 
scuffing. Only specimens which could carry a load of 
200 lb or greater were used. 


Gear Teeth 


Films were stripped (see Appendix II) from the rub- 
bing surfaces of single gear teeth cut dry on a band saw 
from unfailed hypoid gears. With vigorous air cooling, 
the sliding surfaces were kept below a temperature of 
150 F during cutting. Films were stripped from whole 
pinions. These gears had been run in the standard gear 
oil test (1) using commercial gear oils containing sulfur. 

Turnings or chips were collected by taking 0.001-inch 
cuts from the surface of cups and gears. The cutting was 
done at low speed without a cutting fluid, and the chips 
collected under clean conditions. 


Appendix Il 


ELECTROLYTIC Fitm STRIPPING® 


The stripping of films depends upon the attack of the 
underlying metal in an electrolytic cell. The specimen 
was made the anode, and carbon was the cathode. The 
carbon was shaped so that the distance to the specimen 
was 1 cm to all areas to be stripped. The electrolyte was 
7 parts ethyl alcohol, 2 parts perchloric acid, and 1 part 
glycerine. This mixture has explosive potential; it should 
be cooled with an ice bath. Investigate hazards. A cur- 
rent density of 0.8 amp/cm? was applied for 10 sec to 
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2 min. Areas not to be stripped were masked with a 
masking resin used in commercial plating. 

The films were loosened by the hydrogen evolution 
and tended to slip off or float away from the specimen. 
They were collected from the electrolyte by repeated 
centrifuging and washings in methyl alcohol and ether. 


Appendix Ill 
METHODS OF ANALYSES 


Electron Diffraction 


Reflection and transmission techniques (45) were 
used with commercial instruments. In some cases films 
were vacuum annealed to improve crystallinity. This 
consisted of heating the specimens to 300 C in a vacuum 
of 1 X 10-5 mm of Hg or better for 1 hr, and then 
slowly cooling in vacuum. Quite often on unannealed 
specimens, it was necessary to scratch the specimen with 
AlsO3 abrasive paper under ether in order to get a 
pattern. 


X-Ray Diffraction 

Transmission techniques were used for a few milli- 
grams of stripped films which were placed in a glass 
capillary of 0.2 mm inside diameter and exposed in a 
Debye-Scherrer powder camera. 


Emission Spectrographic Analysis 

The powdered sample is mixed (1 part) with a flux 
(20 parts). The flux consists of one part lithium car- 
bonate and one part powdered graphite containing vari- 
ous internal standard elements. The sample is vaporized 
in an electric arc. The light emitted is dispersed in a 
spectrograph. The light of various wavelengths charac- 
teristic of the elements present is measured. The light 
intensities are proportional to the element concentration. 


Proton Scattering 


Analyses by this method were purchased as a service 
from an industrial research laboratory. The method is 
described in Reference (46). In the presence of massive 
steel specimens, the sensitivity for elements below iron 
in atomic number was limited to 3% to 5%. 


Chemical Methods 


Spot Test. The presence of metal sulfides was detected 
by a chemical spot test (47). This test, briefly, consists 
of intimately contacting the sample with ad-type (with- 
out baryta coating) photographic paper thoroughly damp 
with 5% sulfuric acid. The acid reacts with the sulfides 
to release hydrogen sulfide, H2S, which darkens the 
emulsion. The more H2S, the darker the paper. 


Volumetric 


The procedure outlined here was developed for the 
analysis of iron sulfides in 1 to 5 mg samples of stripped 
films and wear fragments. 


1. The sample is dissolved in HCl in a system 
where the H2S evolved is purged with a stream 
of No. 








2. The No-HeS mixture is bubbled through an 
NaOH solution containing the indicator mercury 
dithrozonate. HS decolorizes the indicator by 
forming mercury sulfides. 

3. The quantity of H2S is measured by titrating to 
maintain the color of the indicator. 


Appendix IV 


SAE RUNS WITH PREFORMED FILMS 


Unfailed cups were obtained from SAE machine runs 
to 500 lb in mineral oil saturated with elemental sulfur. 
Analysis of the films as described in the text was Fe;O, 
and FeS. On rerunning seven sets of these same cups in 
the USP mineral oil scuff occurred at 230, 130, 200, 240, 
220, 240, and 210 lb. 

Another similar set of seven cups with Fe;0, and 
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FeS in the surface were immersed for 5 min in dilute 
(1:20) sulfuric acid. Judging from cessation of HS 
evolution and also absence of positive sulfide print test, 
it was assumed most of the sulfide was removed. Dif- 
fraction showed Fe;Q, still present. These treated cups 
were rerun in the SAE machine in USP mineral oil. 
Scuff occurred at 75, 115, 50, 90, 80, 70, and 90 lb. 

Reference treatments included commercial “black 
oxide” film, which analysis showed was Fe;0,4, FeS 
formed by immersion of new cups in molten potassium 
thiocyanate KSCN, and new cups which had been im- 
mersed in the dilute acid. All of these treatments allowed 
scuff in the SAE machine with mineral oil at values be- 
tween break-in and 100 lb. 

From these results the conclusion was drawn that 
the combination of Fe;0, and FeS in the film gives a 
higher load carrying capacity than either alone. 


DISCUSSION 


G. V. Vunocrapov (Institute of Petrochemical Synthesis, Academy 
of Sciences of the U.S.S.R., Moscow): 


The paper is of considerable interest to us because of the bold- 
ness of approach to the problem, the application of advanced 
experimental techniques and because of the wide range of litera- 
ture used. 


Lubricating oils with EP additives are usually employed in the 
presence of air. Depending on the condition of friction and the 
composition of the lubricating medium, surface films of oxides 
or metal salts are formed. These processes may take place simul- 
taneously. If salts are more readily formed through oxides as 
intermediate products, then oxidation of iron contributes toward 
their formation. On the other hand, a direct reaction between iron 
and certain additives or their decomposition products is possible. 
When there is competition between the processes of oxide film and 
metal salt formation, oxidation of iron may inhibit the formation 
of salts. Therefore, both synergism and antagonism between EP 
additives and atmospheric oxygen are possible (A1). It is im- 
portant that with regard to processes of wear and friction, surface 
films of oxides and metal salts may possess close characteristics. 
One might assume that this is true for oxide and sulfide layers. 
Tests in the air without changes in the conditions of oxygen sup- 
ply to the friction zone would be hardly sufficient to evaluate the 
EP activity of oxide films on the steel. Oxygen and oxide films 
may show a strong EP action in the case of hafdened steels. This 
follows from the tests with forced and slow-rate oxidation of 
lubricants and steel (A2), but is best seen from comparing the 
behavior of lubricants at heavy duty friction on steel in the air 
and under high vacuum (A3). It seems to me also that one 
should differentiate between the EP action of lubricants and their 
lubricity determined under light friction conditions in the ab- 
sence of scuffing and seizure. 


The intensity of chemical fixation of sulfur on the steel surface 
from elemental sulfur and solutions of thio-organic compounds 
depends on the temperature and increases together with the 
latter. Therefore in the presence of air, acting as an EP additive 
against scuffing and seizure, sulfur and sulfur-containing sub- 
stances behave as EP additives, this mainly at seizure, when the 
increased heat generation brings about decomposition of the 
additives, dissociation of the sulfur ring molecules and accelera- 


tion of those reactions which lead to the formation of iron sul- 
fides. Sulfur and sulfur-containing substances, unlike phosphor- 
organic compounds, influence but feebly load carrying capacity. 
Still, the load carrying capacity is infltenced by them. Until now 
this testified indirectly to the fact that sulfides are formed on the 
steel surface under light friction conditions when no scuffing or 
seizure occur. In the work under discussion this fact has been 
well demonstrated and quantitatively described. The main ques- 
tion now is whether the coexistence of oxides and sulfides and 
the heterogeneity of the steel surface layer is always the ccndition 
for high load carrying capacity. Probably this is not so. When low 
activity alkylsulfides are added to petroleum oils, the load carry- 
ing capacity decreases considerably. It is quite possible that there 
exist optimum conditions for the simultaneous formation of 
oxides and sulfides. 

Detection of high concentrations of oxygen to depths of one 
and more microns by proton scattering is of great interest in con- 
nection with the formation on the steel during friction of layers 
resistant to etching. It is very important to combine this method 
with the metallographic investigation of steel surface layers. 

And now a few words about the effect of polysiloxane com- 
pounds as EP additives to lubricants. It may be assumed that 
several processes take place simultaneously, such as rubbing off 
of the surface oxide layer, decomposition in the friction zone of 
polysiloxane compounds and chemical reaction between active 
decomposition products and iron oxides of iron. This leads to 
the formation of a very hard layer rich in silicon, covered with 
a softer oxide layer. During friction the hard substratum and the 
surface oxide layer keep regenerating. Under vacuum (absence of 
oxygen) the efficacy of polysiloxanes diminishes. The 5% poly- 
siloxane concentration used was close to the optimum. If their 
concentration is higher, the silicon enrichment of the surface layer 
becomes more intensive and formation of the softer oxide film 
is impeded. As a result, the very hard surface layers lying on the 
softer base (hardened steel) come into contact during friction, 
for hardened steel is softer than iron rich in silicon. This creates 
favorable conditions for scuffing and seizure. Model tests with 
steels subjected to siliconization by surface diffusion are now 
among the most interesting. 

As to the criticism of the use of S*5 for determining the process 
of sulfur bonding on the steel surface, it is not directed against 
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the weak aspect of this method. If the results obtained by this 
method depended on the fact that the solution containing $°5 
penetrates into the pores and cannot then be removed by sol- 
vents, then the bonding of sulfur on steel in statical conditions 
would occur at low temperatures. In reality, however, abstraction 
of S85 from solutions of sulfur and thiocompounds of not very 
high activity is observed only at high temperatures. It is very 
doubtful whether a small increase in temperature will enhance 
diffusion of solutions through the oxide film to any great degree. 
The activation energy of this process must be considerably lower 
than for the process of chemical bonding of sulfur on the steel 
surface. 

From the above it follows that the work under discussion is 
useful both because of the concrete results obtained and because 
it raises many new problems, the solution of which will help to 
elucidate the elaborate mechanism of additive action in lubricating 
oils. 
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R. S. Fern and T. H. Ranpatt (Texaco Research Laboratories, 
Beacon, New York): 


We would like to congratulate the author on his valuable con- 
tribution to our knowledge of EP films. His work, plus that in 
the literature to which he refers, certainly indicates that active 
sulfur controls the formation of oxide films on rubbing steel 
surfaces, rather than sulfide films as is generally supposed. We 
would like to further supplement the evidence supporting this 
model and also to ask Mr. Godfrey some questions concerning his 
work. 

The data which we would like to show were obtained using a 
Four-Ball Machine. The lubricant was a model lubricant con- 
sisting of purified cetane with dissolved sulfur. Wear debris was 
centrifuged from the used oil from Four-Ball Machine runs and 


was then examined by X-ray diffraction. Presumably the wear 
debris in the oil consists of particles broken from the film on 
the wearing surfaces. 

Table B1 shows wear debris analyses for pure cetane and cetane 
with two concentrations of dissolved sulfur for a wide range of 
Four-Ball Machine conditions. It is apparent that only a very 
small concentration of sulfur is sufficient to change the wear debris 
from the predominantly red oxide of iron, a-Fe,0,, to Fe,O, 
(or y-Fe,03) and to form SiO, as found by Mr. Godfrey. This 
wear debris also contains comparatively small amounts of sulfide 
as indicated by wet chemical tests. Qualitatively the wear debris 
composition is the same over a wide range of operating con- 
ditions. There are no changes in wear debris corresponding to 
the observed changes in friction and wear performance that oc- 
cur as the operating conditions change. 

At high speeds and loads, and high sulfur concentration on 
the other hand, the wear debris are sulfides and the wear surfaces 
are severely scuffed. Thus, these data indicate that more effective 
lubrication obtains when oxides rather than sulfides are the ma- 
jor surface corrosion products. Further, these data confirm that 
silicon dioxide formation is promoted by active sulfur. Thus, as- 
suming that the wear debris composition is the same as the 
EP film composition, these data add further weight to the 
evidence that active sulfur EP agents act by modification of the 
oxide film formation. 

Now with respect to the questions for Mr. Godfrey. He sug- 
gests that the active sulfur produces a more porous and thicker 
oxide film than would be produced in the absence of active 
sulfur. We would like to ask him whether he has any direct 
evidence supporting this theory for films formed on wearing 
surfaces? 

Mr. Godfrey’s Table 1 shows film analyses that add up to 
only about 65% of the film weight even after the highest oxide 
is assumed for each metal. We wonder if Mr. Godfrey would care 
to speculate about the remainder of the film. Is it possible that 
the remainder of the film consists of hydrocarbon or oxygenated- 
hydrocarbon material? 

Lastly, we would like to ask Mr. Godfrey about the identifica- 
tion of the iron oxide. On what basis is it concluded that the 
film is Fe,O, rather than y-Fe,O,? These two oxides have the 
same diffraction pattern shown in Fig. 2, except that y-Fe,O, 
also has a difficult to obtain weak secondary pattern. 

In conclusion we would again like to commend and thank 
the author for presenting his excellent paper. 


TABLE Bl 
Effect of Sulfur on Wear Debris 
(Four-Ball Machine 52100 Steel) 








Per cent Top ball 
sulfur load Speed 
in cetane (kg) (rpm) Wear surface Wear debris 
0 59-50 034-600 Scored to a.-Fe,0z,% Fe,0, (or 
5 4 
yer’ y-Fe,O,), a-Fe 
scuffe 
Fe.O -Fe.O.) ,4 
0.02 2-28 1800 6g, Cor y-Fe05) 
SiO.,, amorphous 
Fe,0, (or y-Fe,O3) ,4 
0.30 50 0.34, 9.2 } SiO, 
3.8 1800 Severely a-Fe, amorphous 
28 1800 scuffed FeS, FeS, 





@ Predominant constituent. 
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I-Minc Fenc (Esso Research and Engineering Company, Linden, 
New Jersey): 


A good understanding of the nature of surface film is very 
important in elucidating the mechanisms of boundary lubrication. 
This paper is a valuable contribution to the understanding of 
surface changes induced by severe rubbing. 

To characterize the complex surface layer is by no means an 
easy task. The principal difficulties are (1) the composite struc- 
ture of the complex surface layer, and (2) the integrated-average 
nature of analytical information. The actual film formed on the 
surface is far from an idealized uniform continuum. It may 
exhibit stratification, phase segregation, discreteness and various 
combination of these nonuniformities. The analytical methods 
available to us can yield only average values by integrating over 
the entire volume exposed to the analytical medium. 

In studying the mechanisms of boundary lubrication, it is 
absolutely necessary to learn both the chemical composition and 
the structure of the composite surface layer. Let us discuss, for 
example, the detection of nickel on a sliding surface lubricated 
with nickel dialkyldithiophosphate as cited by the author. This 
analytical data tells us that there is nickel on the surface but 
contributes no information about the distribution of nickel. In 
other words, based upon the chemical composition alone, one can- 
not determine whether the mechanism is impregnation of the 
original surface with nickel or formation of a coating of poly- 
merized nickel dialkyldithiophosphate. Dialkyldithiophosphates of 
bivalent metal will polymerize under heat into a solid of the 
following structure (C1, C2): 

oO oO 
II I| 
-P-S-M-S-P-S- 


| | 
OR OR Jn 


It may be more likely that the nickel is concentrated in the top- 
most layer as the result of im situ polymerization of metal dialkyl 
dithiophosphate. 
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AvuTHOR’s CLOSURE: 


Dr. Vinogradov’s lucid explanation of the complexity of the 
mechanisms is appreciated. Apparently, we agree in general that 
oxygen and oxides enter into the mechanism of extreme pressure 
lubrication with sulfur. Perhaps now we have sufficient evidence 
to qualify the often repeated statement that “sulfur forms sul- 
fides” when applic’ to lubrication. In regard to unreacted $%5 
penetrating the pores of the metal, I think the amount would 
be negligible under static corrosive conditions but may be ap- 
preciable during sliding which causes elastic deformation. The 
elastic deformation could promote diffusion of oil into the grain 
boundaries of the metal. 


The agreement of the analysis obtained by Messrs. Fein and 
Randall with those reported is most gratifying. They have asked 
specific questions. Subsequent carbon-hydrogen analysis of wear 
fragments and stripped films has indicated that the concentration 
of carbon is near 10% and hydrogen near 2%, which certainly 
does indicate that insoluble hydrocarbon materials were involved. 
I could not distinguish between Fe,0, and y-Fe,O0, on unfailed 
specimens. 


Dr. Feng has discussed the possibility that an additive could 
polymerize and deposit on the metal surface as a solid film. I 
believe that this may be part of the mechanism. However, I 
would like to point out that Hoock and Kleinholtz (23) pre- 
sented data indicating that nickel was found below the surface. 
Whether it was in the polymerized form or as a salt or alloyed 
with the metal was not discussed in the preprint. 
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The Mechanism of Reaction of Sulfur Compounds with Steel 
Surface During Boundary Lubrication, Using S* as a Tracer 


By TOSHIO SAKURAI,! SAKUJI IKEDA,? and HEIHACHIRO OKABE* 


The mechanism of the action of sulfur compounds during boundary lubrication has been studied 
by using S35 as a tracer. A NACA type friction machine was used to study the chemical reaction 
between elementary sulfur or sulfur compounds and metals. All additives were added to cetane 
which was used as a lubricating oil. 

It has been found that it is possible to study kinetically the formation of the iron sulfide and 
the rate of the wear of its film on the friction surface. Some good analytical results have been 
obtained. 

The rate of wear of iron sulfide film for benzyl disulfide is lower than that for the elementary 
sulfur, because the former may adsorb effectively to the worn surface. The iron sulfide film formed 
on the friction surface seems to absorb the polar compounds more actively than the surface of 








iron oxide. These results were revealed from the autoradiography of the adsorption. 


Introduction 


IN THE study of the lubrication mechanism, a large num- 
ber of methods of using radioactive tracers have so far 
been reported. Many researchers have investigated the 
wear problem, not only by activating the metal of the 
worn parts, but also by applying lubricants containing 
radioisotopes. In order to observe the behavior of lubri- 
cating oils, the latter method appears to be more favor- 
able. In relation to the performance of an extreme-pres- 
sure lubricant, for instance, it has been proved that the 
extreme-pressure film which is formed on friction surface 
can reduce the wear. But, the mechanism of the actual 
formation of the extreme-pressure film on the friction 
surface has not been established. 


One might expect that these uncertain facts can be 
verified if the mechanism of action of extreme lubricants 
is investigated by using radioisotopes such as sulfur 
which can play an important role in the extreme-pressure 
effect. On the other hand, it is naturally undeniable that 
the use of a radioactive lubricant would also give rise to 
some problems. 

For this investigation, a NACA (National Advisory 
Committee for Aeronautics) type friction tester has been 
made and an experiment has been carried out using some 
sulfur compounds as the extreme-pressure lubricant em- 
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ploying S** as a tracer to clarify the lubrication mecha- 
nism. 


Method of the experiment 
Tue NACA TypPE FRICTION TESTER 


The conventional tester so far used is not favorable 
for a friction test using a radioactive lubricant. As pre- 
viously reported (1), a NACA type tester was made. 

The friction part of the tester is a point contact con- 
sisting of a metal disc of 7 cm diameter and a steel ball 
of 3/16in. diameter. The friction torque imposed upon 
the test ball is extracted by the strain gauge and can be 
pen-oscillographed by way of the amplifier. This record 
is shown as a friction-time curve. 

The contact pressure of the friction surface can be 
varied between 0 and 270 Kg per mm”, and the sliding 
velocity can be changed in the range from 1.6 to 165m 
per sec. 


PREPARATION OF THE TEST SOLUTION 
Labeled Compound 


1. Elementary sulfur-S**. A benzene solution of an 
elementary sulfur-S** was mixed with a benzene solu- 
tion of elementary sulfur, and then the mixed sulfur was 
separated by addition of methanol, and dried. In this 
case, three kinds of solutions were used in which the 
specific activity of sulfur was 3.3mc g-S, 16.6 mc per 
g-S and 10 mc per g-S respectively has been made. 

2. Dibenzyldisulfide-S**. Using the above elementary 
sulfur-S*°, dibenzyldisulfide-S** was synthesized through 
the following process: 


C.H;CH-MgCl 
CE eiatiiaey SF KS anes 


C,H;CH.S*°H —_—_——— C.sH;CH.S*® ” S*®CH.C.H; 
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3. Dodecylmercaptane-S**. This compound was syn-| 


thesized by the following process from the thio-S*°-urea, 
which had been synthesized by the exchange reaction of 
the sulfur atom between the elementary sulfur-S** and 
thiourea: 
Ci2HesBr 
NH2: C(S*5)NHe a a 
Cy2He;(S**)C -NH.(NH)HBr ae ae RR a C,2H.;S*®H 


4. Stearic acid-1-C'*. The specific activity of this 
fatty acid was 0.55 mc/mM. 


Preparation of the Test Solutions 


The test solutions are summarized in Table 1. The solu- 
tions with single additives were so prepared that their sul- 


TABLE 1 
Lubricating Oils 








Concen- 
Sample tration 
oil Additive (wt%) Remarks 
Cetane? + Single Additive 
S*-1 Elementary-S35 0.51 b 
S*-2 Elementary-S35 0.47 e 
$*-3 Elementary-S35 0.50 a,b 
S-4 Elementary-S 0.50 
DBS*-1 Dibenzyldisulfide-S35 1.13 b 
DBS*-2 Dibenzyldisulfide-S*5 1.92 a,b 
DBS*-3 Dibenzyldisulfide-S?5 1.90 b 
DBS-4 Dibenzyldisulfide 1.90 
DDM* Dodecylmercaptane-S#5 3.02 b 
StA*-1 Stearic acid-C14 0.52 a,b 
StA-2 Stearic acid 0.52 
Cetane? + Binary Additives 
S*-+ DBS Elementary-S35 0.49 
Dibenzyldisulfide 0.50 
S* + DDM Elementary-S35 0.50 
Dodecylmercaptane 0.49 
S*+ StA Elementary-S35 0.49 
Stearic Acid 0.49 
S*+ DSA Elementary-S35 0.50 
Dodecylsulfonic Acid 0.50 





@ The sample for the adsorption experiment. 

b The sample for the adsorption experiment: the sample oil 
all contains about 0.5 wt % sulfur. 

The specific radioactivity of sulfur was 3.3 nic/gs on Febru- 
ary 17, 1959. 


¢ The specific radioactivity of the dissolved sulfur was 16.6 
mc/gs on February 17, 1959. 
@ Properties of cetane: d,?°, 0.7750; np, 1.4352; mp 18.1 C. 


fur content was 0.5 wt %. The test solution with binary 
additives were also prepared with a dissolved elementary 
sulfur-S* content of 0.5 wt %. 


OPERATION OF THE EXPERIMENT 


Preparation of the Test Piece 


The test disc was made of 0.55% carbon steel. The 
friction surface was finished with 1500 mesh carborun- 
dum. The test ball was a first-grade ball bearing. 
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The test disc and ball were thoroughly washed with 
petroleum ether, and then cleaned with heated benzene 
in the Soxhlet type extractor. The benzene used for 
cleaning was previously refined and dehydrated. The 
test piece, which had been washed with benzene, was 
dried under the stream of dry air in the drying chamber. 

Friction Test. When the friction test was carried out, 
the surface of the test disc was fully coated with the 
active test solution. 


MEASUREMENT OF THE RADIOACTIVITY 
Method of Measurement 


After the friction test, the test disc was thoroughly 
washed with petroleum ether and benzene and coated 
with a thin polystyrene film. Then the radioactivity was 
measured. The friction track showed a circle 45 mm in 
diameter. It was, therefore, impossible to measure the 
radioactivity of the whole track by means of the GM 
tube. Then, a tester base was made which made it 
possible to count the radioactivity at definite locations 
on the various test discs (1). When the measurement 
was carried out at four points, the radiation intensity was 
expressed in terms of the arithmetical mean of the values 
at these points after the background had been sub- 
tracted. For comparison, the count values for tests of 
the same series were adjusted and expressed in terms of 
the radiation intensity of the same date. 


Preparation of the Autoradiograph 


The test pieces, which had been prepared for the 
measurement with the GM tube were further examined 
by the method of autoradiography, which was done by 
using process dry-plates and X-ray film. The time of 
exposure was 4 to 10 days in a refrigerator. As stated 
below, the time of exposure for the adsorption test on 
the weak radioactivity was 20 to 30 days. 


Kinetics of the chemical wear 


If the extreme-pressure additive is effective under the 
boundary lubrication condition, the wear of the extreme- 
pressure film formed on the friction surface is a sort of 
the corrosion wear. Dorinson (2) has theoretically in- 
vestigated the kinetics of wear, but his theoretical for- 
mula has never been experimentally investigated. A 
kinetic study was attempted by assuming certain wear 
conditions, and subsequently obtained equations were 
compared with the experiment results. In the following, 
for example, sulfur compounds were used as the extreme- 
pressure additives. 

If it is assumed that the friction area during the fric- 
tion test is constant, the rate of formation V, of the iron 
sulfide formed on the friction surface can be obtained. 
The reaction formula is 


V1 
Fe + S———> FeS 
As the V, value is proportional to the interfacial con- 
centration of iron and the sulfur compound existing on 
the friction surface, it can be expressed as follows: 





















v; = ki [Fe] [S] [1] 


where [Fe] and [S] are respectively the interfacial con- 
centrations in mole/cm? of the iron and sulfur compound 
on the friction surface, while the &; is a constant. The 
thickness of iron sulfide film was assumed to be negligible. 

Next, if one considers the iron sulfide which is re- 
moved from the friction surface in the form of friction 
debris, the reaction can be expressed 





V2 
FeS ——— Friction debris 


The rate of formation v2 of the friction debris is propor- 
tional to the concentration of the iron sulfide formed on 
the friction surface. The v2 per unit area of the friction 
surface is 

Ve = ko[FeS] [2] 


where [FeS] is the interfacial concentration mole per 
cm? of the iron sulfide formed on the friction surface, 
while 2 is a constant. Though the metallic iron is then 
also worn out, only the wear of the iron sulfide is ob- 
served. 

Since the rate of formation of the iron sulfide on the 
friction surface is the difference between V; and Vo, the 
following equation can be obtained: 


d[FeS] 


a = *lFe] [S] — 42[FeS] [3] 


Since the sulfur compound on the friction surface can 
be assumed to be an adsorption equilibrium with the 
sulfur compound in the oil, [S] is replaced by the con- 
stant 7. Meanwhile, as the friction area does not vary, 


Fe = m — [FeS] 
if the initial interfacial concentration of iron is m 


mole per cm?, where m in a constant which depends upon 
the surface condition of metal and the friction conditions. 


If [FeS] is expressed by C, Eq. [3] becomes 
dC 


Therefore, 
C=C, (1—e— tt + bed) [5] 
When t = 
kilm 
C=C, = ———_ 
/ Rb + Re 


If Eq. [5] is plotted, Fig. 1 is obtained. In a steady 
state which occurs after the concentration of iron sulfide 
on the friction surface has become constant, the iron 
sulfide which is formed quantitatively equal to the iron 
sulfide, which is removed from the friction surface as 
the friction debris. 


From Eq. [5] the following expression can be obtained 


. (S=") = — (hil + ha)t [6] 


Mechanism of Reaction of Sulfur Compounds 


C= Coo(1-e7 {ky |+ka)t) 


Surface concentration, C 








Running time, t 
Fic. 1. The rate of formation of the iron sulfide during lubri- 
cation, followed by Eq. [5]. 


The above expression is plotted in Fig. 2, which shows 
that &,/ + ko can be directly obtained from the slope. 
Note that value of the &,/ + ke does not change, re- 
gardless of the units used for the given concentrations, 
because the value (C,, — C) /C,, is dimensionless. 


In(Ccoo—C) 








Running time, t (min.) 


Fic. 2. The rate of formation of the iron sulfide during lubri- 
cation, followed by Eq. [6]. 


Not only &,/ and kz but also C, is a constant de- 
pendent upon the lubrication condition. The value of 
k,l seems to be affected by the chemical state of sulfur 
in the compound, the concentration, the interfacial ac- 
tivity, etc. 

The ratio of the friction area A in cm? to the total 
number of W moles of iron sulfide formed by the friction 
can be expressed by the equation 


W t t 
= fi ode= f am—cyat [7] 


The value of C is substituted from Eq. [5], and then 
integrated. The following equation can be obtained: 


W kil C. 
— =hC,t+ ss 


Pt ok. ils cE — p— (kil + ke)t 8 


If Eq. [8] is plotted, Fig. 3 is obtained. As revealed 
in Fig. 3, ko can be obtained from the slope if any 
asymptotic line is obtained. 

The above results show that one can obtain the char- 
acteristic value C, &,/ and ke for given conditions of 
friction, test oil, etc. 
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Running time, t (min.) 
Fic. 3. The rate of formation of the iron sulfide during lubri- 
cation, followed by Eq. [8]. 


In order to make an experimental investigation of 
Eqs. [5] and [8], the iron sulfide on the friction surface 
and the total amount of iron sulfide formed as the fric- 
tion debris should be measured quantitatively. For this 
purpose, the best way seems to be to use the radioisotope 
tracer method. 


From a practical viewpoint, it is experimentally very 
difficult to measure the total amount of the iron sulfide. 
In order to resolve this difficulty, we previously formed 
a radioactive iron sulfide film, and then wore it out. 

In a steady state, the rate of formation v, of the iron 
sulfide formed on the friction surface is considered to be 
the vo. Therefore, the following equation is obtained: 


Vv; = Ve = koC [9] 


Such a steady state has been given previously by using 
the oil containing the radioactive sulfur compound. Let 
t be the elapsed time after the above oil is completely 
replaced by the oil containing the same nonradioactive 
sulfur compound at the same concentration. The radio- 
activity on the track is reduced according to the following 
equation: , 





BO See Te [10] 
dt Ce 
As Eq. [9] discloses that vo = k2C, 
a Ve 
Inj — ) = — *t = — kot 11 
n( <) C. 2 [11] 


where dp is the specific activity of the sulfur in the film 
when the oil is replaced. The following result can be 
obtained from Eq. [11]. 

a 


— = e~hs 12 
“Refs [12] 


Equation [11] discloses that the k2 can be obtained 





if the reduction of the radioactivity of the iron sulfide on 
the friction surface can be measured. 

As mentioned above, if the oil is replaced by the oil 
without sulfur compound, no iron sulfide is formed, but 
the iron sulfide film is reduced. Therefore, the following 
is possible: 


Shi caer cme lead 1 
ap = eC [13] 
If C = Co when ¢ = 0, 
C 
] — |) = — kot 14 
n (=) ; [14] 
Cc 
—— = e—*t 15 
C, = [15] 


It is, therefore, also possible to obtain K» from Eq. [14]. 


Also, if Eqs. [11] and [14] are treated in the same 
way as in the case of Eq. [6], Fig. 2 can be obtained. 
From the slope of the straight line, K2 can also be found. 


Results and discussion 


FRICTION TEST IN STEEL ON STEEL AND STEEL ON BRASS 


When the friction test was performed, the test discs 
were made of steel and brass respectively, while the test 
ball was a chrome-steel ball bearing. 


——— Steel on Steel Yih P , 


amoas 4 
Steel on Brass J Wau 


2000};- 


1500 


1000 


Intensity of radioactivity, (c.p.m.) 


500 











Running time, (min.) 


Fic. 4. Relation between running time and radioactivity of 
iron sulfide formed on the friction surface in various load. 

1,3 : S*-1. Load:2.37kg 2,4 : S*-1. Load : 1.37 kg 

5,7 : DBS*-1. Load:2.37kg 6,8 : DBS*-1. Load : 1.37 kg 

—-— Steel/Steel, —-- Steel/Brass, 715 rpm. 




















The results are shown in Fig. 4. Both when the fric- 
tion occurs between steel and steel, and between brass 
and steel, the formation of the sulfide for elementary 
sulfur is greater than for benzyl disulfide. Meanwhile, 
if the load is increased, the formation of the sulfide is 
increased. For the elementary sulfur solution, the forma- 
tion for steel on brass is far greater than that for steel 
on steel. With benzyl disulfide, however, such a trend 
is hardly observed. 

It is known that there is a great difference between 
the iron and copper in their reactivity when a sulfur com- 
pound is formed. The fact that in the case of the ele- 
mentary sulfur solution, the formation of the sulfide for 
the brass versus steel case is large suggests that the re- 
activity of the copper upon the sulfur on the friction 
surface is greater than that of the iron. Meanwhile, the 
fact that such a great difference is not found between 
steel on steel and steel on brass in the case of benzyl 
disulfide indicates that, unlike the case of sulfur, such 
effects as adsorption of benzyl disulfide upon the friction 
surface may occur. But further investigation should be 
made in the copper. 

As shown by comparison with Fig. 3, the above test 
results indicated that Eq. [8] can be applied. 


Friction Test UPON SOME LABELED SULFUR 
CoMPOUNDS 


Figure 5 shows a result of the friction test on ele- 
mentary sulfur-S**, dibenzyl disulfide-S** and dodecy]l- 
mercaptane-S*® solution when there was a contact be- 
tween steel and steel. 

The formation of iron sulfide is always increased with 
the rise in load, this effect being greatest for elementary 
sulfur. There is the same tendency in the case of the 














@: S"n-Cetane Solution (0.5 wt. %) 
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Running time, (min.) 
Fic. 5. Variation of amount of radioactive iron sulfide in 
accordance with running time. 
1, 3 and 5: Load 2.37kg 
2, 4 and 6: Load 1.37kg 
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dibenzyl disulfide and dodecylmercaptane. When the 
friction debris deposited on both sides of the friction 
track was decomposed with hydrochloric acid, radio- 
active hydrogen sulfide was generated. It is conceivable 
from the above that the iron sulfide is formed on the 
friction surface when the test oil contained sulfur or 
sulfur compounds. As illustrated in Fig. 5, Eq. [8] 
can be applied to this case, too. 

Figure 6 shows a result of the same friction test when 
the worn debris was washed in the petroleum ether and 
the surface then was fully cleaned with benzene and its 
radioactivity counted. 





@: n-Cetane Solution (0.5 wt. %) 
i50d- #* (CgHy CH, S”) n-Cetone Solution (1.13 wt.%) 
®: CipHagS"H n-Cetane Solution (3.02 wt. %) 
Load |.37kg, 7/5r.p.m.; Steel on Steel 
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Running time, (min.) 
Fic. 6. Relation between running time and radioactive iron 
sulfide formed on the track. Radioactivity was measured after 
removing worn debris. Samples are the same as in Fig. 5. 


Figure 6 shows the existence of such a steady state 
where the quantity of the iron sulfide on the friction 
surface after a definite friction time becomes constant, 
and the iron sulfide formed on the friction surface is 
equal in quantity to that removed from the friction 
surface as friction debris. As shown in comparison be- 
tween Fig. 6 and Fig. 1, the above not only agrees with 
Eq. [5], but also is in accord with the results of the 
Borsoff’s test (3) upon the iron sulfide formed on the 
operating surface of gears when a radioactive lubricant 
was used. It is interesting that in the benzyl disulfide 
and dodecylmercaptane solutions not only the total 
amount of the iron sulfide formed, W, but also the 
amount of the iron sulfide in a steady state, C., is 
noticeably less than in the elementary sulfur solution. 

Davey’s experiment (4) has disclosed that the forma- 
tion of iron sulfide for the organic disulfide is far less 
than that for elementary sulfur even though the former 
is effective as an extreme-pressure additive. This fact 
may not be explained by the conventional idea that 
the sulfide film (i.e., the so-called extreme-pressure film) 
prevents seizure because it reduces the shearing force 
between the contact surfaces. In this connection it may 





72 


be conceivable that the film has another effect upon 
the lubrication. 


A SoLuTIoNn Ustnc Brnary ADDITIVES 


When the difference between the benzyl disulfide and 
elementary sulfur solutions was observed in the above 
experiments, it was found necessary to further investi- 
gate the behavior of the iron sulfide film. It has been 
found that the quantity of iron sulfide formed on the 
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e: S*(0.47wt%) 
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Fic. 7. Variation of amount of radioactive iron sulfide in ac- 
cordance with running time, by means of the oils containing 
binary additives. Load: 1.87kg, Steel/Steel, 715 rpm. 


Kinds of n-Cetane Solution: 
@: S*(0.47 wt. %) 


3000 «*#* S°(0.49 " ) + (CgH,-CH,- S), (0.50 wt. %) 
®: $*(0.49 " ) + C,sH..SH (0.49 " ) 
2: $(050 “ )+C,H,,SOH (0.51 " ) 
*: S°(0.49 " ) 4 CipHs,COH (049 " ) 
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Fic. 8. Relation between running time and radioactive iron 
sulfide formed on the track. Radioactivity was measured after 
removing worn debris. Samples are the same as Fig. 7. Same 
conditions as those in Fig. 7. 
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friction surface by the elementary sulfur solution is 
reduced when other components are present. 

The results are shown in Figs. 7 and 8. As can be 
seen in these figures, the counting rate is greatest for 
the elementary sulfur solution, while it is less for the 
solution containing additives, especially stearic acid. 

If ko, C, and k,l+ k are found from the above 
data, we are able to obtain the values shown in Table 2, 
which discloses that of the four kinds of agents, stearic 


TABLE 2 
The Friction Test Results of Oil Containing Binary Additives 








[5]¢ 
Sample [6] [8]¢ C,, 
oil? k,l+ ko ky k,l (cpm) 
S*-2 77 % 30-5 10.5 X 10-3 — 900 
S* + DBS 2.3 xX 10-3 5.6 x 10-3 — 800 
S*+DDM 4.8 x 10-3 5.0 x 10-3 1.8 x 10-3 750 
S* + StA 2% 26—% iZ7 x 10-*  i35%:10-5 600 
S* + DSA 3.0 X 10-3 5.0 x 10-3 ae 800 





@ [5], [6], [8]: Eqs. [5], [6], and [8] were applied. 
b The sample oil all contains about 0.5 wt % sulfur. 


acid has the smallest #2 and C,, values and the largest 
adsorption to the friction surface while the &,/ value is 
negative for the S*-2, S* + DBS and S*+ DSA. This 
result, therefore, does not exactly agree with the equa- 
tion. 

The assumption for the equation that the interfacial 
concentration of the sulfur or sulfur compound is con- 
stant may not hold, because there are found such effects 
as an oil shortage due to the centrifugal force of the 
running test discs. In order to eliminate the above 
difficulties we have made the following additional 
experiments. 

The same friction tests were carried out for the test 
oils S*-3 and DBS*-3. In order to avoid the effect of 
friction debris, etc., we have divided the friction time 
into small periods, cleaned the test disc fully to count 
the radioactivity (corresponding to a concentration C) 





x: StA-2 

Oo: Cetane 

| 4: DBS-4 
e: s-4 











ee 





l l 
0 100 200 300 
Time, (sec.) 
Fic. §. Variation of rate of wear of iron sulfide in accordance 
with running time. a/a, and c/c, are the ratio of the radioactiv- 
ity against the initial concentration of iron sulfide on the track. 
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of the iron sulfide only on the friction surface, and made 
further friction tests with the same test oil and test disc. 
The test balls were then kept fitted to the testers. 

The friction surfaces which had reached the steady 
state by means of the test oils S*-3 were rubbed with 
the test oils S-4 and DBS-4 (nonactivated oils, respec- 
tively). Then the measured values (a/ao) correspond- 
ing to Eq. [12] were obtained, and the k value was 
found. Figure 9 shows an instance of the above results. 
Table 3A gives the mean values of &,/, ko and C, 








TaBLe 3A 
The Rate of Wear of Iron Sulfide 
(s]* 
Sample [6] [11]¢ Cc 
oil? k,l+ ky ky k,l (cpm) 
S*-3 29 x 10-* 13: x 10-5 1.6 x 10-3 650 
DBS*-3 4.4 x 10-3 0.6 X 10-3 3.8 X 10-3 175 





@ [5], [6], [11]: Eqs. [5], [6] and [11] were applied. 
» The sample oil all contains about 0.5 wt % sulfur. 


and shows that the &,/ values for the benzyl disulfide 
are larger than that for elementary sulfur, while the ke 
for the former is smaller than for the latter. The larger 
k,l value for benzyl disulfide may be due to the fact 
that the activity of adsorption of benzyl disulfide to 
the friction surface is larger than that for the elemen- 
tary sulfur and consequently the interfacial concentra- 
tion 1 becomes larger. On the other hand, the smaller 
k» value may be attributed to the fact that the adsorp- 
tion film of benzyl disulfide affects the rate of wear. 


THE RATE OF WEAR OF A SULFIDE FILM 


In order to further investigate these points, we have 
made the following experiments. 


After the radioactive iron sulfide films formed on the 
friction surface they were abraded with a steel ball 
using cetane, DBS-4 and StA-2 as nonradioactive lubri- 
cants, and then K» was obtained from the rate of wear. 
In other words, the rate of wear was calculated from 
Eqs. [11] and [14]. The values of (C/Co) from Eq. 
[15] were used for the base oil and StA-2, while (a/ao) 
was obtained from Eq. [12] for the DBS-4. The lubri- 
cants were applied in the same way as described in 
item 4-3B. The results are shown in Fig. 11 and Table 








TaBLe 3B 
The Rate of Wear of Iron Sulfide 
[11], [14]¢ 
Sample oil ky 
Cetane 1.2 X 10-8 
StA-2 0.6 x 10-3 
DBS-4 0.9 x 10-3 





@ [11], [14]: Eqs. [11] and [14] were applied. 


3B. As revealed in Table 3B the rate of wear of the 
iron sulfide film is highest for the base oil cetane, while 
it is lowest for stearic acid. This is also observed in 
the experiment in Table 2. 


ADSORPTION OF THE STEARIC ACID AND BENZYL 
DISULFIDE TO THE IRON SULFIDE FILM 


The above experiments have brought out clearly that 
some organic polar compounds may control the wear 
of the iron sulfide film formed on the friction surface. 
This may be attributed to the fact that the additive 
adsorbs to the friction surface and forms a protective 





Fic. 10. Autoradiograph: Adsorption of stearic acid-C14 on 
the friction surface. 





Fic. 11. Autoradiograph: Adsorption of dibenzyl disulfide- 
$85 on the friction surface. 
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film against wear. In order to confirm this fact, the 
iron sulfide films were formed on the test discs by means 
of the actual friction, and then the stearic acid-C’* and 
benzyl disulfide-S*® were adsorbed on situ. 

For the stearic acid-C'*, the test disc was coated with 
its cetane solution, left alone at room temperature for 
20 hr, and then washed with gasoline and benzene. 
After that, the autoradiograph of the friction surface 
was prepared. 

For the benzyl disulfide-S**, the test disc is immersed 
in its cetane solution, left alone at 60 + 15C for 10 hr, 
and then fully washed with gasoline and benzene. After 
that, the autoradiograph of the friction surface was 
made. These are shown in Figs. 10 and 11. 

In the above two cases, the intense radioactivity 
observed in the autoradiographs discloses that the fric- 
tion surfaces were severely attacked. It is evident from 
the above that the iron sulfide surface adsorbs the stearic 
acid and benzyl disulfide more actively than the surface 
of iron oxide. Meanwhile, Ikeda (5) has recently re- 
ported that organic disulfide and cadmium sulfide show 
an exchange reaction, which cannot be considered with- 
out the chemical adsorption of the disulfide to the 
cadmium sulfide surface. 


Conclusion 


1. For a friction surface between steels which is 
lubricated with the oil containing elementary sulfur or 
a sulfur compound, it has been found that it is possible 
to kinetically study the formation of the iron sulfide 
film. 

2. The elementary sulfur dissolved in the oil forms 
iron sulfide in a marked reaction with the friction sur- 
face, causes the “chemical corrosion,” and promotes 
wear. The rate of wear of the iron sulfide film for 
benzyl disulfide is lower than that for the elementary 
sulfur, because the benzyl disulfide probably adsorbs 
to the worn surface. 

3. If some organic polar compounds are added to 
the oils containing elementary sulfur, the wear of the 
sulfide film is diminished. 


4. The iron sulfide film formed on the friction surface 
shows an adsorption activity more intensively than the 
surface of iron oxide. This fact may suggest that it 
promotes the formation of a lubricating oil film. 

5. The mechanism of the iron sulfide film formed by 
the organic disulfide was found to agree with the reaction 
process published by Davey (4). 

However, in addition to the mechanism considered 


by Davey, the results indicate the following process is 
conceivable: 





FeS + RSSR Chemisorption 
® Oo 
\Fe — s/ 
For example, : ; 
S—Ss 
Xe ep 


Thus, if the iron sulfide is formed, there seems to be 
a high possibility of the reaction proceeding by way 
of the stage shown above. 
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The Chemical 


Extreme Pressure Lubrication and Wear. 
Reactivity and the Extreme Pressure Action of 
Two Aliphatic Disulfides 


By A. DORINSON’? and V. E. BROMAN? 


Reaction rates were studied for the action of di-tert-octyl disulfide and di-n-octyl disulfide in 
white oil on iron powder over the temperature range 165-250C. The data were fitted to the 
Arrhenius equation, and the tertiary disulfide was found to be 1500 times as reactive as the 
normal disulfide. White oil solutions of the two disulfides were subjected to the Falex test and 
to the four-ball extreme-pressure test, and the tertiary disulfide was found to be the more effective 
lubricant additive in these tests. Wear studies were carried out with a pin and disk apparatus under 
conditions which approximated the above bench tests as regards specimen material, rubbing speed 
and pressure. The complex nature of the course of wear made it difficult to compare the two 
disulfides quantitatively. It was found that the tertiary disulfide was 2 to 20 times as efficacious 
as the normal disulfide in reducing the terminal steady-state wear rate. By treating the additive 
action of the disulfides as a@ competition between the rate of metallic adhesion and the rate of 
chemical reaction with iron, it is possible to reconcile the wide discrepancy between the relative 
chemical reactivity and the relative additive action of the two disulfides in a quantitative fashion. 


















Introduction 


TuHatT the anti-wear and anti-friction properties of ex- 
treme-pressure lubricant additives are connected with 
their chemical reactivity toward metals is a generally 
accepted concept in the modern theory of lubrication. 
The results of a substantial number of investigations are 
in agreement with this concept (1-8). 

The work to be described in the present investigation 
is a study of the extreme-pressure action of two aliphatic 
disulfides, di-tert-octyl and di-n-octyl disulfide, in rela- 
tion to their chemical reactivity as assessed by the ki- 
netics of the reaction with iron powder in the tempera- 
ture range 165 to 250C. It was expected on structural 
grounds that the two disulfides would be distinctly dif- 
ferent in chemical reactivity, and in fact this expectation 
was realized. The action of the disulfides as extreme- 
pressure lubricant additives was studied by means of 
the Falex and the four-ball bench testers and by their 
effect on wear in a pin and disk apparatus. 


Kinetics of reaction with iron 


Essentially the experimentation consisted of reacting 
an oil solution of the disulfide with iron powder, sep- 
arating the reacted iron from the oil solution, decompos- 
ing a sample of the reacted iron with acid, and deter- 
mining the amount of hydrogen sulfide evolved. The 
hydrogen sulfide was regarded as originating from the 





Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Chicago, Illinois, 
October 1961. 

1 Sinclair Research, Inc., 400 E. Sibley Blvd., Harvey, Illinois. 


decomposition of ferrous sulfide in the reacted iron, and 
in effect, then, what was measured was the rate of con- 
version of iron to ferrous sulfide. Details of the experi- 
mental procedure, and also a description of the prepara- 
tion and properties of the disulfides, are presented in 
the Appendix. 

The action of copper powder on di-tert-octyl disulfide? 
at 150 C indicates that the major reaction is the abstrac- 
tion of sulfur from the disulfide to give diisobutylene 
but that this reaction is not clean cut, appreciable 
amounts of a mobile liquid with a high sulfur content 
and smelling strongly of mercaptan also being produced. 
It is not unreasonable to assume that the reaction of 
disulfide with iron follows a similar course. To avoid 
complications arising from side reactions, the existence 
of which was inferrable from the results of the work with 
copper, the time of contact between disulfide and iron 
in the kinetic studies was kept as short as was con- 
sistent with a measurable extent of reaction. This also 
had the advantage of confining the reaction to the im- 
mediately available surface of the iron. The concentra- 
tion of the disulfide in the oil solution was quite high 
(25%) and the ratio of disulfide solution to iron powder 
was ample enough so that the concentration of the disul- 
fide did not change detectably during the course of an 
experiment. These conditions all combined to make the 
reaction kinetics pseudo-zero order. The time-dependent 
course of reaction should. then be represented by a 
straight line passing through the origin, and this was 
observed, by and large. 

If the reaction is pseudo-zero order at a fixed con- 





2 Unpublished results by the present authors. 
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centration of disulfide, then the reaction rate will exhibit 
a linear dependence for appreciable changes in the con- 
centration of disulfide. Several preliminary experiments 
with di-tert-octyl disulfide over a concentration range 3 
to 30% were run at 175C to test this. The results are 
shown fitted to a first order plot in Fig. 1. 
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Fic. 1. Dependence of reaction rate at 175 C on concentration 
of di-tert-octyl disulfide. 


The work on the comparative reactivity of di-tert- 
octyl and di-n-octyl disulfides was carried out with 25% 
solutions in chromatographically purified white oil. At 
each temperature a series of individual experiments was 
run for various predetermined times, and the data con- 
sisted of a set of independently determined rate con- 
stants computed on the assumption that the kinetics 
were pseudo-zero order. The data for each disulfide, over 
the temperature range studied, were fitted to the Ar- 
rhenius equation: 


B 
logiok# = A + [1] 


by a linear regression. Here & is the reaction rate con- 
stant for the 25% solution in gram atoms of sulfur per 
sq cm of iron surface per minute, A and B are empirical 
constants, and T is the reaction temperature in degrees 
Kelvin. Fig. 2 shows the plot of the Arrhenius equation 
for the two disulfides, each experiment being represented 
by individual data points and the average of the rate 
constants for each temperature being shown also. Table 
1 summarizes the numerical results of the linear regres- 
sions. 

The explicit evaluations of the Arrhenius equation are: 


logio k = 16.684 — ae [2a] 
for di-tert-octyl disulfide and 
let 8 = 12.694 — “O80 [2b] 


for di-n-octy] disulfide. The tertiary disulfide is approxi- 













Di-tert-octyl 
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log k= 16.684- ses 


log k 







Di-n-octyl Disulfide 


log k= 12.694 - 12494 
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0.00190 0.00200 
\/T 
Fic. 2. Evaluation of the Arrhenius equation for di-tert-octyl 
disulfide and di-n-octyl disulfide. The small dots represent in- 
dividual experiments. The open circles are the average values of 
log K at a given temperature. 


mately 1500 times as reactive as the normal toward iron 
powder, as can be demonstrated by substituting appro- 
priate values for T in the equations above. At a tempera- 
ture of 225 C, the 25% solution of di-tert-octyl disulfide 
will form ferrous sulfide on the surface of iron powder 
at the rate of 7.98 & 10~-® moles per sq cm per min, 
whereas the rate for di-n-octyl disulfide will be only 


TABLE 1 
Linear Regression for Temperature Coefficient of Reaction 
Rate Constant 


25% Dialkyl Disulfide in White Oil 





Standard Deviation 








A B A B log 
Di-t-octyl Disulfide 
16.684 —10,853 2.054 901 0.1222 
Di-n-octyl Disulfide 
12.694 —10,454 0.538 553 0.0978 





5.14 & 10~-® moles per sq cm per min. These reaction 
rate values, of course, hold only for this particular set 
of experiments, and it is to be expected that different 
values would be obtained with different iron powder or 
iron in some other state of subdivision, or with different 
contact conditions (e.g. with a different stirring rate or 
with a flow system). However, the relative reactivity 
should depend on the disulfides themselves and should 
not be affected by experimental conditions involving the 
nature of the iron surface or the intimacy of contact. 














No conclusions can be drawn as to the reaction 
mechanism from the kinetic data presented here. Inter- 
pretation of these data has been restricted to a com- 
parison of the reactivity of the two disulfides on the 
basis of the rate at which an iron sulfide, decomposable 
by acid to hydrogen sulfide, is formed. It is tacitly as- 
sumed that, whatever the mechanism which leads to 
its appearance may be, the formation of iron sulfide is 
the principal reaction and not a side reaction. 

The iron powder used in this investigation was found 
to have a specific surface of 460 sq cm per gm by BET? 
adsorption of nitrogen. The analytical data indicated 
that as many as five monolayers of ferrous sulfide could 
accumulate on the surface of the most heavily reacted 
iron without affecting the pseudo-zero order rate of re- 
action. This raises the question of whether low tempera- 
ture adsorption of nitrogen correctly assays the amount 
of reactive surface or whether the organic disulfide pene- 
trates the ferrous sulfide coating. Although Freundlich 
et al. (9) have discussed the rupture of oxide films on 
iron by thermal expansion, it is difficult to envision the 
rapid reaction of the octyl disulfide with the entire 
underlying iron surface through cracks in an adherent 
ferrous sulfide layer. The exact nature of the surface 
reaction must be regarded as unknown. 

To sum up the results of this phase of the investiga- 
tion, although the mechanism of the reaction has not 
been revealed and although many significant points still 
remain in doubt, it may be taken that the action of 
aliphatic disulfides on iron at elevated temperatures 
forms ferrous sulfide and that di-tert-octyl disulfide re- 
acts 1500 times as fast as di-n-octyl disulfide. 


Falex and four-ball testing 


FALEx TEST 
Solutions containing 9% of the disulfides, which con- 
tributed 2% sulfur, were made up in white oil and 
subjected to the standard Falex test. Figure 3 shows 





T | T 





TORQUE, Ibs.-in. 








1 1 1 
1000 2000 3000 
JAW LOAD, Ibs. 
Fic. 3. Falex testing of oils containing disulfides. I. Di-tert- 
octyl disulfide. II. Di-n-octyl disulfide. 








3 Brunauer, Emmett, and Teller method for determining spe- 
cific surface area of solids. 
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a plot of torque against the load applied on the jaws of 
the machine. With the oil containing di-n-octy] disulfide, 
the torque rose slowly and smoothly as the load was 
increased up to 1000 lb; then the torque exhibited an 
accelerated rate of rise, until at 1500 lb load the test 
was terminated by welding. This behavior was paralleled 
with the oil containing di-tert-octyl disulfide, but in- 
stead of failing at 1500 lb, the test continued with a 
sharp rise in torque to a value of 95 to 105 lIb-in until 
the test failed at 3900 lb load. In view of what has 
been learned about the comparative reactivity of the 
two disulfides, it is quite reasonable to visualize the 
more reactive tertiary disulfide being activated by the 
friction-induced heat to prevent welding on a scale large 
enough to stop the machine, which the relatively inert 
normal disulfide is not able to do. The tertiary disulfide, 
however, does not prevent wear, as the torque plateau 
in the last phase of the test indicates. Its action does 
not go beyond keeping the seizure phenomena below 
a magnitude sufficient to stop the test device. 

Measurement of the scars in the V-blocks confirmed 
the fact that the anti-seizure action of di-tert-octyl 
disulfide was associated with wear. At failure, the aver- 
age width of the scar with the normal disulfide was 
0.023 + 0.003 in, with the tertiary disulfide 0.068 + 
0.010 in. The corresponding average contact stresses 
were computed to be 148,000 psi and 131,000 psi. These 
stresses were calculated by dividing the jaw load by 
the area of the wear scar. 


Four-BALL TEST 


Figure 4 shows the data obtained with 9% oil solu- 
tions of the two disulfides by the 10-sec four-ball extreme 
pressure test. Unlike the Falex test, this graph does not 
represent the effect of a progressively increasing load, 
but instead depicts the results of a set of independent 
tests. With each disulfide the wear phenomena are 
grouped in the familiar low-wear and high-wear regions. 
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Fic. 4. Four-ball testing of disulfides. I. Di-tert-octyl disul- 
fide: mean Hertz load 49.3 kgm; weld point 282 kgm. II. 
Di-n-octyl disulfide: mean Hertz load 28.2 kgm; weld point 178 


kgm. The solid circles represent points common to both disulfides. 
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With the normal disulfide the high-wear region begins 
at a lower load and the extent of wear in this region 
for the 10-sec run is greater than with the tertiary disul- 
fide. 

Rated by the familiar criteria of the four-ball test, 
the so-called mean Hertz load and the weld point, the 
tertiary disulfide would be considered the better lubri- 
cant. The values are: for di-tert-octyl disulfide, MHL 
49.3 kgm, weld point 282 kgm; for di-n-ociyl disulfide, 


MHL 28.2 kgm, weld point 178 kgm. But the overall 
picture of wear is by no means as simple as these bare 
figures indicate. For instance, a critical examination of 
Fig. 4 shows no difference in the influence of the two 
disulfides on the size of the wear scar at a given load 
in the low-wear domain. Figure 5, which depicts the 
appearance of the wear scars under magnification, re- 
veals that in either case the wear is minimal, not enough 
to obscure the polishing marks on the balls. Study of 
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5. Four-ball wear scars. I. Di-n-octyl disulfide, 20 k 






gm. II. Di-tert-octyl disulfide, 79 kgm (original magni- 


fications, X 100). III, Di-n-octyl disulfide, 79 kgm. IV. Di-tert-octyl disulfide, 100 kgm (original magnifications 
x 50). 

































the wear scars with an interferometer substantiated this. 
A characteristic feature of the wear scars for di-n-octyl 
disulfide in the low-wear domain, absent from the cor- 
responding wear scars for di-tert-octyl disulfide, is pitting 
in the central region of the scar, where the Hertzian 
stresses are highest. Quantitative differences between 
the two disulfides, however, are not observed until the 
transition into the high-wear domain occurs. The wear 
scars in this domain are bitten deeply into the balls, as 
the second set of photographs in Fig. 5 shows. 


Wear studies with a pin and disk apparatus 


The pin and disk apparatus consisted essentially of 
a truncated conical rider rubbing under load against 
the flat surface of a rotating disk. This apparatus has 
been used by the authors for studies of the influence 
of contact stress and rubbing speed on the course of 
wear (10-12), and the technique employed in its use 
is described in these previous communications. For the 
studies to be reported here, the single-track adjusted 
load procedure was used; i.e., each time a measurement 
of the wear scar on the end of the pin was made, the 
load was adjusted to restore the contact stress to its 
original value and the experiment was resumed with 
the pin rubbing over the same track on the disk. Two 
investigations were carried out, one at 50 fpm with 
specimen pieces of AISI 1141 steel, the other at 128 
fpm with specimen pieces of high carbon steel hardened 
to 65 Rockwell C. 


Wear oF AISI 1141 STEEL 


AISI 1141 steel was chosen because the blocks for 
the Falex machine are made of this material, and a 
rubbing speed of 50 fpm was selected because this is 
as close to the rubbing speed of 19 fpm for the Falex 
test as the pin and disk apparatus could operate. It 
was not expressly intended to duplicate the operating 
conditions of the Falex test in this study. Although it 
is known that the Falex test starts out at a Hertzian 
stress of approximately 49,000 psi, it is not known how 
the stress changes under the combined influence of in- 
creasing load and progressive wear as the test proceeds. 
However, there is available the estimate of 130,000- 
150,000 psi as the stress range in which the Falex test dif- 
ferentiates between di-tert-octyl and di-n-octyl disulfides. 

In Fig. 6 is shown the course of wear at 130,000 psi 
in the presence of the following lubricants: 9% di-tert- 
octyl disulfide in white oil, 9% di-n-octyl disulfide in 
white oil, and uncompounded white oil. The course of 
wear with the normal disulfide and with uncompounded 
white oil shows similar characteristics. First there is a 
rather rapid initial rate of wear, followed by a phase with 
decreasing rate which then goes through a transition to 
the final phase with a high wear rate. Wear with the 
tertiary disulfide does not exhibit this transition, but 
instead proceeds smoothly at a rate approximately one- 
third that of the final rate with the other two lubricants. 
Terminal damage to the wear tracks on the disks is 
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Fic. 6. Wear of AISI 1141 steel at 130,000 psi, 50 fpm. I. 
Di-tert-octyl disulfide. II. Di-n-octyl disulfide. III. White oil. 
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considerable, as revealed in Fig. 7 by photographs and 
by traces of the surface condition with a surface finish 
indicator. The damage is not as deep with the oil con- 
taining di-tert-octyl disulfide as it is with the other two 
oils. The measured width of the wear scars on the ends 
of the riders is considerably greater than the widths of 
the deeply grooved portions of the tracks traced out by 
the surface indicator. Figure 8 shows the severely dam- 
aged central regions in the wear scars on the riders, 
corresponding to the grooved portions of the tracks on 
the disks. On either side of the groove in the track 
(Fig. 7) there are regions of disturbance, not penetrating 
below the grind marks, where evidently the rider has 
been in contact with the disk. 

When the contact stress is reduced to 100,000 psi, 
there is a distinct amelioration in the course of wear with 
all three oils. The effect of the normal disulfide is sub- 
stantially indistinguishable from that of the tertiary for 
about 60% of the time interval studied, after which 
the wear rate for the normal disulfide shows a definite 
upturn, as seen in Fig. 9. Wear with white oil shows 
an early transition to a rate approximately twice the 
terminal rate observed with di-tert-octyl disulfide, but 
subsequently the course of wear becomes erratic. A pos- 
sible explanation for this may lie in work-hardening 
effects, such as were observed by Welsh (13) and by 
Archard (14) with steels having carbon contents in the 
range 0.4 to 0.5%. Photographs and surface traces of 
the wear tracks on the disks, depicted in Fig. 10, show 
surface damage with di-n-octyl disulfide and with un- 
compounded white oil as extensive as that observed at 
130,000 psi (Fig. 7), but there is a noticeable diminu- 
tion of surface damage for di-tert-octyl disulfide. The 
wear scars on the ends of the riders were found to be 
in much the same condition as is illustrated by Fig. 8. 

Further reduction of the contact stress to 75,000 psi 
brings about a profound change in the character of the 
wear. As shown in Fig. 11, the wear curves for the two 
compounded oils are indistinguishable within the limits 
of experimental error. The curve for white oil has sub- 
stantially the same slope as the other two in the steady- 
state phase, although it does rise somewhat more steeply 
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in the initial phase. Figure 12 shows the wear tracks on 
the disks. Instead of grooves cut into the surface, these 
wear tracks consist of material deposited on the disk. 
When the surface indicator was run over these tracks, 
it was found impossible to differentiate between them 
and the adjacent ground surface of the disk. Also seen 
in Fig. 12 are the wear scars on the ends of the riders, 
which do not show the badly torn band in the center 
characteristic of wear at the two higher stress levels. 
A set of experiments at 40,000 psi gave much the same 
results with respect to the curves depicting the course 
of wear and the appearance of the specimen pieces. 
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The results of the work with AISI 1141 steel may 
be summed up as follows. At 130,000 psi there is a clear- 
cut difference between the oil containing di-tert-octyl 
disulfide and the other two oils, no difference between 
uncompounded white oil and the oil containing di-n-octyl 
disulfide. Although the advantage lies with the tertiary 
disulfide, the extensive damage to both disk and rider 
precludes classification of this disulfide as a truly ef- 
fective extreme-pressure additive. At 100,000 psi the 
difference between the tertiary and the normal disulfide 
narrows, while at the same time a difference between the 
normal disulfide and uncompounded white oil becomes 
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Fic. 7. Wear tracks on disks and surface finish traces, AISI 1141 steel, 130,000 psi. I. 
Di-tert-octyl disulfide. II. Di-n-octyl disulfide. III. White oil. Original magnification of photo- 
graphs: X 75. Scale of surface finish traces: vertical 0.0005 in; horizontal 0.01 in. 
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apparent. Damage to the specimen pieces is extensive 
with all three oils, although perceptibly less with the 
oil containing tertiary disulfide than with the other two 
lubricants. At 75,000 psi and at 40,000 psi there seems 
to be no significant difference in the effectiveness of the 
three oils; the condition of the specimen pieces indicates 





that even uncompounded white oil is fairly effective as 
a lubricant. 
WEAR OF HARDENED 0.95% CARBON STEEL 


Wear experiments with unhardened AISI 1141 steel 
entail complications arising from the hardenability of 


Fic. 8. Wear scars on pins, AISI 1141 steel, 130,000 psi. I. Di-tert-octyl disulfide. II. Di-n-octyl di- 
sulfide. III. White oil. Original magnification of photographs: plane views, xX 75; oblique views, X 50. 
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Fic. 9. Wear of AISI 1141 steel at 100,000 psi, 50 fpm. I. Fic. 11. Wear of AISI 1141 steel at 75,000 psi, 50 fpm. I. 

Di-tert-octyl disulfide. II. Di-n-octyl disulfide. III. White oil. Di-tert-octyl disulfide. II. Di-n-octyl disulfide. III. White oil. 
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Fic. 10. Wear tracks on disks 
and surface finish traces, AISI 1141 
steel, 100,000 psi. I. Di-tert-octyl 
disulfide. II. Di-n-octyl disulfide. 
III. White oil. Original magnifica- 
tion of photographs: x 75. Scale of 
surface finish traces: vertical 0.0005 
in; horizontal 0.01 in. 
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the material. Therefore, a set of experiments was run 
with specimens made of a high carbon tool steel, closely 
approximating the AISI 1095 specification and quenched 
to 65 Rockwell C in order to eliminate residual harden- 
ability. A rubbing speed of 128 fpm was chosen for these 
experiments to approximate the rubbing speed in the 
four-ball test at 1750 rpm. 


In Fig. 4 it can be seen that a distinct differentiation 
between the oils containing 9% of di-tert-octyl disulfide 
and di-n-octyl disulfide, respectively, becomes apparent 
at a load of 79 kgm, which corresponds to an initial 
Hertzian stress of 415,000 psi. The first experiment at 
this stress on the pin and disk apparatus with 9% di-tert- 
octyl disulfide produced high wear and extensive damage 





Fic. 12. 


I. Di-tert-octyl disulfide. II. Di-n-octyl disulfide.(Original magnification x 75:) 
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Wear tracks on disks (left) and wear scars on pins (right), AISI 1141 steel, 75,000 psi. 


III. White oil. 
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to both specimens. Further experiments were run at 385,- 
000; 300,000 and 275,000 psi, the results of which are 
shown in Fig. 13. The action of the disulfides with re- 
spect to contact stress seems to be an all-or-none type 
of behavior: above 300,000 psi wear is rapid with either 
the normal or the tertiary disulfide, while at 300,000 and 
at 275,000 psi the generalized wear picture is of a dif- 
ferent order of magnitude and the terminal wear rate is 
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Fic. 13. Wear of hardened 1095 steel in the presence of 9% 
disulfide in white oil. Di-tert-octyl disulfide: I, 415,000 psi; II, 
385,000 psi; V, 300,000 psi; VII, 275,000 psi. Di-n-octyl disulfide: 
III, 385,000 psi; VI, 300,000 psi; VIII, 275,000 psi. Uncom- 

pounded white oil: IV, 300,000 psi. 
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not greatly different from one disulfide to the other. For 
comparative purpose a wear curve for uncompounded 
white oil at 300,000 psi is also included, but fuller dis- 
cussion of the behavior of white oil will be taken up 
later. 

Figure 14 shows the surface damage to the wear tracks 
on the disks. Experiments with a catastrophic rate of 
wear produced deeply grooved tracks, the damage ex- 
tending the full width of the wear scars on the pins. The 
experiments with the more moderate terminal wear rates 
produced scuffing and scoring which did not extend 
deeply enough below the grind marks to be unequivocal- 
ly detectable by the surface finish indicator. An exception 
is the behavior of di-n-octyl disulfide at 300,000 psi, 
which produced a moderately deep groove. The appear- 
ance of the wear scars on the end of the pin corresponds 
to the condition of the wear tracks: deeply grooved 
tracks are associated with badly torn wear scars, while 
superficial damage to the tracks is associated with a 
smooth wear scar on the pin. 

Increasing the concentration of di-tert-octyl disulfide 
in the oil to 23% brought about a distinct amelioration 
of the wear phenomena in the stress range 415,000- 
300,000 psi, as shown in the wear curves of Fig. 15 
and the photographs of Fig. 16. An identical increase 
in the concentration of di-n-octyl disulfide was not ef- 
fective at 415,000 and at 375,000 psi. The damage to 
the wear tracks on the disks with 23% di-n-octyl disul- 
fide, even though the wear of the rider was catastroph- 
ically high, was much more superficial than the dam- 
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age at the same stress level with 9% di-n-octyl disulfide. 

Uncompounded white oil was found to be associated 
with catastrophic wear of the rider in the stress range 
300,000-250,000 psi as shown in Fig. 17A. Figure 17B 
shows two photographs illustrating the typical appear- 
ance of the wear tracks on the disks. Instead of deeply 
grooved tracks, one observes heavy deposits of badly 
smeared metal. 

Insofar as the two disulfides are concerned, wear ex- 
periments with the hardened steel specimens did not 
detect any difference between them at a concentration 
of 9% for the stress levels studied. But when the con- 
centration was increased to 23%, the tertiary disulfide 
was found to be distinctly better than the normal at 
415,000 and at 375,000 psi, while at 300,000 psi there 
was no detectable difference. 


Discussion 


In order to examine if there is a quantitative relation 
between the chemical reactivity of a lubricant additive 
and its efficacy as an extreme-pressure agent, one must 
have fundamentally significant and quantitative means 
of expressing both the chemical reactivity and the lubri- 
cant activity of the additive substance. For the two disul- 
fides studied in this investigation, evaluation of chemical 
reactivity has been straightforward, but when it comes 
to expressing lubricant action, numerous difficulties arise. 
The two empirical bench tests involve arbitrary pro- 
cedures and criteria, and although both tests consistently 
rank the tertiary disulfide as better than the normal, 
there is no rational basis on which to relate the numeri- 
cal bench test values with the chemical reactivity of the 
disulfides. The wear experiments with the pin and disk 
apparatus were carried out under controlled conditions 
of contact stress and rubbing speed, but the multi-stage 
character of the time-dependent wear curves complicated 
the interpretation of the results. 

It was eventually decided to use the slope of the 
terminal phase of the wear curve as a quantitative index 


TABLE 2 
Terminal Wear Rates of AISI 1141 Steel 








Radius wear rate Relative 
Lubricant (10-5 in/min) wear rate 
130,000 psi 
9% Di-tert-octyl Disulfide 53 1.00 
9% Di-n-octyl Disulfide 143 2.70 
White Oil 160 3.02 
100,000 psi 
9% Di-tert-octyl Disulfide 28 1.00 
9% Di-n-octyl Disulfide 56 2.00 
White Oil 58 2.07 





of the effect of the lubricant, on the assumption that 
this quantity would also reflect the influence of the ad- 
ditive on the course of wear prior to the establishment 
of the terminal rate. Table 2 shows terminal rate data 
for the 9% solutions of the two disulfides with specimen 
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85 
pieces of AISI 1141 steel at 100,000 and 130,000 psi. in the net radius of the wear scar on the pin per min. 
No data are shown for 75,000 psi because at this pressure The terminal wear rate for the tertiary disulfide is one- 
the reproducibility of the experiments was not good third to one-half that for the normal disulfide or white 
enough to validly distinguish one lubricant from an- oil at 100,000-130,000 psi. 
other. The wear rate is expressed as the average increase 


A similar tabulation for the wear of the hardened 
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Fic. 14. Wear tracks on disks and surface finish traces, hardened 1095 steel in presence of 9% disulfide in 
white oil. Di-tert-octyl disulfide: I, 415,000 psi; II, 385,000 psi; VI, 300,000 psi; VII, 275,000 psi. Di-n-octyl di- 
sulfide: III, 385,000 psi; IV, 300,000 psi; VIII, 275,000 psi. Uncompounded white oil: V, 300,000 psi. Original 
magnification of photographs: x 75. Scale of surface finish traces: vertical 0.001 in; horizontal 0.01 in. 
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0.95% carbon steel specimens with 23% solutions of 
the disulfides is given in Table 3. The pressure range 
for which a comparison can be made is 375,000-415,000 
psi; below 375,000 psi the experimental uncertainty does 
not permit a valid differentiation between the two disul- 








TABLE 3 
Terminal Wear Rates of Hardened 1095 Steel 
Radius wear rate Relative 
Lubricant (10-5 in/sec) wear rate 
415,000 psi 
23% Di-tert-octyl Disulfide 1.9 1.00 
23% Di-n-octyl Disulfide 36.2 19.1 
375,000 psi 
23% Di-tert-octyl Disulfide 1.6 1.00 
23% Di-n-octyl Disulfide 32 20 





fides. The data show the tertiary disulfide to be 19 to 20 
times as effective as the normal disulfide in controlling 
terminal phase wear. From the condition of the specimen 
pieces one can assume that the complications arising 
from the violently disturbed surface observed for AISI 
1141 steel are not an important factor for the hardened 
steel. 

There is a wide disparity between the relative chemi- 





cal reactivity of the two disulfides, 1:1500, and the 
highest ratio for the relative antiwear activity, 1:20. 
Can this discrepancy be reconciled with a quantitative 
mechanism for extreme-pressure lubrication? One pos- 
sible explanation is that the tertiary disulfide is over- 
active with respect to the wear it is expected to suppress, 
so that the greater part of its chemical reactivity is 
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Fic. 15. Wear of hardened 1095 steel in the presence of 23% 
disulfide in white oil. Di-tert-octyl disulfide: I, 415,000 psi; II, 
375,000 psi; III, 300,000 psi. Di-n-octyl disulfide: IV, 415,000 
psi; V, 375,000 psi; VI, 300,000 psi. 
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Fic. 16. Wear tracks on disks, hardened 1095 steel in presence of 23% disulfide in white oil. Di-tert-octyl 
disulfide : a, 415,000 psi; b, 375,000 psi; c. 300,000 psi. Di-n-octyl disulfide: d, 415,000 psi; e, 375,000 psi; f, 300,000 


psi. 
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unutilized for lubrication; but this is hardly consistent 
with the condition of the rubbing surfaces observed in 
the wear of AISI 1141 steel at 130,000 psi. A more re- 
vealing approach is to apply the kinetics of competing 
reactions, as was done by one of the authors for wear 
and lubrication in metal cutting (15). The net wear 
rate W can be expressed as 

W=4q AA __ [3] 

ki + Che 

where K is a constant for the state of activation of the 
metal surfaces, &, is a rate constant for metallic ad- 
hesion, kz is the rate constant for the reaction of the 
additive with the metal, C is a factor for the concentra- 
tion of the additive and g is a factor which gives the 
lump removal of metal as wear particles after adhesion.* 
Let Eq. [3] be applied to two additives, one of which 
effectively inhibits wear and the other of which cannot 
be distinguished in antiwear action from white oil. If 
it be assumed that the value of g does not alter during 
the wear process, then the magnitude of the wear de- 





4 The approximations employed and the interpretation of the 
quantities in Eq. [3] are somewhat different than the original 
treatment in Reference (15). 


pends on the magnitude of Ckz relative to k;. Let it 
be postulated that for an ineffective additive the magni- 
tude of Cke is insignificant with respect to k,, whereas 
for an effective additive the magnitude of Ckz is 2 to 20 
times &;. Such a postulate permits the effective additive 
to be thousands of times as reactive as the ineffective 
additive and yet alter the wear rate no more than was 
observed experimentally in this investigation, for what 
is crucial is the rate of chemical reaction relative to the 
rate of adhesion. On this basis, the quantitative differ- 
ence between the effectiveness of di-tert-octyl disulfide 
for AISI 1141 steel and hardened steel can be ascribed 
to the difference in the rates of adhesion. 

To test the validity of the above mechanism for ex- 
treme-pressure lubrication is not an easy matter. Specific 
information is required about the temperature at the 
rubbing interface, the rate of adhesion and the value of 
the lump removal factor g. The complex nature of the 
course of wear suggests that the coefficient of friction 
(which governs interfacial temperature) and the factor 
q do not remain constant. Moreover, as pointed out by 
the authors in a previous discussion of extreme-pressure 
lubrication (10), the presence of an additive alters the 
formation and fate of wear particles; i.e., the change in 
q is not independent of additive action. Better insight 
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Fic. 17 A. Wear of hardened 1095 steel in presence of uncompounded 
white oil. Ia, Ib, 300,000 psi; Ila, IIb, 275,000 psi; III, 250,000 psi. B. Wear 
tracks on disks; a, 300,000 psi; b, 275,000 psi. (original magnification x 75). 
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into the small-scale events which make up the wear 
process is necessary before the mechanism put forth in 
the present communication can be regarded as anything 
but a tentative working hypothesis. 


Insofar as the intrinsic additive activity of the two 
disulfides is concerned, even the more reactive di-tert- 
octyl disulfide must be considered as mediocre. The inter- 
facial temperature necessary to bring about appreciable 
effectiveness is associated with contact stresses so high 
that the adhesion and wear processes are never under 
satisfactory control. The criticality of the contact stress 
with respect to wear and seizure behavior can be related 
to the steep temperature coefficient of the reaction rate 
constant, which increases ten-fold with a 20 C tempera- 
ture rise. 
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Appendix 


THE REACTION OF DISULFIDES WITH IRON 
Di-tert-octyl Disulfide 
This compound was prepared by oxidizing redistilled 
tert-octyl mercaptan, derived from diisobutylene, with 
aqueous CuSO,—NaCl. The product was double-distilled, 
boiling 99-101C at 1 mm; mp” 1.5003-1.5004; d,”° 
0.92200-0.92220; 22.2% sulfur (theoretical 22.06%). 
The structure is 2,2,4,4,7,7,9,9-octamethyl-5 ,6-dithiade- 
cane: 
i CH; CH; CH; 
| | | 
CH3s—C—CH2—C—S i sags herons pe 
| | | 
CH; CH; CH; CH; 


Di-n-octyl Disulfide 

Redistilled n-octyl bromide, boiling 75-76 C at 9 mm, 
np” 1.4503, d4?> 1.10765, was reacted with thiourea 
(16) to give n-octyl mercaptan, boiling 93-94C at 25 
mm, which was immediately oxidized with aqueous Cu- 
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Fic. 18. Reaction rate apparatus. A, equilibration tube; B, 
heating bath; C, transfer bridge; D, reaction tube; E, stirrer; 
F, G, thermometers. 
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SO,—NaCl. The product distilled 128-131 C at 25 mm, 
had 21.77% sulfur (theoretical 22.06%), mp*® 1.4820. 
The structure is 9,10-dithiaoctadecane: 


CH;—CH2—CH2,—-CH2—CH2—-CH:—__CH2—-CH—S 


CH;—CH,—CH.,—CH:—CH2—-CH:—_-CH2—-CH—S 
Iron 

This was reagent grade electrolytic powder with 0.00% 
sulfur content. The specific surface by BET low tem- 
perature adsorption of nitrogen was 460 sq cm per gm. 
The average radius of the particles was 0.083 mm. 


White Oil 


Commercial white oil, 185 SUS/100 F, was percolated 
through a column of silica gel and the absence of oxy- 
genated material checked by infra-red spectroscopy. 


Experimental Procedure 


The disulfide solution is put into tube A (see Fig. 18) 
for thermal equilibration. When the solution has reached 
the temperature of the oil bath B, which requires about 


25 to 30 min, it is blown through the connecting tube 
C into the reaction tube D which contains the iron 
powder agitated by the stirrer E at 321 rpm. At the 
end of the desired reaction time, usually between 2 and 
5 min, agitation is terminated, and the reaction tube is 
quickly removed from the heating bath and plunged 
into a cold water bath. This takes about 10 sec. About 
30 sec are allowed for the iron powder to settle and 
liquid phase is decanted off through a filter paper. The 
reacted powder in the reaction tube and the small 
amount on the filter paper are washed thoroughly with 
pentane. 


Approximately 5 gms of iron powder are used for 25 
gms of disulfide solution blown over into the reaction 
tube. 


A sample of the reacted iron is assayed for ferrous 
sulfide by acidification and evolution of hydrogen sulfide, 
which is trapped in 1 N sodium hydroxide and titrated 
with standard mercuric acetate solution to a dithizone 
end point. The analytical procedure is a modification of 
the micromethod reported by Granatelli (17). 


DISCUSSION 


E. H. Loeser (Chrysler Corporation, Detroit 31, Michigan): 


The rate with which an extreme pressure additive reacts chem- 
ically with rubbing surfaces influences greatly the wear of these 
surfaces. Davey and Edwards (A1) studied a series of disulfides 
with the 4-Ball Tester and found that the nature of the organic 
groups attached to the sulfur affected the friction and wear 
characteristics of the metal run in oils containing the disulfides. 
Dorinson and Broman have gone several steps further. They 
determined the reaction rates of two isomeric disulfides, di-n-octyl 
and di-t-octyl, with iron and attempted to correlate the reaction 
rates with anti-wear activity. 

I should like to ask the authors whether the average radius 
(0.083 mm) of the iron particles was determined microscopically 
or calculated from the measured area? Using the equation 





where S is the specific surface of the solid, 5, is its density and d 
is the average particle diameter (in this case, 0.166 mm), I cal- 
culated the area of this iron powder to be 46 sqcm/g, as compared 
to the authors’ value of 460sqcm/g. Furthermore, the BET 
method of measuring area using nitrogen becomes inaccurate for 
particles having diameters larger than 0.020mm (A2). 

The authors assume that the reaction product on the iron 
surfaces is solely ferrous sulfide. Have they tried to identify, by 
electron diffraction (A3, A4) or other means, the substances on 
the surfaces of the reacted powder, of the wear test specimens, 
and of the wear debris? Such a study might reveal other surface 
materials which could affect the sulfur analyses or the wear charac- 
teristics of these surfaces. 

The authors’ approach, “treating the additive action of the 
disulfides as a competition between the rate of metallic adhesion 
and the rate of chemical reaction with iron,” is an interesting one. 
It is hoped that further work will supply the data required for 
testing its merits. A possible explanation for the lack of quantita- 


tive correlation between reaction and wear rates might be that 
catalysis selectively speeds up the reaction rate of the di-t-octyl 
disulfide with the powdered iron. It is known that finely divided 
powders can act as catalysts and that catalytic reactions are 
selective. 

Messrs. Dorinson and Broman are to be complimented for this 
carefully planned and executed research program, and especially, 
for the critical manner in which they discussed their data. 
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AuTHors’ CLOSURE: 


In reply to Mr. Loeser’s question, we wish to state that the 
quoted particle size for the iron powder was determined micro- 
scopically. We think the BET data give the correct order of 
magnitude for its surface. But, as we have pointed out in the 
paper, we would expect the reaction rates to vary with the 
particular batch of iron powder; therefore, provided that a single 
batch of iron was used, it is the relative reaction rates which are 
of significance in comparing additive substances for extreme-pres- 
sure activity. 

The assumption that the end product of the reaction in vitro 
is ferrous sulfide is based on the fact that acid decomposition of 
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the reacted iron yields a gas volatile enough to pass through a 
water-cooled condenser, absorbable by aqueous sodium hydroxide 
and titrable with mercuric acetate solution, i., which has the 
properties to be expected of hydrogen sulfide. We are certain of 
the desulfurization reaction on the basis of our large scale 
experiments with copper powder. We do not regard desulfuriza- 
tion of the additive as the only reaction by which it could in- 
fluence metallic wear, but we do think it is the most important 
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one. We have some preliminary indications, based on the trans- 
parency of the wear debris to the electron microscope, that iron 
sulfide is the major constituent. 

In a sense we have attacked this problem of the inter-relation 
of the chemistry of the additive and its extreme-pressure activity 
in the middle rather than at the beginning. Some of the discuss- 
er’s comments and questions can be answered only by intensified 
work, more restricted in scope than that we have presented here. 
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Polymer Formation on Sliding Metals in Air Saturated 
with Organic Vapors 


By W. E. CAMPBELL! and R. E. LEE, JR2 


An exploratory study is made of the lubricating properties of polymer formed in the wear track 
by mechanical activation during continuous slide between palladium and palladium, chromium 
and chromium, and steel and steel, in air saturated with the vapor of various volatile organic 
compounds. Contrary to expectations from pioneer studies, polymer which forms on palladium 
in air saturated with limonene and disobutylene does not appear to reduce wear appreciably, and 
no polymer forms in air saturated with benzene. When a rubbed monolayer of stearic acid is 
present on the palladium surface, copious polymer formation takes place and wear and friction are 
reduced. No polymer forms on chromium or steel in any environment. Operation in o-chlorbenzo- 
trifluoride results in wear reduction with all three metals, that with palladium and iron being 
very great, but no observable polymer is formed in any case. It is concluded that the nature 
of the adsorbed film which precedes the formation of polymer is the main determining factor 
in wear and friction reduction. The results are explained by assuming that free radicals, produced 





by shearing an adsorbed film in the presence of a catalyst, initiate polymer formation. 


Introduction 


IN A DEVELOPMENT program designed to reduce the num- 
ber of open circuits on butting electrical contacts by 
mounting them in enclosures to prevent ingress of dust, 
it was found that the incidence of open circuits increased 
appreciably after enclosure. Investigation by Hermance 
and Egan (1) showed that a brown deposit had formed 
on the contacts making-and-breaking with little or no 
current. Microanalysis showed that the deposit was an 
organic polymer, insoluble in aqua regia, but slowly de- 
composed by chromic acid with the evolution of carbon 
dioxide. Subsequent comprehensive laboratory investiga- 
tion showed that the polymer was formed by activation 
of vapors of plasticizers, solvents, and other organics 
having sufficiently high vapor pressure, emanating from 
insulating materials and finishes in the enclosure. The 
activation appeared to be caused by “slip” between the 
contacts on make-and-break, in a manner not yet un- 
derstood. This process will be called mechanical activa- 
tion, following Shaw (2), who showed that organic 
chemical reactions could be activated by cutting metals 
in the reaction mixture, although it is probable that the 
mechanism is not the same in both cases. 

In the accelerated laboratory tests referred to in Ref. 
(1), limonene (a constituent of turpentine) and benzene 
vapors gave copious polymer formation at an oscillating 
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contact. The platinum metals were very active promoters 
of the polymerization; chromium and molybdenum were 
slightly active; nickel and iron were inactive. Polymer 
was formed when sliding was continuous, although only 
a limited number of experiments was run, and there 
were indications that it also formed when sliding con- 
tacts were immersed in the liquid. 

Finally there was evidence, shown in Fig. 1, repro- 
duced from Ref. (1), that a very large decrease in wear 
resulted from the polymer formation. This lubricating 
effect of polymer was an observation noted briefly in 
passing, the main purpose of this comprehensive and 
informative work being to minimize the development 
of open contacts by polymer formation. 

The present work was started, before the work of 
Ref. (1) was published, to confirm the development of 
polymer in continuous slide and to explore, in a pre- 
liminary manner, the possibility of using polymer for- 
mation as a method of lubrication in specialized situa- 
tions such as sliding in inaccessible enclosures under 
conditions where conventional lubrication is not feasible. 

Under the conditions of these experiments it was 
clear that polymer did not form in continuous slide in 
benzene vapor; where it did form, it did not appear to 
lubricate very effectively. The work was therefore dis- 
continued. In view of these differences in results from 
those of the pioneering work, and since it was found 
that one of the vapors did lubricate palladium very 
effectively, with no visible polymer formation, in ex- 
tremely dry air, it was felt that these limited exploratory 
results would be of value in furthering the understand- 
ing both of this interesting phenomenon of polymer for- 
mation and of boundary lubrication. 
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Apparatus 


The work was carried out in two phases. In Phase I 
conditions were not as carefully controlled as in Phase 
II, the main objective being to determine if polymer 
could be generated. However, the basic principles of the 
set-up were the same for both phases. 


PHASE I 


The apparatus was designed to permit the passage of 
purified air, saturated with the vapor of an organic 
compound, through a glass vessel in which the circular 
end surface of a cylindrical slider rubs on a rotating 
shaft. The entire system is shown in Fig. 2 and a close- 
up view of the method of rotating the shaft, mounting 
the slider and measuring the torque, is shown in Fig. 3. 
A schematic of the method of torque measurement is 
sketched in Fig. 4. 
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The circular face of the 3 in. diameter cylindrical 
slider rested on the curved surface of the 4 in. diameter 
cylindrical shaft so that its diameter was bisected at 
right angles by the vertical diameter of the shaft. The 
slider was mounted in a dead-weight housing which 
provided a 23 g load. Line contact was thus possible, 
under ideal conditions, between the flat end of the slider 
and the surface of the shaft, rotating at 200 rpm. The 
slider housing was suspended on a rod connected through 
a pivot to a horizontal arm to permit movement of the 
slider by frictional torque. The slider was restrained 
from pivoting by a 1/32 in. horizontal wire connected 
to the support rod at one end and to a force transducer. 
The arm supporting the slider and its housing pivoted 
at its end on a solid support so that the slider could be 
locked into position and lowered onto the shaft through 
the hole on top of the glass vessel. The tangential torque 
Mz was calculated from the following formula: 
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Fic. 1. Example of reduction of wear by polymer formation from Ref. (1); a. Palladium wear 
products generated in absence of organic vapors after about 4 x 108 wipes, b. Deposit removed show- 
ing deep pit in absence of lubrication by the organic deposit, c. Organic deposit formed from benzene 
vapors after 4 X 10° wipes, d. Deposit removed showing greatly reduced wear due to lubrication by 


the vapors and deposit. 


















M, a M, ls 
l, + le 
Where M,, /,, and /s are defined in Fig. 4. 





PuaseE II 


The apparatus was the same as for Phase I except 
that the shaft was mounted in the chuck of a lathe and 
rotated at 182 rpm. The load was 23 g. A number of 
refinements, to make the friction and wear data more 
meaningful and the results more consistent, were intro- 
duced. 

A technique was developed for aligning the surfaces 
which consistently gave a parallel-sided wear scar across 
the center of the slider face, so that areas could be 
readily determined from magnified photographs. 

A flowmeter was introduced into the air line and the 
air speed controlled at 426 ml/min. The runs were all 
standardized in duration at 2 hr. 

Since, in some of the preliminary runs there was evi- 
dence of condensation of vapor on the specimens, the 





Fic. 2. Apparatus for study of polymer formation in dry air saturated with polymer vapors 
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chamber was heated during the runs by a 100 watt bulb 
placed in close proximity. 


Procedure and results 


PuHasE I (Runs 1-7) 


In Phase I, the apparatus in Fig. 2 was used. The air 
was purified by passage through activated carbon, and 
through the absorbent, anhydrous calcium sulfate. It 
was then passed through a fritted glass bubbler sub- 
merged in the volatile organic fluid and then through the 
vessel containing the slider and shaft, entering via the 
ground glass joint at the end away from the motor and 
passing out through the two holes at the other end. All 
connections beyond the activated carbon tower were 
by unlubricated, ground-glass joints. All glassware in 
the system was cleaned with hot chromic acid, rinsed 
thoroughly with distilled water and dried by baking 
in an oven before each dry run or a run in a different 
organic vapor. On completing a run, the tower con- 
taining the volatile fluid was disconnected from the 
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Fic. 3. Close-up of chamber and slider assembly 


absorbent tower to avoid the possibility of absorption 
of vapor by the anhydrous calcium sulfate, and con- 
tamination of the air in the following run. The air flow 
was controlled visually to give moderately vigorous 
bubbling while avoiding droplet carryover. 
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Fic. 4. Schematic of torque measuring device for apparatus 
in Figs. 2 and 3. 


The shaft and slider were cleaned by cathode de- 
greasing in hot trisodium phosphate, thorough rinsing 
in running tap water, followed by scouring with wet 
broadcloth loaded with levigated alumina, then with 
wet cotton under running tap water to remove traces 
of alumina. The water was removed by rinsing in abso- 
lute alcohol followed by drying in air. In all operations 
following the cathode degreasing there was no contact 
between the operator’s hands and the specimen. The 
specimens were mounted and locked in position using 
clean tongs after the chuck and housing had been 
thoroughly cleaned with solvent. 

The specimens were ground to an 8 microinch finish. 
The Pd was plated to a nominal 0.002 in. and polished 
to 0.001 in. The finish on the plated slider faces seemed 
poorer than specified, turning grooves being plainly 
visible. 

Where desirable, wear product was removed from the 
track after a run by making a replica with vinylite resin 
pressed against the surface and softened by heating 5 
min in an oven at 140C. This served a dual purpose. 
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It enabled qualitative analysis of wear product to be 
made without danger of contamination by the base 
metal. It also enabled the nature of the wear track and 
debris to be examined by transmitted light and pro- 
vided a permanent record of the wear track. A typical 
replica compared with the original track is shown in 
Fig. 5. 

To confirm the presence of polymer, the following 
tests were carried out: a drop of aqua-regia was placed 
on the replica. If all the wear debris went into solution 





0) 


~ 


leaving a clean wear track, it was assumed that no 
polymer was present, since it has been shown to be 
insoluble in aqua-regia. If an amorphous brown material 
was left, the aqua-regia was removed and a drop of 
chromic acid (cleaning solution) placed on it. Evolu- 
tion of bubbles of CO, confirmed the presence of poly- 
mer. Figure 6 shows a replica with debris, before and 
after treatment with acid, when no polymer is present. 
After treatment with acid, no debris is visible. Figure 7 
shows the effect of the same treatment when polymer 
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Fic. 5. Comparison of typical wear scar on rider with that on a replica; a. Steel in dry air, b. 


Replica, steel in dry air. 
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Fic. 6. Treatment of replica to show absence of polymer; a. Replica showing wear debris in the 
wear track on Pd vs. Pd in air saturated with benzene, b. Replica after treatment with aqua regia— 


wear debris all dissolved. 
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is present. In the area treated with acid, the lightening 
of the dark areas is caused by dissolution of the metal- 
lic components, leaving polymer. 

The results of the friction and wear tests are given 
in Table 1. Because of the low rigidity and damping 
of the slider suspension, “stick-slip” was pronounced 
under all conditions. The coefficient of friction, calcu- 
lated in the usual manner from the tangential torque, 
is therefore subject to error and should be regarded as 
a qualitative indication of the friction. The “stick-slip” 
vibrations were especially pronounced at friction coef- 
ficients above 0.3, being sharply reduced in amplitude 
at values below 0.2. The coefficient of friction generally 
increased to a relatively constant value in the first 20 
min. The average of the constant values for Runs Num- 
ber 1-7 is given in Table 1. Since alignment of the 
specimens and their surface finish were poor, the re- 
marks concerning wear can be only considered in a 
qualitative sense. 

The results of Runs Number 2 and 3 confirm the 
fact that polymer can be formed by continuous slide on 
Pd, but the amount formed is not as great as was ex- 
pected and there is little evidence that wear and friction 
are reduced by the polymer formed. The results are 
consistent with the assumption that the adsorption of 
vapor precedes the formation of polymer, and is a 
more important determining factor in friction reduction 
than polymer formation. It is probable that the limonene 
is more weakly adsorbed than di-isobutylene. Moreover, 
the ring structure of the former would not be expected 
to provide as good friction reduction as the latter. In 
the case of chromium, no trace of polymer was detected, 
but the friction was sharply reduced by both organic 
vapors. This effect is clearly due to vapor adsorption. 


Thus, in spite of the reservations above regarding the 
friction and wear observations, it must be concluded 
from these results, that adsorbed films are more likely 





Fic. 7. Treatment of replica to show presence of polymer; 
a. Replica showing wear debris in the wear track of Pd vs. Pd 
in air saturated with limonene, b. Replica after treatment with 
aqua regia—gray areas are polymer. 








TABLE 1 
Wear of Pd and Cr in Air Saturated with Organic Vapors 

Run Duration 

number (hr) Slider Shaft Vapor f Remarks 

1 5 Pd plate Pd plate Dry air 0.58 Plate is porous, small wear scar. 

2 5.2 Pd plate Pd plate Dry air 0.65 Amount of wear similar to that in 

saturated Run No. 1. Approx. 1/3 of wear 
with limonene debris is polymer. 

3 3 Pd plate Pd plate Dry air 0.39 Amount of wear similar to that in 
saturated with Runs No. 1 and 2. 1/3 to 1/2 of 
diisobutylene wear debris is polymer. 

4 2 Cr plate Cr plate Dry air 0.65 Very low wear, much lower than 

for Runs No. 1-3. No polymer. 

5 7.25 Cr plate Cr plate Dry air 0.13 Plate porous. Slightly more wear 

saturated than in Run No. 4. Fe in wear 
with limonene product. No polymer. 

6 3.75 Cr plate Cr plate Dry air 0.14 Less wear than in Run No. 5. No 
saturated with polymer. 
diisobutylene , 

7 (a) 0.5 Cr plate Cr plate Dry air 0.52 Plate porous 

7 (b) 29.5 Cr plate Cr plate Dry air 0.14 Wear similar to that in Run No. 6. 

saturated 


with limonene 
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than polymer to be responsible for friction and wear 
reduction. 


PuaseE II (Runs 8-20) 


Between the time that Phase I data had been ob- 
tained and the start of the present series, the detailed 
paper describing results of Ref. (1) had appeared. In 
this, benzene is employed in almost all the quantitative 
work as the polymer-causing agent. Benzene was there- 
fore used in these tests. To determine the effect of a 
vapor which should polymerize to a slippery material 
similar to a fluorinated low friction plastic, o-chlorben- 
zotrifluoride (OCBTF) was used in some of the runs. 

The palladium was applied to the slider surface by 
a method of “puddling” with a gas torch. The palladium 
surface was then ground to approximately 0.014 in. 
thick and lapped and polished to an 8 microinch finish. 
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Fic. 8. Coefficient of friction vs. time for Pd vs. Pd in dry 
air and in dry air saturated with various organic vapors. 
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Fic. 9. Coefficient of friction vs. time for Cr vs. Cr in dry 
air and in dry air saturated with various organic vapors. 
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Fic. 10. Coefficient of friction vs. time for steel vs. steel in 
dry air and in dry air saturated with various organic vapors. 








TABLE 2 
Wear of Pd, Steel, and Cr in Dry Air Saturated with Organic Vapors 
Run Wear area 
number Shaft Slider Vapor f x 104 in? Remarks 
8 Pd plate Pd plate Dry air 0.46 301.0 Rough wear track. 
9 Pd plate Pd plate Benzene 0.31 254.0 Rough wear track. No polymer. 
10 Pd plate Pd plate Benzene 0.24 50.0 Smoother wear track. Copious polymer. 
coated with coated with 
stearic acid stearic acid 
11 Pd plate Pd plate Limonene 0.44 143.0 Rough wear track. Moderate polymer. 
12 Pd plate Pd plate OCBTF 0.14 31.2 Burnished wear track. No polymer. 
13 Cr plate Cr plate Dry air 0.27 12.3 Burnished wear track. No polymer. 
14 Cr plate Cr plate Dry air 0.16 16.0 Burnished wear track. No polymer. 
15 Cr plate Cr plate Limonene 0.15 10-154 Burnished wear track. No polymer. 
16 Cr plate Cr plate Limonene 0.14 11.9 Burnished wear track. No polymer. 
17 Cr plate Cr plate OCBTF 0.09 15.3 Burnished wear track. No polymer. 
18 Steel Steel Dry air 0.49 50.0 Rough wear track. Copious red oxide. 
19 Steel Steel Benzene 0.37 35.0 Rough wear track. Copious red oxide. 
20 Steel Steel OCBTF 0.47 8.5 Burnished wear track. Traces orange 


yellow product, insoluble in aqua 
regia. 





@ Estimated, no photograph taken. 
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The shaft, which consisted of a solid piece of palladium 
was also ground and polished. 

Chromium was electrolytically plated to the slider 
and shaft surface, being in the order of 0.005 in. thick. 
These surfaces were also ground and lapped to an 8 
microinch finish. 

The cleaning procedure was the same as that de- 
scribed under Phase I. 

The stearic acid monolayer on the surfaces in Run 
No. 10 was laid down by immersing the specimens in 
a 1% solution of stearic acid in petroleum ether, al- 
lowing the solvent to evaporate, and rubbing the surface 
with a clean cloth until no visible film remained. 

The friction was again generally erratic during the 
early part of each run as can be seen from the coef- 
ficient of friction against time curves of Figs. 8, 9, and 
10. The values given in Table 2 are the average of the 
values obtained after friction had appeared to reach a 
stable value. 

Although duplicate runs were made in only a few 
cases, the sizes of the wear scars are reproducible, and 
it is believed that the amount of wear in a given run 
can be reproduced to + 25%. The relative sizes of 
the wear scars on the rider are shown in Fig. 11 for 
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Pd, steel, and Cr respectively in dry air. They are seen 
to be in line with the relative hardness and reactivity of 
these metals. 

The rider wear scars in the various environments 
tested are shown in Figs. 12, 13, and 14 for Pd, Cr, and 
steel respectively. 

The results for Runs Number 8-20 are given in Table 
2. The results for Pd are consistent with those reported 
in Phase I. They clearly show that polymer does not of 
itself contribute significantly to wear and friction re- 
duction. Thus limonene, whose vapors yield polymer 
gave, as before, no reduction in friction, only moderate 
wear reduction and little reduction in the roughness in 
the wear track (Fig. 15b). The OCBTF, however, gave 
sharp friction reduction, a tenfold reduction in wear and 
a smooth wear track (Fig. 12e) although no detectable 
polymer was formed. 

The typical stick-slip-amplitude reduction with fric- 
tion reduction referred to earlier, is well exemplified in 
this run, as can be seen in Fig. 16. This shows a repre- 
sentative portion of a friction trace, (a) for Pd sliding 
on Pd in clean, dry air, f = 0.46, and, (b) for Pd on 
Pd in clean, dry air saturated with OCBTF, f = 0.14. 
The stick-slip amplitude is greatly reduced by operation 





Fic. 11. Wear scars on rider after 2 hr operation in dry air; a. Pd vs. Pd, b. Steel vs. Steel, 
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in the organic vapor. Stick-slip is probably an important 
causative factor of electrical noise in sliding contacts. 
Such a change to smooth slide should reduce noise. 
Friction and wear reduction is also consistent with 
boundary lubrication theory. The weakly adsorbed, 
stable, nonpolar benzene gave negligible wear reduction 
and only moderate friction reduction which may be due 
to soluble contaminants deposited from the vapor. The 
limonene, with its double bond and short side chain, 





gave slight wear reduction, while the polar stearic acid 
and the OCBTF gave good wear and friction reduction. 

There is little doubt that the wear and friction re- 
duction for the stearic acid monolayer in benzene vapor 
is due mainly to the lubricating effect of this mono- 
layer. This points up the importance, in dry friction 
and wear studies at low loads and speeds, of careful 
control of the cleanliness of the surface and the sur- 
rounding atmosphere. 





Fic. 12. Wear scars on Pd rider after operation vs. Pd in several environments; a. Dry air, 


b. Benzene-saturated air, c. Limonene-saturated air, d. Monolayer of stearic acid in benzene-saturated 


air, e. o-chlorbenzotrifluoride saturated air. 
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The most copious production of polymer found in 
these studies occurred with benzene vapor in the pres- 
ence of a stearic acid monolayer on Pd. The fact that 
no polymer at all formed with benzene alone indicates 
that the contaminating layer played a part in the poly- 
mer foundation. A possible mechanism for this effect has 
been presented in the Discussion section of this paper. 

The result for OCBTF is also of interest, since it 
indicates reaction of the precious metal with the halogen 
of the organic compound under circumstances where 
little, if any, reaction would be expected in extremely 
dry air. The significance of this has also been described 
in the Discussion section of this paper. 

The wear results for chromium are consistent with 
those observed in Phase I. No polymer was formed in 
any run, but the wear was very low in all cases. The 
wear was not significantly changed by any vapor, but 
the lowest friction recorded is for Cr in OCBTF, and 
wear reduction might have been observed had the run 
been continued for a longer period. The friction results 
in dry air (Fig. 13) indicate some contamination in 
spite of the precautions taken. 

The results for steel are consistent with those for 
palladium and are typical of a large number of runs 


Rent EAE, OR RAPD Me + 


Fic. 13. 
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made while the technique was being developed but not 
recorded because of their preliminary nature. At equi- 
librium, little or no friction or wear reduction was 
found with limonene or benzene; the wear track was 
rough and no polymer was formed. The wear product 
appeared to be all iron oxide. With OCBTF, marked 
wear reduction with a smooth wear track (Fig. 14) was 
found. This is in accord with the work of Murray e¢ al. 
(3), although their work was carried out in Freons 
containing low amounts of oxygen. The nature of the 
film in the track was not determined. It is probably an 
iron halide, but an organic compound is not excluded. 

The friction results for steel in OCBTF (Fig. 10) are 
difficult to explain, because they indicate that the film 
formed in the wear track gives no friction reduction al- 
though wear is appreciably reduced. As for palladium, 
there is friction reduction in benzene vapor and a pos- 
sibly significant decrease in wear. This may again be 
due to volatile contaminants in solution. 


Discussion 


Although this work shows that the original hope of 
creating polymer films of high lubricity is not feasible, 
it has given evidence which, if verified, will help to 


Wear scars on Cr rider after operation vs. Cr in several environments; a. Dry air, 


b. Limonene-saturated air, c. o-chlorbenzotrifluoride saturated air. 
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provide an understanding of mechanically activated 
polymerization and of boundary lubrication and de- 
terioration of oils by oxidation-polymerization. 

Of the various factors which can accelerate polymer 
formation in general, the following have been considered 
as having application to polymer formation by mechani- 
cal activation: 


1. The presence of a catalyst. 

2. The effect of pressure. 

3. The effect of temperature. 

4. The effect of electrons or ions formed as a re- 
sult of mechanical deformation of films on the 
metal surface. 


It is clear from the work in Ref. (1) that catalytic 
action by the sliding metal is important and that the 
platinum metals appear to be almost unique in this kind 
of catalytic activity. 

It is also clear that extremely high pressures may 
be created at localized areas and volumes in the area 





Fic. 14. Wear scars on steel rider after operation vs. steel in several environments; a. Dry air, 


of contact. These pressures, when accompanied by the 
appropriate accelerating factors, could undoubtedly aid 
polymerization, but experimental proof of such an effect 
would be extremely difficult. 

In order to determine the likelihood that frictionally 
developed local temperatures can be an important fac- 
tor, an estimate of the maximum temperature, @max, at 
an initial point of contact was made using a recent 
modification of Blok’s treatment (4). Under the con- 
ditions of these experiments: 


OOS 5 tes = Gil 
and 322 tor i = 0S 


Since, as the wear track widens and lengthens, @max 
will be greatly decreased, it is clear that temperature 
effects are not a consideration. 

The emission of electrons has been shown to be as- 
sociated with metals forming cation-excess semiconduc- 
tor oxide films when exposed to light in the ultraviolet 
frequency range. Electrons generated in this manner 


b. Benzene-saturated air, c. o-chlorbenzotrifluoride saturated air. 
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have been shown to cause formation of HO. (5). If 
organic peroxides were similarly developed, they could 
act as chain developers as in oxidation of oils. How- 
ever, in the present case, with a clean, precious metal 
such as Pd, such a mechanism is not as likely. Further- 
more, it is understood that polymer in copious quan- 
tities can still be generated by Pd in benzene vapor in 
the absence of light (6). Under these conditions elec- 
tron emission should not take place, so that peroxides 
presumably would not be generated. 

The effect of a monolayer of stearic acid on polymer 
formation in benzene suggests a mechanism of poly- 
merization which involves initiation of reaction by free 
radicals. There is precedent for such a mechanism in 
recent work on synthesis of rubber (7). It has been 
known for some time that mastication of natural rub- 
ber can lower its molecular weight. This is believed to 
be the result of shear breakdown of the long complex 








ve 


molecules, giving, at an intermediate stage, free radical 
fragments—shorter molecules having unsaturated va- 
lences, which are therefore charged. These free radicals 
disappear rapidly by recombination or by reaction with 
oxygen or water. Free radicals can also initiate poly- 
merization reactions in appropriate monomer mixtures. 
The mechanism of mechanical activation proposed for 
the stearic acid monolayer experiment is that a certain 
number of adsorbed stearic acid molecules are sheared 
to produce free radicals on each wipe of the rider, and 
that these free radicals initiate polymerization of the 
benzene in the presence of the Pd catalyst. In the 
absence of the strongly adsorbed stearic acid film no 
free radicals or relatively few free radicals are formed 
from the stable, nonpolar, and therefore weakly ad- 
sorbed benezene. 

If this theory is valid, the OCBTF would also be 
expected to polymerize. In this case, however, it is pos- 


Rae tek PN 
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Fic. 15. Wear scar on Pd shaft after operation vs. Pd in dry air and in limonene; a. Dry air, b. 


Limonene. 














Fic. 16. Friction trace; a. Pd vs. Pd in dry air, b. Pd vs. Pd in dry air saturated 


with o-chlorbenzotrifluoride. 
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sible that a chemical reaction such as the formation of 
a Pd halide takes place on the active areas of the 
catalyst surface with resultant slowing of the polymeri- 
zation reaction by poisoning of the catalyst. Under these 
circumstances the free radicals recombine or are con- 
verted to short organic molecules by reaction with 
oxygen. The strongly bonded film on the Pd is what 
gives the remarkable reduction in wear and friction 
which is observed. 

This theory thus explains both the formation of poly- 
mer of Pd in vapors like benzene and limonene, and 
the wear reduction of Pd and base metals in the vapor 
of polar organic compounds. It may also provide a basis 
for the action of some extreme pressure agents in lubri- 
cating oils. 

It can be verified in several ways. 


(a) The polymerization reaction should be ac- 
celerated by an inert atmosphere or by a low 
partial pressure of the organic monomer in 
vacuum. 

(b) Introduction of volatile chain stoppers such 
as amino phenols, commonly effective as anti- 
oxidants, by reaction with the free radicals, 
should slow down or prevent polymer forma- 
tion. 

(c) Mixture with polymer-forming vapors such as 
o-chlorbenzotrifluoride, which appear to pro- 
duce films which poison the catalyst, may slow 
down or prevent polymerization. 


If effective, Method (b) would provide a practical 


means for preventing polymer formation on enclosed 
precious metal electrical contacts. Volatile chain stoppers 
could be readily introduced to the enclosure. Method 
(c) might not have practical application to contacts, 
if effective, because the halide film formed might have a 
deleterious effect on performance, on contacts in low 
energy circuits. 
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DISCUSSION 


H. W. Hermance and T. F. Ecan (Bell Telephone Laboratories) : 


The exploration, by Campbell and Lee, of the practical value 
of the lubricating effects of frictionally produced polymer is a 
logical step in the study of this rather perplexing phenomenon. 
It is unfortunate that the results were disappointing. We do not 
feel, however, that because of the failure to produce visible quan- 
tities of polymer with benzene vapor in their particular apparatus, 
one should draw the general conclusion that it cannot be pro- 
duced in other continuous sliding mechanisms. A number of in- 
dependent investigators (A1—-A4) have confirmed the production 
of frictional polymer with benzene on a variety of sliding mech- 
anisms. A contact problem in which we were recently involved 
stemmed from the production of polymer on rhodium plated slip 
rings employing a platinum-gold wire contactor. A simulated 
assembly in the laboratory in which both ring and slider were 
cleaned in chromic-sulphuric acid to remove organic films pro- 
duced cuprous polymer in benzene vapor. 


That lubrication was not appreciable in the more massive 
device of Campbell and Lee and therefore that the polymer was 
not produced in visible quantities does not surprise us greatly 
since we reported erratic behavior for palladium on palladium with 
a continuously rotating disc even with a spring loaded slider 
weighing only a fraction of a gram. It has been our experience 
that whenever wear is appreciable, little or no polymer is pro- 
duced. We believe that some sort of lubricating film is requisite 


to polymer generation and in this respect we find the experience 
of Campbell and Lee with a stearic acid film quite plausible. 
However, we have been able consistently to generate polymer 
between palladium surfaces in benzene when these surfaces have 
been cleaned by ignition in hydrogen, in air and by treatment 
with strong oxidizing acids. We, therefore, feel quite certain that 
under favorable friction conditions, the necessary initial lubricating 
film can be supplied by benzene. While we concur that an adsorbed 
film of benzene as such would be a poor lubricant, we cannot 
agree with the unqualified statement that only the adsorbed vapor 
can be responsible for the lubrication. The possibility that the 
palladium adsorbed benzene may form a low polymer having 
sufficient lubricating action in a device such as ours does not 
appear to be ruled out. Recent studies by Chaikin (A4) using 
electron-microscopy and a delicate electrical probe has shown that 
films resembling polymer are formed statically on palladium and 
gold when exposed to vapors of ethyl benzene and limonene. 
These films become thick enough to detect after an exposure 
period of a week to a month. 

It seems likely that the difference in the findings between 
Campbell and Lee and ourselves with respect to benzene lay in 
the mechanisms used. In our continuous slide experiments, a very 
light weight cantilever spring slider was used with the direction 
of slide such as to put the spring in tension along its axis. There 
were no linkages involved. The rotating members were always 
massive horizontal turntables in long bearings and driven by a 
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light belt which transmitted little motor vibration. In the Camp- 
bell and Lee apparatus, the slider is gravity loaded, weighing 
23 gm and supported on a pivoted rod wiih a linkage to the 
force transducer. The direction of slide is at right angles to the 
axis of the slider. The rotating member is supported in a chuck 
mounted directly on the motor shaft. We believe such an arrange- 
ment would be subject to considerable chatter and inertial effects 
from a slider of such mass and would require a more effective 
lubricant than benzene to produce the initial film. The authors 
point out that there was considerable stick-slip. It is unfortunate 
that only one speed and load was used with this apparatus. 

The mechanism of polymer production proposed by the au- 
thors has one feature in common with the mechanism suggested 
in our original paper. Both assume that the shearing between 
adsorbed layers gives rise to highly reactive products. We had 
proposed that this shear might create highly reactive groupings 
in the adsorbed layers which then couple with additional vapor, 
the process being repeated until the chain length becomes great 
enough to break away, when it is pushed aside by the slider, 
ultimately forming the visible polymer which lines either side 
of the track. 

Campbell and Lee propose the formation of free radicals by 
the shearing action on stearic acid or other strongly adsorbed 
film, these free radicals then initiating polymerization of the 
benzene or other vapor as a secondary process. In our paper, we 
mentioned our inability to prevent or even to slow down the 
polymer formation either by catalyst poisons or by chain stop- 
pers—an observation confirmed by others. We also find no in- 
crease in polymer yield in an atmosphere of hydrogen nor in 
an evacuated system containing traces of organic vapors. These 
are criteria for the free radical theory listed in Campbell and 
Lee’s paper and these negative observations would therefore argue 
against it. 

Another experiment reported in our paper relative to the free 
radical possibility involved Palladium to Palladium slide under 


acrylonitrile. While polymer formed at the point of slide, no 
turbidity appeared in the surrounding liquid which is sensitive to 
polymerization initiation by free radicals. 

There is another aspect of their theory with which we find 
difficulty. If one assumes the free radicals to originate in a mono- 
layer of stearic acid or other “contaminant,” one would expect 
these would soon be exhausted whereas, the generation of polymer, 
once started, continues at a linear rate so long as the slide is con- 
tinued and the vapor is supplied. 

The authors mention the strong lubricating action of the vapors 
of o-chlorbenzotrifluoride with no detectable polymer formation 
and suggest that this material, through formation of a palladium 
halide generates its own catalyst poison. It would be interesting, 
therefore, to combine the vapors of this material with those of 
a known polymer producer under conditions of slide known to 
produce polymer. 


REFERENCES 


A1. Tanaka, W., Englehard Industries, Private Reports (1957- 
1958). 

A2. Dovuctass, J. E., Lirrman, F. E., and Popporr, I. G., Stan- 
ford Research Institute, Private Reports (1959). 

A3. Dretricn, I., and HonrAtH-BARKHANSEN, M., “The Forma- 
tion of Organic Insulating Films on Electrical Contacts,” Z. 
angewandte Physi. 11, 399-403 (1959). 

A4, Cuarkin, S., “Electrical Contact Failure Caused by Surface 
Contamination,” Electro-Technology 68, No. 2, 70-75 (1961). 


Eprror’s Note: 


Authors are furnished a copy of each discussion and invited to 
submit a closure. Since no closure was submitted for the above 
article, it may be assumed that the author(s) either concurred 
with the discusser(s) or did not feel that a reply was necessary. 
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Heat of Preferential Adsorption of Surfactants on 
Porous Solids and Its Relation to Wear of 
Sliding Steel Surfaces 


By A. J. GROSZEK! 


A description is given of a method for the determination of the heats of preferential adsorption of 
various wear reducing agents, including lubricating oil fractions, on different types of solid surfaces 
covered with either n-heptane or benzene. The surfaces studied are those of silica gel, alumina, 
activated carbon, and iron. A proportion of the agents is adsorbed from the solutions on the sur- 
faces, the process being accompanied by a heat effect. This heat effect is examined in relation to 
the wear produced by the lubricants in the Four Bal? Machine operated under different loads for 
60 min intervals. 

An attempt is then made to correlate the wear reduction of sliding steel surfaces and the heats 
of preferential adsorption of the lubricants from two different hydrocarbons on selected solids 
possessing high specific areas. 

From the results obtained it is concluded that the heats of adsorption of the lubricant solutions 
in benzene on iron, wetted with the same solvent, offer the best correlation with their wear re- 
ducing action determined by the Four Ball Machine. In general the results indicate that the 
method used has a great potential use in the field of correlation between the heat of adsorptions 











and wear for many different combinations of rubbing surfaces and lubricants. 


Introduction 


NUMEROUS investigations have shown that the preven- 
tion of wear by lubricants under boundary lubrication 
conditions is related to the presence in them of surface 
active substances which form strongly adsorbed films on 
the rubbing surfaces (7). 

The formation of the film is a spontaneous process 
caused by a decrease of free energy of the solid surfaces 
and surfactant molecules leaving the bulk of lubricant. 
Such a process is usually accompanied by the evolu- 
tion of heat. The heat of adsorption of lubricants on 
rubbing surfaces can be taken as a measure of the 
strength of attachment of the lubricant molecules, or 
of the surface active species dissolved in a relatively 
inactive bulk of the lubricant, to the surfaces. Thus 
the efficacy of various lubricants could be compared and 
quantitative meaning given to the term “oiliness.” 


Some attempts to this end have been made by Bach- 
man and Brieger (2) and recently by Kingsbury (3) 
who postulated that friction and wear of the solid 
surfaces in sliding contact are related to heat of adsorp- 
tion of the lubricant on the surfaces. Earlier Bowden (1) 
had indicated that the coefficients of friction and wear 
increase appreciably when the film-forming molecules 





Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Chicago, Illinois, 
October, 1961. 

1 The British Petroleum Co., Ltd., Petroleum Div., BP Re- 
search Center, Chertsey Rd., Sunbury-on-Thames, Middlesex, 
England. 


are desorbed. The desorption occurs at a critical tem- 
perature which is related to the heat of adsorption of 
the molecules at room temperature. The situation is 
analogous to the stability of chemical compounds, where 
the compounds with a high heat of formation at room 
temperature also have high thermal stability. 

In practice lubricants are often blends of surface 
active wear-reducing agents and mineral oils, the bulk 
of the oils consisting of hydrocarbons. The rubbing sur- 
faces adsorb the surface active agents dissolved in 
minera! oils. For such systems the correlation between 
wear and the strength of attachment of the lubricant 
molecules to the surfaces is possible only if one considers 
the heats of adsorption of the agents from solutions in 
various hydrocarbons related in nature to the hydro- 
carbons present in mineral oils. 

In the present paper the systems studied are liquid 
hydrocarbons flowing through porous solids at a slow 
constant rate. Solutions of surface active agents in the 
hydrocarbons are injected into a flowing solvent, and 
are adsorbed from it. The solvents used are n-heptane 
(a non-polar hydrocarbon) and benzene (a polarizable 
hydrocarbon). Equilibrium conditions are not attained 
because the flowing solvent desorbs the surfactants, after 
their solutions have passed through the porous solid. 
When the surfactants come into contact with the solid 
surfaces, they displace some of the hydrocarbon mole- 
cules from the surface and are preferentially adsorbed. 
The adsorption process is rapid (10 to 30 sec) and is 
accompanied by a positive heat effect. Desorption takes 
place more slowly (1 to 15 min) with a corresponding 
negative heat effect. 
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As the processes of adsorption studied are dynamical 
in character, the quantities of heat measured depend 
also on the rate of adsorption. The latter, together with 
the accessibility of the solid surface and diffusion ef- 
fects, determines the amount of solute that passes from 
solution to the solid/liquid interface. A contribution to 
the heat measured may also be made by orientation 
effects, which may exist especially for the straight- 
chain compounds. Such orientation effects would decrease 
the entropy of the system, which would lead to an in- 
creased heat of adsorption. 

The heats of preferential adsorption, determined in 
the present work for the solutions of different surfactants 
and a mineral oil adsorbed on different types of solid 
surfaces, are related to wear reduction for sliding steel 
surfaces lubricated by the solutions. 

An attempt is thus made to correlate the heats of 
preferential adsorption on selected porous solids with 
the wear-reducing action of lubricants. It must be added 
here that some of the heat effects obtained may have 
resulted from both physical and chemical adsorptions 
leading to the formation of protective films. 


Materials 
The materials used in the tests are given below:— 
Adsorbents 


Silica gel —70 to 100 mesh material. Surface 
area 350 m? per g (determined by 
nitrogen adsorption). 

Alumina —100 to 200 mesh chromatographic 


grade material. Surface area 110 
m? per g. 

Activated carbon —100 to 200 mesh material, gas ab- 
sorption grade. Surface area 861 
m? per g. 

Iron —100 to 200 mesh laboratory re- 
agent grade material. Washed in 
hot benzene and dried in vacuum 
oven. Surface area 6 m? per g. 


Solvents and Lubricants 


n-Heptane —Reference fuel quality. 

Benzene —Analytical reagent grade, np?° = 
1.499-1.502, sulphur content less 
than 0.0003%. 


Liquid paraffin -—Laboratory reagent grade, aro- 
matic free mineral oil, specific 
gravity 0.83-0.87. 


—Pure reagent grade, 99% stearic 
acid, mp 68.5° C. 

—Technical grade material contain- 
ing 95% cetyl alcohol, 3% stearyl 


alcohol and 2% myristyl alcohol, 
mp 47-49° C. 


Stearic acid 


Cetyl alcohol 


Cetyl amine 


—Technical grade material contain- 
ing 92% cetyl amine, 7% octa- 
decyl amine, and 1% octadecenyl 
amine, mp 38° C. 


Oleic acid —Redistilled pure grade material of 
unknown purity. 
Ricinoleic acid —Pure grade material of unknown 


purity. 

—A solvent refined Middle East lu- 
bricating oil possessing a viscosity 
at 100° F of 265.9cS, viscosity 
index of 95 and density 0.892 g/ 
cm® at 20° C. 

Aromatic fraction—Aromatic hydrocarbons and _sul- 
phur compounds separated from 
the mineral oil by selective ad- 
sorption on silica gel. 


Mineral oil 


Castor oil —British Pharmacopoeia grade of 


unknown purity. 


Apparatus and procedure 
DETERMINATION OF HEATS OF ADSORPTION 


The apparatus is represented in Fig. 1. The central 
part of the apparatus is a PTFE cell 1. The cell is 
filled with 0.170 ml of granular porous solid, thermistors 
2 and 4 being placed in direct contact with it. A pair 
of identical reference thermistors 1 and 3 is placed 
above the measuring pair and embedded in the metal 
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Fic. 1. Calorimeter for determination of heats of preferential 
adsorption from solution (5, PTFE cell; 6, SS block; 7, Inlet 
for carrier liquid; 8, Discharge tube; 9, Metal gauze; 10, Inlet 
for substance to be sorbed; 11, SS block; 12, Lagging). 








- i ae ie ee | 








Heat of Preferential Adsorption of Surfactants on Porous Solids 107 


block just outside the cell so as not to be subjected to 
any heat effects produced on adsorption. The cell is 
surrounded by a stainless steel block 6. The mass of 
the block helps to maintain the cell at a constant 
temperature. The block is well lagged, which increases 
further the thermal stability of the cell. The cell is 
connected to the inlet tube for the carrier liquid 7 and 
to the discharge tube 8. 


The discharge tube is fitted with a 200 mesh per 
square inch stainless steel gauze 9 on which is placed 
the porous solid. 


A narrow tube 10 attached to a threaded metal block 
11 serves as an inlet for substances which are to be 
preferentially adsorbed from the carrier liquid. Such 
substances are normally injected from a micrometer 
syringe through a needle inserted into the tube. The 
injected sample is then carried to the solid where the 
preferential adsorption takes place. 


Any changes in the temperature of the cell contents, 
which accompany the adsorption processes, are meas- 
ured by the thermistors arranged in a Wheatstone 
Bridge circuit as shown in Fig. 2. The output from the 
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T, and T, - A Matched Pair of Thermistors 
Tg and T, - A Matched Pair of Thermistors 


Fic. 2. Thermistor circuit diagram 


bridge is fed into a variable range potentiometric re- 
corder of 1 to 20 mv full scale deflection. 


Any increase in temperature of the cell decreases the 
resistance of the measuring thermistors without affecting 
the reference thermistors situated away from the cell. 
The decrease results in a potential difference being estab- 
lished between C and D which is registered by recorder 
R. 

Sliding resistances of 500 2 at points C and D serve 
to establish equilibrium conditions in the bridge when 
all the thermistors are at the same temperature. This 
is necessary because the thermistors used have slightly 
differing resistances which results in a small voltage 
drop between C and D even when the temperature of 
the thermistors is identical. 


Thus, when the evolution of heat occurs in the cell, 
the pen of the recorder traces a peak on the chart of 
the potentiometric recorder. When the original equi- 
librium conditions are reached, the pen of the recorder 
returns to the base line. This occurs in a few minutes. 

The heat effects thus obtained are calibrated by using 
a calibration heater as shown in Fig. 3. The coil is 
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inserted into the cell and covered by a powdered solid 
to the same level as that of the solid without the coil. 
The carrier liquid is allowed to flow through the cell 
at a constant rate and electrical current passed through 
the coil from a battery of precisely known voltage for 
a time corresponding to the time over which the ad- 
sorptional heat effects had been taking place. The voltage 
and time are adjusted so as to obtain a peak of similar 
size and shape as that produced during the adsorption 
in question. The heat produced is then calculated from 
the known resistance of the coil (2.000 ohms connected 
in series to an outside variable resistance) and the 
voltage of the battery (1.5 v). 

During operation of the calorimeter it is essential to 
adjust the flow of the carrier liquid so as not to get any 
accumulation of it in the cell. For adsorptions on 
crushed solids passing through a 100 to 200 mesh sieve, 
the flow should be between 0.3 and 0.5 ml/min. The ad- 
sorbent in the cell must not contain any occluded air 
and must be packed as evenly as possible. This is best 
achieved by pouring slowly the granulated solid into 
the cell filled with a solvent, with gentle tapping of the 
block. 

In the present work, the flow of benzene was 0.3 ml/ 
min. and the flow of n-heptane was 0.4 ml/min. The flow 
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was maintained constant by passing the solvents under 
a constant pressure through a glass capillary. 

The amounts of injected substances adsorbed by the 
solid in the calorimeter cell were estimated by deter- 
mining heat effects produced by the same substances 
after they had left an identical cell, filled with the 
same adsorbent, as that in the calorimeter. The two 
cells were connected in series and the same solvent 
flowed through them. A part of the injected substance 
was adsorbed in the first cell. The retained part was 
desorbed slowly by the carrier liquid and usually pro- 
duced only a very small heat effect in the calorimeter 
cell. The part that was not adsorbed, however, entered 
the calorimeter cell without any delay and produced a 
heat effect similar to those produced by the substances 
injected directly. The amounts of the substances not 
adsorbed were obtained from relations, determined pre- 
viously, between different amounts of the substances 
injected directly and the heat effects they produce. 
The nonadsorbed part of the solute was then subtracted 
from the amount injected, which gave the quantity of 
solute adsorbed. 

In order to discover whether injections into the 
calorimeter of pure solvents produce any heat effects, 
20 ul amounts of benzene and n-heptane were injected 
into the solvents serving as carrier liquids. No meas- 
urable heat effects were detected. 


DETERMINATION OF WEAR-REDUCING PROPERTIES 


The wear tests were conducted in an EP Four Ball 
machine using a range of loads, the initial specific pres- 
sures between the test specimens being between 10,000 
and 25,000kg/cm?. The pressures were calculated by 
taking into account the Hertzian elastic deformation 
areas produced initially by the different loads. 

The conditions of testing were as follows: Load, 5 
to 80 kg; Sliding speed, 115 fpm (at operating speed of 
1500 rpm); Test time, 1 hr. All tests were carried out 
at room temperature. 

The test specimens were standard 52100 hardened 
steel balls of % in. diameter. The wear results were 
obtained in terms of wear spot diameters. These were 
converted into approximate volumes of metal worn by 
using a formula proposed by Antler (4) for wear scars 
below 1.5 mm diameter. 

The formula is: nd! 





. ae 


Where d and D are the diameters of the wear scar and 
the balls respectively and V is the volume of metal 
worn. The formula assumes that the worn material has 
the shape of a double-convex lens. 


Results 


HEATS OF ADSORPTION 


The results are presented in Tables 1-4. Tables 1 and 
2, 3 and 4 relate to the heats of adsorptions on alumina, 
silica gel, activated carbon and iron respectively. 


Most of the results were obtained by injecting into 
the carrier liquid (n-heptane or benzene) 20 ul of 1% 
solutions of a lubricant. One result in each table is 
given for an adsorption of 20 ul of a 10% mineral oil 
solution. This was done to illustrate differences in the 
heats of adsorption for increasing amounts of solutes 
adsorbed. 

In a number of cases, where the heats of adsorption 
were so large that there were difficulties in recording 
them, only 10 ul of 1% solutions were injected. This 
was necessary in particular for adsorptions of acids on 


TABLE 1 
Heats of Adsorption on Alumina 

















Heat of 
Solute adsorption 
adsorbed ay O°" Supine 
Solvent Solute %vol mg Xcal_cal/g 

n-Heptane Mineral oil (10%) 92 1.64 1.20 0.7 
Mineral oil (1%) >99 0.18 0.54 3.0 
Aromatic fraction >99 0.18 0.62 3.4 
Cetyl alcohol >99 0.08 5.40 67.5 
Stearic acid >99 0.10 5.08 50.8 
Oleic acid >99 0.09 5.20 57.7 

Cetyl amine >99 0.08 5.08 63.5 
Castor oil >99 0.19 3.89 20.4 

Benzene Mineral oil (10%) >99 1.78 1.27 0.7 
Mineral oil (1%) >99 0.18 0.13 0.7 
Aromatic fraction >99 0.18 0.46 2.6 

Cetyl alcohol >99 0.17 4.50 26.4 

Stearic acid >99 0.10 5.77 57.7 

Oleic acid — — _— — 
Ricinoleic acid — — — — 

Cetyl amine >99 0.17 6.03 35.4 

Castor oil >99 0.10 5.00 26.3 

TABLE 2 
Heats of Adsorption on Silica Gel 
Heat of 
Solute adsorption 
adsorbed 10-3 
Solvent Solute % vol mg xcal_cal/g 

n-Heptane Mineral oil (10%) 75 1.33 3.93 2.6 
Mineral oil (1%) 93 0.17 0.79 4.7 

Aromatic fraction >99 0.18 1.14 6.3 

Cetyl alcohol >99 0.08 7.72 96.3 
Stearic acid >99 0.20 2.61 13.0 
Oleic acid 99 0.18 8.72 48.4 

Cetyl amine >99 0.08 5.72 71.5 
Castor oil >99 0.19 5.42 28.5 

Benzene Mineral oil (10%) 78 1.39 0.64 0.5 
Mineral oil (1%) 95 0.42 0.22 0.5 
Aromatic fraction 95 0.17 0.49 2.9 
Cetyl alcohol >99 0.17 4.95 29.1 

Stearic acid 98 0.20 3.58 17.9 
Oleic acid 95 0.17 4.88 28.7 
Ricinoleic acid 95 0.18 8.62 47.8 

Cetyl amine >99 0.17 7.86 46.2 

Castor oil >99 0.19 3.84 20.2 




















Heat of Preferential Adsorption of Surfactants on Porous Solids 109 

















TABLE 3 
Heats of Adsorption on Carbon 
Heat of 
Solute adsorption 
adsorbed 10-3 

Solvent Solute % vol mg x cal cal/g 
n-Heptane Mineral oil (10%) 51 0.91 3.50 3.8 
Mineral oil (1%) 89 0.16 0.84 5.3 
Aromatic fraction 68 0.13 0.80 6.2 
Cetyl alcohol 86 0.15 10.02 66.6 
Stearic acid 98 0.20 2.68 13.4 
Oleic acid 80 0.14 4.65 33.2 
Cetyl amine 94 0.16 5.02 31.4 
Castor oil 80 0.15 1.32 8.8 
Benzene Mineral oil (10%) 46 0.82 6.40 7.8 
Mineral oil (1%) 78 0.14 1.45 10.3 
Aromatic fraction 63 0.12 1.70 14.2 
Cety] alcohol 71 0.12 3.93 32.7 
Stearic acid 89 0.18 6.35 35.3 
Oleic acid 81 0.14 6.47 46.2 
Ricinoleic acid 71 0.13 7.62 58.5 
Cetyl amine 96 0.16 8.62 53.9 
Castor oil 83 0.16 4.00 25.0 

TABLE 4 
Heats of Adsorption on Iron 
Heat of 
Solute adsorption 
adsorbed ae Ce 

Solvent Solute % vol mg xXcal_cal/g 
n-Heptane Mineral oil (10%) 53 1.06 0.53 0.5 
Mineral oil (1%) >99 0.18 0.19 1.1 
Aromatic fraction >99 0.18 0.31 1.7 
Cetyl alcohol 27 0.05 2.84 56.8 
Stearic acid 18 0.04 1.83 45.7 
Oleic acid 41 0.07 0.98 14.0 
Cetyl amine 70 0.12 2.88 24.0 
Castor oil 46 0.09 0.67 7.5 
Benzene Mineral oil (10%) 33 0.59 0.77 1.3 
Mineral oil (1%) 50 0.09 0.31 3.5 
Aromatic fraction 75 0.14 0.62 4.4 
Cetyl alcohol 60 0.10 0.83 8.3 
Stearic acid 28 0.06 2.02 33.7 
Oleic acid 42 0.08 0.73 9.1 
Ricinoleic acid 53 0.10 1.23 12.3 
Cetyl amine 40 0.07 2:35 39.3 
Castor oil 61 0.12 0.45 3.8 





alumina, for which the large heat effects may have 
been due to chemical interaction. 

The amounts of adsorbed substances varied there- 
fore from about 0.1 to 2 ul, but for a majority of ex- 
periments the amounts were about 0.2 yl. The solutions 
were prepared by adding 1 part by volume of the solutes 
to 9 or 99 parts of the solvents. The solids were placed 
in the solvents until 1% increase in volume resulted. This 
was followed by shaking until clear solutions were 
obtained. The volumes were measured to the nearest 
0.02 cc. The weight of the materials adsorbed was ob- 
tained by multiplying the volume of the solutes by their 
densities at 20° C, which were as follows: Mineral oil, 


0.89 g/ml; “Aromatic” fraction, 0.92 g/ml; Oleic acid, 
0.90 g/ml; Stearic acid, 1.00 g/ml; Cetyl alcohol, 0.84 
g/ml; Cetyl amine, 0.84 g/ml; Castor oil, 0.95 g/ml; 
Ricinoleic acid, 0.95 g/ml. 

The amounts of solid adsorbents used in the experi- 
ments were as follows: Alumina, 0.20g; Silica gel, 
0.20 g; Activated carbon, 0.17 g; Iron, 0.65 g. 

The adsorbents occupied the same volume of 0.170 ml 
in the calorimeter cell. The surface areas available for 
adsorption were therefore 22, 70, 147, and 4 m?/g for 
alumina, silica gel, carbon, and iron respectively, as- 
suming that the areas measured by nitrogen adsorption 
are applicable. It can be easily calculated that for the 
first three solids the amounts of the substances adsorbed 
are considerably less than the amounts necessary to 
form a monomolecular layer on the surface. This is 
probably also true for iron, which had the lowest surface 
area. In this case the percentage of the surface covered 
by the adsorbed molecules, occupying areas between 
20 and 200A? and having molecular weights of the 
order of 300, would not exceed about 20%. This ap- 
plies to 0.2 mg quantities of adsorbates. The only ex- 
periments in which a larger coverage of the surfaces 
may have occurred were those in which 0.5 to 1.0 mg 
quantities of mineral oil were adsorbed on iron. For 
the other adsorbents the surface coverage ranged prob- 
ably between 0.5 and 5%. 


Precision of Results 


Repeatability of the determinations of the heats of 
adsorption was not more than + 5% of mean values 
for all levels of magnitude. Duplicate determinations 
were obtained for all adsorptions. 


WEarR TESTS 


The volumes of metal worn at specific loads ranging 
from 10,000 to 22,000 kg/cm?, for the different lubri- 
cants examined, are represented graphically in Figs. 
4—6. Figure 4 gives results for mineral oil, its “aromatic” 
fraction (aromatic hydrocarbons and sulphur com- 
pounds) and castor oil. Wear reductions achieved by 
10% by weight solutions, or suspensions, of surfactants 
in an “aromatic” free mineral oil (medicinal paraffin 
oil) are shown in Figs. 5 and 6. Fresh solutions were 
used for the tests under different loads. The loads ap- 
plied were increased until a load was reached under 
which an initial seizure occurred. At this load friction 
between the balls increased suddenly and so did the 
wear scar diameters. The arrows in the figures indicate 
the loads under which the initial seizure occurred. 

There is also another critical load in the wear-load 
curves at which the rate of wear accelerated markedly. 
This is visible especially in Fig. 4 for the mineral oil, 
and its “aromatic” fraction and castor oil. 


Precision of Wear Tests 


A number of repeat runs was made on 7 different o'ls 
(26 tests in all) and the results analyzed to fix 95% 
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Fic. 6. Wear-load diagrams for 10% solutions of long-chain 
polar compounds in saturated hydrocarbons. Effect of structure 
of long-chain. 


confidence limits. The limits for a single determination 
of wear spot diameter were found to be + 0.079 mm 
and for mean of two determinations + 0.056 mm. The 
errors for the volumes of the metal worn are relatively 
small for the wear scar diameters between 0.2 and 0.6 mm 
and then become progressively larger as the diameter 
increases. Errors for the volumes corresponding to wear 
scar diameters between 0.2 to 0.6 and 0.6 to 0.9 are not 
greater than 18 and 63 cm* < 10~® respectively. 


Inspection of results shown in Tables 1-4 shows that 
the long-chain compounds with polar groups have much 
higher heats of adsorption than the mineral oils and 


castor oil. This applies to adsorptions on all adsorbents 
from both n-heptane and benzene solutions. The dif- 
ference suggests that the polar long-chain compounds 
form more stable films on the polar solid surfaces than 
the mineral oils and castor oil. Comparison of the dif- 
ferent wear curves in Figs. 4-6 shows that the latter 
substances tend to give much more wear at pressures 
above about 14,000 kg/cm? (15 kg of applied load) than 
the solutions of the long-chain compounds. Also, the 
mineral oil, which produced the highest wear rate, gave 
the lowest heats of adsorption on all the adsorbents ex- 
amined. Higher heats of adsorption were given by the 
aromatic fraction of the mineral oil, and its wear reducing 
properties were definitely more pronounced (see Fig. 4). 
Castor oil gave even greater wear reduction than the 
aromatic fraction, and its heats of adsorption were 
higher than those for the latter material, with the ex- 
ception of the heats of adsorption from benzene on iron 
where they were of the same order of magnitude. 

There are indications therefore that there is a general 
correlation between the heats of adsorption of a sub- 
stance on different types of solid surfaces and its wear 
reducing ability. 

The wear-load diagrams for the solutions of long- 
chain polar compounds show, first of all, that these 
compounds have considerable wear reducing effect on 
the sliding steel balls. This is clearly visible especially 
when the wear curves are compared with that for the 
mineral oil. 

The wear reducing action is remarkable in view of 
very high pressures under which the sliding takes place 
(12,000 to 18,000 kg/cm? or 175,000 to 265,000 psi). It 
must be stressed that some wear occurred even at the 
lowest loads employed, so that there was no complete 
separation between the steel surfaces. It is likely as 
suggested by Bowden (1) that some surface asperities 
protrude through the film attached to the surface and 
are rubbed off. Nevertheless films formed by the long- 
chain compounds appear to eliminate any large scale 
metal to metal contacts and thus reduce wear consider- 
ably. That the adsorbed films of the materials examined 
in this work can reduce both friction and wear under 
high specific loads has been found previously by Zisman 
(5), who used a wear apparatus in which a % in. diam- 
eter stainless steel ball was sliding on a glass plate. 
Zisman has shown that there was a very substantial 
wear reduction by the monolayers at pressures as high 
as 107,000 psi. The present work shows that the wear 
reduction by the long-chain compounds for the rubbing 
hardened steel balls takes place at pressures that are 
250% higher. Initial seizure occurs for all the long- 
chain compounds at loads of 40 kg corresponding to a 
pressure of 18,100 kg/cm? (265,000 psi), with the ex- 
ception of cetyl amine for which the seizure occurs at a 
pressure of 21,800 kg/cm? (320,000 psi). The loads at 
which the seizures occur correspond most probably to 
some catastrophic destruction of wear-reducing films. 
The destruction may be simply desorption of the ad- 
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sorbed molecules at a high temperature prevailing near 
the rubbing area. It may be expected that the tempera- 
ture increases gradually with increasing load and in- 
creasing wear spot diameters, until a point is reached at 
which destruction of the wear-reducing films occurs. 

The results indicate that the long-chain amine is the 
most effective wear-reducer. Inspection of the other wear- 
load curves suggests that the order of wear-reducing 
effectiveness for the long-chain compounds with dif- 
ferent polar functional groups is: 


Cetyl amine >stearic acid >cetyl alcohol. 
For the different acids examined the order is: 
Stearic acid >oleic acid >ricinoleic acid. 


It is interesting to note that stearic acid in the latter 
series is the only substance giving solid-condensed films 
on polar surfaces at room temperature. The other ma- 
terials tend to form liquid expanded films. This con- 
firms previous reports on the greater wear-reducing 
ability of solid-condensed films over those of liquid ex- 
panded films, the latter films being more easy to pene- 
trate than the dense solid films (6). 

The order of wear-reducing effectiveness in the first 
series agrees with that reported by Zisman (5). In this 
connection it is also interesting to note that Fowkes (7) 
reported that the strength of adsorption of the long- 
chain compounds from oil on carbon steel is in the 
order: 

Amine >acid >alcohol. 


This order agrees with the wear-reducing effectiveness 
for compounds examined in this work. 

The heats of adsorption correlating best with the 
wear-tests in the Four Ball machine are those for ad- 
sorptions from benzene on iron. The correlation is shown 











TABLE 5 
Correlation between Heats of Adsorption and Wear Reduction 
Wear 
Heat of Volume metal Initial 
adsorption from worn at seizure 
benzene oniron, 16,800 kg/cm?, load, 
Lubricant cal/g 10-8 x cm? kg 
Mineral oil 3.5 8.5 40 
Aromatic fraction 4.5 3s 40 
Castor oil 3.9 4.3 70 
Cetyl alcohol 8.0 2.4 40 
Stearic acid 36.0 0.8 40 
Cetyl amine 38.5 0.4 60 
Oleic acid 9.6 1.7 40 
Ricinoleic acid 12.3 1.9 40 





in Table 5. There are two main observations that can 
be made for this correlation. Firstly, the order of the 
heats of adsorption is in line with the wear-reducing 
effectiveness of all the lubricants examined at pressures 
ranging between 10,000 and 18,000 kg/cm?. 

In the second place, the magnitude of the differences 
between the values of the heats of adsorption often has 


a definite relation to the difference in the wear-reducing 
effectiveness. Thus the difference between the wear- 
reducing effectiveness of stearic acid and cetyl alcohol 
is bigger than that between stearic acid and cetyl amine. 
The heats of preferential adsorption for the latter pair 
are not very different (36.0 and 38.5 cal/g), but con- 
siderable difference exists between stearic acid and cetyl 
alcohol (36.0 and 8.0 cal/g respectively). For the fatty 
acids examined, the wear results indicate that there 
should be a greater difference between stearic acid, on 
one hand, and oleic and ricinoleic acids taken together, 
on the other, than the difference between oleic and 
ricinoleic acids. This indication is borne out by the 
heats of adsorption as given in Table 5. 

Another factor, which is probably of some importance 
for wear reduction, and noticeable for the adsorptions 
on iron from both n-heptane and benzene, is the per- 
centage of the injected material adsorbed on iron. It 
can be seen in Table 4 that the amount of cetyl amine 
adsorbed from benzene is greater than the amount of 
stearic acid. The same is true for the adsorptions from 
n-heptane, where the difference is even greater. These 
results indicate that the rate of adsorption of the amine 
on iron is higher than it is for stearic acid, so that for 
a given time in which iron is placed in contact with 
the adsorbates (15-30 sec) more of the amine is ad- 
sorbed. 

At can be expected therefore that when these polar 
compounds are present between rubbing metal surfaces, 
with parts of the surfaces being worn and fresh surfaces 
formed continually, cetyl amine will tend to form pro- 
tective film more quickly on the new surfaces and thus 
would give better protection against wear. 

An apparently paradoxical result for the adsorptions 
from n-heptane, where the heat of adsorption for cetyl 
amine is lower than the heat for stearic acid, in contrast 
to the respective amounts of the compounds adsorbed, 
is probably due to decreasing differential heat of ad- 
sorption with surface coverage. It is likely that if the 
amount of stearic acid adsorbed were the same as that 
of cetyl amine, its heat of adsorption would be lower 
than that of the amine. The same is probably true for 
cetyl alcohol. 

Therefore, in all probability, both the rate and heat 
of adsorption influence wear-reduction by the adsorbed 
surfactants. The two factors may or may not reinforce 
each other. For example cetyl amine gives relatively 
high heats and rates of adsorption on iron (cf. Table 
4). This is not true for stearic acid, which gives rela- 
tively low rates of adsorption although its heat of ad- 
sorption is high. The latter outweighs the disadvantage 
of the low rates of adsorption and confers good wear- 
reducing properties to stearic acid. On the other hand 
mineral oils, for which there are relatively high rates 
of adsorption, give low heats of adsorption. In this case 
the adsorption rate is of secondary importance. The 
same applies to the adsorptions of oleic acid and castor 
oil. 
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Comparing the heat effects for adsorption from n- 
heptane and benzene on iron and other adsorbents it is 
evident that they are radically influenced by the chemi- 
cal nature of solvents. A notable example of this effect 
is cetyl alcohol and its heats of adsorption from m-hep- 
tane and benzene on iron, the heats of adsorption from 
benzene being relatively low and differing greatly from 
the very high heats of adsorption from n-heptane. It can 
be explained tentatively that the solvent effect is due 
to different degrees of association of the surfactant 
molecules with those of the solvent both in solution and 
on the surface. Thus the solvents favoring high degrees 
of association would make the solute molecules less free 
to be adsorbed or else its admixture in the film would 
make it less stable. In general, although the exact role 
played by the solvent in the adsorptions is not well 
understood, there is little doubt that the performance 
of the wear-reducing compounds in practice would de- 
pend on the nature of solvent. The elucidation of the 
solvent effect deserves therefore further study. 

As the heats of adsorption of the surfactants from 
benzene on iron correlate better with the wear results 
than the heat of adsorption from n-heptane, it would 
appear that the surfactants interacted with benzene 
molecules in a way which was similar to the interaction 
with the molecules of the paraffin oil used as a solvent 
in the wear tests. 

Of course, it has to be accepted that the correlation 
would not hold if the solvent in the wear tests was 
different. Work is being carried out at present by the 
author in which the heats of adsorption are determined 
from a wider range of solvents and the same solvent 
used in the wear tests. The results will be reported in 
the near future. 

Adsorbents other than iron, examined in the present 
work, gave heats of adsorption which were not in the 
same order as the wear-reducing effectiveness of the 
adsorbed substances. 

Heats of adsorption from benzene on activated carbon 
correlate well with wear for the compounds with dif- 
ferent functional groups, but not for the different fatty 
acids. This limited correlation is lost for the adsorptions 
from n-heptane, where cetyl alcohol gives very high 
heat of adsorption. 

Heats of adsorption on silica gel are, as expected, very 
high for relatively basic compounds, such as cetyl 
amine and cetyl alcohol. In most cases at least 99% 
of the substances injected are adsorbed from both sol- 
vents. The values of the heats of adsorption from ben- 
zene for this strongly acidic adsorbent are in the follow- 
ing order: 

Amine >alcohol >acid. 


This order is the same as that reported by Fowkes (7) 
for the strengths of adsorption of similar compounds on 
stainless steel which is stated to have acidic surfaces. 
It may be, therefore, that the heats of adsorption on 
silica gel would be useful for the prediction of wear 


that would occur between metal surfaces possessing 
acidic surfaces. 

Similar considerations apply to the heats of adsorp- 
tion on alumina. In this case the acids gave the highest 
heats of adsorption, as would be expected in view of the 
basic nature of the surfaces of alumina. The order of 
the heats of adsorption from benzene for the long-chain 
compounds with different functional groups is: 


Acid >amine »alcohol. 


This order agrees with the strengths of adsorption re- 
ported by Fowkes for aluminum surfaces. The order of 
the heats of adsorption from n-heptane solutions is how- 
ever different, and in fact relatively little differentiation 
is shown. 


In general the heats of adsorption from solutions in 
benzene for all the adsorbents investigated appear to 
correlate better with the wear-reducing effectiveness of 
the adsorbates than the heats of adsorption from n- 
heptane. Any firm conclusions in this field will have to 
await further work using adsorbents with greater sur- 
face coverage and a wider range of solvents. 


Conclusions 


It is demonstrated that the heats of adsorption from 
benzene on iron correlate well with the wear-reducing 
ability of the adsorbates examined. This suggests that 
the effectiveness of the surfactants for wear reduction 
of the steel surfaces sliding under pressures ranging 
from about 10,000 to 20,000 kg/cm? would be predicted 
by studying their heats of adsorption on iron. 


In general it is concluded that the method employed 
has a great potential use in the field of correlation be- 
tween the heats of adsorption and wear for many dif- 
ferent combinations of rubbing surfaces and lubricants, 
with the exclusion of cases where a corrosive attack on 
the rubbing solid takes place without formation of a 
protective film. 
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Appendix — Heats of adsorption from solution 
THEORETICAL CONSIDERATIONS 


In the process of adsorption, the heat effect is due 
to a change in free energy of the solute which exchanges 
the environment of the solvent for that of the solid 
surface of the adsorbent (8, 9). 

A solution of substance A in solvent B is considered 
and it is assumed that the total number of moles present 
in the solution is mg + mg. 

When this solution is placed in contact with a solid 
adsorbent saturated with solvent B, adsorption of A 
occurs only if it is accompanied by a decrease of free 
energy. 

If p moles of A are adsorbed and r moles of B desorbed 
from the solid the total number of moles remaining in 
the solution after the process will be m, — p + mg +r. 

Thus the concentration of A in mole fractions in the 
solution decreases from 


Ma m,—p 








ainoete nih ie = Xe 
ms + Mp m+map—p+r 
and that of B increases from 
my myp+r 
Se ae ee = Te 
ms, -+ Mp ° "ms + mp—ptr 


where X, Y and Xe, Ye are the mole fractions of A and 
B in the solution before adsorption and at equilibrium 
after adsorption, respectively. Thus the adsorption and 
desorption processes continue until equilibrium concen- 
trations of A and B, given by Xe and Ye respectively, 
are reached. 

The total change in free energy of the system is com- 
posed of four main factors, i.e. those due to adsorption 
of A, desorption of B, decrease in concentration of A in 
the solution and increase in concentration of B in the 
solution. If the energy of the surface covered by solvent 
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B is represented by rSpyp and that covered by solute 
A by pSaya, where S, and Sx, are the areas covered by 
one mole of the adsorbates, y, and yp, are the surface 
tensions of the adsorbent covered with molecules A and 
B respectively, the change in free energy of the surface 
on the preferential adsorption is pSay, — rSpys. 

The changes of free energy accompanying the decrease 
and increase in concentration of A and B in the solu- 
tion can be represented by: 


Xe Ye 
PRT In se and rRT In Y 
respectively where Xe <X, Ye >Y, R is the gas con- 
stant and T the absolute temperature. 
Thus the total change in free energy during the process 
of preferential adsorption is: 


X Y 
A E= pSaya—rSpys + PRT In = + PRT In [1] 


and the heat change in the process is given by the Gibbs- 
Helmholtz equation: 


AE=AH—TAS 

where A H = heat change during adsorption, [2] 
A E = free energy change during adsorption, 
A S = entropy change during adsorption. 


Usually the heat change is approximately equal to 
the change in free energy. In some cases however, the 
entropy change may be appreciable. In particular, this 
effect may be significant if the adsorbed molecules 
change the configuration they had in solution (9). 

The heat —A H lost by the system during the process 
of preferential adsorption is given by Eq. [3] obtained 
by combining Egs. [1] and [2]. 


Xe 
—AH= (PS.xa—rSove + PRT In <= [3] 


Ye 
+ rRT In ) —TAS 
Y 

For many adsorptions the difference between the first 
two factors of the free energy term is so large that the 
other factors are small in comparison. An example of 
this is the preferential adsorption of cetyl amine from 
solution in benzene on silica gel. Thus, 7.86 cal & 10-3 
of heat are evolved on adsorption of 0.17 mg of the 
amine and the heat of dilution of the same amount of 
amine in benzene is only 0.2 cal & 10-3. 


DISCUSSION 


W. E. Camppett (2745 Edgehill Road, Cleveland Heights 6, 
Ohio): 


It has been fairly well established by indirect methods that high 
strength of adhesion, other things being equal, is an important 
factor in determining the lubricity of a liquid organic lubricant. 





There is still much to be learned, however, as the preceding papers 
in this conference have clearly shown, concerning the quantitative 
relations between wear reducing ability and lubricant properties. 
The authors are to be congratulated in adding useful quantitative 
data relating to strength of adhesion to the store of knowledge 
available to the theorist. 
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However, a general relation is assumed between heat of ad- 
sorption from one solvent, and wear reducing ability of a lubri- 
cant or lubricant additive cannot be assumed nor can heat of 
adsorption be used as a criterion of lubricity without prior as- 
sumption of several additional factors. Water has a high heat of 
adsorption for iron but is a poor boundary lubricant. Liquid long 
chain alcohols, such as m-decyl alcohol, although they would 
be expected to give a high heat of adsorption have been shown 
by Bowden and Tabor to be poor boundary lubricants, whereas 
solid paraffins are quite good boundary lubricants below their 
melting points, although they would have a low heat of ad- 
sorption. Thus all the evidence to date points to the fact that 
heat of adsorption alone cannot be used as a criterion of lubricity 
in general. It is only where factors such as molecular chain 
length, configuration, and cohesion are taken into account that 
a general relation can be established. Much work remains to be 
done before this complex problem can be solved. 

There is no a priori reason to assume, as the author has, that 
adsorption from benzene or iron should correlate better with 
wear reduction by the adsorbate on iron than adsorption from 
heptane. In fact, quite the contrary. Why was not the base oil, 
perhaps freed of polar impurities by available chromatographic 
techniques, considered as the solvent? 

It has been shown by Zettlemoyer et al. that the presence of 
adsorbable impurities in solvents and of a variable thickness of 
adsorbed water on the solid, can make a very large difference in 
the strength of adsorption. Unless these conditions were carefully 
standardized, differences in adsorptive capacity, such as those 
found for different solvents, would be expected. Can the author 
say what experimental precautions were taken in this regard? 


AvuTHOR’s CLOSURE: 


Low-molecular weight polar organic substances which show 
poor wear-reducing properties, such as n-hexyl alcohol, cyclo- 
hexanol and n-hexanoic acid have been examined by me recently 
and shown to have much lower heats of adsorption from ben- 
zene than the normal alcohols and acids containing more than 
12 carbon atoms in the chains. Solutions of the low-molecular 
weight compounds in medicinal paraffin oil and decalin have been 
tested in the four-ball machine and shown to be much less 
effective in wear reduction than the solutions of cetyl alcohol 
and stearic acid. The heat of adsorptions of ethyl alcohol, iso- 


propyl alcohol, and acetic acid are also relatively low. Thus it 
appears that in general the long-chain compounds give con- 
siderably higher heats of adsorption on iron than the polar 
alcohols and acids having low molecular weights. The comparison 
of water with the substances examined in this work cannot be 
made because of the very low solubility of water in organic 
solvents. 

It is doubted whether the solid paraffins would have very high 
heats of adsorption on iron (or for that matter adhesion to iron 
surfaces). It must be remembered, however, that slightly oxidized 
solid paraffins, such as most commercial paraffin and microcrystal- 
line waxes, may show a significant wear reducing capacity. 

The values of the heats of adsorption from benzene solutions 
depend in part on the configuration and cohesion of the adsorbed 
molecules; in particular the high heat of adsorptions observed 
for the long chain compounds is probably caused by a decrease 
of entropy accompanying the formation of ordered arrangements 
of the methylene chains on the iron surface. 

The heat of adsorption from solution depends also on the 
degree of association of solute molecules and formation of mixed 
solute/solvent adsorbed films on the surface. It is not surprising 
therefore, that the same solutes dissolved in different solvents 
often give different values of heats of adsorption. 

The correlation of the heat of adsorption from benzene with 
wear reduction was observed, not assumed a priori. It appears 
that benzene as a solvent for long chain polar compounds is 
more similar to the medicinal paraffin oil, which was the solvent 
used in the wear experiments, than is -heptane. 

The paraffin oil was not used as a solvent for the adsorption 
experiments because its relatively high viscosity made it difficult 
to maintain sufficiently high rate of flow through the iron powder 
in the calorimeter. I have carried out some work recently with 
decalin and hexadecane as solvents for both adsorption and 
wear experiments. The results obtained for these two solvents 
give very good correlation of heats of adsorption with wear in 
the four-ball machine below the initial seizure loads. 

The solvents used in the previous experiments were dried with 
metallic sodium and passed through silica gel. Reproducible re- 
sults were obtained for different batches of iron powder used in 
day-to-day experiments. It was observed, however, that wet 
solvents used as carrier liquids gradually “poisoned” the surface 
of iron, which resulted in decreasing heats of adsorption for the 
surfactants examined. 
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Preparation, Properties, and Some Applications of 
Super-Refined Mineral Oils 


By E. E. KLAUS,’ E. J. TEWKSBURY,? and M. R. FENSKE®* 


Super-refined mineral oils are high quality hydrocarbon fluids prepared, in good yield, from the 
conventional lubricant fractions of petroleum. Processes involved in the preparation of these ma- 
terials include distillation, solvent extraction, deep dewaxing, exhaustive hydrogenation, and acid 
extraction. The processing is designed to optimize viscosity-temperature and viscosity-volatility 
relationships, additive susceptibility, and low temperature fluidity. Resultant hydrocarbon fluids 
exhibit a liquid range of —75F to above 700F, good thermal stability to 700 F, excellent lubricity 

properties, and additive response (for foaming, oxidation, corrosion, wear, and lubrication) of the 
| same order of magnitude as the high quality organic esters. The super-refined mineral oils show 

unusual low temperature viscosity properties and blending characteristics. Measured —65F 
| viscosities are, in some cases, less than half the value predicted from the ASTM viscosity-tempera- 
ture chart. Blends of these fluids with selected polymeric thickeners and esters show better than 
predicted viscosity-temperature properties. Formulations based on these deep-dewaxed, super- 
refined mineral oils appear to be particularly attractive for applications such as high temperature 
hydraulic fluids, gas turbine lubricants, automatic transmission fluids, transaxle lubricants, and 





instrument oils. 


Introduction 


THE last decade can be characterized as a period of 
development of synthetic hydraulic fluids and lubricants. 
These tailor-made fluids provide advantages over con- 
ventionally refined mineral oils in properties such as 
liquid range, viscosity-temperature characteristics, low 
temperature fluidity, viscosity-volatility characteristics, 
oxidation stability, blending characteristics, and additive 
susceptibility. Many of the synthetic fluids do have some 
property limitations when considered for the tempera- 
ture range of —65 F to 700 F. 

A critical comparison of mineral oils and the synthet- 
ics over this wide temperature range has been presented 
previously (1, 2). The excellent lubricity and stability 
characteristics of the mineral oil in the 500 F to 700 F 
range, as well as the economic advantages of the petro- 
leum raw material, suggest a thorough study of mineral 
oil processing. An interim report on this study was pre- 
sented in October 1959 (3). An expansion of this study 
is the subject of this paper. 
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Super-refining is the term used to describe the ad- 
ditional processing of conventionally refined mineral 
oils to optimize the fluids’ properties. Improvement in 
both chemical and physical properties is involved. Distil- 
lation and deep dewaxing are employed primarily to 
improve the physical properties, while extraction and 
hydrogenation have the greatest effect on the chemical 
properties. Super-refining techniques have been success- 
fully applied to paraffinic, naphthenic, and aromatic 
mineral oil fractions (3). Much of the work reported 
in this paper has been concentrated on the paraffinic 
type mineral oil since this class provides the best over- 
all physical properties for wide temperature range fluids 
and lubricants. 


Viscosity-volatility relationships 


Viscosity-volatility and viscosity-temperature prop- 
erties are closely related. These properties of fluids and 
lubricants have become more critical because of current 
trends in lubricant formulations and applications. Studies 
show that lubricant consumption is, in many cases, a 
function of volatility. This is particularly true in cases 
of reduced pressure or high altitude applications. Volatil- 
ity can also significantly influence boundary lubrication 
behavior. 

The use of polymeric additives and synthetics for 
wide temperature range applications has placed increased 
emphasis on fluids with good viscosity-volatility relation- 
ships. These relationships are illustrated in Fig. 1. Here 
viscosity is plotted as a function of normal boiling point. 
The mineral oils included in this figure are narrow boil- 
ing fractions which are comparable to the boiling range 
of the synthetics, including the esters and phenyl ethers. 
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TABLE 1 
Viscosity-V olatility Characteristics of Several Fluids 
C29 Neopentyl Dibasic 
Polyphenyl Super-refined Hydro- type acid 
ether mineral oil carbon ester ester 
Boil. Pt., F 824-835 775-800 785 800 800 
(760 mm. Hg) 
Viscosity (cs) 
at 500F (0.86) (0.86) (0.79) (0.81) (0.84) 
at 210F 6.37 4.05 3.39 3.44 3.34 
at 100F 75.1 20.9 14.7 14.8 12.7 
at OF —_ 600 (312) 260 193 
at —65F _ 57,100 —_ 14,900 8030 
ASTM VI —20 102 120 125 155 
ASTM Slope (210 to 100 F) 0.884 0.762 0.748 0.742 0.701 
Temp. at which fluids has a 
visc. of 10,000 cs, F +33 —45 (—54) —60 —67 
Pour Pt., F +15 —70 — <—75 —654 





@ Melting point. 


Pure hydrocarbons of the paraffinic, naphthenic, and 
aromatic types have also been included in the fluids 
surveyed. It should be noted that the viscosity-volatility 
relationships in all cases follow closely the viscosity- 
temperature characteristics of the fluid. That is, the 
esters, polyphenyl ethers, and pure hydrocarbons follow 
the same relationship as a narrow boiling super-refined 
mineral oil of comparable viscosity-temperature charac- 
teristics. 

These data indicate that all of the fluid types in- 
cluded in the study exhibit about the same viscosity 
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level at 400 F to 500F for a given boiling point. The 
effect of viscosity-temperature properties is emphasized 
at low temperatures. These effects are illustrated for a 
series of fluids in Table 1. 


Viscosity-temperature characteristics 


Viscosity-volatility studies indicate that a combination 
of narrow boiling range and good viscosity-temperature 
characteristics is required to equate the super-refined 
mineral oils and synthetics. Studies have been conducted 
to determine the quantities of high viscosity index (VI) 
products available in a conventional dewaxed (20F 
pour point) 180 Pennsylvania neutral (4). The neutral 
was fractionated by a series of vacuum distillations and 
subsequent solvent extractions. The resultant yields and 
viscosity-temperature characteristics are shown in Table 
2. A total of 32.3 weight per cent of the neutral exhibited 
a viscosity-index of 125 or higher. About 50 weight per 


TABLE 2 
The Cumulative Amounts of a Pennsylvania 180 Neutral Sep- 
arated by Distillation and Extraction into Fractions Having 
Definite Viscosity Index Ranges 








Weight % of Cumulative 

original weight % of 

VI Units oil original oil® 
—125 to —100 4.0 4.0 
— $9to— 75 2.5 6.5 
— 74to— 50 1.3 7.8 
— 49to— 25 1.3 9.1 
— 24to— 1 1.3 10.4 
Oto 24 2.3 12.5 
25 to 49 45 17.0 
50to 74 5.6 22.6 
75 to 99 94 32.0 
100to 124 33.3 65.3 
125to 150 32:5 97.6 





@ Loss 2.4%. 
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cent of the overall neutral could be reblended to produce 
a 125 VI oil. An overall dewaxing of a Pennsylvania 
20 F pour point, 180 neutral, shows a concentration of 
wax ranging between 15 and 20 per cent. Deep dewax- 
ing studies (—75 F) show a wax portion in all of the 
fractions. However, the higher viscosity-index fractions 
show a somewhat higher wax concentration than the 
overall neutral. Dewaxing selected fractions indicates a 
potential yield of 75 per cent oil (25 per cent wax) 
showing a viscous pour point from the portion of the 
neutral which could be reblended to a 125 viscosity in- 
dex. These data suggest a source of high viscosity index, 
low pour point mineral oils. 


Low temperature fluidity 


Good low temperature fluidity has been obtained 
from the mineral oils by solvent deep dewaxing. Pre- 
liminary studies show that most naphthenic and aromatic 
mineral oils as well as the paraffinic types contain solids 
or wax which interfere with the flow properties at low 
temperatures. All of these fluid types have been suc- 
cessfully dewaxed to obtain a viscous pour point. The 
viscous pour point for the mineral oils is equivalent to 
an extrapolated viscosity value of 200,000 to 500,000 
centistokes. 

Previous work has shown a correlation between the 
ASTM pour point and a viscosity value of 1.2 million 
centistokes for non-Newtonian polymer solutions in ester 
base stocks (5). The difference between 200,000 and 
1,200,000 centistokes for a mineral oil is equivalent to 
about 5 F to 10 F change in temperature. In other words, 
the viscosity values equivalent to an ASTM pour point 
are in good agreement for viscous liquids. 


Low temperature dewaxing 


Removal of waxes melting in the range of OF to 
—75F can be accomplished with solvent dewaxing. 
Solvent to oil ratios of the order of 8 to 1 are required 
for low temperature dewaxing to keep the viscosity at 
the dewaxing temperature low enough for convenient 
handling and filtration. Data are presented in Table 3 
to show the effect of solvent to oil ratio in improving 
oil yield. Methylisobutyl ketone is used in this study. 

Additional data illustrate at least four solvent systems 
which are effective in deep dewaxing. These solvents in- 
clude methylisobutyl ketone, methylisobutyl ketone- 
methylethyl ketone blends, toluene-methylethyl ketone 
blends, and toluene-acetone blends. With these solvent 
systems, conditions can be optimized for oil type and 
molecular weight to provide proper solubility character- 
istics to give a pour point at or near the dewaxing tem- 
perature. Solvent effectiveness changes with the mineral 
oil type and molecular weight. Incomplete oil solubility 
in the solvent at the dewaxing temperature leads to two 
liquid phases, a low yield of dewaxed oil, and filtration 
difficulties. Partial wax solution in the solvent yields a 
pour point higher than the dewaxing temperature. This 





TABLE 3 
Effect of Solvent Composition and Solvent-to-Oil Ratio on Deep 
Dewaxing Behavior® 











Solvent Pour het 
Solvent to oil Pt., Oil yield, 7 of charge 

composition ratio F actual theor.? 
MIK°*: MEK? 

1:0 3:3 —70 45 82 

1:0 6:1 —70 53 82 

1:0 8:1 —65 60 82 

3:1 8:1 —75 57 82 

733 8:1 —80 40 82 

1:3 8:1 —85 25 82 

0:1 8:1 —85 14 82 
Toluene: MEK° 

3:3 8:1 —70 42 82 

3:5 8:1 55 66 82 

1:1 8:1 —55 66 82 
Toluene: Acetone 

ee | 8:1 —65 26 82 

3 8:1 —55 68 82 

331 8:1 4s 60 82 
Acetone: Pentane 

$22 8:1 —25 71 82 

7:1 8:1 —45 18 82 





@ Test fluid: A super-refined paraffinic mineral oil fraction 
(14 Cs at 100F). 


Dewaxing temperature: —75 F. Note: All measurements are by 
weight. 


> Value is maximum yield of oil having a —75 F pour point. 


¢ MIK = Methylisobutyl Ketone; MEK = Methylethyl Ke- 
tone. 


latter case is illustrated by the pentane-acetone solvent 
combinations shown. 

It is interesting to note that after 1 to 168-hr storage 
periods at —70 F or below the wax phase shows no ap- 
preciable separation from the solvent-oil phase in the 
case of the paraffinic mineral oils studied. 


Character of the wax cake 


All of the successful solvent dewaxings produce a good 
yield of oil from a simple vacuum filtration. The data 
in Table 3 show that oil yields of 55 to 70 per cent are 
typical. In all cases, however, some oil is occluded in 
the wax cake. The oil occluded in the wax cake contains 
the same ratio of solvent to oil as does the oil obtained 
as the filtrate. This fact provides a convenient method 
for determining the theoretical oi] and wax yield from 
the material balance of the solvent in both the oil and 
wax phases. 

The occlusion of oil phase and solvent in the wax 
cake does have a profound influence on the volume and 
character of the wax cake. The wax cake from a typical 
paraffinic oil at 8:1 solvent to oil ratio has the overall 
consistency of ice cream at filtering temperatures but 
actually contains 15 per cent or less wax. A typical wax 
cake composition from a dewaxing test of high oil yield 
is one part wax, one part oil, and eight parts solvent 
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by weight. The wax appears to form an envelope around 
the oil and solvent so that melting and recooling this 
wax cake will not result in the formation of an oil phase. 
To recover the major portion of the occluded oil, further 
solvent dilution is required. 














TABLE 4 
Effect of Dewaxing Aids on Oil Yield® 
re aol Yield, wt. % of charge 
Test Fluid (by wt) actual theor.? 
Super-Refined Mineral 6:1 53 84 
Oil Fraction 8:1 64 84 
+ 5.0 Wt % Polymeric 
Dispersant (PRL Ac337) 6:1 75 84 
+ 5.0 Wt % Pour Depres- 
sant (PRL Ac345) 6:1 72 84 
+ 1.0 Wt % Dewaxing Aid 8:1 70 84 
+ 10.0 Wt % Activated 
Carbon 8:1 73 84 
@ Dewaxing conditions include: Solvent to oil ratio = 6:1 to 


8:1 using methylisobutyl ketone; dewaxing temp. = —65F to 
—75 F. 
b Value is maximum yield of oil having a —75F pour point. 


Data shown in Table 4 illustrate the methods used 
to improve oil yield and reduce the volume of the wax 
cake. The use of a polymeric pour depressant, a poly- 
meric dispersant, a commercially available dewaxing aid, 
or activated carbon shows a modest increase in oil yield 
and reduction in wax cake volume. A second solvent 
dilution and filtration of the wax cake is also effective 


in increasing the oil yield and reducing the wax cake 
volume. It is interesting to note in this latter case that 
the wax cake still contains a relatively low wax content. 
Much of the occluded oil from the original wax cake is 
replaced by additional solvent in this reworking process. 
A typical wax cake composition from this reworking pro- 
cess comprises 1 part wax, 0.25 parts oil and 5 parts 
solvent. 

These preliminary studies in low temperature filtra- 
tion were conducted with a batch type medium porosity 
sintered glass filter using suction to provide the filtra- 
tion rate. This unit was not designed for and is not 
particularly sensitive to filtration rate studies. The pre- 
liminary studies show that deep dewaxing does provide 
a high oil yield of low pour point and high viscosity in- 
dex. Further processing research is required to handle 
adequately the voluminous wax cake at low temperatures 
on a continuous basis. 


Properties of the dewaxed oil 


The dewaxed oil and the wax fraction are both at- 
tractive products from the super-refining of mineral 
oils. The final properties of these fluids are a function 
of the degree of refining prior to dewaxing, the fluid 
type, the temperature of dewaxing, and the efficiency 
of the wax-oil separation. Data in Table 5 show that 
for comparable properties of the original fluid, better 
viscosity-temperature properties are obtained for the 
deep dewaxed oil from the super-refined oil than from 
the conventionally refined material. This trend might 
be anticipated since either exhaustive hydrogenation or 


TABLE 5 


Properties of Some Deep Dewaxed Mineral Oil Fractions 














Vise. Visc. Index Yield, % of charge 
(Cs) at Ext.¢ Pour pt., occluded oil 
100 F Normal range F oil? fraction 
White oil fractions 
MLO 7344-14 32.5 105 a +20 - a 
Dewaxed at —65F — — — — 16.9 69.5 
Oil fraction 38.2 96 106 —55 — a 
MLO 7478-14 13.1 110 oo 0 _ _ 
Dewaxed at —80F — — _ _— 17.3 59.3 
Oil fraction 14.7 98 121 —65 -- —_— 
MLO 7478-20 19.2 121 a 0 — — 
Dewaxed at —80F _— — —_— —_ 23.9 50.3 
Oil fraction 22.5 102 126 —70 — — 
Conventionally refined oil fractions 
MLO 7358-7 20.6 92 a +15 _ _ 
Dewaxed at —65F — — _ — 17.4 69.7 
Oil fraction 23.3 72 97 5 — _ 
MLO 7525 21.9 119 — _ — _— 
Dewaxed at —65F — —_ —_ — 23 58 
Oil fraction 27.1 96 115 —55 — _ 





@ Calculated using viscosity-temperature characteristics of oils over the range of 210 to —40F 
or —65 F. 


> Occluded oil present in the wax fraction. 

















acid extraction tends to remove the components of poorer 
viscosity-temperature characteristics as well as any trace 
amounts of nonhydrocarbon impurities present. 
Hydrogenation converts the aromatics and other un- 
saturates to saturated materials. This, in most cases, 
raises the pour point and/or wax content of the oil. This 
suggests, therefore, that the deep dewaxing step should 
follow the other super-refining processes (acid extrac- 
tion or hydrogenation). It may be desirable to subject 
the deep dewaxed product to a light acid treatment as 
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a final step no matter which super-refining treatment is 
used initially. 

The physical properties of the dewaxed oil and the 
wax concentrate are compared with the original paraf- 
finic mineral oil in Tables 6 and 7. In every case the 
measured viscosity of the dewaxed oil at low tempera- 
tures is lower than the predicted viscosity obtained 
from the ASTM viscosity-temperature chart using the 
measured 100F and 210F viscosities. The lower the 
temperature at which the viscosity is measured, the 


TABLE 6 
Properties of Oil Fractions from Deep Dewaxed Mineral Oils 





Centistoke viscosity at 
































Viscosity index for ASTM 
—40F —65 F 100to —40to —65to Pour 
Test fluid 210F 100 F Calc.° Meas. % Dev. Calc.? Meas. % Dev. 210F 210 F 210 F Pt., F 
MLO 7358-7 3.95 20.6 —- — 92 — — +15 
Oil fract. 4.12 23.3 22,600 13,900 38.5 — 72 97 a= —55 
MLO 7526-10 343 14.9 — a 104 oo oo +35 
Oil fract. 3.53 17.6 — 128,000 72,500 43.4 79 — 97 —85 
MLO 7344-11 4.26 22.3 — — 108 ~ — +10 
Oil fract. 4.55 26.0 22,000 15,800 28.2 - 95 108 —- —55 
MLO 7470-15 3.12 13.1 — — 111 == — + 5 
Oil fract. 3.25 14.6 4,580 3,050 33.4 44,500 21,000 52.8 98 116 121 —70 
MLO 7470-25 3.84 18.3 _— a 115 — +5 
Oil fract. 4.05 20.9 11,000 6,870 37.5 131,000 57,100 55.7 102 122 127 —70 
MLO 7475 5.13 28.7 _ — 120 — — +15 
Oil fract. 5.54 35.1 —_ 660,000 287,000 56.5 104 —_ 120 —70 
@ Dewaxing conditions include: Solvent to oil ratio = 6:1 to 8:1 using methylisobutyl ketone; dewaxing temperature = —65 to 
—75 F. 
> Calculated using tables compiled by L. T. Eby (6). 
TABLE 7 
Properties of Wax Fractions from Deep Dewaxed Mineral Oils® 
a Composition? 
Visc. (Cs) at Vise. pt., Occluded 
Test fluid 210F 100 F index F Wax Oil 
MLO 7526-5 2.52 9.52 100 +40 _ _— 
Wax fraction 2.37 8.01 127 +62 58.3 41.6 
MLO 7470-5 2.58 9.67 108 +25 —_ _ 
Wax fraction 2.39 7.95 135 +50 60.7 39.3 
MLO 7470-25 3.84 18.3 115 +5 — _ 
Wax fraction 3.59 15.3 135 +38 50.1 49.9 
MLO 7475 5.13 28.7 120 +15 — — 
Wax fraction 4.95 26.1 129 +35 45.5 54.5 
MLO 7376-2 4.19 23.0 89 +15 —_ — 
Wax fraction (A) 3.74 17.4 117 +30 39.0 61.0 
Second dewaxing of initial wax 
fraction (A) 3.49 14.5 138 +50 74.7 25.3 
MLO 7433-5 2.54 9.60 102 +25 —_ —_ 
Wax fraction (B) 2.36 8.16 120 +35 56.6 43.4 
Second dewaxing of initial wax 
fraction (B) 2.19 6.81 141 +70 80.2 19.8 





@ Dewaxing conditions include: Solvent to oil ratio = 6:1 to 8:1 using methylisobutyl ketone; 


dewaxing temperature = —65 to —75F. 


> Values determined by material balance on solvent used in dewaxing. 
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greater the deviation between the measured and extra- 
polated viscosities. A measured —65 F viscosity of less 
than one-half the predicted viscosity can be obtained in 
deep dewaxed super-refined mineral oils. It should be 
emphasized that this trend is desirable and opposite 
from the general effects of polymeric additives and wax 
in conventional lubricant formulations. Substantially 
higher than predicted low temperature viscosities are 
obtained from waxy oils and conventional VI improvers 
(5). 

A number of synthetics have been studied which show 
the lower than predicted low temperature viscosities 
typical of the deep dewaxed paraffin. These synthetics 
include some materials of the following classes: the 
phosphate esters, the pentaerythritol esters, the carbo- 
nate esters, and the phthalate esters (5). All of these 
materials qualify as dense-centered molecules. That is, 
they all have substantial alkyl branching from a central 
portion of the molecule. The similarity in viscosity prop- 
erties between the deep dewaxed paraffinic mineral oil 
and these synthetics may also offer a suggestion concern- 
ing the type of molecular configurations involved. 

The conventional VI of the dewaxed oil phase is al- 
ways somewhat lower than that of the original fluid. 
However, in most cases the equivalent or performance 
VI calculated by using the viscosity-temperature charac- 
teristics based on measured —65 F and 210 F viscosities 
is higher than the conventional VI of the original fluid. 
The importance of this equivalent VI is emphasized by 
the fact that many of the military specifications for 
fluids and lubricants are based on measured viscosities 
at —65 F and +210F. More emphasis is being placed 
on measured low temperature viscosities by the projects 
of the ASTM and CRC in the areas of automotive crank- 
case lubricants and automatic transmission fluids. 

The wax fraction also exhibits interesting overail prop- 
erties. The wax fraction containing about one part of 
wax and one part of oil shows an increase in pour point 
of about 20 F to 25 F and a substantial increase in VI 
over the original fluid. These data are based on a start- 
ing fluid which has first been conventionally dewaxed to 
a OF to +20F pour point. The typical wax fraction 
from the one step dewaxing of 100 to 120 VI super- 
refined mineral oil has a 120 to 140 VI with a 25F to 
50 F pour point. The more concentrated wax fraction 
from the successive dewaxing operation shows a cor- 
responding increase in VI and pour point. These wax 
fractions offer a fluid for applications at room tempera- 
ture and above that shows properties directly competi- 
tive with the ester type synthetics. 

It should be emphasized that the wax and dewaxed 
oil fractions shown in Tables 6 and 7 were derived from 
starting materials in the 100 to 120 VI range. Prelimi- 
nary selective solvent extraction data indicate the avail- 
ability of stocks with better viscosity-temperature prop- 
erties. The dewaxing data available show the use of these 
improved stocks should result in substantial improve- 
ments in the properties of the derived oil and wax frac- 
tions. 
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Blends with deep dewaxed mineral oils 


Studies have been conducted to show that the prop- 
erties of the deep dewaxed mineral oils can be improved 
further by blending. Several blends of deep dewaxed 
oils with a polymeric dispersant are shown in Table 8. 


TABLE 8 
Low Temperature Properties of Polymer-Dewaxed Oil Blends 


% Visc. Incr. Due 
to Polymer at 





Polymer Viscosity (Cs) at 
Type Wt% 210F 100F —40F 210F —40F 


_ 4.12 23.3 13,900 —_ _ 
Ac 966 5.8 7.35 37.7 15,100 78 9 








—_— _— 5.33 35.3 37,600 _— — 
Ac 966 3.9 7.52 46.1 35,700 41 5 
— — 4.61 26.9 15,400 _ _ 
Ac 966 5.8 7.74 40.7 16,000 68 4 
_— - 4.35 25.7 20,600 — _— 
Ac 966 6.0 7.91 42.7 20,900 82 1 





@ Test fluids are narrow boiling fractions of super-refined 
paraffinic (deep dewaxed) stocks. 


These data show that a substantial viscosity increase at 
high temperature can be achieved with a smaller increase 
in low temperature viscosity. A larger increase in VI and 
a more substantial lowering of the —40 F viscosity over 
that predicted is obtained using this dispersant. 

The usual polymer effect at low temperatures is directly 
opposite from that noted here. This behavior suggests 
that the solubility of the polymer at low temperatures 
may be involved. This effect has been partially con- 
firmed by the use of this same material as a dewaxing 
aid as discussed previously. However, the dispersant 
polymer-oil blends give a constant viscosity value at 
low temperatures and show no visual evidence of separa- 
tion over several days storage time at —65F or lower. 


TABLE 9 
Properties of Some Ester-Mineral Oil Blends 





Composition of blend 
(conc. in wt %) 





MLO 7112 100 — -- 53 72 

MLO 7523 — 100 —_ 47 _ 

MLO 7558 — — 100 — 28 
Boiling range, F? 785 695-733 750-812 — _ 
Visc. (Cs) at 

210F 3.30 3.20 4.32 3.17 3.40 

100 F 12.6 14.4 23.2 12.4 13.6 

—oF 1390 3210 8990 == —_ 

—65F 8030 22,900 96,500 10,600 10,500 
Visc. index 

210 to 100 F 152 93 103 136 144 

210 to —65 F 152 117 121 136 149 
Cloud pt., F <—70 <—70 —50 —_ _— 
Pour pt., F <—70 <—70 -60 <—70 <—70 





® Test fluid: MLO 7112 = di-2-ethylhexyl sebacate; MLO 
7523 and MLO 7558 = dewaxed super-refined mineral oils. 
>’ 760 mm Hg. 
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The deep dewaxed mineral oil has also been used as 
a blending agent with esters as illustrated in Table 9. 
These data show excellent blending efficiency and low 
temperature compatibility for this ester-mineral oil com- 
bination. In all cases the viscosities of the blends fall 
below the viscosity values predicted by using the ASTM 
procedure for blends on the viscosity-temperature chart. 
This means that substantially larger mineral oil con- 
centrations than predicted could be used in a mineral 
oil-ester blend to meet specification limits for wide tem- 
perature range fluids and lubricants. The extent and 
nature of these unexpected blending effects are being 
studied further. 


Improved inhibitor susceptibility 


The area of inhibitor susceptibility can best be demon- 
strated with the stable life studies of oxidation inhibi- 
tors. Stable life is defined as the point, under given 
test conditions, at which there is a marked increase in 
rate of oxygen assimilation and change in the fluid’s 
properties. It is also in this area of oxidation stable life 
involving the temperature range of 200 F to 400 F that 
the superiority of ester-base synthetics over convention- 
ally refined mineral oils has been demonstrated in the 
practical fields of lubrication. 

Most conventionally refined mineral oil fractions con- 
tain polar impurities and unsaturated compounds, some 
of which function as natural inhibitors in an oxidative 
environment. The removal of these materials is the goal 
of the exhaustive hydrogenation or acid extraction step 
in super-refining. The removal of these natural inhibitors 
makes the resultant fluid more susceptible to oxidative 
deterioration, if synthetic inhibitors are not used. How- 


ever, the use of synthetic inhibitors in a super-refined 
mineral oil is much more effective than the use of the 
same inhibitor in combination with the natural inhibitors 
in a conventionally refined oil. In fact, previous work 
has shown the stable life with a given oxidation in- 
hibitor to be a more sensitive measure of the degree of 
removal of polar impurities and unsaturates than most 
other conventional chemical and physical measurements 
(7). 

The use of an all-out hydrogenation over a nickel 
catalyst alone and in conjunction with hydrodesulfuriza- 
tion operations has been studied by this Laboratory as 
a super-refining technique. The use of acid extraction in 
producing white oils is another well established tech- 
nique. Either process or combinations of the two can be 
utilized to attain the additive susceptibility desired. 

A comparison of the response of oxidation inhibitors 
in esters and in mineral oils at 347 F is shown in Fig. 2. 
Phenothiazine in di-2-ethylhexyl sebacate is used as 
typical of ester behavior. These data show that the use 
of synthetic inhibitors in combination with the conven- 
tional mineral oil (containing natural inhibitors) is in- 
effective in attaining good stable life. The use of phenyl- 
a-naphthylamine or cadmium diamyldithiocarbamate in 
the super-refined mineral oil shows excellent response 
which compares favorably with the ester response to 
phenothiazine. The lower neutralization number through- 
out the stable life of the mineral oil when compared 
with the ester, probably is a direct reflection of the fact 
that less oxygen is actually assimilated during the stable 
life of the super-refined mineral oil than is the case with 
the ester. Careful studies show a measurable rate of 
oxygen assimilation throughout the stable life of the 
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Fic. 2. Effect of super-refining on the oxidation stability of mineral oils. 

Test procedure and techniques in accordance with Spec. MIL-L-7808. 

Test conditions include: Test temp. = 347 +3 F; Test times as indicated; Air rate = 
5 + 0.5 liter per hr; Test fluid charged = 100 ml; and Catalysts = a 1-in. square each of 
copper, steel, aluminum, and magnesium. A—Super-refined mineral oil A +-dithiocarba- 
mate additive; B—Super-refined mineral oil B+ dithiocarbamate additive; C—Di-2- 
ethylhexyl sebacate + phenothiazine: D--Shaded area indicates values for conventionally 


refined mineral oils with synthetic inhibitor. 
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ester which is at least five times that shown by the 
super-refined mineral oil. 

The extreme sensitivity of super-refined mineral oils 
to small concentrations of polar impurities or unsaturates 
is illustrated in Table 10. The three successive hydro- 
genations shown result in only insignificant changes in 
physical properties, and show little if any evidence of 
hydrogen assimilation (7). The effect on stable life, 
however, is appreciable. 

The same significant effects on stable life can be 
demonstrated by deliberately contaminating a super- 
refined mineral oil. Data are shown for the stable life 
of a fluid containing dithiocarbamate and the same fluid 
after the addition of one weight per cent of a conven- 
tionally refined paraffinic neutral. This contamination 
causes a reduction to about two thirds the original stable 
life of the fluid. 

Peroxides or oxidation products in a super-refined 
mineral oil can be shown to be effective in reducing in- 
hibitor susceptibility. Test fluid MLO 7607 was pre- 
pared by hydrogenation to give a stable life of 140 hr 
with phenyl-a-naphthylamine (PAN). After about a 
year’s storage in a glass screw-cap bottle without an 
oxidation inhibitor, the stable life of MLO 7607 with 


PAN had dropped to about 65 hr. Percolation of the 
storage sample through alumina for the removal of 
oxygenated materials gives a sample which exhibits a 
stable life of 140 hours with PAN inhibitor. A similar 
sample stored with 50 ppm of an oxidation inhibitor, 
shows no loss in stable life with PAN after a year’s 
storage. 

Percolation of a hydrogenated sample through alumina 
will not result in an increase in oxidation inhibitor sus- 
ceptibility equivalent to that obtained by further hydro- 
genation. 

These data clearly demonstrate the improved inhibitor 
response of the super-refined mineral oil and the sen- 
sitivity of this inhibitor to small quantities of polar im- 
purities. 

The blends of super-refined mineral oils and the ester 
have also been evaluated in the 347 F oxidation pro- 
cedure for 72 hr (Table 11). This is the oxidative test 
severity used in Spec. MIL-L-7808 for jet engine lubri- 
cants. The super-refined mineral oil and the mineral 
oil-ester blends show excellent oxidation resistance, 
which is somewhat better in some respects than the 
ester fluid shown. The ester-mineral oil blends show 
less dirtiness, metal coating, and neutralization number 








TABLE 10 
Effect of Super-Refining on Inhibitor Susceptibility 
Oxidation 
inhibitor Stable 
added, life,@ 
Test fluid Treatment wt % hr 
Conventionally refined 
neutral First hydrogenation 1.0 PAN® 30 
Second hydrogenation 1.0 PAN® 90 
Third hydrogenation 1.0 PAN? 140 
Super-refined mineral 
oil (MLO 7470) None 1.0 DTC® 430 
+ 1.0 wt % convention- 
ally refined oil 1.0 DTC? 260 
+ 1.0 wt % additive 
solvent? 1.0 DTC? 240 
Super-refined mineral 
oil (MLO 7607) None 1.0 PAN® 140 
1 yr storage 1.0 PAN® 65 
Storage sample plus 
alumina treatment 1.0 PAN® 140 
Super-refined mineral None 1.0 PAN® 130 
oil containing 50 
ppm inhibitor 1 yr storage 1.0 PAN® 125 


(MLO 7519) 





@ Test procedure and techniques in accordance with spec. MIL-L-7808. Test conditions include: 
Test temp. = 347 + 3 F; test time as indicated; air rate = 5 + 0.5 liter per hr; test fluid 
charged = 100 ml; and catalysts = a 1-in square each of copper, steel, aluminum, and magnesium. 
Stable life is defined as the point, under these conditions, at which there is a marked increase in 
rate of oxygen assimilation and change in properties. 

b PAN = Phenyl-a-naphthylamine; DTC = Dithiocarbamate. 

¢ The Dithiocarbamate additive used in this test was supplied as a 50 wt % solution in a 


conventionally refined mineral oil solvent. 
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TABLE 11 
Effect of Mineral Oil Dilution on the Oxidation and Corrosion Characteristics of an Ester Base 
Stock at 347 F@ 





Test fluid composition 
(conc. in wt %) 


Di-2-ethylhexyl sebacate + 





0.5 phenothiazine 100 a 50 50 
Super-refined mineral oil + 
1.0 phenyl-a-naphthylamine oo 100 50 50 
Overall liquid loss, wt % 3 2 0 0 
% Change in centistoke visc. at 100 F +1 +7 +3 +3 
Neut. No. (mg KOH/gm oil) 
original 0.2 0.0 0.1 0.1 
final 1.1 0.1 0.3 0.2 
ASTM union color 
original 2 2 4 4 
final >8 6 
Wt % oil insoluble material 0.4 0.1 0.1 0.1 
Final catalyst condition 
Appearance 
copper coated dull dull dull 
steel dull dull dull dull 
aluminum dull bright bright bright 
magnesium coated bright dull dull 
Wt loss (mg/sq cm) 
copper +0.12 0.02 +0.02 0.02 
steel +0.05 0.00 0.05 +0.04 
aluminum +0.03 +0.02 0.02 +0.01 
magnesium +0.12 0.02 0.05 0.02 





@ Test procedures and techniques in accordance with spec. MIL-L-7808. Test conditions in- 
clude: Test temp. = 347 +3F; Test time = 72 hr; Air rate = 5+0.5 liters per hr; Test fluid 
charged = 100 ml; and Catalysts = a 1-in. square each of copper, steel, aluminum, and magnesium. 


change than the ester and, in these properties, more 
nearly resemble the super-refined mineral oil. 

The super-refined mineral oil shows good response to 
other additive types including antifoam, lubricity, dis- 
persant, and anticorrosion additives. It should be em- 
phasized, however, that additive effectiveness cannot 
adequately be predicted for super-refined mineral oils 
from studies with conventionally refined stocks. 


Thermal stability 


The term thermal stability refers to the fluid behavior 
as a function of temperature under an inert atmosphere. 
The thermal stability of the conventionally refined min- 
eral oils is as good as or better than that of most of the 
synthetics. Super-refining enhances the thermal stability 
properties of the mineral oil as shown in Table 12. These 
data also illustrate the advantages of these mineral oils 
over the esters in thermal stability. The formation of 
insolubles, corrosive materials, and gaseous products are 
some of the undesirable results of thermal degradation. 

In the presence of steel, the esters have a lower tem- 
perature threshold of thermal decomposition and their 
decomposition products tend to be corrosive and form 
insolubles. The conventional mineral oil shows a higher 


threshold of thermal deterioration and only very slight 
tendencies to corrode metals and form insoluble ma- 
terial. The super-refined mineral oils show no corrosion 
or insolubles indicating that these properties are the 
contribution of the polar impurities in the mineral oil. 
The formation of volatile decomposition products is 
common to all of the materials tested at or above the 
temperature of incipient thermal degradation. In the 
case of the mineral oil, this decomposition can be viewed 
as a time-temperature function. Under an inert atmos- 
phere, a useful life of the order of 50 hr at 700F is 
predicted, with the capability of extended use in the 
range of 600 F to 650F. 


Pilot plant preparation of deep dewaxed 
mineral oils 


Based on the laboratory dewaxing data, several hun- 
dred gallons of deep dewaxed mineral oil have been 
prepared under a Wright Air Development Division 
Contract by a commercial petroleum company. The 
properties of these pilot plant products are shown in 
Table 13. These final fluid properties compare favorably 
with those shown by fluids prepared in the laboratory. 

The two fractions produced in pilot plant quantity 
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TABLE 12 
Thermal Stability Characteristics of Several Fluids® 





System pressure, 








Viscosity (Cs) Catalyst wt loss Neut. No. psig 

Test Test at 100F (mg/sq_ cm) (mg KOH/ Final at Insoluble 

temp., time, % M-10 52-100 Naval gm Oil) room material, 
Test fluid F hr Orig. Final Change Steel Steel bronze Orig. Final Max temp wt % 
Super-refined mineral oil 600 100 144 14.0 — 3 0.00 0.02 +0.02 0.0 0.0 45 0 None 
700 & MA -129 —17 +0.04 +0.06 +0.04 0.0 0.0 112 10 None 

Conventionally refined 

mineral oil 700 6 84.2 40.2 —52 0.04 0.02 0.18 0.0 0.0 92 26 Trace 
Di-2-ethylhexyl sebacate 600 Tee | kee —2 +2.48 7.76 +3.46 0.1 19.5 156 36 Trace 
Trimethylol propane ester 600 6 148 144 —2 2.01 2.76 0.36 0.1 10.0 50 11 Trace 





@ All tests conducted in the PRL stainless steel pressure cylinder. Test conditions include: Test time and temp. as indicated; Test 
fluid charged = 20 ml; Total volume of the cylinder = 46 ml; and Catalysts = A 0.5 in. ball bearing each of M-10 tool steel, 52-100 
steel, and naval bronze. Prior to the start of the test, the system is purged with nitrogen. The system is then sealed and the test started. 
The nitrogen pressure in the cylinder is about 25 psig at 600F and 28 psig at 700F. 








TABLE 13 were chosen on the basis of specific areas of application. 
Properties of Two Super-Refined Deep Dewaxed Mineral Oils Fluid type MLO 7523 provides the fluid of maximum 
MLO 7523 MLO 7558 volatility or minimum viscosity level for a useful fluid 
Wiscodite Gend 08 range of —65F to +/700F. The second fluid type 
210F 3.20 4.32 MLO 7558 was chosen to provide volatility character- 
100 F 144 23.2 istics suitable for use in a jet engine lubricant of the 
—40F 3,210 8,990 Spec. MIL-L-7808 type. It is apparent that an infinite 
—60 F _— 42,500 series of products could be chosen from the continuous 
—65F 22,900 — spectrum of material available from a paraffinic min- 
Calculated viscosity at® eral oil to meet specific requirements. If volatility level 
—40F 4,650 14,200 is considered the limiting property in these two prod- 
—60F =“ 100,000 ucts, it is apparent that improvements in these materials 
—65F 48,500 on would be achieved by taking advantage of improved 
Viscosity index processing methods to obtain better viscosity-tempera- 
210to 100F 93 103 ture properties in the dewaxing stocks. For example, a 
210 to—40F 110 120 super-refined mineral oil of 123 equivalent VI based on 
a8 ace a - —65 F and 210F viscosities would be required to meet 
: ae Spec. MIL-L-7808 viscosity properties. The specific 
Cloud point, F <<? i sample MLO 7558 requires a blend of about 65% di-2- 
Pour point, F eee —60 ethylhexyl sebacate and 35% mineral oil to meet this 
Vacuum distillation specification. 
Reflux temp. corr. to 760 mm Hg 
5% 695 750 Applications of super-refined mineral oils 
aa om i The super-refined mineral oils, in general, represent 


optimization of physical properties and additive sus- 


Oil + 1.0 Wt % phenyl-a-naphthylamine ceptibility. These properties suggest some new areas of 


Oxidation and corrosion behavior? application for these super-refined mineral oils. 
Yo Change in visc. at 100 F +5 +7 The super-refined mineral oil was developed to meet 
Neut. no. increase (mg KOH/gm Oil) 0.1 0.1 more adequately the need for a high temperature mili- 
Metal wt change (mg/sq cm) +0.04 to +0.02 to 


tary hydraulic fluid. The requirements in these applica- 





ay —— ONS tions couple low temperature fluidity and good lubricity 

i we = wa with operation in the 500F to 700F range under an 

Oil + 1.0 Wt % tricresyl phosphate inert atmosphere. Quantities of prototype super-refined 

Four ball wear tester® mineral oils have been evaluated in hydraulic hardware 

1Kg 0.16 0.16 in the temperature range of 500 F to 700 F. These mock- 

10 Kg 0.22 0.24 up data generally correlated well with the satisfactory 
40 Kg 0.50 0.58 behavior noted in laboratory testing. 

@ Calculated using tables compiled by L. T. Eby (6). Laboratory data predict that these super-refined min- 

> 347 F; 72 hr; 5 liter/hr; Cu, Fe, Al. eral oils can become a serious contender for use as the 


© 75 C, 620 rpm, 1 hr, 52-100 balls. base stock or as a major constituent of the base stock 

















in the preparation of turbo-jet engine oils for military 
and commercial applications. Other potential military 
applications include instrument oils and functional 
fluids. In these applications, the super-refined mineral 
oil could be used to upgrade mineral oil-base fluids as 
well as replace or compete with ester-base fluids. The 
development of a lubricant for gyro bearings is a par- 
ticular application in which the benefits of super-refining 
might result in a marked improvement. 

Some or all of the advantages of super-refining may 
be desirable in automotive applications including: auto- 
matic transmission fluids, trans-axle fluids, crankcase 
lubricants, and central hydraulic fluids. The use of a 
super-refined mineral oil with its improved physical 
properties and additive response may result in a simpli- 
fied additive package in these products. 

The narrowing, or removal of the margin between 
mineral oils and esters should increase the scope of the 
super-refined mineral oil fluids in the areas of non- 
military specialty lubricants and instrument oils (8). 
Business machines, household appliances, and do-it-your- 
self equipment are examples of lubricant applications 
where low volatility, good oxidation stability, long life, 
good lubricity, and rust protection are of prime im- 
portance. In these and similar areas, the cost of servic- 
ing and/or replacement far outweighs the cost of the 
lubricant. There also appear to be some nonlubricant 
applications available for the extremely high VI wax 
fractions. 

The competitive position of the super-refined mineral 
oil in most of these applications will depend on the 
cost of the processing steps discussed previously. 
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Dynamic and Static Irradiation of Nuclear Power Plant 
Lubricants 


By D. B. COX,) E. A. OBERRIGHT; and R. J. GREEN? 


Proper choice of lubricating greases for use in machinery exposed to high energy radiation requires 
not only a sound estimate of the service life radiation dose, but also careful consideration of the 
normal lubrication variables. Interaction of all the variables may be complex. Static and dynamic 
test results are given which illustrate this point, and which reveal utility of some commercial 
mineral oil greases and a new high temperature radiation resistant grease. 

Irradiation tests of turbine oils show that maximum expected radiation dose in current and 
projected power plants over a twenty year period does not change the physical properties of the 
oil. Oxidation stability and other properties are therefore still of most importance in turbine oil 
selection. Some experimental radiation-resistant fluids are discussed which have potential for fluid 
lubricant use where radiation resistance may be required. 


Introduction 


THERE exists today a relatively small but definite need 
for radiation resistant lubricants for machinery in atomic 
power plants. In many cases, reactor designers have been 
forced to avoid the use of organic materials as lubricants. 
However, it is desirable to take advantage of well-known 
bearing materials technology whenever possible. To cite 
just one example, designers of first generation CO.-cooled 
power plants in the United Kingdom have included 
grease lubricated bearings and gears in control rod mech- 
anisms and fuel charge-discharge machines. The variety 
of reactor designs has in turn created a need for radia- 
tion resistant lubricants to operate under a wide variety 
of conditions. Actually, some of the needs can be met 
quite easily by conventional mineral oils and greases, 
as will be shown here. However, there are other de- 
mands for lubricants to withstand not only high radia- 
tion doses but in some cases unusually high tempera- 
tures as well. Therefore, new lubricants had to be de- 
veloped. 

Both the conventional and the newly-developed lu- 
bricants have been tested in the presence of high energy 
radiation to be sure they would perform as desired. The 
purpose of this paper is to set forth some test experience 
with fluid lubricants and greases. 


Greases 
MINERAL O11 BASE GREASES 


Results of early work on the effects of high energy 
radiation of greases began to appear in 1956 and 1957 
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(1-4). A common pattern of degradation was found 
when static irradiation tests of soap-thickened mineral 
oil greases were made. The greases generally became 
softer or even fluid at some dose in the range around 
10° rads and above, and they turned into solids if the 
irradiation were continued to above 10° rads. Greases 
made from newer thickeners or from synthetic fluids 
such as esters and methyl silicones showed variations in 
the level at which severe damage was evident. However, 
Carroll and Calish (2) were able to predict that some 
greases then available should be usable up to a radiation 
dose of about 10® rads. This is sufficient capacity to be 
useful in a number of applications, provided the other 
environment stresses are also within the capacity of the 
grease. 
Test RESULTS 


Some commercial grease products were irradiated and 
tested at this laboratory to see if they also could be used 
in the presence of radiation. Table 1 shows conventional 
laboratory test results on three greases which had been 
statically irradiated to 0.83  10*® rads by Co® gammas 
at the Brookhaven National Laboratory (BNL) gamma 
facility. The only result which seemed surprising at the 
time was the relatively small decrease in ASTM Bomb 
Oxidation Stability for the irradiated grease. A later 
irradiation of these greases to 1.7 X 10® rads caused 
severe damage to all three greases as shown by marked 
softening, loss of mechanical stability, and partial sep- 
aration of thickener and fluid. On the basis of these 
tests, 1 < 10° rads seemed to be a probable maximum 
service dose, in agreement with Carroll and Calish (2). 

Workers in this field realized that the results of static 
irradiation testing might not correctly predict the utility 
of the greases so tested. However, some predicted that 
the combination of radiation, high temperature, and an 
oxidizing atmosphere would cause greases to fail at lower 
absorbed radiation doses than predicted from static ir- 
radiations at low temperature. Such a relation had been 
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TABLE 1 
Mineral Oil Base Greases Statically Irradiated to 0.83 X 108 Rads 


Thickener 








Calcium-lead 


Organophilic clay Lithium soap acetate complex 
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Test Control Irradiated Control Irradiated Control Irradiated 
ASTM penetration (D217) 306/318 322/340 270/280 292/315 293/291 283/335 
ASTM drop point (D566) 500+ F 500+ F 400 F 409 F 500+ F 500+ F 
Bleeding (hanging wire cone) 1.7% 2.1% 1.3% 2.8% 1.8% 2.59% 
(Fed. Method VVL-791) 
ASTM bomb oxidation (D942) 17 20 1 3 3 3 
(psi drop in 100 hr at 210F) 
Roll stability test 134/162 158/225 96/123 116/136 103/84 144/249 
(2 hr. micropenetration) 
LiOH as CaO 
ASTM reaction (D128) ie ia rate 
0.06 0.01 0.46 0.23 
ASTM wheel bearing test (D1263) 1 2 2 4 Trace Trace 
(90 gm pack, gms leakage) 
Separated mineral oil viscosity, SUS 
at 100F -— — 476 544 675 826 
at 210F 161 171 —- a —_ _ 





found for some fluid lubricants (5). The calcium lead 
acetate complex grease from Table 1 was selected for dy- 
namic test, to see whether the static test results correctly 
predicted utility. Testing was performed by a commercial 
laboratory. This facility (6) has a CRC L-35 bearing 
tester which has been modified to expose the test bearing 
more directly to the Co® gamma rays of their source. 
The test bearing is a 204 ball bearing run at 10,000 rpm. 
In this test the bearing ran at 250F, with constant 
radiation, but cycled running (20 hr on, 4 hr off, week- 
ends off). After 440 running hours and 1.9 < 10° rads 
absorbed dose, the bearing failed because of excessive 
torque on start up. On examination the grease was 
found to be homogeneous, but quite stiff. This result 
shows that, at least in this case, the grease ran about 
twice as long as was predicted from the static test, and 
the cause of its failure was quite the opposite of that 
found in static testing. 


RADIATION RESISTANT GREASES 


For greases to have greater radiation resistance than 
usual, the fluid phase should contain a substantial per- 
centage of aromatic rings. Aromatic fractions from min- 
eral oils (7), silicones containing a high proportion of 
phenyl rings (8), and synthetic aromatic materials 
(9-11) have been prepared and tested as lubricating 
oils as well as grease bases. Also, attempts have been 
made to improve radiation resistance of oils and greases 
using aromatics as additives (7, 12). All these attempts 
have been more or less successful with respect to radia- 
tion resistance. However, selection of the best fluid for 
a given performance requirement will also depend on 
factors such as lubricity, volatility, viscosity, and oxi- 
dation resistance. A compromise is always necessary. 


There is no simple rule for selection of an effective 
thickener for radiation resistant grease. Some workers 
have felt that the thickener should also be aromatic in 
structure, but experience shows that this is not enough. 
Radiation causes some loss of mechanical stability in 
grease thickeners as various as silicas, organophilic 
clays, metal N-octadecylterephthalamates, indanthrene 
vat dyes, pigments, and arylureas (7, 12-15). In many 
of these cases, the damage reflects changes in the col- 
loidal surface of the thickener particles rather than 
gross chemical decomposition and polymerization. 

The following section records test experience with a 
grease formulated specifically for radiation-resistant serv- 
ice. This experience illustrates further the need for a 
variety of testing. 


TEst RESULTS 
Bearing Tests and Static Irradiation of TR 16 Grease 


TR 16 is a multi-purpose radiation grease having the 
characteristics as shown in Table 2. 

The following tests (Table 3), run on unirradiated 
grease, show that TR 16 is an excellent high temperature 
lubricant even if radiation is not a factor. 

Static irradiations of this grease were made to several 
total doses, and by both gamma and mixed pile radia- 
tion, as seen in Table 4. 

Dosimetry is probably good to + 10% or better. 
Values were obtained by the test facility using various 
accepted methods. The BNL rad value is a semi-quanti- 
tative estimate based on known gamma and neutron 
fluxes in the facility used. 

The pile irradiation induced radioactivity in the grease 
itself. The principal isotope formed is calcium—45 (152 
day half life, weak beta). The activation requires cau- 
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TABLE 2 
TR 16 Grease 





Thickener type Calcium acetate complex 


Fluid type Synthetic polyalkylated aromatic, 
170 cs @ 100F 
16 cs @ 210F 

Consistency NLGI No. 2¢ 

Texture Buttery 

Drop Point 500+ F 

Mean Hertz Load 37 (Kg.) 





@ The N.L.G.I. consistency is only a rough guide here. This 
grease has an unusual property of stiffening on rest to about a 
No. 4 consistency. Shear readily breaks down the consistency to 
a much lower running viscosity, but short rest restores the 
structure. The phenomenon is reversible over very many cycles 
of shear and rest. This property is of considerable advantage in 
providing self-sealing in a bearing and preventing leakage. 


TABLE 3 
Bearing Tests on TR 16 in 204 Bearings, 10,000 rpm 





a. 350F, either continuous or cycled runs, in air—500 plus 
hr 

b. 350F, 200 lb. radial load, in air—429 hr 

c. 450F, 20 hours running, four off—40 hours to failure on 
startup 

d. Run started at 350 F, ran 60 hours and shut down. Re- 
started and heated to 600F over several hours; ran 
three hours at 600F before failure 

e. 325F, CO, atmosphere (5000 RPM)—2000 plus hours 
with no failure 





TABLE 4 
Static Irradiations of TR 16 








Dose (rads) Source and type of radiation 
1 x 108 ITL,* Co gamma 

2.2 x 108 ITL 

2.5 X 108 ITL 
3 x 108 Harwell, spent fuel rod gammas 
5 108 Harwell 
7X 108 Harwell 
1 x 109 Harwell 


3 x 109 (3.2 x 1018 
nvt, thermal) 


@ Inland Testing Laboratory. 
> Brookhaven National Laboratory. 


BNL,? graphite pile 





tion in handling and disposal of the grease, but the 
level of radiation was much less than would be expected 
from a steel bearing containing the grease in use. There- 
fore, the activation is not a severe problem. 

The effects of static irradiation were observed in sev- 
eral ways. The only striking visual change noticed was 
in the sample at 1 xX 10° rads, which showed gross 
damage. The fluid had separated to a considerable ex- 
tent, and the grease was lumpy rather than homogeneous. 
The pile irradiated sample at 3 x 10° rads, however, 
was homogeneous, with no oil separation and a surface 
appearance much like that of the original grease. There 


is no obvious reason why this difference occurred, al- 
though the result at 1 < 10° rads has since been con- 
firmed by an independent irradiation. 

The flow properties and mechanical stability of the 
samples were evaluated with a cone-plate viscometer, 
with the flow curves of shear rate versus shear stress 
shown in Fig. 1. The grease stiffened somewhat with 
radiation, as revealed by the yield values, but it also 
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Fic. 1. Flow curves for TR 16 grease at various radiation 
doses. Shear Stress; one unit equals 7000 dynes/cm? except 
3 X 10® rad curve where one unit equals 70,000 dynes/cm?. 


lost mechanical stability slowly, as shown by the shear 
hysteresis. At 1 10° rads, the structure responsible for 
yield value was largely destroyed by one viscometer 
run. These data are more informative than ASTM pene- 
trations, but they still need to be interpreted with cau- 
tion, as will be shown by the bearing tests. 

The effect of radiation in the fluid phase of the grease 
alone was determined by extracting the fluid and measur- 
ing its viscosity. Figure 2 shows the viscosity as a 
function of dose. Comparison of Figs. 1 and 2 shows 
that the increasing fluid viscosity does not dominate 
the grease viscosity until above 1 x 10° rads. 

Bearing tests were run on several of the statically 








- oo =e «4 





bs 


e 
r, 
3S 


tion 
cept 


ear 

for 
eter 
ene- 
-au- 


ease 
sur- 
sa 
OWS 
nate 


ally 























15 X10} I I 
” 
a 
” 
uw 10br ~ 
(o) 
° 
® 
z sb ; 
W" 
O 
UO 
a 
> © | | 
) 10° 10° 


RADIATION DOSE, RADS 


Fic. 2. Viscosity of fluid extracted from TR 16 grease as a 
function of absorbed radiation. 


irradiated greases to see if they were still useful lubri- 
cants. Results are shown in Table 5. The most highly 
irradiated grease was still able to lubricate successfully 


TABLE 5 
TR 16 Bearing Tests 





Dosage (rads) 
Orig. 1x 108 2.2108 3x 109 
Hours to failure 500+ 504 307 159 











@ 204 bearing, 10,000 rpm, 350F in air, continuous running. 


for an appreciable length of time at 350 F even though 
the mechanical stability measured at 100 F seemed poor. 


DyNAMICc IRRADIATION TESTS OF TR 16 


Dynamic irradiation tests of greases under a variety 
of conditions have been reported from several sources 
(12-16). However, none of these tests have combined 
high temperature, high radiation dose, and an oxidizing 
atmosphere at the same time. Table 6 gives the details of 
two such tests run in air. 


TABLE 6 
TR 16 Dynamic Bearing Tests 








Run Num- Run Num- 
ber 1 ber 2 
Bearing 204 ball 204 ball 
RPM 10,000 10,000 
Load, Ib 6-thrust, 6-thrust, 
15-radial 15-radial 
Temp., F 350 250 
Running cycle continuous 20 hr on, 4 hr off 
Static pre-irrad., rads 1108 =. 2.5 & 108 
Total irrad., rads 2.2 * 108 1X 109 
Total running time, hr 500 1660 
Grease condition at end of test good stiff 
Bearing condition at end of test good good 
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Conclusions regarding grease performance 


The dynamic test in which TR 16 successfully passed 
1 X 10° rads stands in marked contrast to the static 
irradiations at the same dose. This result, taken with 
the similar static vs. dynamic result for the calcium 
complex-mineral oil grease, suggests several conclusions. 


1. Performance under actual operating conditions 
involving high temperature, shear, and oxidation can- 
not be predicted with certainty from static, low tem- 
perature irradiation. A given grease may withstand 
radiation better under dynamic conditions than under 
static conditions. 

2. Before a radiation resistant grease can be recom- 
mended for a given set of use conditions, it should be 
tested both statically and dynamically. Not all greases 
can be expected to follow the same pattern. 

3. High temperature and shear during irradiation 
may be beneficial to greases in a limited way. Hotten 
and Carroll (17) have postulated for metal-carboxy- 
late thickeners that radiation causes breakage of 
metal-oxygen bonds and physical separation of the 
atoms. These authors found that structure could be 
restored in radiation-damaged soda soap grease if the 
grease were heated to solution and re-cooled. Pos- 
sibly, the action of heat and shear in a dynamic ir- 
radiation test is to promote diffusion and healing of 
radiation-damaged thickener bonds. 


Fluid lubricants 
MINERAL OILS 


The investigation of the effect of radiation on fluid 
lubricants has nearly always been conducted at high 
dose rates and high total absorbed dose, so that changes 
of physical properties could be detected (2, 18). In some 
cases post irradiation functional tests were performed 
(19). In all cases the radiation dose was above that to 
which a turbine oil would be exposed during its normal 
life of 10 to 20 yr. 


Consequently an investigation of the effects of low 
dose rate, low total absorbed dose radiation on turbine 
oil performance characteristics was made. The irradia- 
tion conditions were chosen as being the most practical 
to employ with the objective of obtaining results within 
a reasonable period of time. In any event, it will still 
be several years before the actual performance of turbine 
oils in large size nuclear power plants is known. 

In the turbine section of a nuclear power plant, the 
radiation typically varies from nil to about one rad/hr. 
For example, at the steam turbine of a direct cycle 
boiling water reactor the radiation dose rate may reach 
a maximum one rad per hr (20). At this dose rate, it 
would take 20 yr to obtain a total dose of 1.75 « 105 
rads. Based upon an interpolation of data from higher 
dose programs, little change, if any, would be expected 
in the physical properties of an oil. There might, how- 
ever, be undetected changes that could affect the per- 
formance of the turbine oil. 











Static Irradiation of Minerals Oils 


The data reported in this paper were developed on 
oils irradiated under static conditions in the cobalt® 
gamma facility at BNL. The irradiations were conducted 
at ambient temperature. Long tubes weighted with lead 
were placed in the water filled pool. One quart samples 
of test oils were placed in sample holders and lowered 
into the tubes by means of a wire leader. Two samples 
were placed in each tube, one atop the other, for ir- 
radiation. In order to insure equal dosage to both top 
and bottom sample, they were interchanged midway 
during each irradiation time period. 

The gamma dose rate in air was obtained by placing 
an empty sample bottle containing an ionization cham- 
ber in each of the tubes at the top and bottom positions. 
The air dose so obtained in roentgens/hour was con- 
verted to rads in air. The dose rates, rads in air, are 
given in Table 7. 

The deviation from the average of the two tubes was 
+ 1.2%. The calculated gamma ray energy absorbed 


TABLE 7 
Dose Rate 


Rads per hr 
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by the oil is 11% greater than in air. This figure checked 
closely the experimental value of 13.2% more energy 
absorbed by paraffin than air obtained by placing 20 
dosimeters in a sample bottle of paraffin wax. 

All of the oils were irradiated to 10° rads at 10° rads 
per hr. Certain of the oils were irradiated at 10° rads 
per hr to absorbed doses of 10%, 10* and 10° rads. The 
latter course was followed to determine if any rate ef- 
fects were discernable at low dose levels, and to deter- 
mine the radiation effects at a lower absorbed dose. 
There were no noticeable effects of dose rate and lower 
dosages. All results discussed in this paper were obtained 
at 10° rads per hr for an absorbed dose of 10° rads. 

The test oils differed in viscosity, type of base stocks 
and additive content. They are identified in Table 8. 


Effects of Irradiation 

In each instance, both before and after irradiation, the 
oils were checked for physical properties. The turbine 
oils were also evaluated for changes in rust resisting 
properties, emulsibility, and oxidation characteristics. 
Oils containing load carrying additives were tested in the 
Falex Load Test before and after irradiation. 

The two physical properties most sensitive to radia- 
tion are viscosity and color. Viscosity was determined 
by the ASTM method and color by a method used at 


Tube number Top position Bottom position Average ; tgs ‘ 
7 rang the authors’ laboratories. This is a spectrophotometric 
ve — id color test with a scale of zero to 317, light to dark re- 
2 1002.2 869.8 936 spectively. It is more sensitive than other color methods. 
TABLE 8 


Lubricants Tested 





Viscosity at 





100 F 
Code (SUS) Base stock Additives 
Oil A 151 High VI solvent refined—commercial Antioxidants and rust inhibitor 
turbine oil 
Oil B 156 Same as Oil A Same type, but different than 
Oil A 
Oil C 418 High VI solvent refined—commercial Same as Oil A 
turbine oil 
Oil D 153 Highly aromatic base stocks—experi- Same as Oil A 
mental oil 
Oil E 174 Nonaromatic base stock-experimental Same as Oil A 
oil 
Oil F 131 Oil A plus 10% radiation resistant Same as Oil A 
aromatics 
Oil G 139 Oil A plus 10% radiation resistant 
aromatics, different than Oil F Same as Oil A 
Viscosity at 
210F 
(SUS) 
Oil H 151 Solvent refined mid-continent-com- Load carrying additives 
mercial circulating oil 
Oil I 44 Solvent refined naphthenic-commer- Friction reducing 
cial way lubricant 
Oil J 74 Solvent refined naphthenic, higher Friction reducing—different than 


viscosity than Oil I 


Oil I 




















Table 9 shows that irradiation to 10° rads produced 
no change in the viscosity at 100 and 210F or in the 
color. These physical tests indicated that the oils had 
not been measurably affected by the radiation treatment. 

Seven of the oils were evaluated in the ASTM D943 
Turbine Oil Stability Test. The time in hours to reach 
an acid value of 2 are reported in Table 9. 

Six of the oils showed no effects of irradiation; their 
oxidation stability before and after irradiation were with- 
in the repeatability of the oxidation test. 

Changing the base stocks, but using the same ad- 
ditive package (Oil A compared to Oil D and E) gave 
oils with varying degrees of oxidation stability before 
irradiation. A highly aromatic stock (Oil D) was an 
exceedingly poor oil. Oil E containing a nonaromatic 
base stock gave good oxidation stability before irradia- 
tion, but suffered a loss of 1675 hr stability or 45% in 
the oxidization test. This loss could be due to the lack 
of aromatics in the base stock. Thus, while normally 
refined base stocks give radiation stable oils at this low 
dose rate, over-refining by removal of too much of the 
aromatic components could lead to less radiation re- 
sistant oils. 

The only effect of adding 10% of highly radiation 
resistant synthetic aromatic components (Oils F and 
G) was to lower the ASTM oxidation life of these oils. 

The rust inhibiting property of the oils was deter- 
mined in the ASTM D-665 Rust Test, Procedure A for 
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distilled water. The low dose irradiation did not affect 
this property of the oils. All the oils, except Oil D, passed 
the rust test before and after irradiation. Oil D, con- 
taining a highly aromatic base stock, gave severe rust- 
ing before irradiation and did not improve after irradia- 
tion. 

Emulsion characteristics were determined in the ASTM 
D-1401-56T Test for Steam Turbine Oils. Oil D was 
the only oil whose demulsibility properties were affected 
by low dose irradiation. Emulsion test results showed 
that this oil broke in 6 min before irradiation, but gave 
a persistent emulsion at the end of 60 min after irradia- 
tion. The results with the other oils were within test 
repeatability before and after irradiation. 

In addition to the turbine oils, three oils containing 
load carrying additives or lubricity agents to reduce 
friction were evaluated. Table 9 shows that no change 
in physical properties or load carrying ability in the 
Falex Load Test occurred with these oils (Oil H, I, and 
J). 


HIGHLY RADIATION RESISTANT LUBRICANTS 


Reactor system designers have eliminated, in general, 
the requirement for conventional oils in high dose areas 
with dose rates of 10° plus rads/hr. At some future 
date, however, radiation lubricants may be required. To 
meet this possible requirement, two fluids (A and B in 
Table 10) stable to high radiation have been developed. 


TABLE 9 
The Effect of Radiation on Physical Properties and Functional Tests 





Viscosity, SUS 








Total dose Oxidation 

Code (rads) 100 F 210F Color test? 
Oil A Nil 151.6 43.23 40 4550 
105 151.3 43.33 43 4200 

Oil B Nil 155.9 44.05 44 2370 
105 155.6 44.08 45 2370 

Oil C Nil 418.0 58.98 90 2220 
105 416.9 59.12 86 2016 

Oil D Nil 153.0 40.32 241 < 100 
105 151.1 39.53 243 < 504 

Oil E Nil 174.4 44.07 12 3700 
105 174.1 44.10 12 2025 

Oil F Nil 130.5 41.61 42 2000 
105 130.6 41.58 42 1900 

Oil G Nil 139.2 41.84 42 3000 
105 139.3 41.77 42 3025 

Falex load 

(psi) 

Oil H Nil 2685 151.6 256 2080 
105 2676 151.9 258 2140 

Oil I Nil 167.1 43.81 278 2485 
105 166.9 43.81 287 2430 

Oil J Nil 982.6 74.41 312 2835 
105 982.3 74.33 312 2905 





@ ASTM D943, hours to 2.0 Acid number. 
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TABLE 10 
Radiation Resistant Fluids 
raps! Mi, te Flash Pour 
Viscosity at 100F Viscosity at 210F point point 
Oil Dosage® SUS % Inc. SUS % Inc. (F) (F) 
Fluid A Nil 112.7 — 36.05 — 320 —5 
1 142.3 26.2 37.22 3.2 325 — 
Fluid B Nil 1010 — 51.42 — 405 20 
5 1145 13.3 53.62 4.3 405 20 
1 1441 43.3 56.37 9.7 415 25 
Turbine oil Nil 151.3 — 43.46 — 405 20 
(Commercial) 5 225.7 49 51.32 18 — —_ 
1 457.9 202 65.05 50 — oo 
@ In 109 rads. 


These experimental fluids are poly-benzenoid compounds 
containing short alkyl groups. 

The radiation resistant fluids and a commercial tur- 
bine oil were irradiated to a high dose level at Stanford 
Research Institute (SRI) using electrons from a 1 Mev 
resonant transformer. Irradiations of 50 ml samples were 
performed in a helium atmosphere. The sample was 
placed in a flat glass dish, 70 mm in outside diameter, 
with vertical sides giving a liquid depth of just over 1 
cm. All of the incident radiation is absorbed since the 
maximum penetration of 1 Mev electrons in oil is about 
0.5 cm. Calibration of the resonant transformer was per- 
formed by exposing 50 ml of ceric sulfate solution (0.02 
N ceric sulfate and 0.8 N sulfuric acid) and measuring 
the ceric ion depletion (21). 

The data in Table 10 compares the radiation stability 
of the two experimental fluids with a commercial turbine 
oil. Based on per cent viscosity increase at 100 F after 
irradiation to 1 < 10° rads, Fluid A is about eight times 
more stable and Fluid B is about five times more stable 
than the turbine oil. This is not intended to suggest that 
these experimental fluids be utilized as turbine oils. The 
comparison is made only to show the superiority of the 
fluids over regular oils in radiation stability. 

Should a need arise for a highly radiation resistant 
lubricant for nuclear power plants, fluids such as radia- 
tion fluid A and B would be considered as base stocks. 
An additive package would be developed to give the 
desired performance under the specific conditions of ap- 
plication. 


CONCLUSION—FLUID LUBRICANTS 


Low dose radiation (10° rads) of commercial turbine 
oils and oils containing load carrying additives does not 
measurably affect the physical properties or the per- 
formance characteristics as measured by the ASTM 
Oxidation Test, Rust Test and Emulsion Test, and the 
Falex Load Test. Oils formulated with nonaromatic 
base stocks suffer reduced oxidation stability after ir- 
radiation, whereas highly aromatic base stock formula- 
tions are unstable to oxidation before irradiation. 


Synthetic hydrocarbon base fluids have been developed 


that are highly resistant to irradiation. If a demand 
develops for oils of high radiation stability, the specific 
functional properties desired must be considered in ad- 
dition to radiation stability. 
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Elastic Behavior of Certain Hydrocarbon-Soap and Other 
Colloidal Systems 


By ALFRED H. NISSAN! ? 


Solutions of aluminum soaps in hydrocarbons, and of certain other polymeric liquids, show normal 
stress phenomena when they are subjected to shear—the so-called Weissenberg Effect. In the 
present paper the influence of speed, concentration, temperature, molecular weight of solute and 
of the type of solvent on these phenomena is investigated. The normal stress is also found to cor- 
relate with the viscosity of the system. Although it is known that this remarkable phenomenon is 
related to the free energy changes—or the elastically stored energy—there is no comprehensive 
theory as yet which explains it in terms of the molecules taking part in the straining operation. 


Introduction 


SINCE all liquids transmit sound, all liquids must be 
elastic. In this sense liquids and solids behave alike. 
There is, however, another aspect of elasticity which 
shows a difference between the two states of matter. 
Solids can sustain shear stresses elastically; liquids, in 
general, cannot. Except for a special class, liquids yield 
and flow in response to the minutest shear stresses. The 
special class of liquids which can sustain a shear stress 
elastically comprises certain dispersions of a discon- 
tinuous phase in another resulting in a non-Newtonian 
liquid with a “yield value” of stress. Below the yield 
value such a system behaves like a solid. Under a stress 
exceeding the yield value the dispersion yields and flow 
ensues. These are well known systems and they are men- 
tioned here specifically to exclude them from further 
discussion. The purpose of the present paper is to dis- 
cuss another and a more restricted type of elastic be- 
havior which was discovered during the last war and 
which gave rise to several interesting studies. 

If an aluminum soap—say aluminum distearate with 
less than one molecule of water per molecule of soap— 
is dissolved or dispersed in a hydrocarbon liquid and the 
solution is examined, special elastic characteristics be- 
come manifest. Before these are described, an important 
negative aspect must be mentioned. However rough the 
surface may be after a mechanical disturbance, it always 
finishes with a mirror surface on storage. This is such 
an obvious behavior that it has escaped mention or, per- 
haps, notice. It means that such a system has no true 
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“vield value.” It would be classed as a “pseudoplastic” 
i.e., a non-Newtonian liquid (with or without thixotropy) 
but certainly without a yield value since clearly the 
surface is molecularly smooth. Yet this colloid is pro- 
foundly elastic. This fact can be dramatically demon- 
strated in the following way. A “pourable” solution of 
aluminum stearate in, say, toluene or other hydrocarbon 
is made. The solution is now poured from beaker A 
into another, B. If in the middle of the operation beaker 
A is straightened from its horizontal to a vertical posi- 
tion, the solution will tend to pull itself back from B 
into A. If the viscosity is high, quite large quantities can 
be sucked back—to settle with an ultimate mirror sur- 
face. To characterize these systems, they will be called 
“high-elasticity liquids.” 

These two observations (lack of a yield value for the 
shear stress, but possession of a high degree of elasticity) 
were the first two characteristics that attracted the au- 
thor’s, as well as other workers’, attention. A third 
peculiarity was noticed in preparing the solution. A rod 
rotating in such a solution caused the liquid to climb the 
rod and accumulate in a growing mass around the shaft 
until centrifugal forces threw it off to the body of liquid 
being stirred. This remarkable phenomenon of rod-climb- 
ing was observed and became the basis for an interesting 
study some two years before another phenomenon was 
discovered, a phenomenon which bears the name which 
now covers all these and associated phenomena—the 
“Weissenberg Effect.” This “effect” originally denoted 
the fact that when two discs, either both flat or one flat 
and the other conical, were in relative motion with re- 
spect to each other around a common axis, and the space 
between them was filled with such a high-elasticity liquid, 
the discs experienced a normal or axial thrust, tending 
to push them apart. 

Clearly, this last effect is of direct interest in lubrica- 
tion. On the other hand, there are many interesting points 
which should be studied and elucidated before one can 
hope to make full use of such elastic behavior in lubrica- 
tion theory or practice. 
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It is the purpose of this paper to present and discuss 
the results of experiments carried out in the Department 
of Chemical Engineering of the University of Birming- 
ham, under the direction of Professor F. H. Garner and 
the author, with several students. Although most of the 
results have been presented before (1—5), and are avail- 
able in Ph.D. theses, it will be useful to regroup them 
and study them in the light of subsequent knowledge. 


Free-energy changes 


The rod-climbing effect may well have been observed 
but not recorded as worthy of investigation by several 
workers before it attracted the attention of the group 
working at the University of Birmingham under Prof. 
Garner. It is manifested by several aluminum and cal- 
cium soaps of fatty and naphthenic acids in hydrocarbons, 
by solutions of rubber in benzene, by glue in water, and 
by certain resins—methacrylates and the polystyrenes— 
in suitable solvents. The first systematic study of the 
“high elasticity” effects observed with these systems, 
however, was done in 1942 along the following lines. 


It was argued that, since the liquid climbed a rotating 
rod upwards, there must be a net storage of free energy 
in the system on straining it. Thus, a device (4) was 
conceived—‘the cohesimeter”—which put a strain in 
the system and measured the change in the free energy. 
In this, a hollow conical sheet of liquid was caused to 
issue from a conical nozzle. The kinetic energy of the 
liquid tended to expand the sheet. The elastic strain 
energy tended to contract it. With ordinary liquids, the 
only elastically stored energy was that residing in the 
new surfaces being created by the expanding sheet. Thus 
for each liquid, the conical sheet would contract to a 
jet unless the velocity of the sheet exceeded a certain 
critical value. In other words, the square of the critical 
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Fic. 1. Relationship between rupture energy (gv?) and surface 
tension. 1, kerosene; 2, gas oil; 3, spindle oil; 4, sugar solution 
in water; 5, glycerol solution in water. 
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velocity, above which the sheet would shatter and not 
contract, was proportional to the surface tension of the 
liquid. Figure 1 gives a graph illustrating this fact. 

A solution of aluminum soap in, say, benzene had a 
surface tension of approximately 30 dynes/cm. It should, 
therefore, shatter at a velocity corresponding to 1850 to 
1900 cm/sec, yielding a “rupture strength” equal to some 
3 million ergs/cm*. (The “rupture strength” was calcu- 
lated as ov? where 9 = density gms/cm*® and v = the 
average velocity in cm/sec.) In fact, such systems showed 
values varying from a minimum of about 6 to a maxi- 
mum of 27 million ergs/cm*, depending on the nature of 
the solute, solvent and other additives, on their concen- 
trations, and on the age and previous history of the 
systems. 

Other similar studies were made to confirm these 
findings [see (4)]. It became clear that relatively large 
amounts of free energy were being stored in these systems 
when they were suitably strained. In order to analyze 
this free energy increase into its components—the net 
changes in internal energy and entropy, the work due 
to a change in volume being zero—it was necessary to 
revert to the original observation of rod-climbing and, 
accordingly, another method was devised. In this, a rod 
was made to rotate concentrically in a sleeve with the 
“high-elasticity liquid” filling the gap. There was a 
manometer attached to the sleeve. On rotating the rod, 
two phenomena were observed with high-elasticity liquids 
which were absent with normal liquids: (1) With high- 
elasticity liquids, the liquid climbed the rod; with a 
normal liquid it did not. (2) With a high-elasticity 
liquid, the surface inside the gap between the rod and 
sleeve dropped to an equilibrium level which was below 
the surface in the manometer; with ordinary liquids the 
reverse occurred. 

Figure 2 illustrates the last form of this type of ap- 
paratus (5), which was based on an earlier version (4). 











THERMOSTATIC BATH 








Fic. 2. The “rod-and-sleeve” apparatus used in these in- 
vestigations, 
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The rotor was 1.400 + 0.001 cm in diameter while the 
sleeve was a precision ground glass tube of 3.00 + 0.01 
cm ID. The temperature was controlled to + 0.01 C. 

The early studies showed that, with a soap-hydrocar- 
bon system, the free energy increased on shearing the 
liquid. Furthermore, this increase in free energy was 
temperature-dependent. As the temperature was raised, 
the net change in free energy (i.e., the head in the ma- 
nometer corrected for centrifugal and friction effects) be- 
came less and ultimately vanished around the melting 
point of the soap. Thus, there was both a similarity to 
and difference from the behavior of rubber under strain. 
Both rubber and the high-elasticity liquid showed an 
increase in their free energy when they were strained. 
(This is the reason for naming such liquids “high- 
elasticity liquids.”) However, the free energy increase in 
rubber-like behavior was due to a decrease in entropy 
with negligible or zero change in internal energy. With 
high-elasticity liquids the increase in free energy on strain 
was due to an increase in both entropy and internal 
energy. [It may be speculated that the observed increase 
in entropy is the net result of two opposing events: (1) 
a decrease in entropy of configuration in a manner strictly 
analogous to what happens in rubber, and (2) an over- 
riding increase due to the break-up of the association of 
the colloidal network on shear increasing the degrees of 
freedom of the individual units to take new configura- 
tions. | 

A great deal has been written about the other mani- 
festation of elasticity of these high-elasticity liquids, the 
Weissenberg Effect—i.e, the normal pressure in a cone- 
and-disc or double-disc viscometer—beginning with Weis- 
senberg (6), followed by Rivlin (7) and others, and the 
latest by Markovitz and Williamson (8) and Philippoff 
(9). Accordingly, several theories and explanations have 
appeared. To date, however, a comprehensive molecular 
approach to this problem is still lacking. The dramatic 
manifestation of a normal pressure caught the imagina- 
tion of rheologists, and several have worked with a 
double-disc or a disc-and-cone apparatus fitted with a 
set of manometers to the stationary member to show a 
pressure normal to the plane of shear and increasing as 
we move radially inwards. -It is interesting to note that 
although both this type of apparatus—the prototype of 
the Weissenberg Rheogoniometer—and the rod-in-sleeve 
apparatus were devised by the workers at Birmingham 
University, only the first has been used by others; the 
latter has been completely neglected. To remedy this im- 


TABLE 1 
Materials Used in Present Investigations 





Viscosity average 





Name State molecular weight 
HMW 1 Rubbery solid 11.4 x 104 
HMW 2 Rubbery solid 9.7 X 104 
LMW Very viscous ‘ 

High-elasticity liquid 13.8 X 108 








balance the results of further work with the rod-and- 
sleeve apparatus will be described here. The rod-in-sleeve 
apparatus has the advantages of a cheap and simple 
technique; it lacks the precision of the latest types of 
the Weissenberg rheogoniometers. 


The dependence of the free energy of strain on 
several factors 


HEIGHT OF CLIMB ON A ROTATING Rop 


In the work by Garner et al. (5) three samples of 
polyisobutenes of different molecular weight were chosen 
and dissolved in different solvents. The solutes were as 
shown in Table 1. These solutes were dissolved in 
petroleum ether and other solvents to obtain high- 
elasticity liquids of different viscosities. When they were 
tested in the rod-and-sleeve apparatus the two effects 
already mentioned were observed: (1) the liquid climbed 
on the rotating rod to a height, 4, cm, above the mean 
level of the meniscus; and (2) the mean level of the 
meniscus fell to a level, Acm, below the level of the 
meniscus in the manometer in the side arm—i.e., the 
rotary fluid developed a head of Acm, this being the 
excess of the pressure in the sheared fluid relative to 
a stationary column in contact with it. See Fig. 2 for 
definitions of # and &,. 

Two studies were made on h,. In the first, a solution 
of 10% HMW 2 in petroleum ether was sheared with 
the rotor driven at 300rpm, and a photograph of the 
climbing column of the fluid was taken when the shape 
of the surface was steady. The print was enlarged to 
approximately eight times actual size and the curve of 
the surface was traced on millimeter graph paper. Since 
the fluid was photographed through an oil bath, it was 
necessary to correct the measurements for refractive in- 
dex of the oil at 25 C. 


Taking the axis of rotation as one graphical axis, 
and the plane surface of the main body of fluid as the 
other, coordinates of points lying on the surface of the 
climbing fluid were measured. The horizontal distances 
were “r” values, the vertical distances, “z” values. The 
points (7, z) were plotted on double-logarithmic paper. 

The plot ofteg-r against log z resulted in a straight 
line (for points located centrally on the curved surface) ; 
points near the main body of fluid and points near the 
spindle were rejected. A slope of —4.04 indicated an in- 
verse fourth power relationship of the form: 


‘= 2 
where A is a constant. 


This would suggest that the vertical stresses producing 
the column of liquid vary inversely as the fourth power 
of the radius. 

The second study to correlate 4, with hk, was made 
with the three polyisobutenes in various solvents. In 
Fig. 3, values of log (4) are plotted against correspond- 
ing log (,). All the data collected are shown in the one 
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Fic. 3. Normal head of fluid and height of climb. All sys- 
tems. 





curve which embraces all the different polymers, sol- 
vents, temperature and concentrations. 

Most of the data fall in a narrow linear band, having 
a slope of approximately 2.8. The systems with HMW 
in toluene and petroleum-ether solvents lie in the right 
side of the band. Carbon tetrachloride systems and LMW 
lie to the left. 

Thus it was established that 4, the head of the fluid 
being studied throughout the major portion of this work, 
was in fact a measure of the climbing effect exhibited by 
these systems, that is, of the normal stresses developed 
by the sheared liquid. 


STUDIES OF THE NORMAL PRESSURE DUE TO SHEAR 


Correlations were observed between / and the follow- 
ing parameters of the system: (1) the angular velocity, 
®, measured in rpm; (2) the concentration of the poly- 
mer, C, grams polymer per 100g solution; (3) the 
temperature of the system, ¢, C; (4) type of solvent 


used; (5) molecular weight of solute; (6) the viscosity 
of the system at low rates of shear, », poise. 


PRESSURE-HEAD AND ANGULAR VELOCITY 
Pressure-Head and Angular Velocity 


Exact values of #4 at different angular velocities for all 
the systems studied in this work are tabulated in the 
thesis of Walker (10). Here plots of (0%), where 9 = 
density of solution gm/cm® at the temperature of meas- 
urement, are plotted against w in rpm on logarithmic 
plots in Figs. 4—7. 


In general, the log/log plots resulted in straight lines 
having a slope of 2. Detailed inspection of the charts 
shows some anomalies. Thus, inspection of the curves 
in Figs. 4 and 6 indicates that the straight lines break 
suddenly, intersecting with other lines having slopes only 
slightly greater than zero. Further, it can be seen that 
the data beyond this point of intersection are incon- 
sistent and apparently inaccurate. This was true for all 
the systems whose logarithmic plots of and of showed, 
initially, the presence of a second-power law. The ma- 
jority of systems studied fell into this category. 


During the experimental work on these systems, it was 
observed that such behavior occurred only in those sys- 
tems exhibiting strong “climbing-effect” on the rotating 
spindle. When the climbing column reached a certain 
height, the base became as wide as the annular space 
between rotor and stator, causing a disturbance in the 
surface of the rotating fluid and consequent inaccuracy 
in measurement. 

Other types of deviations from second-power behavior 
are indicated in the logarithmic plots. (1) Not all the 
lines in the figures were truly straight. (2) Some of the 
straight lines had slopes different from 2; the slopes 
were also functions of the concentration though not of 
the temperature. (3) At low concentrations, the slope 
was a function of temperature also. 

The complete data relating pressure-head and angular 
velocity of rotor may be summarized: 

1. Above a certain minimum concentration, and be- 
low a certain temperature, the relationship between angu- 
lar velocity (w) and pressure-head (0%) had the form: 

oh = Aw" 
A is a constant which varied from system to system, de- 
pending on one or more of the variables: temperature, 
concentration, solvent, and molecular weight. 

2. For the high-molecular weight polymers HMW 1 
and HMW 2, the value of the index m lay between 1.9 








TABLE 2 
LMW in Petroleum Ether 
LMW 
concentration n 
55% 2.4 
60% 2.8 
65% 3.2 











and 2.1; it was usually very close to 2. This value was 
independent of temperature, concentration and solvent. 

3. For the low-molecular weight polymer, the value 
of the index m was found to depend on concentration, in- 
creasing with increasing concentration. For any given 
concentration, m was independent of temperature. The 
variation of m with concentration is shown in Table 2. 

4. Only those systems which exhibited strong “climb- 
ing” obeyed the simple power law defined in 1. 
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Fic. 4. Normal pressure and angular speed. System: HMW 1 
in petroleum ether. 
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5. Systems obeying the law 04 = Aw" did so only 
below a certain value of A. At this critical value, the 
power » fell off suddenly and accuracy and repeatability 
of measurement were very low. This discontinuity 
coincided with the point at which the width of the 
climbing column (at its base) became equal to the an- 
nular gap between rotor and stator. 
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6. Below a certain concentration or above a certain 
temperature, the law 904 = Aw" was not valid. 


Pressure-Head and Concentration 


In order to study pressure-head solely as a function of 
concentration, arbitrary constant values had to be given 
to the other independent variables. For any given poly- 
mer/solvent pair, only angular velocity and temperature 
needed to be fixed. Chosen temperatures were 20, 30, 40, 
and 50 C, while angular velocity was fixed at 200 rpm. 
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Fic. 8. Normal pressure at 200rpm and concentration. Sys- 
tem: HMW 2 in petroleum ether. 


TABLE 3 
Variation of K,, with System 








System K, 
HMW 1 in petroleum ether 0.46 
HMW 2 in petroleum ether 0.55 
HMW 2 in toluene 0.12 
HMW 2 in carbon tetrachloride 1.15 





Results, illustrated by Fig. 8 and recorded in Table 3, 
may be summarized: 

(1) O(log eh) /OC = K.. 

(2) K, varied with the solvent used. 

(3) K, was generally independent of temperature, but 
decreased slightly with temperature for carbon tetra- 
chloride systems. 

(4) For solutions of HMW 2 in toluene, K, varied 
slightly with concentration. 


Pressure-Head and Temperature 

Values of pressure-head at a constant angular velocity 
are again used for purposes of comparison, in this case 
with concentration also being constant. These data may 
be summarized: 


(1) Pressure-head was an exponential function of 
temperature over the experimental range. 
(2) A law of the form 
O(log oh) 
—_——- = — K; 
oT 
explained the behavior of the systems. K; was constant 
and, for certain solvents, was independent of concen- 
tration. 
(3) K, was independent of concentration in petroleum 


TABLE 4 
HMW 2 in Carbon Tetrachloride 


Influence of Concentration on the Pressure-Head/Temperature 


























Relationships 
Concentration 
(%) K, 
55 0.006 
5.0 0.009 
4.5 0.013 
4.0 0.014 
TABLE 5 
Variation of K, with System 
System K, = —0(log eh) /at 
HMW 1 in petroleum ether 0.012 
HMW 2 in petroleum ether 0.012 
HMW 2 in toluene 0.011 
HMW 2 incarbon tetrachloride 0.007—0.014 
LMW in petroleum ether 0.035—0.055 
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Fic. 9. Normal pressure and temperature. System: HMW 2 
in toluene. 
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Fic. 10. Viscosity and normal pressure. System: HMW in petroleum ether. 


ether and toluene solutions. In carbon tetrachloride, K; 
varied with concentration (Table 4) but was of the 
same order as K; for toluene and petroleum ether. 

(4) For LMW in petroleum ether, K; was much 
larger than for any of the HMW solutions. Figure 9 and 
and Tables 4 and 5 illustrate these data. 


Influence of Polymer Molecular Weight 


By cross-references to the values of (0%) at a given 
rpm, concentration and temperature for different molec- 
ular weight solutes in the same solvents, it was possible 
to determine certain trends. For a given solution con- 
centration in petroleum ether, the normal pressure de- 
veloped in solutions of HMW 1 (molecular weight = 
11.4 < 10*) are about five times as great as those in 
solutions of HMW 2 (molecular weight = 9.7 * 10*). 
A change of nearly 12% in viscosity average molecular 
weight produced a five-fold change in pressure-head, other 
things being equal. 

However, the variation of the logarithm of the normal 
pressure with concentration, O(log o/)/OC, was not 
appreciably affected by this change in degree of poly- 
merization. It can be noted from Table 3 that the re- 
spective values of K, for HMW 1 and HMW 2 solutions 
in petroleum ether are 0.46 and 0.55. 

The low molecular weight polymer (molecular weight 
= 13.9 * 10%) did not exhibit visco-elastic behavior 
below a concentration of 55%, while the HMW materials 
showed marked secondary phenomena around 8% or 9% 
concentration. 


The Influence of the Solvent on Pressure-Head 


A concentration relationship is seen by comparing the 
values of @(log e#)/OC in Table 3. In decreasing order 
of the constant slope K, they may be written: 

Carbon tetrachloride—petroleum ether—toluene. 





The effect of carbon tetrachloride is roughly twice that of 
petroleum ether and ten times that of toluene. It has 
been well established that type of solvent is very im- 
portant in determining the behavior of high-polymer 
solutions, especially solutions of flexible polymers. For 
example, flexible linear polymers exhibit higher intrinsic 
viscosities in “good” solvent than in “poor” solvents. 
Table 3 shows that variation of pressure-head with con- 
centration is larger the “better” (energetically more fa- 
vorable) the solvent. 


Correlation of the Normal Pressure and the Viscosity of 
the Liquid 


The viscosity was measured at the very low rates of 
shear obtained by falling ball viscometers, since under 
these rates the liquid behaved very nearly in a New- 
tonian manner. The wall effect was accounted for by 
using the Faxen correction. A typical set of results ap- 
pears in Fig. 10. As with the other correlations, however, 
deviations from the general behavior shown in Fig. 10 
were noted with other systems. 


Conclusions 


Several points are apparent from the studies of high- 
elasticity liquids over the past two decades. These may 
be summarized as follows: 

(1) On subjecting high-elasticity liquids to mechani- 
cal strain, their free energies increase. 

(2) The increase in free energy is due to both an 
increase in their internal energies and an increase in their 
entropies. 

(3) The free energy increase is a function of the 
rate of shear strain, the concentration of the solute and 
its nature, the nature of the solvent and the tempera- 
ture of the system. 
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(4) There is no comprehensive theory, as yet, which 
predicts all these relationships. (Indeed, there are not as 
yet enough independent data to verify and confirm all 
the relationships indicated in this paper.) 


(5) The free energy increase shown by high-elasticity 
liquids can manifest itself in pressure heads which— 
when fully understood and controlled—should be useful 
in lubrication of thrust bearings. 


ACKNOWLEDGMENT 


The writing of this paper has been supported in part by the 
National Aeronautics and Space Administration. 


REFERENCES 


1. Garner, F. H., and Nissan, A. H., “Rheological Properties of 
High-Viscosity Solutions of Long Molecules,” Nature 158, 
634-635 (1946). 


2. Woop, G. F., Nissan, A. H., and Garner, F. H., “Viscometry 


of Soap-in-Hydrocarbon Systems,” J. Inst. Petrol. 38, 71-102 
(1947). 


. Garner, F. H., and Nissan, A. H., “Rheological Properties of 


High-Viscosity Solutions of Long Molecules,” Nature 164, 541 
(1949). 


. Garner, F. H., Nissan, A. H., and Woop, G. F., “Thermo- 


dynamics and Rheological Behaviour of Elasto-viscous Sys- 
tems under Stress,” Phil. Trans. Roy. Soc. London, Ser. A, 
243, 37-66 (1950). 

Garner, F. H., Nissan, A. H., and WALKER, J., “Experi- 
mental Investigations of Normal Stresses in Sheared Visco- 
elastic Systems,” Ind. and Eng. Chem. 61, 858-859 (1959). 


. WEISSENBERG, K., “Conference of British Rheologists Club” 


Chapter III, p. 36, The British Society of Rheology, 1946; 
Nature 159, 310 (1947); Proc. Intern. Rheol. Congr. I, 29 
(1948) ; Ibid. II 12, 114 (1948). 

Riviin, R. S., Proc. Roy. Soc. London, Ser. A, 198, 260 
(1948); Phil. Trans. Roy. Soc. London, Ser. A, 240, 459 
(1948) ; Ibid. 241, 379 (1948). 


- Marxovirz, H., and Witti1aMson, R. B., Trans. Soc. Rheol. 1, 


25, 37-52 (1957). 


. Puipporr, W., Trans. Soc. Rheol. 1, 95-107 (1957). 
10. 


WALKER, J., “Secondary Stresses in High Polymer Solutions,” 
Ph.D. thesis, Chemical Engineering Department, The Uni- 
versity of Birmingham (1956). 





ASLE TRANSACTIONS 5, 142-148 (1962) 





The Effect of Temperature in Concentrated Contact 
Lubrication 


By F. W. SMITH?* 


Experiments are described on the frictional behavior of a petroleum oil in the contact zone between 
@ spherical steel roller and a cylindrical one moving in combined rolling and sliding at 23 C, 100C, 
and 190C, and at maximum Hertz contact stresses of up to 390,000 psi. The coefficient of friction 
is found to decrease with increasing temperature. The results are interpreted on the hypothesis that 
the frictional force represents the shearing of a film of essentially solidified lubricant at a shear 


plane of molecular dimensions. 


Introduction 


THE problem of accounting for the behavior of lubricants 
in such machine elements as ball bearings and gears re- 
quires not only mathematical analysis of the flow of fluid 
under high stress in narrow clearances, but also a qualita- 
tive examination of the rheological models upon which 
such analysis must be based. The experiments described 
here are a continuation of earlier work on the latter 
problem, in which studies were made of the behavior of 
lubricants between steel surfaces in sliding contact (1), 
and in combined rolling and sliding when lubricated by 
castor oil (1) and by an ester-based gas turbine lubri- 
cant (2). It was concluded that some of the frictional 
behavior of these materials could be explained by as- 
suming that they behaved under high contact stresses 
as plastic solids whose yield stress decreased with in- 
creasing temperature. The present experiments, which 
are described more fully elsewhere (3), and in which a 
petroleum lubricant is used, are an attempt to investi- 
gate the temperature dependence of the frictional force 
and to establish more clearly the nature of any plastic 
flow process which occurs in concentrated contact. Be- 
cause of the physical complexity of concentrated contact 
systems the explanation of these measurements is incom- 
plete and highly qualitative, being based on the con- 
sistency of certain trends, rather than on the numerical 
values of the quantities measured. 


Experimental method 


The system of rollers used in these experiments is 
shown in the schematic photograph in Fig. 1. The com- 
plete assembly is shown in Fig. 2. The lower (cylindri- 
cal) roller is driven by a motor at a rolling speed U; 
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and the upper (spherical) roller is free to rotate in 
ball bearings. The axes of the two rollers can be skewed 
at an angle a by slewing the housing of the upper roller 
about a vertical axis. This adds a component of axial 
sliding to the rolling motion in the contact zone. 

The velocities in this system that are important in 
lubrication theory are the “sliding velocity” which is 
the vector difference in the surface velocities of the two 
rollers at the point of contact, and the “sweep velocity” 





Fic. 1. Roller arrangement 





Fic. 2. Rolling contact machine 
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TABLE 1 
Calculated Hertz Parameters for Steel Rollers 





Mean Normal Stress 


Contact Zone 
Half-Axes (mm) 








Load 
Dimensions P, (kg) kg/mm? dyn/cm? Ib/in? Major Minor 
52mm diameter sphere 16.3 72.2 7.08 xX 109 102700 0.336 0.212 
On 52mm diameter 65.25 115.0 1.128 x 1010 163600 0.535 0.338 
Cylinder 261 182.6 1.791 XK 1010 259700 0.850 0.536 





or “combined rolling velocity” which is the vector sum 
of the two surface velocities. The sweep velocity is one 
of the principal quantities which determines the thickness 
of the lubricant film in concentrated contact. 


The sliding velocity between the rollers is given with 
sufficient accuracy by the expression: 


U_ = U, sina [1] 
and the sweep velocity by 
U, =U, (4-3 sin?a)?/? [2] 


The effect of the rolling friction of the bearings of the 
upper roller is neglected in these expressions. The ratio 
U_/U., is the “slide-sweep ratio” (often termed “slide- 
roll ratio”’) of the system. 


A deadweight load provides a normal force P, between 
the rollers. The axial force P, which opposes the sliding 
motion is measured by a combined weight and strain- 
gage system. The force P, is expressed as the ratio 
P,/P- which is termed the “coefficient of sliding friction” 
or “coefficient of traction” of the system, and is given 
the symbol f,. 

The lower roller dips into a bath containing the ex- 
perimental lubricant. The lubricant used in the present 
series of experiments was a petroleum-base oil to US. 
specification MIL-O-6081A, grade 1010. Its viscosity at 
the temperatures used in the experiment was 15.6 (extra- 


polated) cp at 23C, 2.05 cp at 100C and 0.80 (extra- 
polated) cp at 190C. 


The temperature of the system is maintained by means 
of heating elements inserted into the housings of the 
rollers and is regulated by a thermocouple in the air 
space near the point of contact. 


The upper, spherical rollers were of 52mm (2.046 
inch) diameter and were made from commercial ball 
bearing rings. The hardness of the metal was 750 kg/mm? 
and the rolling surface was lapped to a finish of ap- 
proximately 0.14 (4pinch) root mean square. The 
lower cylindrical rollers, also of 52mm diameter, were 
produced from SAE 52100 steel. Their hardness was 
approximately 850kg/mm? and their rolling surfaces 
were polished to a finish of approximately 0.025 (1 
uinch) center line average. The loads used, and the 
calculated contact zone parameters, are given in Table 1. 


EXPERIMENTS 


Experiments of two types were made. Firstly, the 
coefficient of traction f, was measured at varying rolling 
speeds and a constant angle of skewing a of sin~' 1/64, 
which gave a slide-sweep ratio of 0.00781. The results of 
these experiments are shown in Fig. 3. It was intended 
that this type of experiment should establish the range 
of rolling speed within which a fully developed hydro- 
dynamic film could be said to exist. 
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Fic. 3. Coefficient of friction f, for steel rollers as function of rolling speed U,, load P,, and temperature 
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In the second type of experiment (Figs. 4, 5, and 6) 
a constant rolling speed within this “hydrodynamic” 
range was selected and a series of friction measurements 
was then made at varying sliding speeds, obtained by 
skewing the rollers at varying angles a. It was intended 
that this type of experiment should provide information 
about the rheological behavior of the system. A speed of 
1024 cm/sec (2016 ft/min) was used in most cases, the 
exception being at the heaviest loads where a speed of 
256 cm/sec (504 ft/min) was used because of limita- 
tions in the power of the driving motor. 

The values written at points in Figs. 4, 5, and 6 are 
calculated temperatures reached at the surface of the 
metal as a result of friction in the contact zone. The 
values were calculated from equations given by Archard 
(4). This method of calculation assumes that heat is 
produced only by the sliding component of motion in the 
contact zone, and that it is dissipated only by thermal 
conduction into the rollers. It also assumes that the 
rollers are not appreciably heated in bulk above the 
temperature of their environment. This last assumption 
is subject to error when much frictional heat is liberated 
in the contact zone. At the extreme right of Figs. 4, 5, 
and 6 the actual surface temperatures may therefore ex- 
ceed the calculated values. 

Values were assumed for the thermal conductivity, 
specific heat, and density of the steel of 0.11 cal cm? 
sec~? ° C-}, 0.11 cal gm—! ° C—! and 7.83 gm/cm? re- 
spectively. 

Traces of surface damage occurred to the steel rollers 
in the experiments. In most cases this damage took the 
form of very fine scratches in the direction of sliding. 
These scratches did not eliminate the original surface 
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Fic. 4. Coefficient of friction f, for steel rollers as function of 


sliding speed U, sina. Mean normal stress 6,,, 7.08 X 10® dyn/cm? 
(102,700 psi). 


finish and are believed to be due to abrasive wear. In 
the experiments at 190C the rollers took on a bluish- 
brown appearance resembling temper colors, except in 
the rolling track, which remained polished. In the ex- 
periment at 190 C and 261 kg load some plastic deforma- 
tion occurred to the lower roller and its hardness de- 
creased to 750kg/mm?. In no case was there visible 
evidence of seizure in the form of welding between the 
two rollers. 


Discussion of results 


Figure 3 shows the change in the coefficient of traction 
as the rolling speed (and presumably also the film 
thickness) increases. At low rolling speeds much of the 
observed friction is due to solid contact between the 
rollers. It is assumed however that the rolling speeds of 
1024 cm/sec and 256 cm/sec mentioned in the preceding 
section were sufficient to ensure the presence of a lubri- 
cant film much thicker than the roughness of the sur- 
faces, although the justification for this assumption is 
based on the self-consistency of the interpretation rather 
than on direct measurements. 

The most prominent feature of the results shown in 
Figs. 4, 5, and 6 is the fact that the observed coefficient 
of traction invariably decreases with increasing ambient 
temperature. Other investigators have also found a 
similar effect of temperature upon friction in concen- 
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trated contact, both in ball bearings (5) and in a friction- 
drive device (6). 

This property can be explained qualitatively on the 
hypothesis that a substantially complete hydrodynamic 
film of extremely non-Newtonian rheological behavior 
exists in the contact zone. 

The ideal Newtonian liquid transmits an indefinitely 
great shear stress as the rate of shear is increased to 
very high values. This behavior is unrealistic in the 
case of an actual liquid; it may be considered to be 
axiomatic that there is a limit to the shear stress that 
any actual liquid can transmit, however great the rate 
of shear (7). It may therefore be presumed that at high 
shear stress a phenomenon of “yield” occurs, so that a 
“vield stress” or “limiting shear stress” (8) can be de- 
fined for a liquid, analogous to the yield stress of a plas- 
tic solid. For various practical reasons a combination of 





Concentrated Contact Lubrication 145 


high rate of shear, high hydrostatic pressure and low 
film thickness is required to demonstrate the “yielding” 
of a viscous liquid. This combination of conditions, al- 
though rare in viscosimetric work, is very common in 
concentrated contact lubrication. 


It follows that in accounting for frictional forces in 
concentrated contact lubrication, it is frequently a more 
satisfactory approximation to consider the lubricant to 
be a plastic solid than it is to consider it to be a viscous 
liquid. If this viewpoint is accepted, a problem of great 
interest remains as to what is the physical condition 
of a lubricant in a state which resembles that of a 
plastic solid in a continuous state of yielding. It will be 
assumed here that in concentrated contact in combined 
rolling and sliding the shearing of the plastic lubricant 
is confined to a narrow shear plane, of molecular di- 
mensions, between two films of lubricant which are 
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essentially solid (because of the great increase in viscosity 
caused by the contact stress) and which adhere to the 
two moving surfaces. 

This model of the shearing process in concentrated 
contact has the following properties. Firstly, the fric- 
tional force is essentially chemical in nature, being deter- 
mined by the interaction between molecules across the 
shear plane. A strong dependence of frictional force in 
concentrated contact on the chemical constitution of 
the lubricant has been reported by Rounds (6, 9, 10). 
This interaction may be ascribed largely to electronic 
intermolecular forces, and in this: respect closely re- 
sembles the interaction considered by Cameron (11), in 
a recent theory of boundary lubrication. It is perhaps 
significant, and indicative of the relation between boun- 
dary lubrication and concentrated contact lubrication, 
that coefficients of friction in the present work reached 
a maximum value of the order of 0.1, a value typical of 
boundary lubrication. 

Secondly, in this model the frictional force is in- 
dependent of the film thickness, because only molecules 
in the immediate vicinity of the shear plane contribute 
to the frictional force. Experimentally, this is supported 
by the general experience that sliding friction in ball 
bearings is not greatly dependent on rolling speed, and 
by the measurements (12) showing that the frictional 
torque in a certain ball bearing had little dependence 
on the measured film thickness. It must therefore be 
stressed that the simplifying hypothesis of a lubricant 
acting as a plastic solid can be applied only in explain- 
ing frictional forces. In explaining film thickness, the 
emphasis is on the viscous properties of the lubricant, 
particularly as exhibited in the medium-pressure region 
at the leading edge of the contact zone (1/3). Even in 
highly-stressed contact zones the room-pressure viscosity 
remains an important parameter in determining film 
thickness (14), but not in determining frictional force 
(6, 9, 10). 

Thirdly, the hypothesis that the lubricant exhibits a 
form of plastic yield provides an empirical explanation 
of the decrease in frictional force with increasing tem- 
perature, on the grounds that the yield stress of plastic 
solids also almost invariably decreases with increasing 
temperature. The decrease in coefficient of friction with 
increasing sliding speed shown in Figs. 4, 5, and 6 can 
be explained in a self-consistent manner as the result 
of a rise in the internal temperature of the oil film due 
to frictional heating. It is uncertain how the decrease in 
yield stress with increasing temperature should be inter- 
preted in terms of the electronic interaction described by 
Cameron (11); it is possible that considerations of molec- 
ular kinematics are involved (3). 

However, even as an approximation, this model can 
be related only to those regions in the vicinity of, and 
to the right of, the maxima of the curves in Figs. 4, 5, 
and 6. In the important regions to the left of the maxima 
the lubricant may be considered to be a fluid which has 
not attained its “limiting shear stress” (8); it is non- 
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Newtonian, but not to the extent that its increase of 
shear stress with increasing rate of shear can be dis- 
regarded. 

In addition to the uncertainties mentioned above, it 
is likely that fundamental problems still exist in apply- 
ing results of the type described in this work to practical 
lubrication situations. For instance, a comparison (3) 
of the present results with those of Misharin (15) for 
the coefficient of traction between cylinders in rolling 
contact appears to show fundamental discrepancies in 
the direction of the change in coefficient of traction with 
temperature. 

A need therefore exists for further studies on the be- 
havior of lubricants in concentrated contact under a 
wider range of contact conditions than those studied in 
the present work. 
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DISCUSSION 


F. G. Rounps (Research Laboratories, General Motors Corpora- 
tion, Warren, Michigan): 


Although friction has been the subject of innumerable investi- 
gations, the mechanism by which friction occurs is at best only 
vaguely understood. The author is to be commended for pre- 
senting a new concept for explaining friction between lubricated 
surfaces. The idea that the lubricant may be forming a plastic 
solid in the contact area and that the coefficient of friction is a 
measure of the effort required to shear the solidified lubricant 
offers several interesting possibilities. However, the data the author 
presents to support the plastic solid theory leave some questions 
unanswered. 

My first question is, “In which region of the traditional ZN/P 
curve do the author’s data lie?” This is a rather basic question 
since proper interpretation of the data hinges on a knowledge of 
the lubrication conditions present. The leveling off of the coeffi- 
cient of friction at rolling speeds above 512 cm/sec has been in- 
terpreted by the author to indicate that a fully developed 
hydrodynamic film exists at the higher rolling speeds. The ob- 
served change in friction with temperature could then be attrib- 
uted to the resulting change in oil viscosity. On the other hand, 
the magnitude of the coefficient of friction values and the change 
in friction with load would indicate that the data are in mixed 
friction or partial boundary lubrication region. 

If the latter is true, the observed effect of oil temperature may 
actually represent a change either in the surface film formed by 
the lubricant or in a deposition of some oxidation product in the 
oil on the steel surface rather than a change in the shear resistance 
of the postulated plastic solid. The oil films used by the author 
to lubricate the test pieces would offer ideal conditions for oil 
oxidation. The type of oxidation products formed by paraffinic 
base mineral oils such as the author used could cause a marked 
reduction in friction in the mixed lubrication region. This leads 
me to ask whether any evidence of carry-over effects when 
changing test conditions or oil deterioration were observed. 

If a plastic solid is formed in the contact area as proposed by 
the author, it would be expected that the pressure-viscosity prop- 
erties of the lubricant would be important. Has any check been 
made to see if lubricants that differ widely in pressure-viscosity 
properties will give different load-friction relationships? Such a 
check might prove to be quite informative. 

Our laboratory has run friction experiments under somewhat 
comparable test conditions which I believe bear on some of the 
questions that I have raised. In our test device, two thrust ball 
bearings are used as the test pieces. The geometry of these thrust 
bearings is such that a combination of rolling and spinning occurs 
in the ball-race contact. The spinning or sliding component is 
believed to contribute most to the observed friction in our ex- 
periments. At loads from 300,000 to 500,000 psi Hertz, the re- 
sponse of oils to additive treatment and the insensitivity to oil 
viscosity has indicated that our test conditions are definitely in 
the mixed or partial boundary lubrication region (A/). 

Some typical results at 300,000 psi Hertz load and 500 ft. per 
min. are shown in Table Al. Here we have listed coefficient of 
friction values for a wide range of base oils at 100, 200, and 


300 F. The load used, 300,000 psi Hertz, is slightly higher than 
the 260,000 psi maximum load used by the author; and the speed 
is slower but within the range where speed has little effect. One 
point of difference is that our test pieces are ccmpletely sub- 
merged in the test lubricant whereas the author’s were not. 











TasLe Al 
Effect of Temperature on Coefficient of Friction 
Coefficient 
satan 
Viscosity of Friction 
Oil¢ Index 100F 200F 300F 
Mineral Oils 
Paraffinic base 82 0.040 0.040 0.042 
Highly refined naphthenic base 65 0.046 0.044 0.043 
Naphthenic base 36 0.056 0.055 0.062 
Synthetics 
Hexa (2-ethyl butoxy) disiloxane 232 0.058 0.049 0.047 
Oleic acid 171 0.044 0.029 0.024 
Di-2-ethyl hexyl sebacate 154 0.037 0.032 0.027 
Tricresyl phosphate —35 0.059 0.036 0.039 
Ethylene glycol —57 0.013 0.005 0.023 
Diamy] naphthalene —140 0.060 0.051 0.053 
Chlorinated biphenyl —590 0.053 0.029 0.021 





@ All the oils have viscosities at 210 F between 2.01 and 4.94 cs. 
> 500 ft./min.; 300,000 psi Hertz. 


The oils are listed in order of decreasing viscosity index. Since 
for most classes of oils, viscosity-temperature and_ viscosity- 
pressure relationships go hand in hand, the oils can be considered 
to be listed in order of increasing tendency to form a plastic 
solid. It will be noted that reasonably comparable friction values 
are obtained throughout the viscosity index range. Further, many 
of the oils show no effect of temperature on friction in sharp 
contrast to the author’s data. Those oils which did show an 
effect of temperature on friction such as oleic acid, the sebacate, 
the phosphate, and the chlorinated biphenyl are all fluids which 
are either reactive in themselves or can be decomposed to reactive 
materials without too much difficulty. It is data such as these 
that lead me to question the author’s assumption that the decrease 
of friction with temperature represents a decrease in the shear 
strength of the same plastic solid in the contact area. 


In describing the data in Figs. 4, 5, and 6, the author fails to 
indicate the reason for the shape of the curves. In another pub- 
lication (A2), he attributes the increasing friction with increasing 
skew angle to a gradual transition from a partly viscous state 
towards a state of full plasticity and the subsequent decrease 
in friction to the increase in the temperature of the metal 
surface. An alternative explanation could be that as the upper 
specimen is skewed, a sliding friction component is added to 
the rolling friction thus raising the total observed friction. At 
high skew angles where the author observed a decrease in fric- 
tion, the upper specimen may no longer roll freely but may 
skid thus tending to promote the formation of a thicker oil film 
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which would increase the proportion of the load carried by a 
hydrodynamic film. This leads to the question, “Has the relative 
rotational speed of the two shafts been measured ?” 

In summary, the author has presented an interesting model to 
explain friction. However, the data used to support this model 
do not exclude other possible explanations of the observed phe- 
nomena. Thus we agree with the author that more work in this 
area is needed. 
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A2. See author’s reference (3). 


AvuTHOorR’s CLOSURE: 


Mr. Round’s comments raise several important points, not all 
of which can be answered satisfactorily. The range of ZN/P 
values in which the present results lie may be expressed by the 
“Contact Lubrication Flow Number” or by calculating the film 
thickness according to the Grubin theory for pure rolling, both 
procedures being given in reference (14) and by Sibley and 
Orcutt (B1). In the present case, if the pressure-viscosity index 
of the lubricant at various temperatures is assumed to be the 
same as that for a roughly similar oil of known properties, in- 
cluded as “Sample 17D” in the ASME Pressure-Viscosity Report 
(B2), then the calculated film thickness for pure rolling for the 
data in Figs. 4, 5, and 6 range from a maximum of 9.17 X 10-5 
cm (36.1 winch) for the uppermost curve in Fig. 4 (16.3 kg load, 
23 C, 2048 cm/sec combined rolling speed) to a minimum of 
1.81 X 10-8 cm (0.71 pinch) for the lowest curve in Fig. 6 (261 
kg load, 190 C, 2048 cm/sec combined rolling speed. The latter 
figure is less than the general height of the surface roughness so 
that the existence of a hydrodynamic film, as postulated in the 
discussion, cannot therefore be confirmed over the whole range 
of experimental temperatures by the use of the Grubin theory. 

No specific experiments were made on the effects of oil oxida- 
tion; the assumption that the observed results were due to the 
bulk properties of the lubricant was based on the facts that the 
measured friction did not change appreciably with time and that 
the rolling tracks remained clean, bright, and apparently unworn. 


However, the viscosity of the oil did increase during experiments 
at 190 C and varnish was deposited inside the machine. The effect 
of such oxidation phenomena in the present case remains to be 
established. 

The discrepancy between the sign of the temperature coefficient 
of friction in the present results and in those shown in the upper 
of the two temperature ranges in Mr. Round’s results is inter- 
esting. Although no explanation can be given, it may be desirable 
to list some of the differences between the system of rollers used 
in these experiments and a complete ball bearing. 

(1). The present system measures only sliding friction; a 
complete ball bearing also involves cage friction and rolling fric- 
tion caused by churning of the lubricant. 

(2). In the present system the sliding velocity is uniform over 
the whole of the contact zone. In a ball bearing the sliding ve- 
locity is zero near the center and greatest at the extremities of 
the contact zone. Also, the ellipticity of shape of ball bearing 
contact zones is usually greater than that found in the present 
case. 

(3). The effects of possible differences in surface roughness 
and in the extent of wear in the two cases should be considered 
in relation to the difference in the radius of the rolling elements 
in the two cases. 

The final questions relate to the control and measurement of 
the rolling and sliding velocities and frictional forces. Rolling 
friction caused a force at right angles to the measured force of 
sliding friction and was not detected by the dynamometer. Rolling 
friction does, however, tend to slow the upper roller in a way 
predictable by kinematic analysis. A preset electronic counter 
was used to display the ratio of the speeds of rotation of the 
two rollers and established that the measured sliding speeds did 
not greatly depart from values calculated with neglect of the 
rolling friction. 
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The Effect of Lubricant Viscosity on Metallic Contact 
and Friction in a Sliding System 


By M. J. FUREY! and J. K. APPELDOORN? 


A study was made of the effect of lubricant viscosity on metallic contact and friction in the 
transition zone between hydrodynamic and boundary lubrication. The system used was one of pure 
sliding and relatively high contact stress, namely, a fixed steel ball on a rotating steel cylinder. 
The extent of metallic contact was determined by measuring the electrical resistance between the 
rubbing surfaces. 

Increasing the viscosity of Newtonian fluids (mineral oils) over the range from 2 to 1100 
centipoises caused a decrease in metallic contact—the effect becoming progressively more pro- 
nounced at higher viscosities. The viscosity here was the viscosity at atmospheric pressure and 
at the test temperature; neither pressure-viscosity nor temperature-viscosity properties appeared to 





be important factors. 


On the other hand, non-Newtonian fluids (polymer-thickened oils) gave more metallic contact 
than their mineral oil counterparts—suggesting that shear-viscosity is important. However, no 
beneficial effects of viscoelastic properties were observed with these oils. 

Friction generally decreased as the lubricant viscosity was increased, probably because of the 


reduction in metallic contact. 


Introduction 


One of the most important properties of a lubricant is 
its viscosity. In the hydrodynamic regime, where no 
metallic contact exists, the role of viscosity has been 
mathematically determined for a variety of systems. 
However, in the regime of boundary lubrication, where 
metallic contact always exists, and in the transition zone 
between the hydrodynamic and boundary regimes, the 
role of viscosity is not well understood. 

There have been many studies in the past on the 
effect of viscosity on load-carrying capacity [see, for 
example, Ref. (1)]. These studies have shown that 
viscosity is an important variable even under highly 
loaded conditions, at or near the point of scuffing. How- 
ever, there has not been an inclusive study on the effect 
of some of the factors that influence viscosity such as 
temperature, pressure, and shear rate. Even in the 
hydrodynamic case, the effect of each of these variables 
has not been fully investigated. Under boundary con- 
ditions, in which heavily-loaded surfaces slide across 
each other, these factors could assume major importance. 
The temperatures of the rubbing surfaces are often high, 
the pressures can be in the order of 100,000 psi, and 
the rate of shear, because the oil film is so thin, can be 
very large. 

The effect of these variables on viscosity can be 
enormous. A 200F increase in temperature can easily 
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cause a 100-fold decrease in viscosity; a 20,000 psi in- 
crease in pressure can cause a 100-fold increase. With 
polymer-thickened oils, an increase in the shear rate can 
cause a marked reduction in viscosity, the extreme case 
being the complete loss of the thickening effect of the 
polymer at high shear rates. Viscoelastic effects could 
also come into play. 

This paper presents a systematic study on the effect 
of lubricant viscosity on load-carrying capacity in the 
transition region from hydrodynamic to boundary lubri- 
cation for a system of pure sliding. Data on both the 
extent of metallic contact and friction are discussed. By 
studying oils of different temperature-viscosity and 
pressure-viscosity coefficients, these two variables were 
investigated, while non-Newtonian behavior was ex- 
amined by using polymer-thickened oils. 


Experimental 
APPARATUS 


The metallic contact and friction data were obtained 
using a ball-on-cylinder device previously described (2). 
The system, consisting basically of a fixed metal ball 
loaded against a rotating cylinder, is one of pure sliding. 
The extent of metallic contact is determined by measur- 
ing both the instantaneous and average electrical re- 
sistance between the two surfaces. In general, the electri- 
cal resistance fluctuates very rapidly from a very high 
value to a very low value, suggesting that metallic 
contact is discontinuous. The average recorded resist- 
ance, therefore, is a time average and is consequently 
related to the percent of the time that metallic contact 
occurs—hereafter referred to as “% metallic contact.” 
It has been found that there is an excellent correlation 
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between “% metallic contact” and wear in this system. 
The friction between the ball and cylinder is measured 
by means of a small differential transformer and is 
recorded continuously. 

With this apparatus, the entire region from hydro- 
dynamic (no metallic contact) to pure “boundary” lu- 
brication (continuous metallic contact) can be readily 
investigated. 

TrEst SPECIMENS 


The test balls used in this study were standard 1% in. 
Grade 1 balls made of AISI 52100 steel and having a 
surface roughness of about 2 microinches CLA (Center 
Line Average). The cylinders (1.75 in. diameter) were 
also made of AISI 52100 steel and had a surface rough- 
ness of 7-8 microinches CLA. 


TrEst PROCEDURE AND CONDITIONS 


In these tests, the metallic contact and frictional be- 
havior of a given lubricant at a given load and speed 
are recorded with time. The tests were generally run 
for 16 min. In general, there was only a gradual decrease 
in metallic contact with running time—this probably 
being due to a slow wearing-in of the metal surfaces. 
Accordingly, for the data presented in this paper, the 
values of metallic contact and friction after a short 
period of operation, namely two minutes, were chosen. 

For the bulk of the work, the tests were run only at 
one temperature, 77 F, and at one speed, 240 RPM (56 
cm/sec sliding speed). [The effect of speed is discussed 
in Ref. (2).] Loads were varied from 3.75 to 4000 g, 
corresponding to mean Hertz pressures of 13,700 to 
141,000 psi. 

LUBRICANTS EXAMINED 


The lubricant was supplied by having the rotating 
cylinder dip into a bath of the oil and carry it around 
to the rubbing junction. A wide variety of fluids was 
examined as lubricants in this study, including New- 
tonian oils as well as non-Newtonian oils. In all, 35 
different Newtonian oils ranging in viscosity from about 
2 to 1100 cp at 77 F were studied. As can be seen from 
Table 1, these included mineral oils of several different 
types, polybutenes and a few pure hydrocarbons. The 
range in VI was from 29 to 137. Table 1 also lists the 


TABLE 1 
General Types of Newtonian Oils Examined 








Desig- 
Description VI nation 
Mineral Oils 
Solvent-extracted paraffinic® distillates 99-110 M 
Hydrofined, solvent-extracted 
naphthenic? distillates 54-69 S 
Hydrofined naphthenic? distillates 29-36 c 
White Oils (highly-refined medicinal oils) 71-126 WwW 
Polybutenes 89-110 P 
Pure hydrocarbons (i.e. cetane, decalin) 128,137 H 
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key which will be used to refer to the various types 
of oils in later parts of the paper. 

In addition to the oils shown in Table 1, several non- 
Newtonian fluids were also studied. These consisted of 
polymer-thickened mineral oils and polymer-thickened 
cetane. 


Results and discussion 


The general procedure was to run each oil at several 
loads. For each oil, the per cent metallic contact in- 
creases with load, and a plot of metallic contact vs. load 
gives a characteristic S-shaped curve as shown in Fig. 
1(a). If instead of using a linear ordinate, probability 
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paper is used, the curve straightens to a line of es- 
sentially constant slope: Fig. 1(b). 


More Viscous O1rts Propuce Less METALLIC CONTACT 


The first observation from this work is that viscosity 
is important in preventing metallic contact. As the lu- 
bricant viscosity is increased, the entire S-shaped curve 
of Fig. 1(a) is shifted to the right, toward higher loads. 
An example of this is shown in Fig. 2 for three mineral 
oils of different viscosities. Note that all the oils give 
the same S-shaped type of curve and that these curves 
are parallel to each other. Note also that if the applied 
load is high enough, all the oils will tend to produce 
continuous metallic contact. 

A convenient way of comparing the load-carrying 
capacity of these oils in the transition zone is to deter- 
mine the load required to produce a specified amount 
of metallic contact, say 20% (Woo), or 50% (Wao). 
The Woo value (the load giving 20% metallic contact) 
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was chosen for most of this work because under the test TABLE 2 
conditions used, 50% contact was never attained with Newtonian Oils Examined 
some of the more viscous oils studied. The method of Load-carry- 
obtaining the Woo values is illustrated in Fig. 2. Lub. Visc. at General Vise. ing capacity 
Using this method, W2) values were obtained for all no. 77F (cp) _type* index W 00 (8) 
of the Newtonian oils studied. The results are given in 1 1.85 WwW 126 7.6 
Table 2 which lists the oils in the order of increasing 2 2.61 H? 128 4.8 
viscosity. (The behavior of the non-Newtonian lubri- 3 3.06 He 137 5.6 
cants will be discussed in a later section of this paper.) ‘ 194 M 105 8.5 
. . ‘ 2 . 5 22.5 S 57 11.5 
The relationship between viscosity and load-carrying : ike wr vs ah 
capacity is shown more clearly in Fig. 3 which is a log ‘ 
: : 7 31.5 S 54 13.7 
plot of Wee vs. viscosity at 77 F. As can be seen from 8 316 p 110 10.9 
the figure, all the oils fall in a relatively narrow band, 9 34.9 M 110 11.2 
without much scatter. If other W values (e.g. Wso or 10 34.9 Ww 74 15.0 
Wo) are plotted instead, the curves shift up or down 11 37.7 P 108 15.9 
but their general shape remains the same. Thus, the 12 36.6 c 29 12.7 
viscosity of the oils at the test temperature appears to 13 77.0 Ww 86 23.0 
be the most important single variable for these non- 14 78.4 Ss 62 19.5 
additive, Newtonian oils. 15 110 M 105 31.0 
The sliding ball-on-cylinder system used in this study 16 153 W 75 38.2 
would generally be considered as one of the most diffi- 17 178 M 100 40.5 
cult ones in which to build up a hydrodynamic wedge. = ; ss ro 
With the point-contact geometry, the unit loads can be 
; ‘ 20 232 c 33 104 
extremely high and the lubricant also has some op- 
: : age 21 234 M 100 81.3 
portunity to go around the minute contact region in- 
, , . mtg : 22 249 Cc 31 113 
stead of through it. Yet in spite of this, oils of sufficient 23 287 P 95 95.0 
viscosity could completely prevent metallic contact— 24 423 S 63 205 
thus bringing the system into the hydrodynamic regime. 25 428 M 100 212 
However, hydrodynamic theory states that the load- 26 447 P 89 184 
carrying capacity is proportional to the first power of 27 482 Cc 36 400 
the viscosity: W — Ku. In our tests, the relationship is 28 488 Ss 69 280 
Wo = Au?+Bu+C (where A = 1.2 10-3, B 29 494 Ss 68 320 
= 0.1, and C = 7 when Ws is in grams and uy in centi- 30 522 Ss 67 370 
poises). At low viscosities, therefore, load-carrying ca- 31 567 Ss 63 510 
pacity increases linearly with viscosity. At high viscosi- 32 613 S 63 680 
ties, the first term of the equation becomes more 33 618 M 100 235 
important, until finally the load-carrying capacity is a 34 650 Cc 37 500 
° ‘ f pe ee ag 35 1100 M 99 1650 


function of the square of the viscosity—dquite unlike 
the hydrodynamic case. Regardless of the comparison * Key is in Table 1. ” Decalin. © Cetane. 
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with hydrodynamic theory, Fig. 3 shows that the high 
viscosity oils have much better load-carrying capacity 
than would have been expected from the performance 
of the lower viscosity oils. 

The friction measurements also reflect the effect of 
viscosity. Examples of friction-viscosity curves, at con- 
stant load, are shown in Fig. 4. Note that friction gen- 
erally decreases with increasing viscosity. This, of course, 
is because the more viscous oils give less metal-to-metal 
contact as already shown. Thus, the experimental con- 
ditions are clearly in the boundary region, to the left 
of the minimum in the Stribeck curve. 

The coefficient of friction (friction/load) is rather 
high: 0.13 at low viscosities, dropping to 0.08 at high 
viscosities. These values are well above those normally 
associated with hydrodynamic lubrication. Thus, the 
existence of metallic contact, the decrease in friction 
with viscosity, and the high values of coefficient of fric- 
tion all point out that boundary lubrication conditions 
exist. 


PRESSURE VISCOSITY PROPERTIES HAVE LITTLE OR 
No EFFECT 


One rather surprising fact was that no outstanding 
differences were found among the oils even though they 
differed widely in their physical properties. One of the 
most significant differences among the oils in Table 2 
is in their pressure-viscosity coefficients. As stated pre- 
viously, the Hertz pressure between the two sliding 
surfaces can be well over 100,000 psi. The ASME Pres- 
sure-Viscosity Report (3) shows that a naphthenic oil 
of the same viscosity as a paraffinic oil at atmospheric 
pressure can be perhaps 1000 times more viscous than 
the paraffinic oil at 100,000 psi. Even at lower pressures 
(e.g. 10,000 psi), the viscosity differences among the 
various types of oils can be quite substantial. Yet, no 
such gross differences were noted in this study, either in 
load-carrying capacity or in friction. 

In order to examine the effect of pressure-viscosity 
more closely, two series of oils were examined. All the 
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TABLE 3 
Load-Carrying Capacity vs. Pressure-Viscosity Properties 
Oil desi “a ag cea 
—- Press.-visc. aes ing capacity 
No. Type coeff. 1 Atm. 15,000 psi Wao (8) 
9 M 1.344 34.9 252 12.5 
7 S 1.57 31.5 362 11.6 
10 W 1.62 34.9 349 13.1 
12 Cc 1.70 36.6 455 13.7 
11 P 1.95 37.7 686 15.8 
@ x 10-4. 


oils in each series had approximately the same viscosity 
at atmospheric pressure but they differed in their pres- 
sure-viscosity coefficients. Furthermore, all the tests in 
each series were run on the same cylinder in order to 
eliminate any variation between cylinders. For the first 
series, a group of five oils (32-38 cp at 77F), the 
viscosities at high pressures were measured using Ma- 
son’s ultrasonic technique as modified by Philippoff (4). 
The pressure-viscosity curves for the five oils are given 
in Fig. 5. It can be seen that with these oils, raising the 
pressure to 15,000 psi increases the viscosity by a factor 
which ranges from about 7 to 18. Over the pressure 
range examined, 0 to 15,000 psi, the curves approximate 
a straight line in a plot of log viscosity vs. pressure, 
thus following the Barus equation: 


u 


— — ew 
Ho 

where t/po is the ratio of the viscosity at pressure p 
to the viscosity at atmospheric pressure, and a is the 
pressure-viscosity coefficient (PVC). The PVC and Wao 
values for these five oils are given in Table 3, as well as 
the viscosities at one atmosphere and 15,000 psi for 
comparison. 

Note that the polybutene (Oil 11) has a much higher 


20 


pressure-viscosity coefficient than the 110 VI mineral 
oil (Oil 9). At 15,000 psi, the polybutene is already 
2.5 times as viscous as the mineral oil; at a W2o value 
of 12 g (ca. 20,000 psi Hertz), it would be about 3.4 
times as viscous. However, in spite of these differences, 
all five oils gave almost exactly the same load-carrying 
capacity as can be seen from Table 3. There may be a 
slight trend in favor of oils having a higher pressure- 
viscosity coefficient, but there are not enough data to 
say that these differences are significant. Even if they 
are, the observed effects are certainly very small in 
comparison with the big differences in high-pressure 
viscosity. 

The second group of oils was of somewhat higher 
viscosity (230 cp at 77 F). These oils were not measured 
in the ultrasonic apparatus because their viscosities are 
above the effective range of this instrument. However, 
the pressure-viscosity coefficients could be estimated 
from the physical properties of the oil and approxima- 
tions from the ASME pressure-viscosity report. These 
calculated values, along with the load-carrying capaci- 
ties, are given in Table 4. In addition, the calculated 
viscosities at 40,000 psi (corresponding to a Woo value 
of about 88 g) are included for comparison. 

Note that there is again a slight trend of increasing 
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TABLE 4 
Load-Carrying Capacity vs. Pressure-Viscosity Properties 








Visc. (cp) at 


Load-carrying 
capacity Woo (g) 











Oil desig. Press.-visc. 77F and: Same Overall 
No. Type coeff.¢ 1 Atm. 40,000 psi# cyl. av. 
21 M 1.592 234 135,000 82 81 
19 S 2.04 231 810,000 88 89 
18 S 2.09 229 980,000 93 93 
20 Cc 2.21 232 1,600,000 95 104 





® Calculated values. 
ox 10~—*. 


load-carrying ability with increasing pressure-viscosity 
coefficient. This trend also exists when one considers all 
of the data obtained on these oils (overall average) in- 
cluding tests on other cylinders. However, even more 
data would be required in order to determine if the 
observed differences are significant, and again the effect 
of pressure-viscosity is not a large one, especially when 
one considers the fact that at 40,000 psi, for example, 
the naphthenic oil (No. 20) is approximately 12 times 
as viscous as the paraffinic oil (No. 21). 

There are several possible explanations for this lack 
of dependence on high-pressure viscosity. One is that since 
pressure dependence and temperature dependence go 
hand in hand, the increase in viscosity due to pressure 
might be counterbalanced by an equal decrease in vis- 
cosity due to temperature. The authors have made some 
measurements of the temperatures of the rubbing sur- 
faces in this ball-on-cylinder system as well as theoretical 
calculations using Archard’s equations (5). Both of these 
show that, at the loads and speeds used in this study, 
the temperature rise is much too small to overcome the 
effect of pressures as large as those calculated from the 
Hertz equations. 

Another possibility is that the Hertz pressures, cal- 


50 T T 


culated for the static and dry contact of elastic bodies 
of perfect geometry, do not actually exist in these ex- 
periments and that the “real” pressures are much lower. 
However, the most probable explanation is that it is not 
the viscosity in the contact zone that is important, but 
rather the viscosity in the entrance zone. Grubin (6) 
has used this concept in developing his equation for the 
film thickness in rolling cylindrical contact. The film 
thickness is found to be proportional, not to the high- 
pressure viscosity ({e%), but to the base viscosity 
multiplied by the PVC (oa). Therefore, the effect of 
pressure-viscosity is much less. Although Grubin’s equa- 
tion is intended only for rolling contact, the concept that 
conditions in the entrance zone are the governing factor 
probably holds equally well in the case of sliding con- 
tact. 

It is interesting that in the friction measurements, the 
oils having higher PVC’s gave somewhat more friction. 
This is shown in Fig. 6, where friction is plotted against 
metallic contact for the oils of 230 cp viscosity and 
each of the three groups of points represent tests at a 
given load. It can be seen from this figure that the 
higher friction obtained with the higher PVC oils is not 
due solely to differences in metallic contact. 





40 


Ww 
oOo 


nN 
o 


FRICTION (GRAMS) 


10 





i J 





234 


Pat Ye 8 | 


lL 








0 20 40 


60 80 100 


% METALLIC CONTACT 


Fic. 6. Friction vs. metallic contact for oils varying in pressure-viscosity properties. 
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BEHAVIOR OF NON-NEWTONIAN O1Ls DEPENDS ON LOAD 


Another factor which can affect the viscosity of lubri- 
cants is the rate of shear. Non-Newtonian lubricants, 
such as oils thickened by the addition of a polymer, 
become less viscous at high rates of shear; in the limit- 
ing case, their viscosity approaches that of the base oil. 
In the ball-on-cylinder apparatus, the oil in the region 
between the two rubbing surfaces is exposed to a very 
high shear rate. In order to study the effect of this rate 
of shear, three series of polymer-modified oils were pre- 
pared. 

In the first series of tests, three blends were made 
from the same paraffinic base oil with three different 
polymeric VI improvers. All three blends had the same 
final viscosity and could be compared with a paraffinic 
oil of the same viscosity—the reference oil. The VI 
improvers consisted of one polyisobutylene (intrinsic 
viscosity [y] in toluene = 0.50) and two polymethacry- 
lates varying in molecular weight ({[n] = 0.31 and 
1.20). These oils are described in Table 5. 








TABLE 5 
Properties of Three Polymer-Thickened Mineral Oils 
Visc. at 77 F 
Oil (cp) 
Base Mineral Oil (No. 9) 34.9 
Base Oil + 2.86 wt.% polyisobutylene (PIB) 110 
Base Oil + 9.58 wt.% low M.W. polymethacrylate 
(PMA-low) 110 
Base Oil + 3.63 wt.% high M.W. polymethacrylate 
(PMA-high) © 110 
Reference Mineral Oil (No. 15) 110 





The results of this study are summarized in Fig. 7. It 
can be seen that the behavior of the polymer-thickened 
oils varies with the extent of metallic contact. At low 
loads, when contact is low, the polymer-thickened oils 
behave nearly like the reference mineral oil. However, 
as the load is increased to bring about more contact, the 


behavior of the polymer blends gradually approaches 
and eventually is no better than that of the base oil. 
The S-shaped curve for the polymer blends is therefore 
steeper than that for a mineral oil. Accordingly, the 
use of a single W value such as W29, for example, is not 
enough to describe the contact behavior of these poly- 
mer blends. If one assumes that the rate of shear is 
proportional to the load, then this behavior is exactly 
what would be expected for a fluid having shear-de- 
pendent viscosity. 

In a second series of experiments, cetane (3.06 cp at 
77 F) was used as the base oil. Two blends were made 
using oil-free polyisobutylene (PIB), the final viscosi- 
ties being 35 and 110 cp at 77 F. These blends are com- 
pared with reference mineral oils of the same viscosities 
in Table 6. Again it can be seen that the polymer blends 


TABLE 6 
Load-Carrying Capacity of Polymer-Cetane Blends 





Load-carry. cap. (g) 
Visc. at Low load, High load, 








Oil 77F (cp) Wio Weo 
Cetane 3.06 3.1 48 
Cetane + 8.7 wt.% PIB 35.2 5.0 50 
Reference Mineral Oil No. 9 34.9 6.0 66 
Cetane 3.06 3.1 48 
Cetane + 14.9 wt.% PIB 110 7.0 59 
Reference Mineral Oil No. 15 110 18.0 170 





were more like the reference mineral oils at low loads, 
and more like the base oil at high loads. With these 
cetane blends, however, the load-carrying capacity was 
never equal to their reference mineral oils. 

In a third series of experiments, the effect of poly- 
isobutylene at concentrations of 0.4, 0.8, 1.6 and 4% 
was investigated using a 35 cp at 77 F paraffinic mineral 
oil as the base. The viscosities ranged from 41 to 167 
cp at 77 F. In plots of % metallic contact vs. load, it was 
found that a family of curves existed—with increasing 
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polymer concentration bringing about less contact at a 
given load. At the high loads, however, all of these poly- 
mer blends behaved like the base mineral oil. 

The frictional characteristics of the polymer-modified 
oils were, for the most part, intermediate between that 
of a mineral oil of comparable viscosity and that of their 
base oil. However, the relationships are not as clean-cut 
as in the case of metallic contact. 


No ADVANTAGE FOR VISCOELASTICITY WAS FOUND 


It has been postulated by O’Donnell (7) and others 
that if an oil is viscoelastic, it might have improved load- 
carrying capacity provided the loading time is fast 
enough. Borsoff (8) showed, in gear studies, that a 
loading time of 35 microseconds seemed to be critical, 
and that at speeds giving shorter loading times than 
this, the load-carrying capacity of gears began to in- 
crease. 

The present study did not show any beneficial effects 
for viscoelasticity even though the polymer-modified oils 
run in the ball-on-cylinder device are known to be quite 
viscoelastic. The shear moduli of some of the oils were, 
in fact, measured by Philippoff in a separate study (4) 
using a Mason ultrasonic crystal. Values for two such 
oils are given in Fig. 8, where it can be seen that a 
shear modulus as high as 10° dynes/cm? is reached. Also, 
the loading times on the ball-on-cylinder device were 
quite short, as low as 40 microseconds at the test speed 
of 240 rpm and using the Hertz area of contact. How- 
ever, as already stated, no advantage for the polymer- 
modified oils was found. Even at speeds up to 3000 rpm 
and loading times as low as 8 microseconds, the polymer 
blends were still inferior to a Newtonian oil of com- 
parable viscosity. 

However, the failure to observe a beneficial effect for 
viscoelasticity cannot be considered surprising in itself 
because the state of knowledge in this field is not yet 
far enough advanced to allow one to do any quantita- 
tive calculations. In the first place, the loading time is 
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not the important factor; rather it is the rate-of-shear, 
and to know this one needs to know not only the sliding 
velocity but the film thickness as well. Secondly, al- 
though it is possible to calculate the relaxation distribu- 
tion spectrum from the shear modulus curve of Fig. 8, 
there is no way of determining from the relaxation 
spectrum when enough of the molecules are behaving 
elastically for their effect to become significant. Finally, 
there is still a major discrepancy between data obtained 
in oscillation techniques (such as the Mason crystal) 
and that from steady-flow experiments. Until the theory 
is better developed, there is no way to predict whether 
viscoelastic effects will be observable in any given ap- 
paratus operating under any given set of conditions. 


Conclusions 


The data presented in this paper permit several im- 
portant conclusions to be drawn on the influence of lu- 
bricant viscosity on metallic contact and friction in a 
relatively high contact stress system of pure sliding. 

In the transition zone between hydrodynamic and 
boundary lubrication, viscosity is an extremely impor- 
tant factor. High viscosity oils have much greater load- 
carrying capacity (defined as the load required to pro- 
duce a given amount of metallic contact) than low 
viscosity oils. The relationship between load-carrying 
capacity and viscosity is not a linear one but of the 
form W = Au?+ Bu+C with the effect of viscosity 
becoming progressively greater and greater as it is in- 
creased. 

The behavior of the Newtonian oils shows that pres- 
sure-viscosity and temperature-viscosity properties have 
little or no effect on load-carrying capacity. The im- 
portant factor is the viscosity of the oil at atmospheric 
pressure and at the bulk oil temperature. There is some 
trend favoring oils having higher pressure-viscosity co- 
efficients, but the differences observed, even if significant, 
are small. 

On the other hand, the behavior of the non-Newtonian 
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fluids, the polymer-thickened oils, suggests that shear- 
viscosity is an important factor affecting metallic contact 
in this system. Depending upon the extent of metallic 
contact, as determined by the applied load, the behavior 
of the polymer-thickened oils could vary from that of a 
mineral oil of equal viscosity to that of the base oil. In 
addition, no beneficial effects of viscoelastic properties 
were observed with these oils. 

The importance of viscosity in this system (point- 
contact geometry), which is probably one of the most 
difficult in which to build up a hydrodynamic wedge, 
makes it probable that other systems such as line con- 
tact (gears, valve lifters) or rolling contact will be even 
more sensitive to viscosity. 
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DISCUSSION 


E. K. Gatcomse (U.S. Naval Postgraduate School, Monterey, 
California) : 


The authors carried out research work on the studies of 
metallic contact and friction in the transition zone between 
hydrodynamic and boundary lubrication for cases of pure sliding. 

It is most difficult to determine, by electrical resistance means, 
just where one’s research work lies in relation to this transition 
zone. Dr. Cameron, as well as a number of other researchers, 
have shown that the electrical resistance method of actually 
measuring absolute film thicknesses, must be used with extreme 
care especially in regard to calibration of their work. It would 
appear to me that the authors have proposed another way of 
defining the transition zone, namely that of its relationship to 
metallic contact, instead of film thickness. 

The authors state that it was surprising that pressure-tempera- 
ture-shearing effects were negligible in most of their work and 
that normal viscosity played the more important role. This is 
most surprising to me. A great deal of work, recently performed, 
has indicated that visco-elastic or plastic effects, for extremely 
short duration of contact times, are most important. 

The comparison with Borsoff’s work on gears, I feel, is not 
too well taken. If you examine the two mechanisms of action, 
that is the fixed ball and sliding surface, and that of the action 
of the gear teeth, the elastically deformed areas of contact, may 
play quite different roles in regard to film build-up and normal 
approach motions. 

The reference to Grubin’s work and the role played by the 
lubricant at the entrance would, in my opinion, be well taken. 

Do the authors feel that the ultrasonic means of measuring 
some of these relaxation times, is really sufficient? Would it not 
be much better if we could work with the thin suddenly loaded 
oil films in direct contact with the metallic surfaces? 


H. A. Hartrunc (Atlantic Refining Company, Philadelphia, 
Pennsylvania) : 


This is an excellent paper which merits detailed study by those 
concerned with theoretical and practical aspects of lubrication. As 
with all such efforts in areas where our knowledge has been highly 


limited, the present paper raises some questions and stimulates 
those who have not been close to the work to offer comments 
and interpretations. 

As the authors point out, the system they studied is one of 
the most difficult to produce a hydrodynamic wedge. It is perhaps 
not surprising, then, that the laws of hydrodynamics do not apply. 
One would expect that there would be at least an approximately 
linear relation between lubricant viscosity and the load at which 
initial metal contact occurs. While there are no data to sub- 
stantiate this, Fig. 2 of the paper tends to support this view. 

The situation becomes more complicated when metallic contact 
begins. In this system, there is no guarantee that the lubricant 
is subjected to the contact pressure, at least in any appreciable 
portion of the contact zone. This area is very small, contact 
appears to be intermittent; there is every opportunity for lubri- 
cant pressure to dissipate if it should build up to any great de- 
gree. Consequently, the full effect of the contact pressure on 
viscosity is never realized, as it might be in a more favorable 
geometry (like a journal bearing). 

The authors are perhaps too modest in discounting the pressure- 
viscosity effect in their data. While it has not shown its full 
capability here, improvements in Woy, values (Table 2) for oils 
of larger PV coefficient are evident, particularly among the more 
viscous lubricants. It could be a matter of great practical im- 
portance, for instance, that lubricants 32 and 34 carry several 
times the load that 33 does at 20% contact. Note also lubricants 
27 and 28, 21 and 22, 19 and 20, and others to a lesser degree 
which follow the general rule that lubricants of the same viscosity 
but lower VI show greater PV effects. There are, of course, ex- 
ceptions; Polybutenes (particularly those of low viscosity) are 
anomalous. Some of the lubricant pairs in Table 2 show no 
differences where one would expect to find them: lubricants 24 
and 25, 13 and 14, 11 and 12. As the authors note, more work is 
indicated to assess the significance of differences in these Woo 
values. Nevertheless, the examples cited above, plus the load- 
carrying data of Tables 3 and 4 and the friction data of Fig. 6, 
all indicate that the pressure-viscosity effect is operative, perhaps 
to as great a degree as the geometry will permit. 

This discusser suggests that the concept of an “entrance 
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zone” as postulated by Grubin is a convenient fiction, useful to 
correlate but of no value in explaining what transpires in the 
contact zone. What none of us knows is the pressure to which 
a lubricant is subjected as it passes through a contact zone, either 
in sliding or rolling, and the effect this pressure has on the 
viscosity (and on the temperature) in the time that it is opera- 
tive. In the case of the polymer-thickened oils, apparently the 
shear effects noted take place in the contact zone. 

While all of the mineral oils are described as “distillates,” the 
question arises as to whether or not some residual material like 
Bright Stock was used in preparing the higher members of some 
of the series. Residual material could contain components that 
act in some measure as boundary lubricants. Presence of such 
material could account in part for the higher slope of the right- 
hand portion of Fig. 3. 

It is hoped that the foregoing comments will help in the 
interpretation of this excellent paper. The profession must be 
grateful to authors and organizations which produce and publish 
work of this caliber. 


P. M. Ku (Southwest Research Institute, San Antonio, Texas): 


The authors are to be commended for having developed a 
simple, flexible, and extremely useful technique of making con- 
current measurements on friction and contact resistance. The dis- 
cussion on “per cent metallic contact” in their previous paper (2) 
and the results presented in this paper are indeed most interesting. 

The observation (2) that the average contact resistance does 
not necessarily provide a measure of lubricant film thickness 
shows, quite properly, that caution must be exercised in inter- 
preting contact resistance measurements where a condition of 
mixed lubrication exists. Clearly, this reservation does not arise 
if lubrication is truly hydrodynamic. The authors’ experiments 
were essentially in the mixed lubrication regime. With different 
test specimen geometry, surface roughness, and operating con- 
ditions, this may not be the case. 

It appears that in the mixed lubrication regime, factors which 
affect both boundary lubrication and hydrodynamic lubrication 
are at play. Using the authors’ test specimens, the gross contact 
area changes with load and, at the same load, with lubricant 
viscosity in the contact zone. Any change in gross contact area 
will tend to modify the contact resistance, as well as the friction 
and load support due to hydrodynamic effect. If, on the other 
hand, the specimen geometry were such that the gross contact 
area remained constant, it would seem that the results might be 
more amenable to interpretation. 

Except for the change in gross contact area, the authors’ ap- 
proach in correlating load-carrying capacity with per cent metal- 
lic contact is analogous to that used in certain gear lubricant 
tests (where the gross contact area remains constant). For this 
reason, a comparison of Fig. 3 with typical gear lubricant test 
results may be of interest. In the work by Ku and Baber (C1), 
load-carrying capacity was found to increase linearly with bulk 
lubricant viscosity at low viscosities and level off at high vis- 
cosities. This was also true of the results reported by Borsoff (8) 
and others (C2, C3). This levelling-off trend is believed to be 
due largely to increased frictional heating effects, tending to lower 
the viscosity of the lubricant in the contact zone. Recent measure- 
ments (C4) of the temperature of the test gears in operation, by 
means of infrared radiometry, seem to confirm this belief. In 
Fig. 3, load-carrying capacity increases steadily with bulk lubri- 
cant viscosity. Could it be that the test specimens were at sub- 
stantially the same temperature, due perhaps to the design of 
the test apparatus? Further, could it be the result of an increase 
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in the gross contact area, thereby increasing the contribution due 
to hydrodynamic support? 

The effect of viscoelasticity is, as the authors have pointed out, 
still an open question. In addition to the reservations expressed 
by the authors, Crouch and Cameron (C5), in an analytical study 
of the problem based on conditions found in Borsoff’s work, con- 
cluded that this effect was not as great as had been suggested. It 
is also interesting to note that Benedict and Kelley (C6), using 
the coefficient of friction determined from roller tests and a 
constant “critical temperature,” were able to account for the 
U-shaped load-carrying capacity vs speed curve, without invoking 
the viscoelastic effect. 
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AvutTHors’ CLOSURE: 


We agree with Professor Gatcombe that an electrical resistance 
method of measuring absolute film thickness must be used with 
extreme care. There are many different electrical methods that 
have been used in studying lubrication (e.g., electrical resistance, 
capacitance, and “discharge voltage”) and these methods do not 
necessarily provide the same information. Even when they sup- 
posedly measure a single characteristic—for example, electrical 
resistance—these methods do not always give the same results. 
If the applied voltage in the measuring circuit is too high, 
electrical discharge may occur through the oil film and be mis- 
interpreted as metallic contact. If a slow response instrument is 
used, the electrical resistance may appear to be relatively con- 
stant at say, 10,000 ohms, when it is actually fluctuating rapidly 
from a fraction of an ohm to infinity. In our method we do 
not try to relate the electrical resistance to oil film thickness, 
but merely to the fraction of the time that contact exists. This 
is discussed more fully in a previous paper (2). 

Also, as both Professor Gatcombe and Mr. Ku have observed, 
the results from this apparatus (sliding ball on cylinder) should 
not be extended indiscriminately to other geometries nor to 
systems in which rolling also occurs (e.g., gears). The differences 
between our work and Mr. Ku’s gear tests are a case in point. 
With his tests, the load-carrying capacity tended to level off at 
higher viscosities and as Mr. Ku suggests, is probably largely due 
to decreased viscosity (via increased frictional heating). In our 
systems, where the load-carrying capacity did not level off at 
higher viscosities but continued to increase, the test specimens 
were at substantially the same temperature as the bulk oil. Con- 
sequently, side effects of frictional heating were minimized and 
our results may show a more accurate effect of viscosity per se. 

We expect to extend our studies to include line contact and 
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rolling contact. However, we do feel that much of the information 
presented here will not be changed qualitatively in other geom- 
etries provided that they, too, are in the boundary or mixed 
lubrication regime. Thus, we still expect to find a significant effect 
for viscosity, and a much smaller effect for pressure-viscosity re- 
gardless of the specific system. 

We would agree with Mr. Hartung that all our data taken 
together favor the existence of a pressure-viscosity effect. However, 
as pointed out in the paper, we do not have sufficient data to 
say that these differences are statistically significant. The trend 
does appear to be somewhat greater among the higher viscosity 
oils but we also know that with these oils the error is also 
greater. Tests on the same cylinder with a third series of oils 
matched at a higher viscosity (e.g. 600cp or higher) would 
probably help resolve this question. However, based on some re- 
cent work we do not think the conclusions of this paper will be 
altered drastically. An aromatic extract having a VI of —270 
and a viscosity of 1260 cp was evaluated in the ball-on-cylinder 
device. It would be expected from the ASME Pressure-Viscosity 
Report that this fluid would thicken enormously under pressure 
—in fact much more than any of the 35 oils tested. However, the 
experimentally determined load-carrying capacity for this material 
was 1940 g, as compared to 2037 g predicted from our equation in 
the paper. 

Along these same lines, it is true of course that Grubin’s con- 
cept of an “entrance zone” is a postulate and as such could be 
considered a “convenient fiction.” However, based partly on our 
data, we feel it is more than this. Grubin’s concept is that once 
the oil is between the two rubbing surfaces, its properties are 
no longer important. It prevents contact simply because it is 
there; it occupies space. On the other hand, the properties of the 


oil in the entrance zone are important because these determine 
whether the oil will get into the contact zone at all. Certainly 
this hypothesis is worth serious consideration. 

Mr. Hartung is correct in that some of the oils tested con- 
tained bright stock. Specifically, lubricant 35—the most viscous 
oil—is a bright stock, while lubricants 21, 25 and 33 are blends 
of this material with a paraffinic distillate—lubricant 17. How- 
ever, these blends are not superior to distillate oils of the same 
viscosity. Therefore, “residual material” present in bright stock 
is apparently not acting in some way as a boundary lubricant. 
Furthermore, as just mentioned, the aromatic extract fell on the 
same general curve even though it is quite unlike either bright 
stock or the viscous distillates tested. 

With regard to Professor Gatcombe’s question on our method 
of measuring the elasticity of the polymer-modified oils, the 
ultrasonic technique is a standard method and we have no reason 
to suspect that the results are misleading us. Even without these 
specific data, however, it is well known that oils containing 
polymers are more elastic and have longer relaxation times than 
straight mineral oils. If viscoelasticity is important, it should 
first show up with these polymer-modified oils. Contrary to 
Professor Gatcombe’s statement that “a great deal of work has 
indicated that viscoelastic effects are most important,” we know 
of no data (except in journal bearings) where a viscoelastic oil 
has been directly compared to a Newtonian oil of the same 
viscosity and has given better load-carrying ability. There has 
been a good deal of speculation whether viscoelasticity could be 
accounting for some anomalous results with straight mineral oils, 
but as Mr. Ku points out, there are alternative explanations for 
these results. At present, we can only say that much more work 
is needed. 
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Lubrication of Rolling Surfaces by a Ree-Eyring Fluid 
By J. C. BELL! 


Recent measurements of thicknesses of lubricant films between cylinders rolling at moderate speeds have 
agreed reasonably well with the predictions of Grubin’s formula, but at high speeds and with high 
viscosity lubricants significant disagreements have been observed. Therefore, the elastohydrodynamic 
theory underlying that formula is reconstructed so to be based, not on a Newtonian model for the lubricant, 
but on the Ree-Eyring model which permits shear stress to develop at a lessening rate as shear rate in- 
creases. A formula comparable to Grubin’s is derived, and it is shown that the changes in the formula 
are in the direction needed to explain the observed discrepancies between experimental data and the former 
theory. Exhaustive examination or use of this new formula is hampered by lack of data on the Ree- 
Eyring parameters, so further experimental work is recommended. 


Nomenclature Xo = value of X at pressure zero. 
ct = a numerical constant = 1.010. £ = distance in the direction of rolling, meas- 
E,, Ez = Young’s moduli for the rolling surfaces. ured from the point which would be the 
E’ = a reduced Young’s modulus, center of dry contact. 
1/E’ = (1 — »;2)/eE; + (1 — v22)/nEo. Lh = half width of the dry contact area. 
g = a dimensionless variable = y = normal distance from one of the rolling 
(ah/2X) (dp/dz). surfaces. 
h(x) = film thickness at position z. a =a parameter of the Ree-Eyring theory, 
he = film thickness at the exit end. independent of pressure. 
ho = increment to surface separation, beyond B =a variable of the Ree-Eyring theory, 
that in dry contact, assumed to be added proportional to the relaxation time of 
by presence of the lubricant. the lubricant and probably having about 
m = slope of the curve for g™!(v) at the point the same magnitude. 
= on the plot of In g~!(v) versus In v. Bo = value of 8 at pressure zero. 
p(x) = pressure in the lubricant at position z. Y = pressure coefficient of viscosity. 
W = load on rolling surface, per unit length in v1 = pressure coefficient of X. 
axial direction. v2 = pressure coefficient of 6. 
Q = volume rate of flow of lubricant. 13 =a constant, = aW/(2Xor,E’) 
R = radius of total relative curvature of the n0 = E’ho/W. 
undeformed surfaces, that is 1/R equals r = BoV1/(2ho). 
the sum of the individual curvatures. M = Newtonian viscosity of the lubricant. 
r = a dimensionless variable Ho = base viscosity, = for pressure zero. 
i 2/2 —1 — 2in(é + /# — 1). ¥1,¥2 = Poisson ratios for the two surfaces. 
é = local shear rate in the lubricant, = du/dy. g = &/Lp. 3 
u(z, y) = velocity of the lubricant in the x-direction. r(z,y) = shear stress in the lubricant. 
Vi, V2 = rolling velocities of the two surfaces. (9) = (g cosh g — sinh g)/g ; ; 
V = total rolling velocity = Vi + Vo. g i(v) = the inverse of the function g, that is 
v = a dimensionless variable g = ¢ '(v) if v = ¢(g). 
bis Cab 2 
Xx iby Sea a a ee-Eyring theory, Much of this notation is illustrated in Fig. 1. 


equal to the fraction of non-Newtonian 


flow units in any given shear plane in : 
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Introduction 


LUBRICANTS are used in rolling bearings to reduce the 
friction, wear, and fatigue in the bearings, but the pre- 
cise mechanisms by which these results are achieved 
have proved to be hard to analyze. Simple theories of 
lubrication may suffice for bearings which are lightly 
loaded and move slowly but operating conditions which 
are at all severe make the really simple theories fail. 
Thus Poritsky’s early calculations for a specific case 
showed that both surface deformation and pressure 
variation of viscosity were essential in predicting what 
load could be supported by a film of given thickness 
between rollers (1). The difficulty of handling both 
elastic and hydrodynamic problems simultaneously 
persuaded Poritsky, as well as most later investigators, 
to seek only numerical solutions based on iterative 
procedures. 


In order to get broader results from this kind of cal- 
culations, Petrusevich (2) performed enough of them so 
that he could propose a simple formula for film thick- 
ness between rolling cylinders, accounting for elastic 
properties of the surfaces as well as for base viscosity 
and pressure coefficient of the lubricant. This formula 
is suggestive, but subject to question in that it implies, 
for example, that the film grows thicker as the load 
increases. A more encouraging effort in this regard is 
the recent work of Dowson and Higginson (3), who 
performed calculations of film pressures and profiles for 
several systematically chosen cases, and also gave 
helpful suggestions in the difficult matter of systematiz- 
ing iterations in future calculations. 


Until very recently, analytic (as opposed to numeri- 
cal) solutions for the full elastohydrodynamic problem 
have not been available. Dérr’s theory (4) went far 
toward analytic determination of lubricant film profiles, 
but it was limited by the assumption of uniform vis- 
cosity in the lubricant. His most recent work, how- 
ever, promises to include pressure variation of viscosity 
and still yield essentially analytic solutions (5). It 
will be of interest to find how widely applicable these 
solutions can be. 


Before these direct mathematical treatments of the 
elastohydrodynamic problem were evolved, a theory 
based on engineering approximations was proposed by 
Grubin (6). The essential feature of this theory is 
that it isolates surface deformation as part of the prob- 
lem by assuming that the shape of the rolling surfaces 
is the same as they would have under dry, static (Hertz- 
ian) contact. The lubricant is presumed to translate 
the surfaces apart by some uniform amount which 
remains to be found through analysis of the lubricant 
flow. Under these assumptions, Reynolds differential 
equation for pressure in the lubricant becomes manage- 
able. Numerical integration is required for specific 
operating conditions, but the results can be correlated 
quite successfully by a single, simple formula which 
shows how the film thickness varies with operating con- 
ditions and elastic properties of the surfaces as well as 


with the base viscosity and pressure coefficient of the 
lubricant. It may be added that while this formula 
makes no direct allowance for viscosity changes due to 
frictional heating, Grubin did make a preliminary 
estimate of the importance of this effect. If the sur- 
faces only roll and do not slide, he implied that thermal 
reduction of the viscosity does not reduce the film 
thickness seriously. 


The surface shapes assumed by Grubin’s theory agree 
reasonably well with the shapes predicted by the less 
presumptuous theories. It is not surprising, therefore, 
that his formula has been reasonably successful in 
fitting recent, actual measurements of film thicknesses 
(7, 8). However, under certain conditions the meas- 
ured film thicknesses depart noticeably from the Grubin 
theory. The discrepancy becomes especially great at 
high rolling speeds, and with high viscosity lubricants, 
where the theoretical film thickness may exceed the 
measured thickness by an order of magnitude. An 
explanation for this discrepancy is desirable, because 
its existence undermines not only Grubin’s formula for 
film thickness but also the related estimates for impor- 
tant things such as lubricant pressure and stress in the 
rollers. 

Recent calculations by Sternlicht et al. (9) for a few 
specific cases of roller lubrication show that the load 
capacity for a given thickness of film can be reduced 
by frictional heating. Thus the neglect of heating 
may be one source for the errors observed in applying 
Grubin’s formula, even though the specific results of 
Sternlicht et al. do not indicate errors as large as those 
observed in the experiments to be discussed later. 
There are also other possible sources of error. For 
example, Sternlicht et al. suggested accounting for 
reduction of viscosity at high shear rates, and Smith (10) 
has suggested that the lubricant may not be able to 
support shear stresses above a given level. These 
latter suggestions amount to saying that the lubricant 
may behave in some non-Newtonian manner, so that 
shear stress may not remain proportional to shear rate 
when the shear rate becomes sufficiently large. 


The purpose of the present study is to develop a 
formula analogous to Grubin’s for lubricants which are 
Newtonian at low shear rates but develop shear stress 
at a reduced rate as the shear rate increases. The 
particular model of lubricant employed is that of Ree 
and Eyring (11, 12). This model has the extra feature 
of being based on physical reasoning, so that the param- 
eters which appear in it may ultimately be related to 
the minute structure of the lubricant itself. 


The formulas to be developed here, like Grubin’s, do 
not allow for local, frictional heating of the lubricant. 
Even without that allowance, the theory based on the 
Ree-Eyring lubricant can show drastic thinning of the 
film. In fact, the few data available for the Ree-Eyring 
parameters may lead to predictions that seem too thin. 
This situation seems to call for better determination 
of the rheological properties of lubricants at high 








pressures and high shear rates, and especially further 
determination of the Ree-Eyring parameters. 


Development of the theory 
Fitm THICKNESS WITH NEWTONIAN LUBRICANTS 


Saying that a lubricant is Newtonian is equivalent to 
saying that in it the relation between shear stress r and 
shear rate $ has the form 


T= ys. [1] 


Consideration of equilibrium in this kind of a lubricant 
moving through a slit between rolling surfaces leads to 
the familiar Reynolds equation, which can be arranged 
as (4, 6) 

dp h,g—h 

ee es eiceeallliaes 2 

da 6u(Vi + V2) i” [2] 
provided it is assumed as usual that dp/dx = 0 at the 
exit end of the film, where h = h,. Grubin accepted this 
equation, and took the viscosity to be 


M = mo e7?. [3] 


Little variation of the film thickness can occur in the 
region where dry contact would occur, since the pres- 
sures there are too high. That is, e-7” << 1, so 
d(e~7”)/dx = 0 in this region. Therefore, Grubin 
fixed attention on the entering section x > x, where 
x, is the half width of the corresponding dry contact 
area. He assumed h there to be a constant ho plus the 
surface separation given by the Hertz theory, that is 


2m . 


E’ 
—In(f¢+ V2 — 1) |» for 2 >a. [4] 





h = ho + 


Here & = 2/2, t, = 2R V W/(E’R), and ho may be 
taken equal to hg. With this assumed film shape, 
integration of the Reynolds equation over the entering 
section (1%, < x < @ ) led to the conclusion that 


ho fe Bi he -1/1l wr 
z7 1.13(7) ( =! {5] 


This is the formula which the present study seeks to 
modify by starting with a more general relationship 
between shear stress and shear rate in the lubricant. 





Mop!FIED REYNOLDS EQUATION FOR A 
Ree-Eyrinc LUBRICANT 


In the Ree-Eyring model for a lubricant, the relation 
between shear stress 7 and shear rate § has the form 


— > sinh} (88) . [6] 


Pressure enters the formula twice, since X = Xoe%” 
and 6 = Boe%?. For a particular lubricant at a con- 
stant temperature, the quantities a, Xo, Bo, yi and y2 
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are constants.2_ This is the fundamental rheological 
relationship now assumed for the lubricant between 
rolling cylinders. The new quantity 6 is proportional 
to the relaxation time of the lubricant, and probably 
has about the same magnitude. It can be seen further 
that whenever 6s << 1, then sinh™! 6s = 88 and [6] 
degenerates to 


_ = 


r= e(%,+7,) Pg , 


Qa Qa 
This is the same as the Newtonian law [1] having 
viscosity of the form [3], with wo = Xo8o/a and 
Y=n7 + 72. 

As is shown in the Appendix, consideration of equilib- 
rium in a lubricant of this kind moving through the 
space between rolling cylinders leads to an equation 
analogous to Reynolds equation. In order to avoid 
serious complexity of that equation it is expedient to 
assume that the motion is that of pure rolling, that is 
Vi = Ve. It is helpful also (though not as necessary ) 
to assume the lubricant to be incompressible. With 
these assumptions, the modified Reynolds equation for 
a Ree-Eyring lubricant becomes 


d 3X, 
= Pee an e%)?p- "[2B9V1e%” (ha — h)/h?] , (7} 
dx ah 


where the function ¢~! is defined indirectly by stating 
that g™!(v) = g provided v = (g cosh g — sinh g)/g?. 

It should be observed that if »v<< 1, then 
¢ i(v) ~ 3v. If then the argument of ¢g™! in [7] is 
small compared to 1, that equation reduces to Reynolds 
equation [2] with viscosity of the form [3]. A circum- 
stance conducive to this situation is for the rolling to 
be slow, that is for BoV; to be small. Locally, a small 
(ha — h) may effect the same result, but in any case the 
potentially large factor e%? must be overcome before 
[7] can degenerate into [2]. 

It is the intention here again to assume that h in the 
entering section (x > 2) is given by Eq. [4]. How- 
ever, before this function is inserted into [7], it may be 
observed that [7] can be rewritten as 

4 eng) = 2m 
ah 


rt ¢ '[2B9Vie%?(h — ha)/h?) . 


In the region where the bearings would be flat according 
to the Hertz theory, the derivative d/dz(e~%1”) must be 
small, since the pressure p there can be expected to be 
large enough so that e~1.7 << 1. On the other hand, 
e%” in this region can be expected to be quite large. In 
order to reconcile these requirements it seems reasonable 
to expect h, ~ ho, where ho is the increment that lubri- 





2 In the notation of Hahn et al. (12), these five quantities are 
a2, Ko, B20, —AV/RT, and AV+ /RT, respectively. Here T is the 
absolute temperature and RF is the standard thermodynamic con- 
version factor (gas constant). The quantities a2, Ko, B20, AV 
and AV® are discussed by Hahn et al. All of them depend on the 
temperature, except perhaps a2 (11). 
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cation adds to the surface separation of the Hertz 
theory. This is consistent also with the fact that 
dp/dx = 0 somewhere near the center of the contact 
region. Thus, it is assumed again that ha = ho. A 
concomitant assumption is that, as x — x», the pressure 
p in Eq. [7] becomes effectively infinite. The pressure 
variation which is known to occur in the central contact 
region, |x| < 2a, still can be rationalized in [7] on the 
basis of the near indeterminacy in the argument of 
¢'! arising from the multiplication of a small ha — ho 
by a large e%?. 

Attention now is restricted to the entering section, 
x > 2X», since the mechanical processes occurring there 
are the ones which are expected to determine how thick 
a lubricant film can be developed. The shape of the 
film in the entering section is taken to be that given by 
Eq. [4]. Introducing a new variable 


r=eVe2—1-2e+ VE -1), 
and new dimensionless constants 
no = E’ho/W, X = BoV1/(2ho) , 
Equation [4] can be rewritten as 
h = (n+ 7)W/E’. 
With these notations and this h, Eq. [7] becomes 
dp en? 


‘dr Alm +1) VE —1 


Anor 
-o |] X\e%? —————_ 
ie | * (mo +17)? 


where y3 = aW/(2Xox,E’). Boundary conditions for 
this relation are that p— © as r—0, and p—0 as 
r—o. §till further simplification can be had by 
observing that over a wide range*® 


V # — 1 = c*r3/8 with c* = 1.010. [9] 





| torr >0, [8] 


First APPROXIMATE SOLUTION 


At this point it is advantageous to examine the nature 
of g~!(v) as a function of v. To this end, Table 1 and 
Fig. 2 have been provided. It can be seen from Fig. 2 
that log g~!(v) plotted against log v is a slowly varying 
function which increases monotonically with log v and 
is always concave downward. 





3 Let ¢ = Ve? — 1. Then it can be shown that ¢ =~ (3r/4) 1/3 


for ¢ << 1, while¢ = Vr/2for¢ >>1. A very close approxi- 
mation (error within +1%) for all r is 


rf 5 243\ 12 
7 la(r +8 +55 ] 


However, the simplicity of the approximation ¢ ~ 1.010r*/* makes 
it more useful, and its errors usually are not excessive, being 
within +4% over the range 0.05 < r < 10, which includes the 
most pertinent values of r. This latter approximation could 
have served as a basis for the approximation that Grubin stated 
as Z(no) = 0.09860~'"*. 








TABLE 1 
Mathematical Functions Associated with Flow of Ree-Eyring 
Lubricants 

Ind IN e (A) m F(a) 

—6 0.0024788 0.00744 1.0000 3234. 

—5 0.0067379 0.02021 0.9999 817.6 

—4 0.018316 0.05493 0.9994 207.0 

-3 0.049787 0.14903 0.9955 52.29 

—2 0.13534 0.39959 0.9688 13.26 

-1 0.36788 1.0000 0.8371 3.440 

0 1.00000 2.0302 0.5749 1.015 
1 2.7183 3.2338 0.3759 0.3832 
2 7.3891 4.4385 0.2682 0.1753 
3 20.086 5.6147 0.2609 0.08977 
4 54.598 6.7648 0.1684 0.04917 
5 148.41 7.8948 0.1420 0.02810 
6 403.43 9.0090 0.1229 0.01654 
7 1096.6 10.1109 0.1085 0.009952 
8 2981.0 11.2028 0.0971 0.006085 
9 8103.1 12.2865 0.0879 0.003768 
10 22026. 13.3634 0.0799 0.002356 





*Note. F(A) is defined by Eq. [18]. 


A straight line on Fig. 2 would represent a power 
function of v. This suggests that Eq. [8] might be 
integrated by approximating g~!(v) by power laws over 
each of several ranges of v. The integrals over the 
separate sections could be fitted together by numerical 
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Fic. 2. The function ¢—1(v) 


processes. However, such stepwise integration looks 
forbidding when it is remembered that the numerous 
parameters in [8] potentially define many numerical 
cases, and each of these cases might demand several 
complete integrations corresponding to several trial 
values of ho. 

A more workable approximation for ¢~! in [8] can be 
drawn from the fact that two factors of its argument 
should be near unity over much of the entrance section 
r>0O. In particular, 4or/(no + 1)? never exceeds 
unity, yet is not less than 4 over the range 3 — 2 V2< 


r/no < 3+2 V2, that is 1.172ho < h < 6.828h0. This 
range includes the region around r = 79 which appears 
to be most significant in the integrations which follow. 
Again, e7:? is never less than unity, yet it should not 
exceed it greatly except as r—>0. Even the increase 
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in e%:? as r—0 is counteracted largely by the simul- 
taneous decrease in 4nor/(no + 7)?. Thus the domi- 
nant factor in the argument of ¢~! in [8] should be \, 
which is constant. This suggests using the approxi- 
mation 


ev) = gH (A)(/d)™, 


where m = m(n) is the slope of the line tangent to the 
curve of g~!(v) at v = \ on the log-log graph. Since 
the ensuing analysis is applicable for any value of \, the 
numerical evaluation of \ can be deferred until a con- 
venient stage of the analysis is reached. This power 
function is in fact an upper bound for ¢g~!(v), so it may 
be stated unequivocally that 


“ Anor it Anor . 
1] nex? | xt Tyee. £8 ae 
. [new es! oe lew meu’ 


and it may be anticipated that the inequality here is 
slight except possibly as r+ 0 or ©. 

Application of the approximation [10] to the differ- 
ential Eq. [8] yields an equation which is separable in 
pandr. Integration, and application of the boundary 
condition at r = 0 shows 


Pewee tuber 
v1 + mye 


ST Anor ih dr Ty 
o L(mo +7)? 490 +7) VP —-1 


Pending determination of ho, this relation provides an 
implicit approximate solution for the pressure distribu- 
tion p. Use of the boundary condition as r— 
implies further that 


e7 (ry tmy,)P s ¢!(d) 





¥3 
v1 + mye 


: f . | . = + [12] 
0 Limo +r)?J 4(n +r) Vi? —-1 


Here, as well as in [11] the inequality is probably slight. 
Since the only parameters in [12] which should not be 
regarded as known are determined by choice of ho, 
this equation provides a means for finding ho. 


S ¢ (A) 





SeconpD APPROXIMATE SOLUTION 


The power law approximation for g~!(v) introduced 
in the preceding section provides an upper limit for that 
function. It is possible to get a second good approxima- 
tion which provides a lower limit. This approximation 
can be justified by referring to a graph such as Fig. 3. 
It should be remembered that tabulation of g~!(v) and 
approximations for its behavior as v0 and v— 
show that In g~!(v) increases monotonically with In v 
along a curve which is always concave downward. 
Furthermore, letting ¢ = 4nor/(no + 7)?, it is to be 
expected that the product ¢ e%” appearing in [8] will be 
nearly unity except possibly as r— 0 or ~. 

On Fig. 3, a lower bound is needed for the ordinate 


In® Required point 
Upper limit 
Base point 
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at m 
© =¢ (A)(v/d) limit 
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Fic. 3. Upper and lower approximations for ¢—1(v) 


of the point P where v = Xee%?. One may think 
of the curves BA and AC as being clipped from the 
curve for In g~!(v), and then being reinserted in the 
reverse order, parallel to their former positions. Now 
these arcs meet at a point P’’ which has the abscissa 
In \ e%? — (Ind — In Xe) = In Xe e%2”. This is precisely 
the abscissa of the point P. The ordinate of P’’ is 
In g (A e%”) — [In g4(A) — Ing™!(Ae)]. Since the 
original curve was concave downward, P’’ must be 
below P, so that its ordinate is less than that of P, 
which is In g“!(Xee%”). It follows, therefore, that 


¢g 1 (Aee%?) 2 go! (Ne%?) 


o71(\e)/e-1(0), € = 


(no + 1)? 


This latter expression is not only a lower bound for 
¢ 1(kee%?), it is also a close approximation when 
€e%? =~ 1, and it is separable with respect to p and r as 
is desired for use in Eq. [8]. 

Inserting [13] into [8], separating variables, integrat- 
ing, and applying the boundary condition at r = 0 show 


moto) J 


[13] 


_e urdp — 
¢ 1 (\ e%”) 


+ [A (4nor)/(no + 7)? Idr 
= J, maw eat.. 


The inequality probably being slight, this relation pro- 
vides another implicit approximate solution for the 
pressure distribution p, again pending determination of 
ho. This second approximate p can be seen to represent 
also an upper limit for the true p, whereas the first 
approximate p from Eq. [11] represents a lower limit. 
Use of the boundary condition as r — © implies further 
that 


neta) J” 





_e1Pdp 
g (A eo! (he?) 
©  1[d(4nor)/ (no + =F. 
a nk YS a 





15] 


This inequality too should be slight, so it provides the 
basis for a second approximate solution for ho. This 
solution provides, in fact, a lower bound for the true ho, 
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whereas the approximate solution from [12] provides 
an upper bound. 


CoMBINED SOLUTION FOR FitM THICKNESS WITH 
Ree-Eyrinc LuBRICcANTS 


Since the two methods of approximation already 
described provide upper and lower bounds for the 
pressure p at any point in the entering section of lubri- 
cant, an attempt to compare these bounds is in order. 
To this end, it may be observed first that the functions 
¢ | appearing in [14] no longer have the highly uncertain 
arguments that appeared in [8]. The important values 
of p for the first integral in [14] are evidently those 
nearest to p = 0. Thus, with considerable assurance, 
one may apply the power law approximation for g~!(v) 
valid near v = ) and get 

e 7%? _e 1Pdp | 


we f: eo 1(d en”) 


e a e(y yt™7,)P dp = ae. e7 (yytmy,)P “ 
p v1 + my2 


In the second integral in [14], the important values of 
r appear to be those near r = 90. Thus again with 
considerable assurance one may apply the power law 
approximation for g~!(v) near v = \ and get 


= 3 





rg "[d(A4nor)/ (no + r)?] dr 
J ~ g(r) 


4A(no +r) Ve? —-1 





fT Anor ii dr ; 
o L(io+7)?) 4(n0 +7) V2 —1 


Introducing these approximations into [14] yields a 
relation which is like [11], except that the inequality 
sign is reversed and the equality is replaced by an ap- 
parently reliable approximate equality. These results 
combined imply 


¥3 
v1 + mye 


«> dr . 
J, ae 4m tryVe—1 28 


If the approximate nature of this relation ever proves 
troublesome, the uncertainty in it can be evaluated by 
recourse to the original relations [11] and [14]. 


Letting r— © in [16] now provides an apparently 
good approximate equation for finding ho, namely 


e7 (yytmy,)P a g} (A) 





3 
v1 + mye 


f ‘ | i wl - [17] 
o L(io+r)?)] 470 +7) Ve —1 


The integral here can be simplified greatly by the 
use of approximation [9] and the substitution r’ = 
no/(no +17). Thus 


= g1(n) 








fi [ Anor . dr 
0 Lino +r)?) 40 +7) V2 -1 


an"? 1\ m— 1\ m— 
——— aon J. (r?)™-5/8(1 — 7’) m-8/8 dr’ 


c*no 


3 *) 
7 r(m + 2\r(m + 8 
~ 41-me*n93/8T (2m + 1) 


where I'(m + 3%), and so forth, are the usual Gamma 





functions. (The last integral here is, in fact, a complete 
Beta function). Remembering that m is determined 
by A, let 
41—me*)-3/8T'(2 1 
Fo) « eee [18] 





eoyr(m + 2\n(m + :) ) 


Now [17] can be rewritten as 


M1 72, FQ) = 2 + 2 ( 2w so 
v1 + my2 ¥3 BoViE’ 


_ 4Xo(m + 72) ( Ww. y""( 4R y". 119) 
f, a E'R BoV 


Since the film thickness ho enters this equation only in 
the \ and m of the left-hand member, and that member 
depends only on \ and y2/7:, it is not difficult to com- 
pute first \ and then ho provided the lubricant param- 
eters and other operating parameters are known. To 
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this end, values of m and F(d) are included in Table 1. 
Figure 4 shows graphically the relation between 
1/d [= (ho/R)/(4R/BoV)], and the right-hand parameter 
of [19] for several values of y2/y1. Included in Fig. 4 is 
a line representing Grubin’s theory [5] which can be 
obtained from Eq. [19] by assuming that A << 1, 
so that g-!(A) = 3\ and m = 1. 


Applications of the theory 
AGREEMENT WITH FILM MEASUREMENTS 


In order to judge the pertinence of the film thickness 
theory underlying Eq. [19], some comparison with film 
thickness measurements is desirable. The comparison 
should involve a lubricant for which the Ree-Eyring 
parameters are available, and it should cover speeds 
high enough to separate the Grubin theory from the 
present theory as in Fig. 4. Unfortunately, really 
satisfactory measurements for this purpose do not seem 
yet to be available, but a few suggestive data do exist. 

The most relevant Ree-Eyring parameters available 
seem to be those reported by Hahn et al. (12). In- 
cluded there are data based on experiments by Norton 
et al. (13) using sperm oil, SAE 30 motor oil, lard oil, and 
castor oil. In particular, from Hahn's deductions of 
AV and AV? for the SAE 30 motor oil, one may deduce, 


at OC: 1 = 0.152 X 10-5 in.2/Ib, 
v2 = 2.55 X 10-5 in.2/Ib, 

at 20 C: y; = 0.252 X 10-5 in.?/lb, 
ve = 1.45 X 10° in.?/lb. 


The values of X/a and 8 listed by Hahn for zero pres- 
sure are: 
at 0 C: Xo/a = 6.09 lb/in.?, 
Bo = 2.79 X 10° sec. 


at 20 C: Xo/a = 1.51 lb/in.?, 
Bo = 0.269 X 10~ sec. 


However, the exponential curve 8 = Boe%? based on 
these constants for 0C fits his high pressure data 
rather poorly, suggesting that his 8 is several times too 
large. Some of the other exponential curves do not 
fit all the data well. Thus, these data do contain 
uncertainties. 

The need here for values of these parameters is to 
allow comparison of theory with film thickness measure- 
ments. Unfortunately, the available measurements 
do not include any with SAE 30 motor oil. However, 
measurements have been made with the lubricant 
designated as Reference Oil B, which is a refined petro- 
leum base stock of about SAE 50 grade. For this 
lubricant, wo and vy can be estimated from standard 
references (14) so special estimation is needed only for 
Bo and 2/71 in order to enter Fig. 4. To justify such 
estimates, it may be observed that Reference Oil B and 
SAE 30 motor oil are probably of similar chemical 
species. It seems fairly reasonable to expect that 
Bo and 2/71 for Reference Oil B having a certain 
viscosity should be about the same as Bo and y2/7: for 
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SAE motor oil at a temperature chosen to give it that 
same viscosity. Fortunately, the data for the SAE 30 
motor oil fall in a reasonable range, as indicated in 
Table 2. 








TABLE 2 
uo, lb. sec. /in.? Bo, sec. y2/71 
170 x 10-5 2.79 X 10-4 16.8 
4.06 x 10-5 0.269 x 10-4 5.8 





The film thickness measurements to be used for the 
comparison between theory and experiment were made 
by the X-ray technique in a rolling disk machine (8). 
The rolling velocity was 2600 ft/min, so that V = 1040 
in./sec, and the disks were such that R = 0.72 in. 
and EF’ = 5 X 10’ lb/in.2 The load was W = 3510 
Ib/in. (this being produced by a total load of 535 Ib 
spread over an assumed axial length of 0.1523 in.). 
Thus (W/E’R)~'/8 = 3.17. Measurements were made 
using Reference Oil B at various temperatures. Esti- 
mates for Bo and y2/y1 were taken as described from 
data for the SAE 30 motor oil, interpolating them to 
other viscosity levels by assuming foo? and 
2/71 ~ uo"-?®, as is consistent with Hahn’sdata. Table 3 
shows the resulting estimates for parameters underlying 
the film measurements. The corresponding estimates of 
the film thicknesses are given in Table 4. 

The differences among these estimates and the meas- 
ured values may seem discouraging, but they can be 
rationalized to some degree. The expected rationaliza- 
tion of Grubin’s high estimates is that he should have 
accounted for temperature changes in the contact zone. 
Of course, his reasoning inferred that these changes 
would not be important. Moreover, Sternlicht’s 
reported calculations (9), although for a quite different 
case, indicate a thermal reduction of film thickness only 
by a few per cent. The possibilities of film thinning by 
thermal effects may well need further study, but so does 
non-Newtonian flow need study. 

Reasons why the present theory predicts films that 
are too thin may be found in the experimental data. 
It is known that viscosity measurements too may be 
disturbed by thermal effects (13, 15). It is quite 
possible that frictional heating produced part of the 
apparent non-Newtonian behavior in the experiments 
underlying Hahn's data. If this is so, then his esti- 
mates of both Bo and y2/71 may be too large. In order 
to visualize what this implies, points representing the 
film thickness experiments are plotted on Fig. 4, using 
abscissas as computed above and ordinates equal to 
the measured ho times 2/89V1. Any correction reduc- 
ing Bo would translate these points upward and to the 
right in a direction parallel to Grubin’s line. It can be 
seen that reducing Bo by a factor 10 and y2/71 by a 
factor 3, as may well be reasonable, would make the 
present theory agree very well with the experimental 
results. Of course, any changes in the estimates of 
Bo and 2/71 would not affect Grubin's predictions, 
provided only that uo and y remain the same. 
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TABLE 3 
Estimated Lubricant and Operating Parameters During Film Measurements 























Temperature 1050, 10*y, 1048 4k (= Nes om) . (GS ae 
(F) lb sec/in.? in.?/Ib sec 2/71 BoV E’R BoV 
95 5.4 1.34 0.32 6.3 86 0.0151 
105 3.7 1.25 0.25 5.6 109 0.0131 
113 2.8 1.20 0.21 5.2 130 0.0124 
120 2.2 1.16 0.181 4.8 153 0.0115 
135 1.38 1.08 0.136 4.3 204 0.0102 
TABLE 4 
Comparison of Theoretical and Measured Film Thicknesses 
10®ho, in. 
Temperature (F) Present theory Grubin theory Measured 

95 0.75 450 45 

105 0.49 320 35 

113 0.39 256 32 

120 0.31 207 22 

135 0.21 141 25 





This example shows that the present theory has much 
latitude for reducing theoretical film thicknesses, with- 
out including any frictional heating. If local heating 
in the entrance region were included, further reduction 
of the predicted film thicknesses would result. It 
seems that further, more accurate study of the non- 
Newtonian behavior of lubricants, as represented by 
the Ree-Eyring theory, is quite desirable. 


EFFECT ON Fitm THICKNESS FORMULAS 


The present film thickness formula [19] cannot be 
solved for ho as simply as Grubin’s. However, for 
special cases simplified formulas can be had. First, 
from Fig. 4 it can be seen that if ho/8oVi > 1, the 
present theory nearly coincides with Grubin’s. If 
ho/BoVi1 < 1, the present theory gives varying results 
depending on the value of 2/71. If ho/8oVi is small 
enough, say <0.1, then the curves on the log-log scale 
become straight enough to be fitted by lines. Two 
such fits yield the following formulas: 
for 4 v1 = 0: 


OTST 


“ia (; -7/32 Gey" 
e) Bo i 
for y2/y1 = ©: 


ho mn" (WwW eysy 
R = 0.40 ( R \ x oV 


way ¥ te Ww y 5/16 = i 
mn 0.40 ( R ) ER Bo 


By comparison, a correlation of X-ray measurements 























over a moderately wide selection of lubricants, but 
generally for moderate speeds was found to be [8] 


ho ” a (a) 
7p = 0.0873 (=, oe 


It is of interest here to note that this empirical fit gives 
an exponent for W/E’R which is nearer to both the 
above values, —5 and —¥°,, than it is to the exponent 
in Grubin's theory, which is —,, as in Eq. [5]. This 
suggests that the influence of load as well as velocity 
in the present theory deviates from the influence shown 
by Grubin in a manner which is fairly plausible. 





Conclusions 


A theory for film thicknesses in rolling contact sys- 
tems based on the Ree-Eyring model for the lubricant 
has been developed. It is very similar to the Grubin 
theory if the shearing of the lubricant is not too high. 
However, if the shearing becomes great (that is, 
ho/BoVi S 1), marked differences in the theories appear. 
In such cases, the present theory shows that the rolling 
velocity should have a much weaker influence on the 
film thickness, while the applied load should have a 
stronger influence. 


Application of the present theory is hampered by lack 
of accurate and sufficient data for the parameters of the 
Ree-Eyring theory. For evaluation of those param- 
eters, further rheological tests are needed; and care will 
be required to assure that thermal disturbances do not 
distort the results of those tests. 

In the past, non-Newtonian behavior, as represented 
by the Ree-Eyring theory, may have seemed too compli- 
cated to include in theories for lubrication of rolling 
contact. It is hoped that the present theory will make 
this possible non-Newtonian behavior easier to study, 
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and will also provide means for showing when it may 
become important. 
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APPENDIX 


MODIFICATION OF THE REYNOLDS EQUATION FOR A 
Ree-Eyrinc LuBrRicant 
Equilibrium in a differential element of the lubricant 
any place in the film requires that 
dp 3 Or 
dx dy 
(It is assumed, as usual, that p does not vary with y.) 


Integration with respect to y, and use of the relation [6] 
shows 


au an (2 a 
B eg sinh (w via +h); 
where fi(z) = (a/X)r(z, 0). 
with respect to y shows 


dp 
X dz 


A second integration 


d 
osh (2 = +f) + fo(x), 


and a third integration over 0 < y < h shows 


a? 2 fis pp (ah dp 
Xx (? A udy = sinh Ce a +h) 


aie ESL 


X ax?’ 





Since u(z,0) = —V; and u(z,h) = —Vo, it follows 
that 
{— @Vifs/h = cosh fi + fo 
— BVofs/h = cosh (fs + fi) + fe 
BQfs?/h? = sinh (fs + fi) — sinh fi + fofs , 


where fa(2) = (ah/X)/(dp/dz), Q =f” ud 
0 


These three equations in 1, f2, and fz need to be solved 
simultaneously in order to find f3(x). In order to geta 
simple solution, attention will be restricted to the case 
of pure rolling, for which V; = Vo. Then 


cosh f; = cosh (fi + fs) , 


so that either fs = 0 (a trivial case with p constant) or 
else fi = (—1/2)fz. In the latter, nontrivial case, 
elimination of f; and fe from the system leaves the 
following equation for f3: 


2 Vih 2 
~ ee : (2) = B cosh 2 — sink £. 
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Letting 


1 ah d 2 Vih 
g(2) = 3 fs= By = — BOE, 


2X dx h? 
this equation for fg may be written as 


cosh g — sinh g 
v=! = =¢(), 


where the identity states the definition of g(g). Fur- 
ther simplification can be had by assuming the lubricant 
to be incompressible, so that Q is constant. Since 





dp/dx = 0 at the exit end of the film where h = h, and 
¢(0) = 0, it follows that Q = —Viha. Now the 
equation v = ¢(g) can be inverted formally to yield 
g = ¢ 1(v), and this is equivalent to 


d 2X 
Few aye O” #ABOV C727 (he — h)/H2) 


For a Ree-Eyring lubricant between rolling cylinders, 
this differential equation takes the place of the Reyn- 
olds Eq. [2] which applies to Newtonian lubricants. 


DISCUSSION 


H. H. Horowitz (Esso Research and Engineering Company, 
Linden, New Jersey): 


Hydrodynamic lubrication problems involving non-Newtonian 
fluids are quite, intractable and must in general be solved by 
numerical methods. Dr. Bell has shown that it is possible to come 
close to an analytical solution if one uses sufficient ingenuity and 
makes a fortunate choice of the shear stress-strain rate relation. 

Our chief comment is that any nonlinear function may not be 
applicable to the oils selected for the experimental work and 
that the particular function chosen may be of the wrong shape 
even for lubricating’ oils that are non-Newtonian due to their 
content of polymeric additives. For example, the data given for 
X/a and $ for zero pressure describe a straight mineral oil, an 
SAE 30, that becomes non-Newtonian in the range of 105 
dynes/cm? shearing stress. The overwhelming bulk of data, ob- 
tained in oil company and related laboratories say that this never 
happens. Mineral oils containing nonpolymeric additives have 
been found to be Newtonian at ordinary pressures up to the 
highest shear stresses obtainable, 105 to 106 dynes/cm?. The 
only exceptions occur at low temperatures (about OF where 
solidification begins. 

Occasionally reports appear in the literature ascribing non- 
Newtonian behavior to mineral oils at ambient temperature and 
pressure. These can always be explained either on the basis of 
thermal effects, which Dr. Bell was careful to point out, kinetic 
energy and turbulence effects or complexities in the viscometer 
design. Of course, at very high pressures mineral oils may change 
their behavior and become non-Newtonian. There is not enough 
data available at high pressures and high shear rates to confirm 
or deny this. Work is in progress in this area at the discusser’s 
company and elsewhere. 

There are, of course, lubricants that are non-Newtonian. Poly- 
mer thickened oils, such as the 10W-30 oils are a good example. 
But the Ree-Eyring equation does not fit the behavior of these 
oils in two respects: Firstly, the equation predicts that the vis- 
cosity falls to zero at high shear rates, whereas in fact it falls to 
a finite value higher than that of the solvent oil. Secondly, the 
hyperbolic sine function gives a viscosity which goes from the 
low shear value to the high shear value (zero) within about 
one decade of shear rate, whereas the experimental curves show 
a gradual transition over four or five decades, at least a thousand- 
fold longer range. 

It has been suggested that the Ree-Eyring equation could be 
modified to overcome these difficulties by adding additional in- 
verse hyperbolic sine terms to stretch the transition range and 
including one term with a very high value of B to account for 
the base stock viscosity. But these changes destroy the possibility 


of mathematical solutions. Numerical techniques are required, 
which might as well make use of simpler empirical flow equations. 

There are a number of more general comments that might be 
made: Is it not true overall, that it is premature to consider the 
non-Newtonianism of the lubricant as an explanation of the dis- 
crepancy between theory and experiment when there appear to 
be so many larger and more important effects? For example, 
what is the meaning of film thickness measurements of 10—® in. 
(ca 250A)? Are surface asperities and surface films not taller than 
this? How can we be sure therefore that the experiments are ac- 
curate? Second, can we be sure that the enormous pressures in 
the oil do not affect the Hertzian distribution of film thicknesses? 
Third, there is the possibility the sudden application and release 
of the pressure would produce density changes and transient ex- 
pansion and contraction effects which could have large effects. 
Fourth, the same thermal effects mentioned earlier need to be 
analyzed more carefully. Fifth, does side leakage have an effect? 
And so on. 

In short it appears that studying non-Newtonianism in this field 
is putting frosting on the cake before there is a cake. It is appro- 
priate to apply non-Newtonian effects to straight hydrodynamic 
theory because it has been so well developed. But can the same 
be said about elasto-hydrodynamic lubrication? 


B. SterniicHt (General Electric Company, Schenectady, New 
York): 


The author should be complimented on his mathematical treat- 
ment of this difficult elasto-hydrodynamic problem. While this 
method of analysis yields film thickness which is on the conserva- 
tive side, it does not necessarily mean that it represents a true 
model. 

It has been shown in Ref. (9) that solution of Reynolds, energy, 
elasticity and viscosity f (p, 7) equations give film thickness which 
are similar to the ones measured by Mr. L. Sibley. Yet this 
analysis [Ref. (9)] does not consider the fluid to be non- 
Newtonian. 

I have taken the liberty to calculate one case using theory 
presented in Ref. (9) to compare with the author’s results of 
Table 3. 








Temp. Grubin 108k J. C. Bell Sternlicht 
deg. F Theory Measured Theory [Ref. (9)] 
95 450 45 0.75 23 | 





As was shown by Mr. L. Sibley at a recent conference at Battelle, 
our theory is on the conservative side. But this can be explained 
for we have assumed adiabatic conditions. Conduction was ne- 
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glected, when conduction is included the fluid viscosity will be 
raised somewhat and so will the minimum film thickness. 

I wonder whether the author could comment on this. These 
comments should not detract at all from this valuable contribu- 
tion for it is quite possible that both effects take place. 


AvuTHOR’s CLOSURE: 


In reply to the comments by Dr. Horowitz, it may be remarked 
first of all that lubrication of rolling contact is of a nature which 
especially invites non-Newtonian behavior by the lubricant. This 
is so because both the pressures and the shear rates greatly exceed 
those common in other types of lubrication. These facts prompted 
the present study. When also the newly available film measure- 
ments under stringent operating conditions showed marked de- 
viations from theories based on standard assumptions, some in- 
vestigation of non-Newtonian behavior seemed indeed appro- 
priate. 

There are, of course, many non-Newtonian models for lubri- 
cants. Most of them are merely descriptive, serving only to cor- 
relate or to emulate data from rheological tests. The Ree-Eyring 
model, however, is based on consideration of intermolecular phe- 
nomena, so it seemed to deserve more than usual attention. 
Moreover, there are rheological data which seem to support this 
model. In particular, the Norton, Knott, and Muenger data (13) 
were used by Hahn et al. (12) as the basis for their estimates of 
the Ree-Eyring parameters. These data do show non-Newtonian 
behavior of an SAE 30 motor oil at 20 C beginning with shear 
stresses of about 105 dynes/cm?. If it is to be argued that other 
experimental data do not show non-Newtonian behavior at 
stresses this low, it must be remembered that the highest shear 
stress in data now obtainable is—as Dr. Horowitz says—only 105 
to 108 dynes/cm?. 

The theoretical background of the Ree-Eyring model, plus its 
successful application to a substantial variety of substances, en- 
courages one to try applying it to lubricants, even though there 
are few rheological data at hand for a specific lubricant. For the 
present paper, in fact, the writer would have preferred to find 
high-shear, high-pressure rheological data for an SAE 50 motor 
oil, hoping they would show non-Newtonian behavior deferred to 
stress levels higher than those inferred by Table 3. Thus if the 
values of By in Table 3 could have been reduced by the factor 
1/9, with po, y, and y./y, being unchanged, the predicted film 
thicknesses would have been as indicated in Table C1. 











TaBLe Cl 
Temperature 10% ho, in. 
deg. F Measured Present Theory 
95 45 56 
105 35 36 
113 32 28 
120 22 22 
135 25 14 





The agreement here is much better than in Table 4, and the under- 
lying estimates of the Ree-Eyring parameters may be as accurate 
as before. Moreover, this change in By defers the predicted non- 
Newtonian behavior to stress levels of about 10¢ dynes/cm2, the 
approximate maximum for present viscosity data. The writer 
does not see disillusionment here, but instead a challenge for more 
stringent rheological tests. 

The simple Ree-Eyring model used here may not be flexible 
enough to describe polymer thickened oils. Adding more terms 
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corresponding to flow units (lubricant components) having scat- 
tered relaxation times as in Ref. (11) would complicate the anal- 
ysis. Yet it is premature to say that this would make an analytic 
solution impractical. Useful solutions might be found on the basis 
of some appropriate assumption, perhaps such as that all flow 
units have similar value of y, and y. even though they differ 
in X,/a and By. This assumption seems to lead primarily to a 
change in the form of m—1. A change in that function might be 
tolerable, although it might require more work. In general, 
analytic solutions (as contrasted to numerical) deserve to be 
tried, since they are often broader and more comprehensible. 
Again, the simplicity of an approach to lubrication problems 
should be judged on the basis of the entire analysis it engenders, 
not according to the simplicity of its initial equations. Moreover, 
even if the analytic approach yields no solution beyond the pres- 
ent one, that should not impede use of this solution whenever it 
may apply, and conceivably this may be often. 

Details of the method for measuring film thicknesses have been 
described elsewhere (8).1 However, concerning possible disturb- 
ances from surface asperities, it may be remarked that profile 
measurements showed the asperities to have a root mean square 
height of 3 winches. Such asperities could hardly have caused a 
film 450 pinches thick (as from Grubin) to appear 45 pinches 
thick ! 

The Hertzian pressure distribution in the contact region must 
surely represent the major component of pressures in the lubri- 
cant. This Hertzian part is the pressure used in the present 
theory for estimating surface distortions. Therefore, the surface 
distortions used here should be correct to a first approximation. 
Moreover, if the present theory is viewed as telling when non- 
Newtonian effects should disturb Grubin’s theory, it is appropri- 
ate to assume the same distortion as Grubin assumed with 
apparent success. More detailed analysis of surface distortions 
may prove useful later for estimating stresses in rollers, but the 
corrections probably will not affect the predicted film thicknesses 
seriously, except perhaps for a small correction at the outlet end. 

The sudden application of pressure to the lubricant should 
compress it, but not nearly enough to cause the discrepancies be- 
tween Grubin’s theory and the measured values. Grubin esti- 
mated that reduction in volume of the lubricant would not ex- 
ceed 25% (6). Further discussion of the influence of compressi- 
bility will be given, the writer understands, in a forthcoming 
publication by Dowson and Higginson. 

Thermal reduction of viscosity as a result of frictional heating 
seems to offer the most likely alternative to non-Newtonian be- 
havior as an explanation for drastic, unexpected thinning of a 
lubricating film. Unfortunately, this thermal effect is so intricate 
that a definitive analysis of it is hard to obtain. Simplified anal- 
yses have been performed under the limiting assumptions that the 
lubricant either retains its heat adiabatically or else loses it as 
rapidly as the surrounding surfaces can conduct it away. These 
assumptions, however, lead to predicted temperatures that are 
very far apart. For example, in a calculation performed by Dow- 
son and Higginson (3) for a case involving pure rolling, the 
“adiabatic” assumption led to a temperature rise of 130 F, while 
the “heat conduction” assumption led to a rise of only 0.2 F. In 
a companion calculation for a case involving severe sliding, the 
two assumptions led to rises of 100,000 F and 150 F, respectively. 





1 See also Srptey, L. B., and Austin, A. E., “An X-Ray 
Method for Measuring Thin Lubricant Films Between Rollers,” 
Instrument Soc. of Am., Preprint No. 65-LA-61 (September, 
1961). 
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Clearly, the influence of thermal effects on viscosity depends on 
which of these assumptions is more nearly correct and on how 
much the surfaces slide. 

During pure rolling, frictional heat is generated most rapidly 
in lubricant adjoining the bearing surfaces. Since the bearing sur- 
faces are usually far better heat sinks than is the interior lubri- 
cant, the “heat conduction” assumption seems much more appro- 
priate than the “adiabatic.” By approximate analysis, Grubin (6) 
decided further that during pure rolling the lubricant tempera- 
ture stays at that of the surfaces. Quite recently, in more elab- 
orate analyses, St. John found all his results indicating that the 
heat flows quickly into the metal.2 This evidence tends to justify 
the “heat conduction” assumption, and to indicate that the tem- 
perature rise in the film is small during pure rolling. 

From the experimental point of view, earlier lubricant film 
measurements in the rolling disk machine (8) showed that even 
when moderate amounts of sliding were superimposed on the 
rolling of the disks, little change in the film thickness resulted. 
Since sliding should multiply the thermal effects noticeably (as 
Dowson and Higginson’s example illustrates), it seems clear here 
too that little thermal thinning of the lubricant films could have 
been present during the experiments with pure rolling. 





2 Sr. Joun, A. D., “Calculation of Lubricant Temperatures in 
High-Speed Cylindrical Rolling Contacts,” ASME Paper No. 61- 
WA-157, presented in New York (November, 1961). 


These few remarks on thermal effects imply a comment on the 
film thickness estimate provided by Dr. Sternlicht. His theory, as 
given in Ref. (9), is based on the “adiabatic” assumption for the 
disposition of frictional heat. This assumption apparently was 
used in getting his presently estimated film thickness, so the im- 
plied correction based on thermal effects must be substantially 
overdrawn. That is, an exact treatment of heat flow in Stern- 
licht’s theory surely would have reduced the predicted film thick- 
ness only to a little less than Grubin’s value. 


The thermal effects on film thickness still deserve investigation, 
especially when sliding of the surfaces is superimposed on rolling 
However, for the theory and experiment given here, wherein only 
pure rolling was sought, very little improvement could be ex- 
pected in the accuracy of the theory from adding thermal effects. 


The discussers have suggested many possible explanations for 
the discrepancy between the experimental and simple theoretical 
film thicknesses. However, the writer believes that none of these 
alternative explanations give corrections to the theory as large 
as are needed for the present data. On the other hand, the intro- 
duction of flow according to the non-Newtonian Ree-Eyring 
model produces corrections which are ample, and might even 
prove to be plausible if better rheological data for the lubricant 
were available. 


The writer wishes to thank the discussers for their interest in 
this investigation and for their stimulating questions. 
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Effects of Base Oil Viscosity and Type on Bearing 
Ball Fatigue 


By FRED G. ROUNDS! 


Thirty-to-one differences in fatigue life have been observed during four-ball fatigue studies con- 
ducted on sixty base oils selected from eleven different chemical classes including mineral oils and 
most of the commonly used synthetic fluids. Among the lubricant factors that appear to control 
fatigue are: (a) lubricant viscosity, (b) molecular shape, (c) reactivity or polarity, and (d) anti- 


wear characteristics. 


introduction 


FATIGUE is one of the oldest known yet least understood 
of the phenomena affecting the operation of rolling con- 
tact bearings. Although mechanical and metallurgical 
factors such as the contact stresses, the metal composi- 
tion, and the presence of inclusions, dislocations, and 
other imperfections in the metal are often reported to be 
among the most important factors controlling fatigue, 
the work of Otterbein (7), Morrison (2), and Cordiano 
et al. (3) has demonstrated that lubricant changes can 
vary the fatigue life of ball and roller bearings as much 
as eighteenfold. Such results have suggested that chemi- 
cal and/or physical processes involving the lubricant at 
the contacting surfaces may also play an important role 
in the fatigue process. 

In pursuing this concept, several investigators have 
searched for possible relationships between fatigue life 
and lubricant properties. Increasing the lubricant viscos- 
ity has been shown to increase life in both full-scale 
bearing tests (1) and in bench tests (4-6). Alteration 
of the contact stress distribution and crack penetration 
have been suggested as explanations for this effect. 
Other studies (3, 5-8) have shown large variations in 
fatigue life for lubricants of the same viscosity but dif- 
ferent base oil type. This latter effect has been generally 
attributed to the pressure-viscosity properties of the lu- 
bricant. Both of these observations indicate that the 
physical characteristics of the lubricant are involved. 

Chemical reactions occurring on the surfaces have also 
been considered as contributors to fatigue. It has been 
shown in many fatigue experiments that life is reduced 
by corrosion, presumably through the formation of pits 
that act as stress raisers because of the notch effect. The 
deleterious effect of some lubricant additives, such as 
extreme pressure additives, which react with the surface 
metal to perform their function may be another form of 





Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Chicago, Illinois, 
October 1961. 

1 Fuels and Lubricants Department, Research Laboratories, 
General Motors Corporation, Warren, Michigan. 
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corrosion fatigue (6, 9). Based on studies showing the 
adverse effect of water in oil (10), it has been suggested 
that the release of the hydrogen from the water in the 
lubricant at the rubbing surfaces may lead to hydrogen 
embrittlement. Thus the nature of the reaction products, 
as well as the physical change in the surface topography 
resulting from chemical reactions, may affect the fatigue 
process. 

Although studies such as those just discussed have 
added to our knowledge of fatigue, they have usually 
been quite limited in scope because of the long test 
times required at conventional loads to obtain a single 
failure and the statistical nature of fatigue requiring 
several failures to evaluate any lubricant. Further, the 
interpretation of the data in some cases is clouded by 
the fact that several lubricant factors such as base oil 
type and additive treatment were varied simultaneously. 
Therefore, a systematic study was initiated using a de- 
vice which greatly reduces fatigue life yet appears to 
correlate with full-scale bearing experience. 

Early in the lubricant viscosity-fatigue life relation- 
ship investigation with various classes of mineral oils 
and synthetic fluids, it was observed that other lubri- 
cant properties such as molecular shape, reactivity or 
polarity, and antiwear characteristics also seemed im- 
portant. To evaluate the effect of these various lubricant 
properties, data were accumulated on over sixty base 
oils from the following chemical classes: naphthenic 
mineral oils, paraffinic mineral oils, polyphenyl ethers, 
polybutenes, diesters, fatty acids, alcohols, polyglycols, 
silicones, phosphate esters, halogenated hydrocarbons, 
and other miscellaneous fluids. 


Test equipment and procedure 


The device used in this investigation was a modifica- 
tion of a four-ball fatigue test rig described by Barwell 
and Scott (5). The test pieces are four 0.500 in. SAE 
51100 steel balls which are held in the form of a pyra- 
mid by a conforming race. A schematic diagram of the 
test section is shown in Fig. 1. The upper ball is held 
by a collet and driven by an electric motor through pul- 
leys and a timing belt. The platform holding the lower 
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race is raised when load is applied so that the upper 
ball fits into the triangle formed by the lower three 
balls. Since the lower three balls are allowed to roll 
around the race, the upper ball is in effect the inner 
race of a thrust loaded ball bearing. 


BF TEST OIL 
er 


_ eS oe 


1,200,000 PSI HERTZ 


STRAIN GAUGE | 















SPEED 1582 RPM 
Oll TEMP. : 2OF 
Ol VOLUME 


aaa 0 


Fic. 1. Test section of four-ball fatigue test 


Fatigue failures are small pits that develop in the 
groove formed on the upper ball. They are detected by 
a vibration switch which automatically shuts the ma- 
chine down. Occasionally, a fatigue pit will form on one 
of the lower balls which rotate randomly. When this hap- 
pens, the number of stress cycles experienced by the 
pitted area before failure is unknown and, therefore, the 
test is treated as a suspended test. 

To obtain a better understanding of fatigue, wear and 
torque measurements are made as part of the fatigue 
tests. The antiwear properties are measured by cleaning 
in triple solvent (equal parts acetone, benzene, and 
chloroform) and weighing to the nearest 0.1 mg the 
lower three balls before and after the test. The running 
torque is measured with a repeatability of 2% using a 
strain gauge beam-knife edge arrangement by separating 
the race platform from the loading piston with an air 
bearing. The individual wear rates and running torques 
for each of the ten runs on the same oil were found to 
be relatively constant. 

The test conditions adopted for these tests are sum- 
marized in Fig. 1. The load, 1,200,000 psi Hertz nomi- 
nal, is great enough to cause plastic deformation of the 
upper ball; but the 1582 rpm rotational speed is quite 
moderate. In spite of the plastic deformation, the results 
seem to correlate with full-scale bearing experience (6). 
A sump temperature of 200 F is maintained by a heater 
located under the lower race. The small oil volume re- 
quired, 5c, is very desirable since it permits testing 
fluids which are available only in limited quantities. For 
example, ten failures can be obtained with a 4-ounce 
sample. 


The general procedure is to obtain two failures on a 
reference oil, two failures on each of five to seven un- 
knowns and then to repeat the sequence until the ten 
failures on each oil necessary for a complete test are 
obtained. This cyclic procedure partially compensates 
for the decrease in life associated with increasing num- 
bers of tests run on the same race. A new race was used 
for each set of unknowns to avoid the possibility of the 
race failing by fatigue during the tests. The resulting 
data are analyzed through the use of a computer to ob- 
tain a Bso life value assuming a Weibull distribution 
(11). 

Variations among the test pieces caused some data 
scatter. To compensate for race differences, all the data 
are reported in relative terms using a MIL-L-7808 
diester oil as the basis of comparison. Part way through 
the tests, the original supply of balls ran out; and it 
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was necessary to use a second lot of balls to complete 
the tests. This circumstance brought out the important 
fact that the two lots of balls had different sensitivities 
to lubricant changes. Such results suggest that lubricant- 
steel surface reactions are involved in fatigue. All the 
tests run on the second lot of balls were corrected to 
the corresponding value for the first lot. To make this 
correction, comparable data using the two ball lots were 
accumulated on eight lubricants covering the range of 
Bso life values. 
Test LUBRICANTS 


This study includes data for sixty base oils from 
eleven general chemical classes. The fluids in each chem- 
ical class were selected to cover the viscosity range from 
2.0 to 30cs at 210 F (roughly from a Diesel fuel to a 
heavy bright stock). For the polymeric compounds such 
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Fic. 7. Effect of oil type on fatigue life: Phosphate esters and 
halogenated hydrocarbons. 


as the polyglycols and silicones, the different oil viscosi- 
ties were obtained by evaluating fluids of different molec- 
ular weight, or in effect, different chain length. For 
the ester type fluids such as the diesters and the phos- 
phate esters, the range of viscosities was obtained pri- 
marily by varying the length and configuration of the 
alcohol contributed group. The naphthenic mineral oils 
were different distillation cuts from the same crude, 
whereas the paraffinic oils were obtained from several 
crudes and thus differed somewhat in composition. None 
of the fluids contained additives except for an oxidation 
inhibitor in some of the mineral oils and the polyglycols. 
No attempt was made to purify the fluids prior to test. 
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Observed effects of base oils on fatigue life 


The effects of mineral oils on fatigue life are illustrated 
in Fig. 2. Two important observations can be made from 
these data. First, for both naphthenic and paraffinic base 
oils, the fatigue life approximately doubles for a tenfold 
increase in viscosity at 210 F. However, it does not ap- 
pear that further gains in life would result from in- 
creasing the viscosity above 30cs. Carter (4), who 
evaluated a similar series of paraffinic oils in the NASA 
spin test rig, obtained essentially the same viscosity-life 
relationship. Secondly, throughout the viscosity range 
studied, the naphthenic base oils consistently gave longer 
life (2 to 2.5 times longer) than did the paraffinic oils 
of corresponding viscosity. Although these results are 
interesting, the interpretation is quite difficult because 


mineral oils contain a heterogeneous mixture of hydro- 
carbons differing appreciably in properties. 

To obtain a better understanding of the lubricant 
factors controlling fatigue, synthetic fluids from most 
of the commonly used classes were evaluated with the 
results being given in Fig. 3 to 7. A study of synthetic 
fluids has the advantage that these fluids are either 
single compounds or mixtures of compounds differing 
only in chain length, and thus the physical and chemical 
characteristics are reasonably well established. The 
shaded area in these figures represents the range of data 
for the mineral oils and has been included for reference. 
For the fluids that are known or are believed to be simi- 
lar in chemical structure, the data points have been 
joined to make viscosity-life “curves.” A complete sum- 
mary of the data is given in Table 1. 


TABLE 1 
Summary of Fatigue Test Results 





Relative values 











Viscosity at, os Bso0 Wear Running Weibull 
Chemical composition 100 F 210F VI life rate torque _ slope 
Mineral oils 
Naphthenic mineral oil 13.8 2.85 36 1.33 31.7 1.52 3.40 
Naphthenic mineral oil 33.4 4.49 3 1.24 34.9 1.49 2.35 
Naphthenic mineral oil 110 8.17 8 2.13 18.6 1.38 2.33 
Naphthenic mineral oil 262 12.3 —26 2.584 3.64 1.364 2.184 
Naphthenic mineral oil 1120 29.0 —5 2.68 3.2 1.27 2.24 
Paraffinic mineral oil 5.21 1.74 91 0.644 873 1.94¢ 1.63¢ 
Paraffinic mineral oil 10.2 2.55 82 0.612 683 1.964 1.50 
Paraffinic mineral oil 59.0 7.45 95 0.954 92.24 1.49¢ 1.574 
Paraffinic mineral oil 262 20.6 100 1.034 8.84 1.334 0.944 : 
Paraffinic mineral oil 463 30.3 101 0.974 1.63 1.204 1.184 ’ 
Esters = 

Isodecyl pelargonate 4.74 1.69 118 0.96 1.06 1.18 1.72 
Dipropylene glycol dipelargonate 9.36 2.64 132 2.98 6.82 1.14 3.63 
Di-2-ethylhexyl sebacate 12.8 3.34 154 1.764 1.944 1.194 0.594 
Di-2-ethylhexyl phthalate 20.8 4.23 125 2.61 19.6 1.29 0.59 
Trimethylolpropane ester 23.7 4.82 140 1.55 3.40 1.13 0.86 
Pentaerythritol ester 26.4 5.01 130 2.95 3.29 1.15 1.66 
Tridecyl azelate 36 6.38 134 1.90 5.16 1.44 1.64 
Di-alky] dimerate 81.2 12.0 133 2.91 2.39 1.16 2.02 

: Diester 188.2 20.4 122 1.03 2.08 1.09 1.34 
Diester 273.7 28.9 125 0.60 2.85 1.02 1.26 

3 Fatty acids and alcohols 

; Pelargonic acid 5.7 1.92 167 0.49 27.5 0.96 1.39 

5 Oleic acid 20.9 4.94 171 0.234 29.64 0.854 0.904 

> Saturated fatty acid 27.3 5.25 136 0.46 2.86 0.91 0.74 

Branched C,. acid 36.0 6.24 99 0.56 37.0 0.93 0.48 

B n-Decy] alcohol 9.0 1.93 —209 0.51 76.5 1.36 3.85 

5 Cyclohexanol 26.6 2.39 —639 1.53 38.2 1.61 1.13 

7 Oley] alcohol 18.9 3.32 13 1.01 2.45 0.85 0.49 

] Ethylene glycol 9.44 2.01 —57 = 1.04 17.3 0.73 0.80 

e Dipropylene glycol 33.8 3.18 —385 1.40 86.5 1.47 1.16 

1 Triethylene glycol 18.7 3.35 23 1.78 72.3 1.14 0.85 

ye Glycerin 224.4 11.56 —15 2.30 16.5 0.68 0.93 





@ Average of two or more tests. 
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TABLE 1 (Continued) 








Viscosity at, cs 





Relative values 








Bso Wear Running Weibull 
Chemical composition 100 F 210F VI life rate torque slope 
Polyglycols 
Polyglycols (propylene 13.10 2.95 78 2.31 545 1.60 2.66 
oxide, ethylene oxide 36.5 6.80 144 1.284 31.94 1.234 0.604 
polymers) 65.0 11.0 142 0.88 7.50 1.25 0.93 
141 21.9 140 0.81 45.5 1.28 1.22 
Phosphate esters 
Tri(2-ethylhexyl) phosphate 8.03 2.29 107 1.01 2.57 1.06 1.56 
2-Ethylhexyl dicresyl 
phosphate 16.63 3.14 27 0.92 2.30 1.10 2.06 
Tricresyl phosphate 30.8 4.12 —35 1.20 4.34 1.81 1.50 
Triaryl phosphate 63.4 6.16 10 3.01 29.2 1.82 2.11 
Triaryl phosphate 246.4 9.49 —148 2.75 12.3 1.73 4.35 
Mono and dialkyl phosphate 
(Cy. average) 113.2 15.05 129 0.12 707 0.86 1.41 
Di-dodecyl phosphite 13.2 3.65 183 0.54 26.9 0.84 1.20 
Silicones and silicates 
Methylpheny! silicone 10.59 3.13 176 1.18 4105 2.83 1.83 
Hexa(2-ethylbutoxy) 
disiloxane 10.8 3.81 232 1.10 6.7 1.21 1.67 
Methylpheny! silicone 16.1 6.50 213 1.50 100.8 2.29 2.09 
Chlorinated methylphenyl 
silicone 40 16 173 2.22¢ 37.1% 1.974 2.074 
Methylpheny!] silicone with 
polyglycol chains 74 16 154 0.44 12.2 1.32 0.84 
Methylpheny! silicone 74.5 29.3 156 1.54 625 2.49 3.11 
Methylpheny] silicone? 77.8 29.8 155 — 1235 3.07 — 
Dimethy] silicone 82.9 33.5 153 1.94 332 2.16 1.86 
Tetra(2-ethylhexyl) 
orthosilicate 6.3 2.3 160 2.67 4.77 1.27 4.17 
Halogenated fluids 
Trifluorochloroethylene 25 3 —222 0.71 6.97 1.53 0.99 
polymers 220 10 —77 0.36 6.42 1.43 0.78 
Chlorinated bipheny! 41.6 3.16 —590 0.35¢ 45.7@ 1.23@ 1.560 
Polyphenyl ethers 
m-Chlorophenyl-m-phenoxy 
phenyl ether 16.43 3.06 13 2.95 44.0 1.72 1.64 
m-Bis(m-ethylphenoxy) 
benzene 15.41 3.32 91 1.90 16.0 1.72 7.53 
Bis(phenoxypheny]) ether 
mixed isomers? 69.5 6.26 —?7 aa 186.5 2.10 — 
Bis-m(m-Phenoxyphenoxy ) 
benzene 333.5 12.58 —77 2.95 131.9 2.58 5.11 
Bis(phenoxyphenoxy) 
benzene mixed 
isomers? 389.1 13.58 —81 —_ 239 2.21 — 
Others 
Diamy] naphthalene 30.7 3.67 —140 3.00 3.75 1.35 1.21 
Polybutene 23.8 4.37 100 2.40 10.5 1.38 1.33 
Polybutene 1114 12.0 105 2.504 32.8% 1.654 5.52¢ 





@ Average of two or more tests. 
+ Fluid decomposed to form solid material before fatigue failure occurred. 
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In looking at the fatigue life data, it will be noted 
that the various members of each class of synthetic 
fluids generally tend to give fatigue life values that fall 
in a similar relation to the mineral oil range. For ex- 
ample, the polybutenes and the polypheny] ethers shown 
in Fig. 3 are generally superior to the mineral oils as 
are the diesters shown in Fig. 4. The alcohols in Fig. 5 
and the silicones in Fig. 6 fall inside the mineral oil 
range, whereas the halogenated hydrocarbons in Fig. 7 
and the fatty acids in Fig. 5 give shorter lives than the 
mineral oils. From the fluid giving the shortest life, di- 
dodecyl phosphate (Fig. 5), to the fluids giving the 
longest lives, diamyl naphthalene (Fig. 3) and a triaryl 
phosphate (Fig. 5), there is a thirty-to-one difference 
in life than can be attributed to the lubricant. Although 
the fatigue life data appear quite scattered, some gen- 
eralizations can be made which give a clue to the factors 
that may be controlling fatigue life. 


The relationship between viscosity and life for the 
synthetic fluids depends on the class of lubricants con- 
sidered. For example, the polyphenyl ethers and phos- 
phate esters (Figs. 3 and 7) show an increase in life with 
increasing viscosity comparable to that for mineral oils. 
In contrast, the polybutenes and silicones (Figs. 3 and 
6) exhibit little effect of viscosity on life, whereas other 
polymeric fluids such as the polyglycols and the tri- 
fluorochloroethylene polymers (Figs. 5 and 7) show a 
decrease in life with increasing viscosity. The fatty acid, 
alcohol, and diester “curves” (Figs. 4 and 5) are some- 
what confused by the diversity of fluids included. With 
the exception of the polyglycols, the data presented agree 
reasonably well with the data of Barwell and Scott (5). 
The lack of a consistent effect of viscosity for all types 
of fluids indicates that other physical or chemical factors 
are more important than viscosity per se. 

One such factor may be the physical shape of the 
average molecule in the lubricant. As illustrated in 
Table 2, fatigue life seems to be affected by the num- 
ber of aromatic or naphthenic rings in the molecule. 


TABLE 2 
Relationship Between Number of Rings Per Molecule and 
Fatigue Life 








Average no. Relative 
of rings fatigue life 
Base oil type per molecule at 6cs 
Fatty acids 0 0.54 
Paraffinic mineral oils 1-2 0.87 
Naphthenic mineral oils 2-3 1.62 
Polyphenyl ethers 4-5 2.32 





Other fluid classes also give longer fatigue life when 
the molecule contains ring structures. For example, the 
phosphate ester data in Table 1 shows that replacing 
alkyl groups with aryl groups prolongs life. Similarly, 
the ring structure in phthalic acid may be responsible 
for the longer life with di-2-ethylhexyl phthalate than 
with di-2-ethylhexyl sebacate (relative life values being 
2.61 and 1.76 respectively). In the alcohol series, the 


ring compound cyclohexanol gave a relative fatigue life 
of 1.53 compared to lives of 0.51 and 1.01 for the Cy 
and Cs straight chain alcohols. Following this reason- 
ing, the long life obtained with diamyl naphthalene may 
be associated with the fused benzene rings present in 
the molecule. With the exception of the chlorinated bi- 
phenyl and a substituted silicone, all the compounds 
containing ring structures gave longer lives than the 
paraffinic oils and many were superior to the naphthenic 
mineral oils. Since the presence of ring structures tends 
to make the molecules more compact, these results sug- 
gest that increasing the compactness of the molecule is 
beneficial for longer life. 

Branching of the alkyl groups in acids, alcohols, and 
esters or the formation of esters from polyfunctional 
alcohols are other ways to make the molecule more 
compact. As a check on whether this approach is also 
desirable for fatigue life improvement, some interesting 
comparisons can be made. The relative fatigue life for 
a branched chain Cis fatty acid is 0.56 compared to a 
value of 0.23 for a straight chain Cys acid. Similarly, 
the orthosilicate and pentaerythritol esters (Figs. 4 and 
6) which have tetrahedral structures were among the 
fluids giving the longest lives. In contrast, the disiloxane 
which resembles the orthosilicate structurally gave much 
poorer life, the relative fatigue life values being 1.10 and 
2.67 respectively. Similarly, the straight-chain polybu- 
tenes gave relatively long life, whereas the structure 
considerations just discussed would predict poor life. 
These observations indicate that chain branching is only 
partially effective in giving longer life. 

Since the viscosity-temperature properties of lubri- 
cants are partially dependent on the molecular configura- 
tion, it seemed possible that a correlation might exist 
between the viscosity-temperature properties as repre- 
sented by the viscosity index and fatigue life. Examina- 
tion of the data in Table 1 indicates that such is not 
the case. For example, dipropylene glycol and di-2- 
ethylhexyl sebacate give similar Bso lives (1.40 and 1.76 
respectively) even though they fall near the two ex- 
tremes of the viscosity index scale (the values being 
—385 and 154). Similar comparisons can be made be- 
tween the chlorinated biphenyl and di-dodecyl phosphite 
or between diamyl naphthalene and tetra (2-ethylhexyl) 
orthosilicate. It is apparent that those factors other than 
molecular shape which affect the viscosity-temperature 
properties do not have a corresponding effect on fatigue 
life. 

The effect of the polarity or reactivity of the molecule 
can be illustrated by several examples. Changing the 
hydroxyl group in oleyl alcohol to the more polar car- 
boxyl group in oleic acid decreased the relative fatigue 
life from 1.01 to 0.23. A comparison among the phos- 
phorous compounds shows that life decreases progres- 
sively from tri-2-ethylhexyl phosphate through the es- 
sentially neutral but effective antiscore compound 
di-dodecyl phosphite to the strongly acid di-dodecyl 
phosphate, the relative lives being 1.01, 0.54, and 0.12 
respectively. Similarly, the esters in which the polar 








carboxyl and hydroxyl groups of the reacted acid and 
alcohol have been effectively neutralized generally gave 
longer lives than did either of the reactants used to make 
the ester. For example, n-decyl alcohol and pelargonic 
acid had relative lives of 0.51 and 0.49, whereas isodecyl 
pelargonate gave a life of 0.96. Or dipropylene glycol 
and pelargonic acid had relative fatigue lives of 1.40 
and 0.49 compared to a life value of 2.98 for dipropylene 
glycol dipelargonate. These data indicate that increasing 
the reactivity or polarity of the molecule reduces life. 

The chlorinated compounds may not follow this gen- 
eralization. For example, the _trifluorochloroethylene 
polymers and the chlorinated biphenyl (Fig. 7) which 
are reported to be quite stable gave short lives in these 
tests. However, as observed in friction tests conducted 
at rather high loads (12), the chlorinated biphenyl may 
be decomposing appreciably in these fatigue tests. 
Limited additive studies have shown that the addition 
of reactive chlorine compounds to a mineral oil reduces 
life to a value similar to that for the chlorinated bi- 
phenyl (6, 9). In contrast, chlorinating either the poly- 
phenyl ether or the methylphenyl silicone increased 
life. Perhaps the availability of the chlorine atoms for 
reaction with the metal surface is the important factor 
being varied with these chlorine containing compounds. 

Changing the hydrocarbon substituents in the silicone 
molecule also had an interesting effect on fatigue. Re- 
placing the methyl groups in a silicone molecule with 
some phenyl groups or some phenyl groups plus poly- 
glycol groups reduced life from 1.94 to 1.54 or 0.44 
respectively. More data of this nature are needed to 
show how molecular composition and configuration af- 
fect fatigue. 


Effects of wear and torque on fatigue life 


During the test program, relationships between the 
individual observed life values and the corresponding 
wear and torque values seemed to emerge. As illustrated 
by Fig. 8, which includes data for a wide variety of base 
oils and compounded oils, there appears to be an opti- 
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Fic. 8. Effect of wear rate on fatigue life 
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mum wear rate for maximum life. Further, increasing 
or decreasing the wear rate from the optimum value 
decreases fatigue life markedly. The cluster of points at 
the lowest wear rate listed should be distributed to 
lower wear rates, but these lower values could not be 
measured by the test method used. Low life values, on 
the other hand, were observed at all wear rates. All the 
base oils reported in this study permitted wear rates 
that corresponded to the optimum range (relative wear 
rates of 2 to 5) or greater wear rates. Thus in these 
tests, a higher wear rate corresponded to shorter fatigue 
life. 

Since the various classes of base oils differed widely in 
wear characteristics and since fatigue life for individual 
tests is strongly dependent on wear rate, it was of in- 
terest to determine whether the differences in wear rate 
could account for the observed differences in fatigue 
life. Typical relative wear data from the four-ball fatigue 
tests( average of ten runs on each lubricant) are shown 
in Fig. 9. The shaded area represents the range of re- 
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Fic. 9. Effect of lubricant type on wear 


sults for straight mineral oils with naphthenic base oils 
falling at the bottom of the range and paraffinic base 
oils at the top. The ranking of the various classes of 
synthetic fluids with silicones being poorer and diesters 
better than mineral oils is in general agreement with 
other wear studies. By comparing the fatigue life data 
in Figs. 4 to 7 with the wear rate data, it will be noted 
that the order of diesters, naphthenic oils, and paraffinic 
oils in terms of increasing wear is exactly the inverse 
of that in terms of increasing life. The wear rates of the 
silicones and phosphate esters, however, do not fall in 
the proper order to explain the fatigue lives. If the wear 
rate and fatigue life data for the chlorinated polypheny] 
ether or the chlorinated methylpheny] silicone are com- 
pared to the values for the unsubstituted counterparts, 
it will be noted that the decrease in wear resulting from 
chlorinating the molecule has improved fatigue life. Thus 
there seems to be a correlation between wear rate and 
fatigue life for some classes of oils but not for all. 
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Other experiments have shown that friction is depend- 
ent on surface films formed by lubricant reaction with 
or adsorption on the rubbing surfaces (12). Since some 
of the data presented in this paper has suggested that 
reactivity or polarity may be important in fatigue, it 
seemed possible that a relationship between friction (or 
running torque) and fatigue life might exist. As shown 
in Fig. 10 which presents data for thirty individual 
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Fic. 10. Relationship between running torque and life 


runs on the same oil, there is a tendency for the longest 
lives to be associated with the highest running torques 
whereas short lives were observed at all running torques. 
Although the running torque is primarily a measure of 
the torque required to overcome the coefficient of fric- 
tion, it does include the torque required to wear the 
balls and race. Therefore, to isolate the possible relation- 
ship between friction and fatigue, fatigue life values 
were compared to the friction values obtained under 
conditions of negligible wear using a thrust ball bearing 
friction machine (12). As illustrated in Fig. 11, es- 
sentially no correlation was found. In addition, no 
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Fic. 11. Relationship between fatigue life and friction 


change in running torque announced the onset of fatigue 
failure. 


Other observations 


Nearly all the fluids caused normal fatigue pits such 
as that shown in Fig. 12. There were some notable 
exceptions, however. The grooves in the balls are the 
ball tracks formed by contact with the lower three balls 
during each run. Limited checks have indicated that 
the width of these grooves remains essentially constant; 
but the depth increases progressively with time for fluids 
that cause little or no wear whereas, for fluids that cause 
appreciable wear, both the width and depth of the 
groove increase with time. 

One unusual failure type was that for the silicate 
ester which was characterized by a series of fine pits 
all around the running track. The appearance was that 
of a badly etched part. The polyphenyl ethers gave 
somewhat similar failures but the number of pits was 
smaller and the individual pits were larger. The width 
of the running track with this latter fluid is an indica- 
tion of the high wear encountered. 

Perhaps the most unusual type of failure was that 
obtained with ethylene glycol. As can be seen, a large 
chip was removed from the ball after the fatigue failure 
occurred. Similarly catastrophic fatigue failures have 
been observed in other studies using ethylene glycol (13). 
The chip type failure was also observed occasionally 
with glycerin. These different failure appearances are 
further evidence that failure does not occur by the same 
mechanism for all fluids. 

The condition of the used fluids from these tests were 
also of interest. Most of the used lubricants were either 
clear or only slightly darkened. The methylpheny] sili- 
cones, on the other hand, thickened to the consistency 
of a thin mud. This would indicate that the temperature 
at the ball contacts was in excess of 500F (the tem- 
perature range at which silicones gel) even though the 
nominal sump temperature was 200 F. Despite the ex- 
ceptional stability reported for the polyphenyl ethers 
(thermal decomposition temperatures above 800 F ), they 
turned to a tarry black solid during these fatigue tests. 
These results are indicative of high temperatures at the 
ball contacts. Perhaps acceleration of the surface chemi- 
cal reactions which seem important for fatigue by these 
high temperatures permits acceleration of the fatigue 
test. 


Role of lubricants in the fatigue mechanism 


Although fatigue is characterized by a sudden cata- 
strophic failure which occurs after the part has been sub- 
jected to repeated stress cycles, it is well known that 
the metal part has undergone metallurgical changes 
prior to the final failure. These precursors of fatigue are 
frequently grouped into three phases, these being pre- 
conditioning of the part prior to crack initiation, crack 
initiation, and finally crack propagation leading to the 
typical fatigue failure. Since lubricants do affect fatigue 





180 Frep G. RouNDsS 


life, it is of interest to speculate on how lubricants alter 
the fatigue process. The data presented have shown 
that viscosity, molecular shape, reactivity or polarity, 
and antiwear characteristics are among the lubricant 
factors that seem to affect fatigue. However, the fact 
that no one of these properties accounts for all the ob- 
served differences in fatigue life indicates that several 
mechanisms are probably involved. 

The importance of both oil viscosity and molecular 
shape suggests that some lubricants control fatigue by 
physical processes occurring at the rubbing surfaces. 
Way (14) suggested that lubricant penetration into sur- 
face microcracks could act as a wedge causing the crack 
to propagate when a load reversal occurs. Continuation 
of this process would lead to a fatigue type failure. 
Such a mechanism could explain the increase in life with 





- NORMAL FAILURE 


higher viscosity fluids, fluids containing a higher per- 
centage of carbon in ring structures, and fluids having 
more chain branching in the molecule. All these changes 
tend to increase the physical size of the molecule in 
cross section which should reduce the tendency of the 
fluid to penetrate into surface cracks because of steric 
considerations. The observation that the polybutenes 
and silicones show little effect of viscosity may be ex- 
plained by the fact that these are linear polymers; and, 
consequently, higher viscosity (higher molecular weight) 
means a longer chain length but no change in the cross 
sectional area. However, this explanation would not ac- 
count for the decrease in life with the polyglycols or 
trifluorochloroethylene polymers of higher viscosity. 

As suggested by Rebinder (15), surface active mole- 
cules may penetrate cracks more easily than nonpolar 
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Fic. 12. Typical failures from four-ball fatigue tests 
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materials because of the added driving force. This could 
explain the longer life with the alcohols than with the 
more polar fatty acids. Rebinder also suggested that 
the presence of surface active components in an oil may 
reduce the surface energy of the metal to such an extent 
that surface cracks form under conditions normally con- 
sidered moderate. Since the crack penetration mechanism 
would affect only the last phase of the fatigue process, 
the changes in life due to crack penetration would not 
be expected to be large. 


Considering that viscosity varies exponentially with 
pressure, the fluid may be extremely viscous or even solid 
under the loads used in the four-ball fatigue tests. As a 
result, the stress distribution in the ball contact areas 
may be altered sufficiently with some fluids to affect 
fatigue through the large effect of load on life. As a 
rough check of the importance of pressure-viscosity, 
fluids were selected from these studies that duplicated 
as nearly as possible the properties and composition of 
the fluids used in the ASME pressure-viscosity studies 
(16). The relationship between the pressure-viscosity 
coefficient as estimated from the ASME data for pres- 
sures below solidification and fatigue life is illustrated 
in Fig. 13. As can be seen, no over-all correlation was 
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Fic. 13. Relationship between pressure—viscosity properties 
of lubricant and fatigue life (u = U9 exp (a:Ap), where py = vis- 
cosity at atmospheric pressure, a = coeff., AP = pressure rise 
above atmospheric). 


found; but, within any class of fluids, there is a trend 
toward longer life with a larger pressure-viscosity co- 
efficient or, in effect, higher viscosity. However, a similar 
relationship was observed assuming atmospheric pressure 
viscosity. Thus roughly taking the effect of pressure on 
viscosity into account did not give a significantly better 
correlation between viscosity and life suggesting that, 
contrary to the opinion of some investigators, the pres- 
sure-viscosity properties are not too important. 
Chemical reactions occurring on the ball contacts may 
be affecting fatigue life in one of several ways. If the 
lubricant selectively reacts at specific points on the metal 
surface, a corrosion pit will be formed that can act as a 
crack initiator. Continued reaction at the roots of these 


pits will accelerate crack propagation. Such a lubricant 
would be expected to have a very detrimental effect on 
life since all three phases of the fatigue process would 
be affected. This may be the explanation for the poor 
life obtained with the fatty acids and dialkyl phosphates. 
On the other hand, a lubricant which attacks the con- 
tacting surfaces uniformly may have little or no effect on 
fatigue. 

In addition to physical changes in the rubbing surfaces 
resulting from chemical reactions, the reaction products 
themselves may be altering the fatigue process. If one 
of the reaction products is hydrogen, diffusion of atomic 
hydrogen (either charged or neutral) into the metal lead- 
ing to hydrogen embrittlement could occur. Cracks in- 
itiated and possibly propagated by the embrittlement 
process could then lead to fatigue failure. Such a mech- 
anism would be expected to have a large effect on fatigue 
since all three phases of the fatigue process would be 
affected. This is another possible explanation for the 
poor life obtained for the fatty acids and the dialkyl 
phosphate. 

If the reaction product formed on the rubbing surfaces 
has antiwear properties, fatigue may be controlled 
through regulation of the wear rate. The fact that there 
is an optimum wear rate for maximum life points to 
several mechanisms being involved. The increase in life 
with increasing wear rates below the optimum may re- 
sult from the reduced possibility for a unit volume to 
accumulate enough cycles to fail by fatigue before it is 
worn away. At high wear rates, this effect may be coun- 
terbalanced by the greater chance that the stressed zone 
of the metal will pass through an especially weak unit 
volume that can fail in the number of cycles available. 
Another possible explanation for the reduced life at high 
wear rates is based on the high local surface tempera- 
tures generated during wear. If the surface temperature 
gets above 750 to 900 F which seems quite likely con- 
sidering the oil decomposition noted earlier, local thermal 
cracking of the lubricant can occur. One product of 
hydrocarbon thermal cracking is hydrogen (17) which 
could lead to a hydrogen embrittlement type failure. As 
the wear rate increases, the amount of oil exposed to 
these high local temperatures would increase thus in- 
creasing the amount of hydrogen released. 

In the preceding discussion, an attempt has been 
made to explain how lubricants affect fatigue. Several 
failure mechanisms were required to account for the ob- 
served results. Undoubtedly, many mechanisms for fa- 
tigue are acting simultaneously, and changing the lubri- 
cant merely accelerates one or retards another of these 
mechanisms. In view of the possible effects of chemical 
reactions at the ball contacts on fatigue, studies of oil 
additive effects now in progress should be very informa- 
tive. 


Summary 


Four-ball fatigue tests run on sixty base oils selected 
from eleven different chemical classes have shown thirty- 
to-one differences in fatigue life with different lubricants. 








Among the lubricant classes giving the longest lives were 
the diesters and the polyphenyl ethers, whereas the fatty 
acids and halogenated hydrocarbons were the least de- 
sirable. Lubricant properties that seem to be controlling 
fatigue are viscosity, molecular shape, reactivity or po- 
larity, and antiwear characteristics. For the mineral oils 
and some synthetics, fatigue life doubled for a tenfold 
increase in viscosity at 210 F whereas for other synthetic 
fluids life was independent or decreased with increasing 
viscosity. The presence of ring structures or branching 
in the lubricant molecule usually resulted in longer life, 
but reactive or polar groups were generally detrimental. 
Although an optimum wear rate for maximum life was 
observed, for the base oils increasing wear reduced life. 
These observations indicate that physical and chemical 
processes occurring at the contacting surfaces have a 
pronounced effect on fatigue of bearings. 
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Weibull Distribution of Rolling Contact Fatigue Life 
and Deviations Therefrom 


By TIBOR TALLIAN? 


A composite sample of over 2500 rolling element bearing fatigue failures is examined for fit of 
the standardized lives to a Weibull distribution with zero lower bound. Good fit is confirmed 
in the most used cumulative failure probability region between 10% and 60%. Outside this region, 
experimental life is larger than the Weibull prediction. A short but finite minimum life appears 
to exist. The excess of experimental over Weibull life is analyzed by evaluating the mathematical 
conditions assuring validity of a Weibull representation. The inapplicability of asymptotic theory 
to late failures is suggested. A two-phase fatigue mechanism of crack initiation and propagation 
is outlined which serves to explain excess life in the early failure region. 

Data presented can be used to improve the accuracy of life estimates in the early failure region. 


Numerical factor in Lieblein’s estima- 
tor of quantiles 

Numerical factor in Lieblein’s estima- 
tor of variance 

Numerical factor in Lieblein’s estima- 
tor of quantiles 

Numerical factor in Lieblein’s estima- 
tor of variance 

Any constant, not designated otherwise 
Numerical factor in Lieblein’s estima- 
tor of variance 

Weibull slope 

Cumulative probability of failure 
Cumulative probability of “subcriti- 
cal” failure 

Finite-sample cumulative probability 
of failure 

A cumulative distribution function of 
life, specifically that of “potential” 
life. 

Number of failed specimens in a sub- 
group 

Total number of failed specimens in 
the sample 

Fatigue life generally 

Lower bound of Weibull distribution 
(minimum life) 

Scale parameter of Weibull distribution 
(mean life) 

The i-th shortest life in a sample 
Life at the quantile g 





Presented as 


an 


American Society of Lubrication Engineers 


paper at the Lubrication Conference held in Chicago, Illinois, 


October 1961. 


1 Manager, Research Laboratory, SKF Industries, Inc., Phil- 
adelphia, Pennsylvania. 


183 


Li) 
L.3) 
Lo 
La 

Lina 
M;, 


n 
Nm 


N 
On,x() 


(m) 


Qn,x(Q) 


S 
Si 


Sv 


xX 
y 
Y 


Yr 

Ye 
(2) 
(3) 
oh 
wp(L) 


Introduction 


I Il 


Phase (2) life, till crack initiation 
Phase (3) life, during crack propaga- 
tion 

Median life 

Duration of discontinued test 
Median life of discontinued specimen 
Number of subgroups with & failures 
each 

Number of specimens in a subgroup 
Number of specimens in the m-th sub- 
group 

Total number of specimens in the 
sample 

Variance of estimated qg-quantile of y 
in subgroup of m specimens with & 
failures 

The value of Q,,.(q) applicable to the 
m-th subgroup 

Cumulative probability of survival 
Cumulative probability of survivals of 
“subcritical” failures 

Finite-sample cumulative probability 
of survival 

Linear variable on abscissa of Weibull 
plot 

Standardized life 

Linear variable on ordinate of Weibull 
plot 

Theoretical standardized life 

Excess standardized life 

Standardized phase (2) life 
Standardized phase (3) life 


Cumulative distribution functions of 
life 


TueE theory of rolling element bearing fatigue pro- 
pounded by Lundberg and Palmgren (1) in 1947 postu- 
lates that fatigue lives of a homogeneous group of roll- 
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ing-element bearings are distributed in accordance with 
a Weibull distribution having zero lower bound: 


* e 
s = ep| — (+) 220 
L é 
or s = e|—({ ) m2 [250 
50 


where S = the probability of survival, L = life (in 
stress cycles or shaft revolutions), Ly) =a scale param- 
eter, e =a dispersion parameter known as the Weibull 
slope, Z59 = median life and In denotes natural loga- 
rithms. 

A distribution of this type was first proposed by Wei- 
bull (2) for the description of fatigue failures, and it 
is extensively discussed in several texts, e.g. Gumbel 
(3). 

The question of the goodness of fit of this Weibull 
distribution to rolling-contact fatigue data has long 
been under study, but mostly on the basis of relatively 
small samples. The problem, of somewhat academic in- 
terest in the past, has recently acquired a greatly in- 
creased importance because of the need for extreme 
reliability of certain assemblies comprising rolling-ele- 
ment bearings. To make quantitative statements regard- 
ing survival probabilities of 99% or more, it is impera- 
tive that the goodness of fit of a Weibull distribution 
to experimental rolling-contact fatigue data be ascer- 
tained in the region comprising the earliest failures. 
Specifically, assurance is required that estimates of sur- 


[1] 





vival probabilities based on a Weibull distribution with 
zero lower bound, are conservative in this region. 

The question of goodness of Weibull fit in the region 
of extremely long lives is still academic, but deserves 
some attention in connection with an early failure study, 
inasmuch as it may shed further light on the general 
character of the life distribution in rolling element bear- 
ing fatigue. 

The following is a statistical study of Weibull fit to a 
very large composite sample of over 2500 endurance 
tested rolling-element bearings. 


Data reduction 


From laboratory files covering three decades of en- 
durance testing of a variety of rolling element (ball and 
roller) bearings, 93 homogeneous test groups were 
selected, each group comprising 24, 30, or 48 bearings 
tested under identical conditions. A summarized tabula- 
tion of these groups is given in Table 1. The test con- 
ditions varied from group to group regarding bearing 
type, load, lubrication, and to some extent, also regard- 
ing speed. The total number of bearings in the 93 groups 
is 2520. Of these, fatigue failures were obtained on 2230, 
whereas testing was terminated before fatigue failure 
for 290 bearings. 

Table 2 is a detailed tabulation of the first 30 failures. 
It is presented in order to demonstrate that these early 
failures are distributed among a variety of test groups 
and that nothing spurious attaches to the tests. 

Life data from all these tests were processed on a 


TABLE 1 
Types and Sizes of Bearings Tested 








Number of Number of 
Bearing groups bearings 
Bearing type size tested tested 
Maximum capacity, 
single row deep groove ball bearing 309 1 24 
1207 9 240 
1211 3 78 
ees F 1305 1 30 
lf ali; ball be: 
cage acute ite 1308 a 114 
1309 12 336 
1310 1 30 
6207 13 324 
6210 3 84 
. : 6216 2 60 
Singl d ove ball beari 
ingle row deep groove ball bearing oan 3 "9 
6309 25 702 
6326 1 30 
7020 2 54 
7209C 1 24 
: A 7315 2 60 
tact ball 
Single row angular contact ball bearing »309 , 24 
Cylindrical roller bearing NH310 2 54 
Double row, self aligning 22309CY 1 24 
spherical roller bearing 22317C 6 156 
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digital computer to obtain estimates of Weibull distribu- 
tion parameters fitting each test group individually. 
Estimation was performed by the method of Lieblein 
and Zelen (4).? 

This method yields a minimum-variance estimate of 
any life quantile g for a small group of bearings, from 
the following linear form: 


a n 
In Ly = Dy alnZy—% 9) In Le [2] 


t=1 i=1 


A 
wherein Lq is the estimate of the gth quantile life, L,;, 





2 No maximum likelihood estimating method is available for 
Weibull distribution parameters if all parameters are unknown. 


is the ith life in a group of m specimens arranged in 
ascending order; a; and 5; are numerical constants de- 
pending on i, on the sample size m and the number & 
of failed bearings in the sample. y, is the gth quantile 
of the standardized Weibull variate y with the distribu- 


tion: 
S=exp[—y]; y2>0 [3] 


An estimate of the median life L59 is obtained by 
substituting ys59 = 0.3665 in [2] giving: 


n n 
A 
In L5o = ) a; In Lyi) — 0.3665 y bInLa [4] 
i=1 


4=1 
(In the Lieblein-Zelen paper (4), the standardized 
Weibull variate (say y*) has a sign opposite to that used 











1 
‘ TABLE 2 
P Individual Bearings Exhibiting Early Failure 
" F-Quantile 
g Rank Bearing size SAE Steel Lubrication® C/W» % 
g 1 7315 52100 cyl. oil¢ 2.88 0.0397 
S 2 6309 521004 grease, S-Ae 2.15 0.0794 
), 3 6207 see footnote / cyl. oil¢ 3.45 0.119 
e 22317C 4620 turb. oil? 2.55 0.159 
5 6207 52100 grease, S-A¢ 3.81 0.198 
6 6308 52100 grease, S—L* 2.11 0.238 
S. 7 6207 see footnote / cyl. oil¢ 4.31 0.278 
ly 8 6309 52100! grease, Lii 2.15 0.317 
»S 9 6210 52100 grease, S—Ae 2.16 0.357 
10 6309 52100* grease, Lif 2.15 0.397 
a 11 6309 52100# grease, Li/ 2.15 0.437 
12 1309 52100 grease, S-L* 1.56 0.476 
13 1211 52100 grease, Li/ 1.32 0.516 
14 1309 52100 grease, S—L? 1.56 0.556 
15 1309 52100 grease, S—L* 1.56 0.595 
16 1309 52100 grease, S-L* 1.56 0.635 
17 6207 52100 grease, S—L? 5.71 0.675 
18 6309 52100! grease, Lif 2.15 0.714 
19 6309 52100 grease, Li/ 2.15 0.754 
20 6309 52100 grease, Lif 2.15 0.794 
21 6309 52100 grease, Lif 2.15 0.833 
22 22317C 52100 turb. oil? 2.55 0.873 
23 6207 52100 grease, S-Ae 2.86 0.913 
24 6309 52100* grease, Li/ 2.15 0.952 
25 6216 52100 grease, S—A¢ 1.99 0.992 
26 6207 52100 grease, S-A¢ 1.90 1.03 
27 6309 52100 paper machine oil™ 2.15 1.07 
28 1309 52100 grease, S—L” 1.56 1.11 
29 1211 52100 grease, S-A¢ 1.32 1.15 
30 1309 52100 grease, S—L? 3.12 1.19 
31 1309 52100 grease, S-L’ 1.56 1.23 
32 6309 see footnote ” grease, Li/ 2.15 1.27 
33 1207 52100 grease, S-L? 1.56 1.31 





@ All greases NLGI No. 2 grade, applied every 8 hr. ” S-L = soda-lime base. 
b C = Dynamic capacity of bearing, Ib. * Consumable electrode melted. 
W = Load, lb. j Li = lithium base. 
¢ 2500 SSU at 100F, 15 drops/min. k Induction vacuum melted. 
@ Vacuum melted. 10.15 to 0.35% lead. 
e S-A = soda-aluminum base. ™ 1000 SSU at 100F, 15 drops/min. 
? Wartime substitutes for SAE 52100. ™ MSO tool steel, cons. electrode melted. 
9 600 SSU at 100F, 1 qt/min. 
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here, i.e. y* = — y. A compensatory change in the sign 
of the second right-hand term of [2] and [3] has been 
made. ) 

Equations [2] or [3] require tabulated values of a; 
and 6; which are available for very small sample sizes 
only and, therefore, Lieblein and Zelen subdivide larger 
samples into subgroups and form averages of the two 
sums shown in Eq. [2] over all subgroups. 

The minimum-variance estimate of the reciprocal 1/e 
of the Weibull slope e is given for a small group of data, 


in (4), as: 
t n 
—} = bj In Ly) 
(=z 


Estimates for larger samples are again obtained by 
averaging the sums over the subgroups in the sample. 

Equations [4] and [5] were used to program the 
digital computer and yielded tabulated estimates for 
median life and Weibull slope for every test group in- 
cluded in the analysis. 

In order to study the goodness of fit of a Weibull 
distribution on a large-sample basis, it was necessary 


[5] 
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the Weibull nature of fatigue failures in rolling element 

bearings (per Eq. [1]) was valid. To effect the pooling 

of samples, the lives were transformed into the stand- 

ardized Weibull variate given in [3] by use of the 
L 


formula: 
= (=) In 2 [6] 


The distribution function of the variate y obtained 
from Eq. [6] is that given in Eq. [3], as can be verified 
by substituting Eq. [6] into the second form of Eq. [1]. 
Clearly, this distribution is identical for all test groups 
provided that the lives follow a Weibull distribution 
according to Eq. [1]. 

y was computed for each test life in all test groups 
considered, using the Lieblein estimates of L59 and e 
computed for that particular test group. (This pro- 
cedure bears resemblance to the “studentization” com- 
monly used in significance testing of mean values from 
normally distributed variates.) 

The standardized lives y for all groups were plotted 
on Weibull probability paper, with the following scales: 























4 : 1 
to pool all samples available in such a manner that the ordinate: Y = In In 
combined large sample would have a homogeneous Wei- S [7] 
bull distribution, provided that the basic assumption of abscissa: X = In L 

10.00 ro 
5.00 + 950 
# r 
” ro 
a a 
a | & 
$s $s 
? ? 2° CONFIDENCE 
. ne LIMITS 
1.00 + 99.0 
5 
0.50 + 99.5 
L THEORETICAL of 
LIFE of 
5 / 
/ 
/ 
./ INTERPOLATED 
0.10 / 
| 
b 
1 
' 
' 
0.05 i 
0.03 1 we eee we L a Jub r' a ae we 
0.000! 0.001 ao! al Lo 


STANDARDIZED BEARING LIVES ¥Y 
Fic. 1. Life distribution in the early failure region 











Distribution of Rolling Contact Fatigue 


obtained by taking natural logarithms twice, on both 
sides of [1] and going to the reciprocal of S in order 
to maintain a positive argument for the second logarithm. 
On a grid given by Eq. [7], a variable with Weibull 
distribution per Eq. [1] plots as a straight line. The 
standardized variate y obtained from a Weibull popula- 
tion will plot as a straight line with unit slope and 
passing through the point: 


0.5 
In 2 


It is customary in this type of plot to indicate quan- 
tiles of the failure probability F — 1 — S on the abscissa, 
rather than those of the survival probability S$ itself. 
In this paper, both F and S quantiles are shown. The F 
quantiles are used in the discussion, in keeping with 
standard bearing fatigue terminology. 

Figures 1 and 2 show the plot obtained from the 
experimental data. For legibility, it was necessary to 
plot the early-failure part of the distribution separately 
(Fig. 1), whereas the portion above Lio is plotted in 
Fig. 2. In this figure, only each 50th point is shown. 

On both graphs a solid straight line represents Eq. 
[5]. Note that this line has not been interpolated be- 
tween data points, but is obtained directly from theory. 

As an aid to interpretation of the graphs, an “order 
of magnitude” estimate of a + 2 o confidence band is 
also shown, accompanying the theoretical distribution 
line. This confidence band was obtained in an approxi- 
mate manner by using a formula given by Lieblein and 
Zelen (4) for the variance of the “best linear” estimate 
of any quantile from a standardized Weibull distribu- 
tion. (A precise calculation of confidence limits for the 
theoretical distribution of standardized lives is prohibi- 
tively complex and unnecessary in this instance, due to 
the large magnitude of deviations found from the 


Sso = 
Yso = 
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theoretical distribution.) The estimate for the variance 
is: 


var (In Ya)ae = Onn (Q) = Ang + Burd + Cuno? 

[8] 
where g denotes the gth quantile and A,x, B,, and 
Cn, are tabulated in (4) for small values of sample size 
n and number of failures & per sample. The variance of 
the quantiles for a composite sample formed of a number 
of sub-groups can be obtained by computing a weighted 
mean as follows: 

M (m) 
D5 tm? One (9) 


m=1 





A 
var (In ¥) = as 


[9] 


M 


with VN = y finn 


m=1 


Here n,, is the number of bearings in the mth sub- 
group, N is the total number of bearings in the composite 


(m) 

sample, On. (q) is the value given in [8] for m and k 
applicable to the mth subgroup. There are M subgroups 
in the sample. 

In the present work, the subgroups were all of six 
items, so that 

ty = ess 6 
N N 
ae = ee 

The number M,, of subgroups with k = 0, 1,2... 6 
failed bearings can be determined from the data. How- 
ever, since the confidence limits are only approximate, 
it is sufficient to assume that & will be binomially dis- 
tributed as if the subgroups were random samples from 


[10] 
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a population of N = 2520 specimens amongst which 
N — K = 290 are unfailed or K = 2230 failed. Accord- 
ingly, the number M;, of subgroups of m = 6 items con- 
taining exactly & failed bearings each, is given by the 
binomial frequency 


w=) on 


The frequencies obtained from [11] are tabulated as 
seen in Table 3. 











TABLE 3 
Number Mk of Subgroups with k Failures 
k Mk 
0 = 0 
1 = 0 
2 1 
3 ) 
4 51 
5 158 
6 201 





With M; known, Eq. [9] can be evaluated. The 
numerator in [9] will be composed of seven terms 


(m) 
corresponding to the possible values of & with Q,x (q) 
a fixed value Og, (q) for each term. Equation [10] can 
accordingly be written: 


2 


6 
A n 
var (In yg) = wo Mi Qox (gq) ~—*[12] 


Equation [12] was evaluated for several quantiles 
Yq and from the results, a +20 confidence band was 
plotted in Figs. 1 and 2. 

The plotting of y for unfailed bearings presents some- 
what of a problem. Since these bearings have not failed, 
their fatigue life must be estimated. An estimate of ex- 
pected life that is easy to obtain and is often used in 
work with Weibull variates, is the median. 

The median life Ly» of a bearing which has already 
survived a known life Lg at which it was taken off the 
test, can be obtained as follows: 

The life distribution of a bearing that has survived 
La is identical with that (normalized) portion of its 
initial life distribution that pertains to L > Ly: 


S(L) 


SIL? Le) = S07) [13] 





1 
for EL = Lugs S(Lmal|L > La) = - 


by definition of the median. Therefore: 


S(Lm,a) 1 
“S(La) = - [14] 
whence 
S(L 
S(Ime) = 5 [15] 


This is a nonparametric relationship for the rank to 
be assigned to an unfailed specimen. 


Using Eq. [15] the plotting proceeds as follows: 


(a) The unfailed specimen is disregarded in as- 
signing ranks to failures around Lg. 

(b) A rank corresponding to the quantile S(Lmn,a) 
is assigned to each unfailed specimen. 


Discussion of Weibull fit 


Referring to Fig. 2 first, it is seen that the experi- 
mental points shown are all within the +20 confidence 
band around the theoretical line, for quantiles between 
F = 10% and F = 60%. In view of the large number 
of tests considered, this fit must be considered excel- 
lent. It seems, accordingly, that all the usual techniques 
of bearing life estimation, operating with the F = 10% 
and F = 50% quantiles, are wholly justified. 

A different picture presents itself when reference is 
made to the quantiles above F = 60% in Fig. 2, and 
to Fig. 1, showing the early failure region of the distribu- 
tion, below the F = 10% quantile. The points in the 
two “tails” of the distribution significantly deviate from 
the theoretical life by exceeding the upper confidence 
limit (for life) at a point around the F = 60% and 
5% quantiles, and deviating more and more as one 
proceeds to more extreme quantiles. For purposes of 
discussion, optimum fit (dotted) straight lines were in- 
terpolated by eye to the points above the F = 60% 
quantile and between F = 5% and F = 1% quantiles. 
It is seen that the interpolated lines approximate the 
points rather well in these regions. However, as far as 
can be ascertained from a limited number of points, the 
interpolated straight line for early failures no longer 
fits the data below the 1% quantile. Here, the plot 
seems to approach a vertical asymptote located at 
y = 0.004. 

According to the data shown, the Weibull distribution 
per Eq. [1] does not fit bearing lives in the extreme 
regions above the F = 60% and below the F = 5% 
quantile. To illustrate the magnitude of the deviations 
see Table 4. 

Column 1 in Table 4 shows quantiles. Column 2 is the 
theoretical Weibull life for the given quantiles; Column 
3 is the life corresponding to the “best fit” (dotted) 
straight lines and the vertical asymptote, respectively; 
and Column 4 is the “Excess experimental life” given 
by the difference between Columns 3 and 2. For the 
quantiles F = 5% and F = 7%, “uncorrected” and 
“corrected” values are shown for reasons that will appear 
below. Finally, Column 5 shows this difference as a 
multiple of the theoretical life. Figure 3 is a graph on 
two logarithmic scales corresponding to Columns 4 and 
5 of Table 4. 

While the magnitude of excess life outside the range 
of F = 60% to F = 5% quantiles can reasonably be 
well ascertained from Fig. 1 or 2, this becomes in- 
creasingly difficult for intermediate quantiles because 
the excess life is so small compared to total life. How- 
ever, the assumption of an excess life yx ~ 0.013 for 
all quantiles between F = 5% and F = 60% is certain- 
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TABLE 4 
Excess Life 
































Interpolated Excess Excess life as 
F-Quantile Theoretical experimental experimental multiple of 
% life life life theoretical life 
0.04 0.00040 0.0040 0.0036 9.00 
0.05 0.00050 0.0040 0.0035 7.00 
0.07 0.00072 0.0040 0.0033 4.59 
0.1 0.0010 0.0040 0.003 3.00 
0.3 0.0031 0.0085 0.0054 1.74 
0.5 0.0051 0.0125 0.0074 1.45 
0.7 0.0072 0.0160 0.0088 1.22 
1 0.010 0.019 0.009 0.90 
3 0.030 0.041 0.011 0.366 
5 uncorrected 0.051 0.059 0.008 0.157 
5 corrected 0.051 0.062 0.011 0.216 
7 uncorrected 0.073 0.075 0.002 0.027 
7 corrected 0.073 0.084 0.011 0.151 
60 0.91 0.94 0.03 0.033 
70 1.20 1.30 0.10 0.084 
80 1.60 1.85 0.25 0.156 
90 2.29 2.82 0.53 0.232 
95 3.0 3.9 0.9 0.30 
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ly compatible with the data since the existence of such 
excess life would not throw the data points outside the 
confidence band between these quantiles. The excess 
life calculated with this assumption is shown as “cor- 
rected” value in Table 4. 

The experimental excess life found becomes more and 
more significant as one proceeds outward from the 
F = 60% and F = 5% quantiles, respectively, as seen 
from the confidence bands in Figs. 1 and 2. 

The excess life increases most sharply at the lowest 
quantiles. Around the F = 1% quantile, the total ex- 
perimental life is already double the theoretical one. 
At the lowest experimental point (a quantile of F 
= 0.04%) the experimental life is fully nine times as 
great as the theoretical one. It is also seen that the 
excess experimental life is not a constant over the entire 
range of quantiles below F = 5%. 

The Aighest quantile available for examination is ap- 
proximately F = 95%. Higher order failures do not 
exist; the top 5% of the F range is occupied entirely 
by unfailed bearings. At the F = 95% point, the ex- 
cess life is 30% of the theoretical life, which, of course, 
is much less than found for the lowest quantiles but 
clearly significant. It is noteworthy also that this per- 
centual excess life at the 95% quantile is higher than 
at the “symmetrically” located F = 5% quantile, where 
the corrected excess life is only 21%. 

Table 5 expresses the standardized excess life yz 
in analytical form, based on the assumptions noted in 
the last column. 


Analysis of deviations from Weibull behavior 


Many workers [Weibull (2); Freudenthal and Gum- 
bel (5); etc.] have suggested that a Weibull distribu- 
tion is a particularly appropriate representation of fa- 
tigue life. It is, therefore, of interest to explore the 
question why significant deviations from a Weibull 
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distribution were found here in the “tails” of the ex- 
perimental distribution. 

A brief recapitulation of the reasons for the fit of 
Weibull distributions to fatigue data will be helpful. 
Gumbel (3) points out that probability theory developed 
by Fischer and Tippett (6) and Gnedenko (7) postu- 
lates the following conditions for the existence of a 
Weibull distribution: 

A number of independent occurrences will asymptotic- 
ally approach a Weibull distribution (generally with 
finite lower bound) if: 

1. Each of these occurrences is the earliest one of a 
very large parent population of mutually independent, 
actual or potential occurrences. In fatigue testing, each 
observed failure must be the earliest one of a very large 
population of mutually independent potential (or actual 
but subcritical) failures. 

2. The possible range of values assumed by the 
variate characterizing the occurrences has a lower bound 
that may be finite or zero. In fatigue testing the pos- 
sible range of fatigue lives has a lower bound which is 
either a finite minimum life or zero (obviously the 
shortest, physically meaningful fatigue life). 

3. Considering now the distribution of the parent 
population of “potential” occurrences from which the 
observed earliest occurrences are derived, this parent 
distribution denoted by G(Z) must satisfy the follow- 
ing necessary and sufficient condition, due to Gnedenko: 


Gle(L—L)] _ 


L>+L, G[L— Ly] = [16] 


Interpreting Eq. [16] for fatigue testing, LZ is the 
endurance life of a “potential” (subcritical) failure, ZL, 
is the lower bound of L (zero in case of Weibull distribu- 
tions per Eq. [1]), c is an arbitrarily selected fixed 
quantity and e is a positive constant. 

Equation [16] states that the cumulative life distribu- 


TABLE 5 
Analytical Expressions for Excess Life 





Assumed behavior 





Standardized Standardized of data points 
Quantile theoretical life excess life in Figs. 1 and 2 
F=1—S<01% ¥p [0.001 Yo + Vp = 0.004 Pts. approach vert. 


0.1% << F=1—S<5% 0.001 < yp < 0.05 


5% <F=1—S< 60% 0.05 < yp < 0.9 


F=1—S> 60% 0.9 < yp 


In(yp + ¥g) = 1.13 In 1.08 yp 


asymp. 


In(yp + ¥p) = 0.6901n0.328y, Pts. fit sloping 


“interpolated” 
straight line in 
Weibull plot 

Pts. deviate from 
theoretical 
Weibull line by 
a constant ex- 
cess life 


Vp = 0.013 


Pts. fit sloping “in- 
terpolated” 
straight line in 
Weibull plot 
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tion of the “potential” (subcritical) failures must be- 
have as a power function with positive exponent e, in 
approaching the lower bound of L. Indeed, if, for small 
enough values of L— Ly: 


G(L) ~ (L—L,)*° [17] 
then, by substitution into Eq. [16], 
RE ara = JRO [18] 


LoL, (L—Ly)* 


as required by the Gnedenko condition. 

It is shown in (3) that, with the three conditions 
above satisfied, the following Weibull distribution is 
asymptotically approached: 


The essential point is that the exponent e (Weibull 
slope) in Eq. [19] is the same as the exponent e in the 
Gnedenko condition, Eq. [16]. 

Conditions 1 and 2 intuitively fit the customary 
model of a rolling contact which fails in fatigue. Indeed, 
it is generally assumed that such a contact will fail as 
a result of subcritical damage accumulating at numerous 
mutually independent “weak points” within the metal, 
which are stressed in turn as the rolling contact traverses 
over them. The “weakest” of these weak points will 
precipitate macroscopic failure of the specimen. Because 
of the small stressed volume surrounding a rolling con- 
tact, the assumption of independence of failure probabili- 
ties of different “weak points” is plausible. Two points 
in this assumption are subject to experimental confirma- 
tion: one is the existence of sufficiently Jarge populations 
of potential failures, in order that the asymptotic ap- 
proach to a Weibull form be realized, the other is the 
instantaneous nature of macroscopic failure after the 
accumulated damage has reached a sufficient level. (If 
the macroscopic failure itself takes a finite length of 
time to develop, then the observed lives may not be 
Weibull distributed.) 

Condition 3 requires the “parent” distribution of 
subcritical failures to approach its lower bound as a 
power function with finite exponent. A specific experi- 
mental confirmation of this property seems to be un- 
feasible, and it will therefore be necessary to judge the 
applicability of Condition 3 from the success or failure 
of this paper to explain the observed deviations from 
Weibull fit by other causes. 

It must be noted that the above sketched probability 
theory does not permit a determination of the value of 
the lower bound of life Z,. There are no a priori reasons 
why this lower bound should be zero. An assumption to 
that effect is purely experimentally based. 

Based on the above theory, the following possible 
mathematical causes for deviations from a Weibull dis- 
tribution of the form [1] can be listed: 

1. The specific assumption of Z, = 0 made in Eq. 
[1] is incorrect, but a constant L, + 0 exists. If so, the 


fit can (approximately, in the case of a standardized 
deviate) be restored by introducing a transposed variate: 


y=y—N [20] 

2. Independent potential or subcritical failures are 

not sufficiently numerous to warrant use of the asympto- 

tic Weibull form. If this is the case, the finite-sample 

extreme value distribution for some sample size v ap- 

plies, rather than a Weibull distribution. The finite- 
sample distribution of smallest values is (3): 


S,(L— Ly) = [1—G(L— Ly)” = [Si(L— Ly) }” 

[21] 
where G is the parent distribution function of “potential” 
failures defined in Eq. [16], v is the “sample size” (the 
number of potential points of failure) in the specimen, 
S, = 1—G is the survival probability of the potential 
failures and S, is the survival probability of the speci- 
men on a finite-sample basis. 

Clearly, S, is no longer independent of the parent 
distribution G or S, and therefore no general statement 
can be made regarding its behavior as a function of L. 
One observation of some interest can be made on the 
iterated logarithm of 1/S, from Eq. [21]: 





1 1 
log log $ = log v + log log ~,- [22] 


This equation shows that plotting S, on Weibull 
paper, the curve will run parallel to that of S, at a 
constant vertical distance log v. The shape of both 
curves is the same. Thus, if the (unknown) distribution 
curve S; is not represented by a straight line, S, will 
not be straight either. Any given feature of the S, curve 
will, of course, be displaced upwards on the graph of S, 
towards higher F—quantiles. As v—> oo, all finite quantiles 
of S; will correspond to F, = 1 and the quantiles near 
F, = 0 will govern the behavior of the limiting distribu- 
tion S. This is the statement contained in Eq. [16]. It 
seems apparent that the influence of the nonasymptotic 
characteristics of S$, will persist longest for high F- 
quantiles of S,. Lack of Weibull fit due to cause (2) 
is therefore most likely to occur at these high F—quan- 
tiles. 

3. Macroscopic failure is not instantaneous. In this 
case, observed life is not the proper variate to yield a 
Weibull distribution and another variate must be found. 

4. The Gnedenko condition, Eq. [16], may not be 
applicable. As said before, condition [16] will not be 
abandoned unless other causes fail to explain the re- 
sults. 

In order to dispose of an obvious suggestion, it is 
mentioned that the assumption of Weibull distribution 
with different L; 9 and e parameters for the three bear- 
ing elements (inner ring, outer ring and rolling bodies) 
leads to a curve concave from above, on Weibull paper, 
whereas the experimental curve is convex. This assump- 
tion is therefore discarded. 

Examining the listed possible causes of deviation in 
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order, it is clear, first, that the fit cannot be restored 
by merely assuming a fixed finite lower bound y, for 
the lives, because the excess experimental life yg in 
Table 4 is not a constant for every quantile and there- 
fore Vz > Y» = const. 

The deviations above the F — 60% quantile will 
tentatively be attributed to cause (2) which, as shown, 
can serve as an explanation for deviations in this re- 
gion. Insufficient understanding of the physics of the 
“weak points” in the material and lack of practical 
interest attaching to the high F quantile region has pre- 
vented further study of these deviations to date. 

Turning now to the deviations below F = 5%, a 
theory of rolling contact fatigue will be cited that sug- 
gests cause (3) as an explanation. 

Dolan (8) describes the mechanism of fatigue in 
metals as a succession of phases of structural transfor- 
mation, as follows: 


(1) A relatively short phase of work hardening oc- 
curs, which, in itself, does not necessarily 
lead to fatgiue failure. 


(2) Concurrently with work hardening, and after 
its termination, a crack in excess of a “criti- 
cal size” forms. 

(3) The crack propagates until macroscopic failure 
occurs. 


Most of the fatigue life is consumed in Phase (2). 
Phase (3) (crack propagation) is of a relatively short, 
though finite, duration. Phase (2) is said either to pro- 
ceed concurrently with Phase (1) or Phase (1) is very 
short. 

For rolling contacts, Lundberg and Palmgren (1) 
have already claimed that fatigue failure occurs in the 
two phases of crack initiation and propagation, and 
that the latter is of short duration. Recent work by 
Moyar (9) has explored the cyclic plastic deformation 
of rolling contacts, and he states that plastic deforma- 
tion in hardened bearing steel accumulates at a logarith- 
mically diminishing rate at least up to a life of the 
order of 10° cycles. Plastic deformation and work hard- 
ening are, of course, simultaneous. 


Based on this mechanism, one can hypothesize that, in 
rolling contact fatigue, Phases (1) and (2) are concur- 
rent, and that life up to the end of Phase (2), i.e. up 
to crack initiation, is Weibull distributed with zero 
lower bound. Phase (3), crack propagation, no doubt 
requires a finite length of time in every case since it is 
known (1) that cracks in rolling contact fatigue in- 
itiate in the region of the maximum shear stress ampli- 
tude at a substantial depth beneath the surface. The 
crack must accordingly traverse a finite distance in the 
metal before it can reach the surface and produce ob- 
servable fatigue spalling. Phase (3) life, therefore, will 
have a finite lower bound. It can further be hypothesized 
that crack propagation is retarded by Phase (1) changes 
occurring in the metal, such as work hardening, strain 
aging, or the generation of compressive subsurface 


stresses. Accordingly, one could assume that Phase (3) 
life will, in general, be longer for specimens that have 
essentially completed Phase (1) and thus have under- 
gone considerable rolling, and lower for specimens 
which, by virtue of their very short total life, have 
accumulated less than the maximum possible amount of 
beneficial structural changes for the given test con- 
ditions. Consequently, Phase (3) life would be expected 
to increase with Phase (2) life or with total life up to 
failure, up to a point where all the possible Phase (1) 
changes retarding crack propagation have taken place. 
From thereon, Phase (3) life should remain constant. 

On the above hypothesis, the experimental results in 
the region of early failures can be explained by assuming 
that in this region, the excess experimental life yz is 
Phase (3) life, and as such it is dependent upon Phase 
(2) life yr, as shown in Fig. 3. This completes the 
analysis of deviations from Weibull fit. 


Statistical description of early failure results 


Anticipating from later discussion that our standard- 
ization is still valid, the early failure part of Fig. 1 can 
now be interpreted as follows: 

There is an initial value of excess life or Phase (3) 
life of vz ~ 0.003 for the virgin material, and there is 
an asymptotic value of yz ~ 0.013 attained at y = 0.02, 
after all the possible crack retarding structural changes 
in Phase (1) have taken place in the material. In the 
majority of the tests plotted, Li9 ~ 107 rev., which, with 
Yio ~ 0.10, gives a life of 2 * 10® rev. for y = 0.02. 
(This is according to Moyar (9) a reasonable life for 
completion of plastic deformation or Phase (1).) 

Denoting (unstandardized) Phase (2) life by Z,2) and 
Phase (3) life by Z,3) our hypothesis can be represented 
in the following mathematical form: 


L (ay = Lys) (Ly2)) [23] 
The total life Z is the sum of Li2) and Ls), thus: 
L= Ly) + Ly3) = Lea) + Lys) (Ly2)) = L(Ly2)) = [24] 


The functional relationships in Eqs. [23] and [24] 
represent, of course, stochastic dependences and not ana- 
lytical functions because there obviously must be con- 
siderable scatter in the duration of Phase (3), whether 
it represents crack propagation or some other physical 
occurrence. To express these stochastic relationships in 
the usual form, they can be written as follows: 


$(Lis)) = o(Lys)|Li2)) [25] 
p(L) = p(L|Le)) [26] 


and 


where ¢ and yw are distribution functions, and the equa- 
tions assert that the distribution of Z,3) and L are con- 
ditional upon Z,2). Since so little is known about the 
hypothetical phases of the fatigue process, speculation 
about the distributions in Eqs. [23] and [24] seems 
unpromising. Only a few further remarks will therefore 
be made, based on Eqs. [23] and [24], and on the 
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simplest possible working hypothesis, viz., that the func- 
tional relationships therein are analytical. From Eqs. 
[23] and [24], one can then obtain the distribution 
function for Z since L,2) has a Weibull distribution with 
zero lower bound per Eq. [1]. To do so, Eq. [24] is 
solved for L,2)(Z) and Ly2) is substituted into Eq. [1] 


soo [-(42) Je =o[-(22)) 
pale {—[-=fa@) \ [27] 


or, from the second form of Eq. [1] 


S = exp | a F=2) In 2| [28] 


Table 5 provides the function L,3)(Z,2)) whence 
L.2)(L) can simply be obtained. 

Before using the table, however, the point must be 
clarified whether the standardizing procedure given in 
Eq. [6] is still legitimate when applied to the non- 
Weibull distribution of Z given by Eq. [27]. 

In the case that e = 1, Eq. [27] can be standardized 
thus: 

S = exp[—(y —9s))] =expl—ya]_ [29] 


where ¥, ,2) and 4,3) are defined as follows: 





= In 2 
a le 
Ls) (L) 
Jo = pin? [30] 


¥2) = V— Da) 


The first two equations above are obtained from Eq. 
[6] for the case e = 1. It is seen that for e = 1, the 
standardization continues to be valid and the standard- 
ized life will be composed linearly of the Weibull dis- 
tributed Phase (2) life and of the “excess” Phase (3) 
life. 

Whenever e + 1 the standardization is at best ap- 
proximate and the approximation improves as e—>1. In 
the practice of bearing testing e averages around 1 
even though individual deviations are substantial. The 
standardizing procedure may therefore be accepted as 
an approximation valid “on the average.” An estima- 
tion of the errors introduced by use of the standardiza- 
tion for cases e = 1 was not attempted. 


Estimation of early failure probabilities 


From the preceding discussions, it appears feasible to 
obtain an improved estimate of early fatigue failure 
probabilities of a population of rolling-element bearings 
in the following steps: 


1. Determine from Eq. [3], the standardized life 
¥(2)q Corresponding to the desired survival prob- 
ability S, or to the failure probability F, 


— Ju 


a Sq. 


» 


Estimate Ls9 and e using Eqs. [4] and [5]. 

3. Read the value of the standardized Phase (3) 
life y:3)q corresponding to y,2)¢ from Fig. 3, or 
compute it using Table 5. 

4. Form ¥q = ¥(2)¢ + I(a)¢- 

5. Compute L, by applying the inverse form of 

Eq. [6]: 


1/e 
¥ 
LI, = [2s | Ls 


The survival probability F corresponding to a given 
life in the early failure region will, of course, be found 
higher than using a simple Weibull approximation. This 
should benefit high-reliability applications of rolling ele- 
ment bearings. 
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DISCUSSION 


N. M. Wicxstranp (The Torrington Company, Torrington, 
Connecticut) : 


This presentation of a composite life distribution curve for a 
large lot of ball bearings is a very useful curve to have published. 
Especially in reliability studies it is desirable to have information 
available which will indicate the expected life when the proba- 
bility of failure is very small. It seems that only with a composite 
curve can one obtain any reasonable estimate of this important 
portion of the life distribution curve. 

One question that I would like to ask is why as given in Eq. [7] 
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he used abscissa: X =e In L. It would seem that the abscissa 
should be X =I1n L. Then the slope of the theoretical life or 
population line would be the Weibull slope of the underlying 
population. The values of e as determined from samples of 24, 
30, or 48 bearings are quite variable. This observation is from 
the Lieblein and Zelen paper and is also confirmed by p2rsonal 
experience. 

Personally I have seen unpublished data of 901 deep groove 8- 
bore ball bearings tested under identical conditions plotted as a 
composite curve which did not show the deviation from the 
theoretical population line. I have also seen a composite distri- 
bution curve for 3800 deep groove ball bearings of various sizes 
plotted the same way. In the lower end of the curve the deviation 
from the curve was in no place greater than 0.2% These com- 
posite curves had Weibull slopes of 1.3 and 1.4 respectively. 


J. Liestern (Applied Mathematics Laboratory, Code 820, David 
Taylor Model Basin, U.S. Navy Department, Washington, 
nC.) 


In my opinion this paper represents an outstanding piece of 
work and considerably advances both our knowledge of the fa- 
tigue behavior of bearings and the analytical techniques availa- 
ble for its study. It is probably the most extensive and cogent 
large-scale analysis since my joint paper with M. Zelen in 1956. 

This paper has a remarkable number of points of similarity to 
our 1956 paper and it may be of interest to compare them in the 
following Table. 








TasBLe Bil 
Author’s JL-MZ 
study study 
No. of groups 93 213 
No. of bearings 2520 4948 
Group sizes 24, 30, or 48 8 to 94, but mostly in the 
range 10-60 
Period covered by 30 years 15 years 
data 
Type of bearing ball and roller Ball only (deep groove) 
Pooling of groups in pooled Not pooled 
analysis 
Separate group re- no Ly, L59, and Weibull 


slopes e shown for each 
of the 213 groups 


sults given? 


Illustrative examples no yes 
given? 
Value of e “average Average of 213 values 


around 1”? = 1.51; middle 50% are 


from 1.17 to 1.74 





I consider the most valuable aspect of the author’s work to 
be his approach, even more than his technique, important as that 
as. The plots in Figs. 1 and 2 certainly do not seem encouraging 
as straight line fits for a Weibull distribution. However, the author 
was not panicked into abandoning the distribution as others 
might but was astute enough to recognize the key to the prob- 
lem: two theories, not one, were required to explain the data— 
each theory valid in its own range. 

Having made this breakthrough he found no difficulty in reach- 
ing a confident assertion that the central 10%-60% portion of 
the data gave an excellent fit to the Weibull distribution. Then 
he proceeded to a systematic, scientific attack on the remainder 
of the data, particularly the lower tail in the direction of small 
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values of life, bringing to bear not only known physical theories 
and ingenious empirical adjustments but also some attempts at 
analytical approach. One of the most important of the latter is 
his technique of using “standardized lives” which enabled him 
to combine the results of all test groups into a single graph in an 
objective fashion instead of having to worry about 93 separate 
analyses. Another useful contribution was to furnish a definite, 
even if heuristic, method, the “conditional median,” for plotting 
the “life” of an unfailed bearing, which hitherto was represented 
by a vague arrow. 

Also deserving mention and commendation is his method of 
“excess life’ which appears to be an excellent device for intensive 
study of deviations from theory. His method for improved esti- 
mates of early failures summarized at the end of the paper seems 
to be a notable advance in the “state of the art” of statistical anal- 
ysis. I hope, however, that Tallian’s method for early failures 
does not depend critically upon his assumption that the values of 
e “average around 1” (which would indicate an exponential, not 
Weibull, tendency) as this is not supported by the work of Zelen 
and myself which, as indicated below, resulted in e-values aver- 
aging around 134, which might conceivably make a considerable 
difference. 

This discusser is, naturally, pleased that what the author kindly 
calls the “Lieblein-Zelen method” has been found so useful. This 
has also been the case in applications by the Weather Bureau and 
in lubrication studies of the New York Naval Shipyard, and 
points to the desirability of having the tables in the method ex- 
tended beyond »=6. One drawback of the method, not men- 
tioned in the paper, is the need for randomization of the data 
before ordering within subgroups, unless the original observed 
order can be considered random. The author should indicate the 
attention, which the discusser understands to have been consid- 
erable, that was given to this question. It would be especially 
valuable to see how much the estimates can vary for different 
randomizations and how good the average of several such trials is. 

It is unfortunate that the paper ends where it gets most inter- 
esting. The work cries out for a concrete numerical example, and 
this may make all the difference in the world whether a practical 
worker will apply it or not. 

The discusser’s other comments and suggestions, except those 
mentioned in the following summary, must be omitted because 
of space limitations. Summary of suggestions and recommenda- 
tions for future work: (1) Concrete numerical example clarifying 
all details of the method; (2) List pertinent data and estimates 
for each of the 93 groups; (3) Present work connected with ran- 
domization; (4) Conduct research aimed at methods of eliminating 
arbitrary effect of randomization; (5) Extend “Lieblein-Zelen” 
tables beyond m =6 to reduce need for randomization; (6) Inves- 
tigate closer approximations to exact distribution of largest values 
than classical asymptotic forms. 

It is to be hoped that the reception of Dr. Tallian’s efforts will 
encourage him to prepare at an early date a further paper along 
some of the above lines. 


W. WerButt (Bockamdollan, Brosarps Station, Sweden): 


This comprehensive and careful investigation, remarkable for 
the extremely large amount of information presented, is an im- 
portant contribution to the theory of estimating the fatigue life 
of ball and roller bearings. The excess life observed above the 
F = 60% and below the F = 5% quantiles and the four mathe- 
matical causes proposed as an explanation of the deviations from 
theoretical life are of great interest. 

Some comments on two of these causes will now be presented, 
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but before that it should be noted that the linear method of 
Lieblein used for estimating the parameters is highly efficient even 
for small sample sizes and with a slight loss of efficiency com- 
pared with the maximum likelihood method. 

Cause 1. The assumption of L,=0 is, as mentioned, quite 
arbitrary. A free disposal of the three parameters involved in the 
distribution function certainly implies an improved fit and thus 
a reduction of the differences between theoretical and experi- 
mental life times. (The value of L,, must, of course, be estimated 
and standardized values computed for each homogeneous group of 
tests separately.) It is, however, felt that this measure will not 
be sufficient for eliminating the discrepancy. 

Cause 2. Crack propagation periods of finite length may well 
be the decisive cause of the differences observed. Since initiation 
and propagation of fatigue cracks correspond to completely dif- 
ferent damage mechanisms, it is, for a rational mathematical 
treatment of the problem, an urgent demand to find methods 
for separating these two macro-stages of damage from each other. 
This statement has been substantiated in a paper: “The Effect of 
Size and Stress History on Fatigue Crack Initiation and Propa- 
gation,” which appeared in the Proceedings of the Crack Propa- 
gation Symposium, Cranfield, September, 1961. 

In addition to the four causes examined in the present paper, a 
fifth cause will now be proposed: There is experimental evidence 
that, in general fatigue testing, cases exist, where the distribution 
of fatigue strength is independent of the fatigue life (nominated 
P-case A) and other cases, where the distribution of fatigue life 
is independent of the stress level (nominated P-case B). Clearly 
in the Case A the distribution of strength (and not that of life) 
is the appropriate distribution to use. If the average S-N curve 
(in the present notation the W-L curve) is known, a transforma- 
tion from fatigue life to fatigue strength is easily performed. 

Assuming the S-N equation to be 


S=b(N+B)-*+S, 


where a, b, B, and S, are parameters (this equation was, in 
somewhat modified form, proposed by A. Palmgren already in 
1924), it is obvious that the standardized values of the quantities 
U = (N+ B)-— and S are identical. It can be shown that the 
quantities U and N are equally distributed in the median region, 
whereas in the tails U is successively reduced in relation to N, 
a fact that may eliminate or at least decrease the differences be- 
tween theoretical values and experimental values of U. The Figs. 
1 and 2 may consequently be taken as an indication that the P- 
case A is valid for the fatigue of ball and roller bearings. 

For this reason, it is proposed that the procedure used in the 
present paper should be tentatively applied to the quantity 
U=(N+8B)-—4. From earlier publications by A. Palmgren the 
values of the two parameters seem to be not far from a = 1/3 and 
B = 5.108 cycles. 


G. J. Moyar (University of Illinois, Urbana, Illinois) : 


The author draws attention to the deviations from the simple 
Weibull distribution at both high and low quantiles. The devia- 
tion at high quantiles is attributed to insufficient potential failure 
sites. Are these potential sites understood to be inclusions or 
detectable defects of some sort? 

With regard to the early failure deviations, is it not possible that 
the minimum inspection given at the time of production and 
assembly eliminates certain critically weak specimens (with ob- 
vious surface defects which would result in almost immediate 
failure) and thus prejudices the sample population? 


Accepting the discussion of the various phases of the fatigue 
process and their pertinence to low quantile deviation, certain 
inferences may be drawn from an extension of these arguments. 
It would appear that excess experimental life is strongly de- 
pendent on stress level. Certainly Phase 3 life (crack propagation) 
is stress dependent. The observed rate of structural change and 
development of residual stress is dependent on stress level (D1). 
It follows that Phase 1 (or concurrent Phase 2) is also stress 
dependent. For any given stress level the accumulation of plastic 
deformation for hard steels may take place at a logarithmic rate 
(tests with annealed brass indicate this) but conclusive data is 
lacking. 

There is evidence to suggest that statistical variability (or 
Weibull slope) is also stress dependent (D2). Are there sufficient 
data from bearing tests at different load levels to permit an 
investigation of this? 
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AvuTHOR’s CLOSURE: 


In reply to Mr. Wickstrand’s comments, it is observed that the 
author had no opportunity to study any data regarding the 901 
ball bearings run under identical conditions available to Mr. 
Wickstrand. Without perusal of the data, it is, of course, impos- 
sible to explain any discrepancies between them and the results 
of the present paper. The abscissa in Figs. 1 and 2 is actually 
X =In y, where y is defined in Eq. [6]. To use X = In L would 
defeat the purpose of standardization as outlined in the paper. If 
standardization was not used in forming the composite distribu- 
tion for the 3800 deep groove ball bearings mentioned by Mr. 
Wickstrand, the result is not comparable to the present study. 

Mr. Wickstrand’s main question appears to be whether the 
results shown in the paper are of general validity. While this 
question can only be answered by prolonged further study, the 
following graphs supply some further assurance (see Figs. E1-E4). 
They cover four groups of bearings, totalling some 4000 data 
points, some coincident and some different from the ones used in 
the text of the paper. In all four subgroups, excess life in the 
early failure region is apparent. One out of the four subgroups 
shows a somewhat peculiar behavior in that the data points rise 
above the theoretical line for certain quantile ranges. While this 
behavior is not explained, it does not contradict the existence of 
excess life in the lowest quantiles. 

Dr. Lieblein’s comments are largely self-explanatory and very 
well taken. Noting the statement in the paper that e averages 
around unity, Dr. Lieblein questions the validity of this assump- 
tion. The average value of e has been computed recently for all 
the groups utilized in the paper, and was found to be 1.3 with 
lower one—sigma confidence limit 0.95 and upper confidence 
limit 1.6. Accordingly, Dr. Lieblein was correct in posing the 
question, and e = 1.3 agrees very well with the value previously 
found by Lieblein and Zelen. 

Regarding randomization of data points, it is noted that all data 
used in the study were available in original testing order, i.e. 
they are truly random. Even so, it is a fact that the Lieblein- 
Zelen technique does introduce a degree of uncertainty into the 








estimates which can only be overcome completely by re-randomiz- 
ing the data repeatedly. In the study in question, this was not 
done, but in more recent work, repeated re-randomizations have 
been executed on a digital computer, and it was found that for 
the great majority of groups studied, the randomization vari- 
ability of Lieblein estimates is negligible compared to the con- 
fidence limits of the Lieblein estimates. However, this is not al- 
ways the case, and more detailed data on the effect of repeated 
randomization may be published later. 
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Fic. E1. Life distribution in the early failure region (all 
author’s company data). 
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Fic. E2. Life distribution in the early failure region—828 
self-aligning ball bearings. 


Dr. Lieblein’s suggestions for further work are certainly justi- 
fied. Obviously, they cannot be answered within the limitations 
of this closure and will have to be taken up in future work. 

Professor Weibull’s comments open up avenues of study far 
beyond what can be covered here. This author is, unfortunately, 
not familiar with the theory Professor Weibull mentions in his 
concluding remarks, and it would therefore be unpromising to 
venture an opinion whether or not it can be utilized to explain 
the deviations encountered in this study. 

In reply to Dr. Moyar’s comments, potential failure sites are 
interpreted to be physically real defects or points of lowered 
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strength. Whether they are detectable depends, of course, on the 
techniques available for examination. Currently, such techniques 
do not seem to be available, but there are some promising starts 
made toward detection of weak points in material by techniques 
such as ultrasonic inspection. It is not believed that the excess 
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Fic. E3. Life distribution in the early failure region—396 
deep groove ball bearings. 
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Fic. E4. Life distribution in the early failure region—756 
self-aligning ball bearings. 


life encountered in the early failure region could be due to any 
intentional screening out of bearings with gross defects. It is 
difficult to conceive of an inspection which would be successful 
in several thousand cases to screen out bearings with lives shorter 
than 4% of the L,. value (which is the approximate minimum 
life observed) and would be ineffectual in weeding out early 
failures just beyond this limit. 

Unfortunately, bearing endurance data from different stress 
levels are not too abundant. However, an analysis of existing 
data, with the purpose of detecting effects of stress level on 
parameters such as Weibull slope, are planned for the future. 
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Detection of Damage in Assembled Rolling Element 
Bearings 


By OLOF G. GUSTAFSSON! anp TIBOR TALLIAN? 


A nondestructive method, capable of detecting localized surface damage, such as small spalls, 
nicks, dents and scratches, on the balls (rollers) and races of assembled rolling-element bearings, 
is discussed. The method utilizes the “almost periodical” character of vibration peaks produced by 
rotating a damaged bearing at constant speed. These “almost periodical” peaks are compared to 
the random vibration peaks, generated by the undamaged portions of the rolling surfaces of the 
bearing. Instrumentation to accomplish this comparison is described. It includes a vibration test 
spindle with pickup and amplifier, electronic gating circuitry serving as frequency and phase 
discriminator, and electronic counters to count “almost periodic” and random vibration peaks. 
Different methods of interpreting the counts and evaluating the degree of bearing damage are 


discussed. 


Introduction 


BotH manufacturers and users of rolling element bear- 
ings are aware of the fact that damage of the rolling sur- 
faces of the bearings often results in unsatisfactory per- 
formance of the bearing or, in used bearings, is a sign of 
incipient failure. Although great precautions are usually 
taken to prevent damage during the production and as- 
sembly of the bearings, certain surface defects might 
still be found in new assembled bearings. During storage, 
and more importantly, in use, damage of many types 
may be inflicted on the surfaces. Therefore, it is desir- 
able to develop inspection methods to detect and evalu- 
ate surface damage in rolling element bearings. 

Surface damage on the rolling surfaces of a rolling 
element bearing will, in this paper, be understood to 
describe any type of local discontinuity on these surfaces 
that causes certain localized areas to be of different 
character compared to the intended surface finish of the 
rolling surface. Surface damage may be the result of 
a great variety of causes, such as: mechanical injury to 
the surface by indentation with a hard object, chemical 
damage by rust, acid etch or other causes, spalling as a 
consequence of material fatigue after prolonged use, 
cracking due to excessive stress of any origin, heavy and 
uneven wear, etc. Many types of surface damage on 
rolling surfaces are known to be indications of impend- 
ing bearing failure: e.g., spalling, cracks, and in most 
cases, heavy wear. Other types of surface failure, e.g., 
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indentations, heavy scratches, corrosion pits, are not 
immediate indications of impending bearing failure, but 
are considered to be conducive to unsatisfactory per- 
formance and are, therefore, not acceptable in a rolling 
element bearing. 

Evaluation of surface damage as an indication of bear- 
ing inferiority is quite prevalent in applications where 
high reliability or smooth running, or both, are required; 
such as aircraft, missiles, instrumentation, electrical ma- 
chinery and others. 


Inspection of damage 


Inspection for damage, performed by manufacturers 
and users of rolling element bearings is almost ex- 
clusively visual. This, however, entails several short- 
comings; it may not be readily performed on the as- 
sembled bearing if this is of nonseparable construction; 
it depends on the judgment of the inspector for a deci- 
sion regarding acceptability of certain surface conditions 
(e.g., minor scratches which exist to some degree on 
every bearing surface); and it is excessively expensive 
and time consuming. For these reasons, it appears de- 
sirable to develop instrumental means of detecting 
localized damage on rolling elements and races of as- 
sembled bearings. 


VIBRATION CHARACTERISTICS OF DAMAGED BEARINGS 


It is common practice in the rolling element bearing 
industry to utilize vibration detecting instrumentation 
for the purpose of evaluating smooth running character- 
istics of bearings, and such instrumentation could be 
used to detect damage on the rolling surfaces of as- 
sembled bearings. 


Attempts in this direction have been made (1-4). 
Some success was reported for most of these approaches. 
None of the known methods however, is believed to 
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yield the desired discriminating power, sensitivity and 
independence from human error. 

A novel approach was therefore developed for the pres- 
ent project. Its underlying concepts are outlined as fol- 
lows: 

A bearing with its inner race mounted on a rotating 
shaft and the stationary outer race contacted by a pick- 
up, will transduce the radial vibrations of the outer race 
into electrical signals. If a velocity sensitive pickup is 
used, the voltage of the signal emitted by the pickup is 
proportional to the radial velocity of the pickup tip. 
Figure 1 shows a sketch of an arrangement of this type, 
commonly used in the rolling element bearing industry 
to measure bearing vibration. 
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Fic. 1. Arrangement of measurement of bearing vibration 


Assume that the bearing shown in Fig. 1 has a local- 
ized defect on the rolling surface of the outer race. Each 
time this defect is being rolled over by a ball, the 
pickup will emit a signal with a double amplitude 
“peak” (one extreme value in the positive and another 
in the negative direction). 

Similar peaks will be produced by damage on a ball or 
inner race. To illustrate this, Fig. 2 shows oscillograms 
obtained by recording the signal from a pickup con- 
tacting bearings with one severe localized defect on the 
outer race, inner race or a ball. It is seen that the 
oscillograms of the damaged bearings are characterized 
by cyclically appearing peaks of short duration super- 
imposed on a random background. The peaks appear 
cyclically in the signal because the motion of the bear- 
ing elements in rolling contact with each other is es- 
sentially periodic in nature. It is, however, a fact that 
the cyclic nature of said peaks is not necessarily a 
precise and true long-time periodicity because, for a 
number of reasons, the motions of the bearing elements 
are not truly periodical at all times. In particular, the 
motions of the balls in ball bearings are such that 
various circumferences are rolled over successively, each 
being abandoned more or less gradually, depending on 
load conditions and other circumstances. The occurrence 
of these peaks will be referred to as “almost periodical” 
as opposed to strictly periodical, that is, these peaks are 
occurrences for which the time elapsed between repeti- 
tions is equal to a constant plus or minus a (small) 
finite variation, generally different from zero. 
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Fic. 2. Vibrational velocity traces of bearings with severely 
damaged elements. 


The frequencies of occurrence of the peaks depend on 
the bearing dimensions and the rotational speed of the 
bearing. The following equations may be used for ap- 
proximate evaluation of average frequencies of occur- 
rence of peaks produced by damage (5): 
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where 

fe == Frequency of peaks produced by outer race 
damage. 

fi = Frequency of peaks produced by inner race 
damage. 

fy == Frequency of peaks produced by ball damage. 

fn == Rotational frequency of the inner ring. (The 
outer ring is stationary.) 

d,, = Bearing pitch diameter. 

D,, = Diameter of rolling element. 

a = Contact angle. 

z = Number of rolling elements. 


The defects in the bearings, represented by the oscillo- 
grams of Fig. 2, were all artificially induced and much 
more severe than what normally would be expected in 
new bearings. For bearings with a lesser degree of 
damage, the amplitudes of the peaks produced by the 
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Fic. 3. Vibrational velocity traces of bearings 


defect are smaller, as seen from the oscillograms of 
Fig. 3. The uppermost graph is from a bearing with a 
ball with a comparatively deep nick, but much less 
severe than the defects of the bearings in Fig. 2. It is 
seen that this nick still produces peaks, the majority of 
which rise above the random vibration level. In the 
next curve, however, which represents a bearing with a 
lightly nicked ball (still of objectionable magnitude in 
a smooth running bearing) the periodic peaks are more 
difficult to detect, since only a few of them exceed the 
random vibration peaks. The lowest curve on Fig. 3 
represents a bearing in which no objectionable damage 
was found by visual inspection. The undamaged bearing 
shows only random peaks occurring at frequent but ir- 
regular intervals. 


INSPECTION BY CONVENTIONAL VIBRATION TEST 
METHODS 


Vibration equipment, commonly used in evaluating 
the smooth running characteristics of bearings, may in 
some cases directly be utilized to detect bearing damage. 
Such instrumentation will pick up the vibrations emitted 
by one of the bearing races (usually the outer race, as 
shown in Fig. 1), and evaluate its root-mean-square 
value. Wave filters are used to limit the frequency band 
examined. It has, however, been repeatedly demonstrated 
that a bearing may well be afflicted with surface damage 
of a severity that existing standards of visual inspection 
would reject, and still pass the above described vibration 
test. This is explainable by the fact that the duration of 
the vibration attributable to the localized surface dam- 
age may well be an insignificant fraction of the total 
time required for each bearing revolution, and conse- 
quently, the contribution of this vibration to the root 
mean square value will, in general, be small by compari- 
son to the inevitable random fluctuations of vibration 
level with time. The oscillograms shown in Fig. 3 are 
taken from bearings, in which damage would be likely to 
escape detection by conventional vibration tests. 

If the instrumentation, instead of reading the root- 
mean-square value, will register the peak value of the 
vibration, or the number of peaks, exceeding a certain 
level, during a fixed length of time, such instrumenta- 
tion will detect damage, provided the amplitude of 
vibration generated by the surface defects is greater 
than the amplitude of random vibration peaks, as shown 
in Fig. 2. This is, however, not generally the case. For 
instance the bearings shown in Fig. 3 could not be suc- 
cessfully examined by this method. 


INSPECTION BY FREQUENCY ANALYSIS 


The standard method of detecting the presence of 
periodical components in a signal is to use spectrum 
analyzing equipment consisting essentially of frequency 
discriminating elements that will respond to signals 
within a relatively narrow frequency range to the ex- 
clusion of any others. 

In the case when “almost periodical” singularities of 
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short duration exist in a signal, the use of frequency 
analyzing equipment, or, for that matter, the use of the 
concept of frequency analysis, is inappropriate since 
phase shifts will be introduced continuously through 
the deviation of the singularities from true periodicity 
and, in addition, the short duration “pulse” character 
of the singularities will result in a Fourier expansion of 
high complexity in which the shape of the signal is 
greatly influenced by high harmonics of small relative 
magnitude and by phase relationships between the har- 
monics. 


PRINCIPLE OF DAMAGE DETECTION INSTRUMENTATION 


It is for “almost periodical” singularities of short dura- 
tion, in signals that may have considerable random 
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background, that time domain analysis presents unique 
advantages. The term “time domain analysis” desig- 
nates a method utilizing for detection, the location of 
signal singularities within particular intervals along the 
time axis. 

The principle of instrumentation capable of perform- 
ing the time-domain analysis concept is shown in Fig. 4. 

The suitably amplified signal from a pickup, contact- 
ing the rotating bearing as in Fig. 1, enters at (A) (see 
Fig. 4). As shown in the graph on the bottom of Fig. 
4, it contains random background and “almost periodi- 
cal” peaks. It is fed to the “gate” (B), which is an 
“off-on” type valve circuit with outside control permit- 
ting the signal to pass unaltered, or cutting it off com- 
pletely, according to control instruction. The gate, as 
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will be seen, is controlled so as to transmit, periodically, 
finite segments of the signal to the “discriminator” (C). 
The “discriminator” contains circuitry permitting only 
signal amplitudes in excess of a preset level to actuate 
scaler (D). It is usually advantageous to have the dis- 
criminator set for levels other than zero so as to exclude 
certain portions of the signal. 

Scaler (D) incorporates circuitry and counting equip- 
ment by which it registers the number of “upward (or 
downward) crossings” of the signal voltage across the 
level preset on the discriminator (C), which is essen- 
tially the same as the number of peaks above that level. 
Such counts are totalled in the counter over a selected 
length of time, whereafter the “count” is read out in 
digital form. The “trigger” (E) comprises circuitry 
permitting opening the gate (B), for a selected length 
of time, and repeating this periodically with any desired 
frequency within a certain range. It further permits 
effecting the gate opening at any desired phase with ref- 
erence to a periodic reference signal of the selected fre- 
quency. It is thus possible, by use of the trigger (E), to 
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synchronize the frequency of the gate openings with any 
series of periodic events in the incoming signal (A) and 
to shift the phase of the gate opening so as to either 
include such events in the signal transmitted to (C) and 
(D) or exclude them therefrom. 

For synchronization, the signal (A) is fed to trigger 
(E) by connection (F) and circuitry is provided in (E) 
for automatic synchronization with periodic events in 
(A). Also, for purposes later to be described, it is de- 
sirable to feed the signal (A) through connections (G) to 
the discriminator (C) so that the level of discrimination 
is made to be a function of some average value of the 
signal (e.g., the root-mean-square value). 

The circuitry described will indicate the presence of 
“peaks” in the incoming signal, which are due to surface 
defects and are, accordingly “almost periodical,” by a 
count that, for a given observation time, is higher if a 
gate opening synchronized to the frequency of the 
peaks is so phased as to include the peaks in the signal 
transmitted to (C) and (D), and lower, if the gate is 
phased to exclude peaks. An indication of the damage 
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is obtained by comparing these two counts, as will be 
shown later. 


DEscRIPTION OF “DAMAGE DETECTOR” 


The two counts described above, one containing the 
contribution from peaks caused by damage, the other 
without such contribution, may conveniently be ob- 
tained simultaneously, by operating, in parallel, two of 
the circuits described, from a common signal source, and 
using the same trigger frequency and synchronization 
but a different phase setting. Figure 5 shows a block 
diagram of a “damage detector” built according to this 
principle. Figure 6 shows a view of the instrument. 





Fic. 6. Damage detector 


The instrument (see Fig. 6) consists essentially of: 
(1) A bearing vibration test spindle and pickup, arranged 
as in Fig. 1. (2) Electronic instrumentation, comprising 
three main channels: a. A synchronizer channel, which 
controls two gates: one gate that will include the “almost 
periodical” peaks in the bearing signal and another gate 
that will exclude such events. b. A biasing channel, which 
sets the level, above which peaks are counted. c. A signal 
channel, which transmits the bearing signal suitably am- 
plified and filtered to the two scalers, one counting peaks 
above the level set by the biasing channel including 
“almost periodical” peaks within the frequency range of 
occurrence set by the synchronizer channel, and the other 
scaler counting random peaks only, excluding these “al- 
most periodical” peaks. 

An advantage of the instrumentation is that it permits 
a distinction to be made between: surface damages lo- 
cated on the different rolling surfaces of a bearing. The 
frequency of occurrence of peaks generated by surface 


damage on the outer ring, the inner ring and the rolling 
elements (balls and rollers) is characteristically different 
in most cases and can be detected separately. There is, 
of course, no difficulty in their simultaneous monitoring 
by parallel circuits. 

It is convenient to utilize an effective value of the input 
(such as a root-mean-square value taken over a few 
seconds) to govern the discriminator level. This is ac- 
complished by use of a biasing unit which permits damage 
peaks to be detected with the same relative sensitivity, 
irrespective of the grade of bearings examined. The 
possibility of eliminating the need for reference speci- 
mens, limits of acceptability, etc., may be considered a 
particular advantage of this procedure. 

The two scalers start counting simultaneously and can 
be operated in preset time or preset count mode. A timer 
is connected to the scalers, which, when operated in the 
preset time mode, stops the count on both scalers simul- 
taneously at the preselected time. In the preset count 
mode both scalers stop counting when the scaler count- 
ing random peaks only has reached a certain preselected 
count, such as 100, 1000, 2000, or 5000. The purpose of 
these arrangements will become clear from the following. 


Count evaluation 


A simple mathematical treatment of the damage count- 
ing process will now be given. Consider a “damage de- 
tection test” in which the total elapsed counting time is 
T, the constant cycle time equal to the average interval 
between the “almost periodical” peaks produced by the 
damage is ¢, and the gate width ¢,. (All these times shall 
be expressed as dimensionless multiples of the same time 
unit.) Synchronization is assumed to be perfect, so that 
every peak produced by the damage will fall within one of 
the “on’’-gate intervals. The discriminator is set at a level 
V (expressed in multiples of the RMS signal level). 

The number of random peaks counted during the “‘off”’- 
gate intervals is more, and the total number of peaks 
counted during the ‘“on”-gate intervals is m,,. Since the 
count ™,, contains both “almost periodical” and random 
peaks, it may be expressed as m, + mo, +, where m, is the 
number of “almost periodical” peaks and m,,, is the 
number of random peaks falling within the “on’’-gate in- 
tervals during the time T. 

Since the “‘on’’-gate and the “‘off”’-gate are of the same 
width ¢,, the counts morp and m,, may be considered 
random samples of the same population of the random 
variable n, with mean n and standard deviation o,, and 
the count m, a random sample of a population with mean 
Np and standard deviation o,. (Nothing is assumed here 
about normalcy of the distributions. ) 


n and 6, may be expressed as follows: 


cs (2 


Pp 


ia Sy Ve [3] 
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if one assumes that (a) the number of counts form a 
stationary random process, and (b) the count increments 
from nonoverlapping time intervals are independent. 
Here N is the average number of random peaks per unit 
time that exceed level V in the incoming signal and Sy 
is the standard deviation of the number of random peaks 
per unit time. 
Correspondingly : 
np = TN; [4] 


o,=S,VT (5] 


because 1 >> ¢t, and T >> ¢, so that for this equation, 
the periodic nature of the peaks is insignificant and, 
again, it is assumed that the count increments over 
sufficiently long nonoverlapping time intervals are inde- 
pendent. V, is the average number of “almost periodical” 
peaks per unit time, of the incoming signal above level 
V, and S, is the standard deviation of the number of 
these peaks per unit time. 

The following two quantities for use in evaluating the 
damage on the basis of the “off’’-gate count morp and the 
“‘on”’-gate count m,, will now be considered: 

1. The difference between the “on’-gate and “off”- 
gate counts, D = mx — Morr, With a mean D and stand- 
ard deviation op. 

2. The ratio between the “on”-gate and “off”-gate 
counts, R = mo,,/More, With a mean R and standard devia- 
tion Gp. 


CasE 1: Count DIFFERENCE D 
Since Non = Mp + Non r 
D may be written as: 
D = np + Nonr — Nott [6] 


and since n and n, are stochastically independent random 
variables and m.,, and More are samples of the same 
population, oa 
D=n, 
and 
op = Vo + 20? [7] 


or according to Eqs. [3] and [5] 


op = J 1(s; + oe s:) [8] 
Pp 


Of special interest is the case of nm, = 0, i.e., a “perfect” 
bearing with no “almost periodical” peaks. 
In this case: 





D=0 (9] 


ae m [10] 


Pp 


and 


which according to Eq. [2] may also be expressed as: 


op = Sy = 
N 
From Egs. [10] or [11] it is now possible to compute 
(on an assumption of normalcy) confidence limits for 
D for an undamaged bearing, if the values of N and Sy 
are known for the type and size of bearings under in- 
vestigation. 


(11) 


CasE 2: Count Ratio R 


The corresponding computations for the ratio R give: 


R = Ton = Mons + Mp [12] 


Noft Noff 


Since Mon +, Mon p ANA Nog are stochastically independent 
variables, the mean R and variance o,2 of the ratio R 
may be computed as follows (6), knowing the mean and 
variance of the numerator and denominator of R: 





Rei+2 [13] 
n 
oR \? 
ch= (+ OD ng = ET 
on on Pp 
Nott = n 
PM gee y gst usiibufagy 
ONott/ Non = N+ Np 
Noth = 


or after computing the partial derivatives 


2 _ (on +0,)n® + o,(n + Ny)? 
a: 


n* 


[15] 





For a perfect bearing with n,—0, Eqs. [13] and 
[15] become: 


R=1 [16] 
or ==2vV2 [17] 
n 


which according to Eqs. [2] and [3] may be expressed 
as: 
Se [tea 5, [2 
= =. /—? = Sy. |= 18 
oe = HAT ~ Vx [18] 


To proceed further, the distribution of counts as a 
function of discriminator level in a perfect bearing must 
be known. This distribution should, if possible, be ob- 
tained by general mathematical methods. However, no 
complete mathematical solution applicable to this prob- 
lem was found so far, and therefore an approximation 
to the distribution was obtained through a limited sam- 
pling experiment, and checked against available mathe- 
matical solutions. 

Figure 7 shows experimentally obtained values of N 
and Sy as function of discriminator level (for a unit 
time of one second), applicable to a given manufacturing 
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lot of 6203 bearings, using a limited frequency range 
for the damage detection test. 

The races and balls used in the test were selected to be 
as free as possible from damage, and the counts should 
accordingly represent only random vibration peaks. A 
small number of periodic vibration peaks, due to minor 
undetected damage, possibly included in the counts, is 
not believed to have a significant influence, since such 
periodic peaks would have a small amplitude, and at low 
discriminator levels, the number of periodic peaks is 
always small, compared to the total number of random 
peaks. 

Since the curves shown in Fig. 7 were obtained for a 
small sample only, one could question their validity as 
a basis for further discussion. If, however, it could be 
shown that the counts as a function of discriminator level 
follow a theoretically predicted relationship, the validity 
of the curves in Fig. 7 would be considerably strength- 
ened. 

It is shown in (7) that V (V) should follow a Gaussian 
density curve, if the bearing vibration is a Gaussian ran- 
dom process. To determine whether this theory agrees 
with the experimental V(V) curve of Fig. 7, the cumu- 
lative distribution curve corresponding to our experi- 
mental data is shown on Gaussian probability paper in 
Fig. 8. A Gaussian relationship is represented on this 
graph by a straight line. The experimental curve and the 
Gaussian straight line are in good apparent agreement. 
(Confidence limits are not available.) Since the curve 
for N on Fig. 7 agrees so well with mathematical theory, 
we will assume that the bearing vibration is essentially 
a Gaussian process and that the experimental values 
of N and Sy are representative in general of the random 
vibration in an undamaged bearing. No similar mathe- 
matical information of the experimental Sy curve can be 
presented at this time as mathematical treatment of the 
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at level V. 


variance of the counts is prohibitively complicated. How- 
ever, the fact that the V(V) curve is well confirmed adds 
some credibility to the Sy curve obtained by the same 
experiment. 

The results will now be applied to an undamaged 
6203 bearing. Figures 9 and 10 show og and op, com- 
puted from the experimental results in Fig. 7, as a func- 
tion of discriminator level and two lengths of counting 
time T. The frequency of the gates is set to that of ball 
damage. 
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A bearing with damage will be considered next. If 
the damage is severe enough, at least one peak of suffi- 
cient amplitude to be counted at the selected level V 
is produced every time the damage is rolled over. As- 
suming that there is exactly one peak per cycle: 


N >= . and S, =0 
lp 
The quantities D and R for this bearing are: 

Bu fu fh, [19] 
tp tN 

= 1 

R=1+—~ [20] 

t.N 


The standard deviation of D is: 


op = Sy i = Sy = (21) 
‘ VW 


which is exactly the same as for the undamaged bearing. 
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From Eqs. [2], [3], and [15] follows: 


ee [(+a%) +1] 
_ Sv [te ay [22] 
"WN eM Tt un 


Lf i} 

_— — — 23 
— (3 + =) + 1| [23] 

Figures 11 and 12 show graphs of D and R as func- 
tions of the discriminator level V for the damaged bear- 
ing with V, = 1/t,, using again the experimental ma- 
terial in Fig. 7 as a basis. The two o confidence limits 
are also shown. The undamaged bearing is shown on the 
same graph for comparison. It has been assumed that 
the distribution of the random peaks in the damaged 
bearing is the same as for the undamaged bearing, and 
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DAMAGED BEARING 


the periodic peaks are simply superimposed on this 
random background. 

The usually negligible contribution of the periodic 
peaks to the root-mean-square level of the bearing vibra- 
tion has not been taken into account, and the discrimi- 
nator level for the damaged bearing is accordingly related 
to the root-mean-square level of the random vibration 
only. 

It is seen from the graphs that, for a given bearing and 
given level V, the mean count ratio R is independent of 
of counting time 7. An increase in counting time only 
narrows the confidence band. The ratio R for a damaged 
bearing is, however, a function of V, as seen from the 
graph in Fig. 12 and also of the gate width ¢,/t, accord- 
ing to Eq. [20]. ve 

The mean count difference D, on the other hand, de- 
pends on the counting time 7, but is independent of 
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level V. The confidence band for D narrows with increas- 
ing V. 

The mathematical treatment given contains several 
simplifications. It does not discuss the questions of devia- 
tions from periodicity in the damage peaks, the existence 
of multiple peaks, or the problems that may arise from 
imperfect synchronization, e.g., synchronization to par- 
ticularly high random peaks. These complications do 
not permit the precise analytical determination of confi- 
dence limits, or expected values. For that reason, it is 
found most convenient to use the R parameter in experi- 


mental work, because R is invariant with counting time 
and R therefore lends itself conveniently to experimental 
evaluation with any desired significance by increasing T. 

On the other hand, V must in practice be selected 
according to considerations of damage severity to be 
detected, reliability of synchronization, elimination of 
spurious multiple counts, etc. It is therefore not readily 
available for manipulation during one series of experi- 
ments in order to improve significance. Therefore, the 
variability of R with V does not matter. 

It was also found by statistical evaluation of experi- 
ments that the R parameter is likely to yield better dis- 
criminating power than the D parameter, for the same 
set of experimental conditions. It was decided for these 
and other reasons to use the R parameter preferentially. 


Experimental results 


The question would naturally arise how well results 
obtained with the “damage detector” correlate with visual 
inspection and how small a defect can still be detected 
by the instrument. Before answering the first question, 
it should be mentioned that the two inspection methods 
cited are not directly comparable. Visual inspection is 
based on the appearance of the defect as viewed from a 
direction perpendicular to the surface and the acceptance 
or rejection of the bearing parts is of course subject to 
the judgment of the inspector. The “damage detector” 
indicates irregularities in the vibrational characteristics 
of the bearing due to the damage, and this depends on 
the shape of the surface profile across the defect. 

In Table 1 damage ratios R measured on bearings with 
various degrees of ball damage are given. (A bearing 
with a higher “degree” of ball damage will have more 
damaged balls and/or more damaged points per ball.) 

The balls of these bearings were visually examined by 
an experienced inspector, and the bearings classified ac- 
cording to the degree of ball damage found on the balls. 
Prior to this grouping these bearings had been mounted 
and run at a fixed speed in electric motors of a type used 
in extremely noise critical applications. The bearings 
which produced intermittent audible noise sufficient to 
warrant motor rejection were found later to fall into 
Groups IT or III. 

A good correlation between visual inspection results 
and damage ratio R appears to exist. In answer to the 
question regarding the smallest damage detectable, it is 
observed that the defects were in all cases too small to be 


TABLE 1 
Count Ratios R for Electric Motor Bearings 





Count ratio at 





discriminator 
Bearing sctting ss 
Group number A B 
z 
Bearings with slight 
ball damage 1 1.11 1.20 
2 1.13 1.19 
3 1.16 1.63 
a 1.24 1.60 
5 1.21 1.68 
6 1.11 1.59 
Average 1.16 1.48 
A<B 
II 
Bearings with moderate 
ball damage 7 1.56 2.01 
8 1.27 2.10 
9 1.81 2.77 
10 1.60 2.21 
11 1.43 2.48 
Average 1.53 2.31 
A<B 
Ill 
Bearings with severe 
ball damage 12 1.93 4.36 
13 3.09 6.14 
14 7.45 8.41 
Average 4.16 6.30 
A<B 





detected by the unaided eye, and a 15 power microscope 
was used in the visual examination. 

To further illustrate how the severity of defects on the 
ball surface affects the damage ratio R, four bearings with 
different damage ratios R were selected. The count ratios 
R for these bearings are shown in Table 2. To determine 


TABLE 2 
Count Ratios R for Bearings with Ball Damage 








Bearing A Bearing B Bearing C Bearing D 
1.133 1.524 1.340 2.307 
1.230 1.418 1.742 2.020 
1.187 1.359 1.882 1.864 
1.169 1.286 2.079 2.513 
1.142 1.398 1.556 1.586 
1.103 1.529 1.995 2.051 
1.219 1.450 1.510 3.036 
1.168 1.475 1.590 4.620 
1.190 1.318 2.401 3.920 
1.121 1.532 1.784 2.335 

Mean Count 
1.166 1.429 1.788 2.625 
Standard Deviation of Counts 
0.042 0.089 0.314 0.965 
Standard Deviation of Mean Counts 
0.012 0.028 0.099 0.305 
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the repeatability of the counts, ten tests were made for 
each bearing with the bearings removed from the machine 
between each test, the count for the “off” scaler (count- 
ing random peaks only) preset to stop counting at 1000. 
It is seen that the standard deviation of individual counts 
is very low for “good” bearings with low R and increases 
for heavily damaged bearings. Nonetheless, all differ- 
ences between the mean count ratios R are clearly 
significant. 


Fic. 13. 





Figure 13 shows photographs of one of the most 
severely damaged balls taken from each of the four bear- 
ings tested. The photographs are taken with the balls 
placed under an interference microscope. Irregularities 
in the fringe lines are an indication of defects on the ball 
surface and by observing the bending of the lines an 
estimate of both the area and the depths of the defects 
can be made. 

Bearing A which has the lowest count ratio, was found 





Ball interferograms 
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to have almost perfect balls, with only minor defects. 
No defect is visible in the interference microgram. Since, 
however, the ratio R is significantly different from 1, it 
can be assumed that existing small defects have some 
influence on the counts. 


Bearing B, with a mean count ratio R = 1.41 con- 
tained one ball with a nick approximately 0.15 mm long, 
0.03 mm wide. 

The defect shown on a ball taken from Bearing C 
would be judged more severe than that on Bearing B: 
it is over 0.5mm long and 0.02 mm wide. The mean 
ratio R obtained for Bearing C is R = 1.78, which is 
significantly higher than the ratio for Bearing B. 

Finally, it is seen that Bearing D gives the highest 
ratio R and also appears to have at least one quite 
severely damaged ball. The indentation on this ball is 
more than 0.5 mm long and approximately 0.05 mm wide. 
None of the defects here illustrated, though some are 
rather severe, could be detected by the naked eye. 

The interference micrograms do appear to illustrate 
the type of correlation existing between visible ball dam- 
age and count ratio. Of course, this is merely an illustra- 
tion, and a full exploration of the whole surface of all 
balls in a bearing is needed in order to have a reasonable 
hope of predicting the count ratio of the bearing. 
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DISCUSSION 


Perer Kiran (Research Engineer, Marlin-Rockwell Corporation, 
Jamestown, New York): 


This paper presents a novel, keen approach to the selective 
analysis of signals generated by a classical bearing. The approach 
shows evidence of great study and thorough background on the 
part of the investigators. We wonder if attempts have been made 
to increase the selective sensitivity of this equipment by the in- 
troduction of nonlinear amplification of one channel to exaggerate 
the ratio for better definition. 

While Fig. 1 does not show a thrust loading mechanism, it is 
assumed that one is utilized to maintain contact between the 
balls and races. Our experience indicates that it is indeed diffi- 
cult to obtain even “almost periodical” signals from a nonthrust 
loaded bearing, unless internally preloaded. It is futile to examine 
any portion of the race other than that to be in ball-contact 
under the influence of the load applied in the application. This, 
then, limits the method outlined in the paper, to a definite range 
of bearing types. 

We cannot agree with the conclusion: “Other types of surface 
failure, e.g., indentations, heavy scratches, corrosion pits, are not 
immediate indications of impending bearing failure, but are con- 
sidered to be conducive to unsatisfactory performance and are, 
therefore, not acceptable in a rolling element bearing.” 

We have recently finished yet another test, this time with new 
and used bearings, in which all surface irregularities were located, 
visually with magnification, and by instruments which detected 
waviness, surface roughness, and roundness. The lives to failure 
showed no correlation with surface indications; in fact, not one 
fatigue failure was encountered at a surface imperfection. 

The writers should be encouraged to continue their work, as 
anything which can be accomplished toward the reduction in 
variables in ball and roller bearings, is worthwhile. 


AvutuHors’ CLosuRE: 


Mr. Kliman’s comments are greatly appreciated. In reference 
to his question about the use of nonlinear amplification, we be- 
lieve that this could possibly increase the selective sensitivity of 
the system under certain circumstances. If the bearing is rather 
severely damaged so that most of the peaks produced by the 
damage are of an amplitude slightly in excess of the random 
background, then nonlinear amplification, used on both channels, 
would increase the selective sensitivity of the instrument. In the 
majority of damaged bearings, however, the peaks produced by 
the damage are not necessarily of greater amplitude than the 
random background, and in such cases nonlinear amplification 
would not improve the sensitivity. We would under no circum- 
stances recommend nonlinear amplification of one channel only, 
since this would lead to the loss of the reference level (the ideal 
ratio for a perfect bearing would no longer be 1). Since the 
selective sensitivity of the instrument, as presently designed, ap- 
pears to suffice, we do not feel that nonlinear amplification or 
any other means of increasing the sensitivity is warranted. 

We agree with Mr. Kliman that, in testing ball bearings, all 
the balls should be in contact with the races. A thrust loading 
device (not shown in the paper) has been used for this purpose. 
We have not tested cylindrical roller bearings, but we believe 
this can be done, e.g., by using an expanding mandrel that will 
internally preload the bearing. 

We do not claim that the Damage Detector can be used to 
predict bearing life. The instrument only detects surface damage 
which may or may not be an indication of impending failure. 
The damage detectable by the instrument, even if not an indica- 
tion of impending failure, may however for other reasons be 
objectionable in critical applications such as aircraft and electric 
motor bearings. 
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The Effect of Contact Angle on Rolling-Contact 
Fatigue and Bearing Load Capacity 


By ERWIN V. ZARETSKY,! WILLIAM J. ANDERSON,? and 
RICHARD J. PARKER® 


The NASA five-ball fatigue tester was used to determine the rolling-contact fatigue life of 4-in.- 
diameter M-1 steel balls applicable for high-temperature bearing use, and modified 204-size 
angular-contact ball bearings at various contact angles. For a constant contact stress in the five- 
ball fatigue tester, fatigue life decreased with increasing contact angle. In contrast, relative 
thrust-load capacity increased with increasing contact angle. The Lundberg-Palmgren theory 
correctly predicts capacity at contact angles up to 30 degrees. 


Nomenclature 

A = Lundberg-Palmgren material constant for 
basic dynamic capacity, lb/in.1-§ 

a = deformation and wear area from surface 
trace, sq. in. 

Bg = ball specimen 10% life, millions of stress 
cycles 

3 = thrust-load capacity, the load at which 90% 


of a group of bearings can endure 1 million 
inner-race revolutions or, for ball specimens, 
1 million stress cycles under given running 


conditions (C = P\/L), Ib 


Cz = experimental thrust-load capacity for test 
system, Ib 
C; = Lundberg-Palmgren predicted thrust-load 


capacity of contact between test ball and 
supporting balls, lb 


Cr = Lundberg-Palmgren predicted thrust-load 
capacity for test system, Ib 

d = pitch diameter of one-ball fatigue tester, in. 

H = depth of running track from surface trace, 
in. 

K, = constant, units of life (Ib)? 

K. = constant, units of life x (Ib)® 

Kz = constant, dimensionless 

Ky, = constant, Ib/in.'-°* 

L = bearing or ball specimen 10% life, or life at 


which 90% of a group of specimens remain 
unfailed, millions of inner race revolutions 
or millions of stress cycles 
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Ls = bearing 10% life, millions of inner-race 
revolutions 

N = normal ball load, Ib 

n = number of support balls 

P = bearing or test-system thrust load, lb 

p = exponent, dimensionless 

R = radius of ball, in. 

r = effective radius of ball profile after deforma- 
tion, in. 

S = probability of survival, dimensionless 

W; = predicted ball specimen normal load ca- 
pacity, Ib 

x = track length, in. 

B = initial contact angle after loading, degree 

p’ = free-contact angle, degree 

Bo, Bi = dynamic outer- and inner-race contact an- 
gles, degree 

o = stress, psi 

@ = function sign [ Ref. (4) ], dimensionless 

Wa = angular velocity of V-groove roller, one-ball 
fatigue tester, radians/sec 

Wi = angular velocity of drive shaft, radians/sec 

Ws = angular velocity of spin of ball specimen 
with respect to support balls or roller, ra- 
dians/sec 

Introduction 


AsIpE from the material and lubricant criteria required 
for improving bearing life and reliability, design con- 
siderations are also important. The bearing contact 
angle is one of these design factors. Jones (1) defines 
free bearing contact angle [Fig. 1(a)] as “the angle 
made by a line passing through the points of contact of 
the ball and both raceways with a plane perpendicular 
to the axis of the bearing when both races are centered 
with respect to each other and one race is axially dis- 
placed with respect to the other without the application 
of measurable force.” The actual bearing contact angle 
depends on various operating variables, including bear- 
ing load and speed, and may be different at both races. 
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Changes in contact angle due to load and speed are con- 
sidered by Jones (1—3) and are illustrated in Figs. 1(b) 
and (c). 
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(A) FREE-CONTACT 
ANGLE (NO LOAD) 


(B) CONTACT ANGLE (C) CONTACT ANGLES 
WHEN UNDER LOAD WHEN UNDER LOAD 
AND AT HIGH SPEED 


Fic. 1. Change in contact angle with load and speed 


Lundberg and Palmgren (4) in their analytical and 
statistical analysis of bearing fatigue suggest that the 
load-carrying capacity of a thrust bearing increases as a 
function of increasing contact angle. This analysis pre- 
dicts an exponential relation between load and fatigue 
life where the life ZL varies inversely with normal ball 
load N to the p power [ZL = K,(1/N)?]. The generally 
accepted experimental value for the exponent p is 3. As 
contact angle is increased for a constant bearing thrust 
load P, the normal ball load N is decreased. Therefore, 
theory predicts that fatigue life should increase. Since 
capacity C equals P\/L, it follows that one should 
expect increased bearing capacity with increased contact 
angle. Unpublished data from Ref. (5) indicate, how- 
ever, that within the range of that data (contact angles 
of 30 to 55 degrees) fatigue life decreases with in- 
creasing contact angle at constant normal ball load. 
Since the Lundberg-Palmgren theory predicts constant 
life with constant normal ball load, these data imply a 
quantitative discrepancy between the theory and the 
experimental results. To resolve this discrepancy, one 
must consider the effect of sliding in the ball-race con- 
tact on bearing operation. 

As contact angle is increased, spin velocity w, (and 
therefore relative sliding between ball and race) is in- 
creased. This sliding is a function of the angular speed 
of the bearing inner race, the geometry of the bearing, 
and the applied thrust load. Reichenbach (6) considers 
the effect of spin with respect to heat generation and 
friction. His findings indicate increased friction and heat 
generation with increasing contact angle. Increased fric- 
tion and heat generation can increase the shearing stresses 
normally calculated from the Hertz theory (1) for two 
bodies in contact. The effects of friction on shearing 
stresses are treated theoretically by Smith and Liu (7), 
and those of heat generation are treated by Melan (8). 
Since life is an inverse function of stress o to the 9th 
power [ZL = K2(1/o)®], a slight increase in stress could 
mean a significant decrease in life. 

Another factor to consider is the effect of sliding due 
to contact angle on the viscosity and other rheological 


properties of a lubricating film that exists between roll- 
ing surfaces. Sibley et al. (9, 10) show that the geometry 
of the contact area of two rolling surfaces changes with 
lubricant shear rate and temperature. Since contact 
angle affects sliding and thus contact temperature, the 
effects (at different contact angles) of these variables 
on the rheological properties of a lubricant might pro- 
duce differences in contact geometry. 

It becomes necessary in view of the aforementioned to 
determine the effect on bearing fatigue and load capacity 
of the changes in various operating variables caused by 
a change in contact angle. In order to accomplish this 
objective, the research reported herein was undertaken: 
(a) to obtain rolling-contact fatigue data with the 
NASA five-ball fatigue tester for M-1 steel balls at free 
contact angles of 10, 20, 30, and 40 degrees and full- 
scale angular-contact ball bearings at free contact angles 
of 10 and 30 degrees; (b) to compare these data with 
the Lundberg-Palmgren capacity formula; (c) to deter- 
mine the effect of contact angle on contact geometry 
and thus on the actual contact stress; and (d) to deter- 
mine experimentally a relation between contact tem- 
perature and contact angle. For the purpose of these 
tests the actual contact angle of the test specimens and 
bearings can be taken as the free contact angle because 
of specimen geometry and nominal bearing speed. This 
research was conducted at the authors’ laboratory. 


Apparatus 
FIvE-BALL FATIGUE TESTER 


The NASA five-ball fatigue tester was used for all 
tests conducted. The apparatus is shown schematically 
in Figs. 2(a) and (b) and was previously described by 
the authors (11). The five-ball fatigue tester consists 
essentially of a driven test ball pyramided upon four 
lower support balls positioned by a separator and free 
to rotate in an angular-contact raceway. Specimen load- 
ing and drive is supplied through a vertical shaft. By 
varying the pitch diameter of the four lower support 
balls, the bearing contact angle 6 [Fig. 2(b)] may be 
controlled. The angular spin velocity w, can be approxi- 
mated by the product of the shaft angular velocity «; 
and the sine of the contact angle 6. 

The five-ball fatigue tester was also designed to ac- 
commodate a 204-size full-scale bearing in place of the 
test specimen assembly [Fig. 2(a)]. Loading and drive 
for the bearing are the same as for the test specimen. 
Instrumentation provides for automatic failure detection 
and shutdown when a bearing or ball specimen fatigue 
spall occurs, making possible long-term unmonitored 
tests. In all tests, the ball specimens and the 204-size 
bearings were lubricated by a synthetic diester fluid 
meeting the MIL-L-7808C specification, introduced in 
mist form. 


OPERATING-TEMPERATURE MEASURING DEVICE 


The five-ball fatigue tester was modified in order to 
measure the temperature near the contact area of a 
modified test specimen during operation. The test speci- 
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mens were 1!-in.-diameter M-1 steel balls modified so 
that the running track could be predetermined, making 
possible the mounting of a thermocouple near the edge 
of the contact area flush with the ball surface. Figure 
2(c) shows the test specimen and mounting assembly, 
which is inserted into the drive spindle of the five-ball 
fatigue tester. An axial hole was drilled through the drive 
spindle to accept the thermocouple wire. The thermo- 
couple EMF is taken out through a slipring—brush as- 
sembly mounted at the top end of the drive spindle. 


Specimens and procedure 
Test SPECIMENS 


Groups of 14-in.-diameter M-1 steel balls were tested 
in the five-ball fatigue tester. Standard test conditions 
were room temperature, a synthetic diester lubricant, 
and an initial maximum Hertz stress of 800,000 psi. The 
only independent variable for the groups of M-1 balls 
tested was contact angle. The contact angles at which 
the balls were tested were 10, 20, 30, and 40 degrees. 
When a given material was used, all specimens were 
obtained from the same heat of material. 

Because of differences in contact geometry between 
ball specimens in a fatigue rig and full-scale bearings, 
it was deemed advisable to test two groups of full-scale 
bearings at contact angles of 10 and 30 degrees. The 
bearings selected for these tests were standard 204-size 
angular-contact thrust ball bearings modified to run with 
four balls instead of the normal eleven. This modification 
was made in order to lower the fatigue life of the bear- 
ings to a reasonable testing time and to keep within the 
load limitations of the five-ball fatigue tester. Both 
groups were fabricated from 52100 steel and were of 
ABEC 7 specifications. All bearings were tested with a 
pure thrust load of 249 Ib at 10,000 rpm. These operat- 
ing conditions resulted in inner-race ball control. That 
is, rolling occurred at the inner race while rolling plus 
sliding occurred at the outer race (2, 3, 6). 


METHOD OF PRESENTING FATIGUE RESULTS 


Rolling-contact fatigue data are usually presented on 
a Weibull plot such as those in Fig. 3 for M-1 balls at 
four contact angles. The ordinate scale on the Weibull 
plot represents the log-log of the reciprocal of the prob- 
ability of survival, but for convenience is graduated in 
the statistical per cent of specimens failed. The abscissa 
scale is the log of stress cycles or inner-race revolutions. 
The statistical methods for treating rolling-contact fa- 
tigue data, given by Johnson (12), were used to obtain 
these plots. A straight line was drawn through the array 
of points on each plot, using the method of least squares. 
From this straight line, two significant lives were ob- 
tained: the lives at which 10 and 50% of the specimens 
have failed. Because in aircraft and missile applications 
great interest centers around the early probability of 
failure, the most significant life on the Weibull plot is 
the 10% life (equivalent to 90% survival). The failure 
index given with each plot indicates the number of failed 
specimens out of those tested. 
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Fic. 3. Rolling-contact fatigue life of AISI M-1 steel balls for various contact angles. Initial maximum Hertz stress, 830,000 psi for 


3(a), 800,000 psi for 3(b), (c), and (d). 


STRESS VOLUME CORRECTIONS 


The life results for ball specimens at different contact 
angles cannot be compared with each other without ad- 
justing for differences in stress volume (13). In these 
experiments, the stress volume is proportional to the 
track length, which, in turn, is proportional to the cosine 
of the contact angle . 

If S, is the probability of survival of a specimen with 
a track length x,, then the probability of survival S> 
of a specimen with a track length x2, tested under the 
same conditions, is 


S, = (§,)4a/*1 

To illustrate this effect, the track of a 10 degree speci- 
men is 1.28 times as long as the track of a 40 degree 
specimen. Referring now to Fig. 3(d), the 40 degree 
contact-angle data are corrected to the 10 degree data 
by using the above equation at the 10% life (90% 
probability of survival). Thus, 

(S40) corrected = (S4o)?-78 
or 

(S40) corrected — (0.9)1-28 

(S49) corrected = 0.874 
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Therefore, the 10% life Bg for the 40 degree contact 
angle represents the (1 — 0.874) 100 or 12.6% life when 
corrected to the 10 degree track length. The Weibull 
line of Fig. 3(d) is therefore redrawn as the dashed line, 
which can now be compared directly with the 10 degree 
data. Similarly, the 20 and 30 degree data are corrected 
to 10 degrees, as shown by the dashed lines in Fig. 3(b) 
and Fig. 3(c). 


PROCEDURE FOR DETERMINING DEFORMATION AND WEAR 


To determine the effect of sliding on contact geometry 
and thus on Hertz stress, deformation and wear traces 
of test specimens were made on a surface contour tracer. 
By use of the traces from this machine, the effect of 
contact angle on permanent deformation and wear can 
be studied. 

Alteration of the surface contour in rolling contact 
takes three basic forms: (a) elastic deformation due to 
contact stresses, (b) plastic deformation due to exces- 
sive stresses and repeated loading, and (c) wear of the 
contact surfaces due to sliding. The latter two forms 
result in permanent alteration of the ball surface contour 
that can be measured after testing. Figure 4(a) is a 
schematic diagram of the transverse section of a ball 
surface showing this permanent alteration. A diagram of 
the surface trace of this transverse section which magni- 
fies the deviation from the true sphere would appear as 
shown in Fig. 4(b). The profiles in Fig. 4(a) and Fig. 
4(b) show that the original surface has been raised im- 
mediately adjacent to the running track. The region 
of increased volume extends approximately one track 
width on either side. If wear did not take place, the 
volume of material added to the region adjacent to the 
track would equal the volume of material displaced from 
the track itself. The volume displaced from the track in 
Fig. 4 is much greater than the volume built up along 
the sides of the track. The difference represents material 
removed by wear. 

The areas of deformation and wear on a surface trace 
cannot be measured directly to any degree of accuracy 
because of their small size on the trace. In order to 
measure these areas accurately, the surface trace was 
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Fic. 4. Cross section of postrun ball specimen track (not to 
scale). 


projected at a magnification of 5 and drawn on polar 
grid paper. The surface trace would then look as shown 
schematically in Fig. 4(b). After projection, radial dis- 
tances have been magnified 50,000 times while circum- 
ferential distances have been magnified 30 times. The 
areas of deformation and of deformation plus wear, a, 
on the trace were measured by use of a planimeter and 
the volumes were calculated. The wear volume is the 
difference between these two volumes. The depth of the 
track, H, was also measured. 


Results and discussion 


FATIGUE RESULTS 


Figure 3 shows the fatigue results obtained with %4- 
in.-diameter M-1 balls tested at an initial maximum 
Hertz stress of 800,000 psi but with varying contact 
angle. A summary of these data, given in Table 1, in- 


TABLE 1 
Life and Thrust-Load Capacity Data at Various Contact Angles Obtained in the Five-Ball Fatigue Tester; 800,000-psi Maximum Initial 
Hertz Stress 

















Ratio of Experimental Lundberg- _ Ratio of thrust-load capacity 
10% Fatigue life adjusted thrust-load capacity Palmgren to thrust-load 
B ; Bg to based ree actual predicted capacity at 30 degrees 
Contact TE ae: adjusted System experimental thrust- (Fig. 7) 
angle, millions of stress 10% life thrust life, load 
B, cycles (Fig. 3) at 30 degrees _load, P, Cy, |b capacity, Sa xed 
degrees Actual Adjusted (Fig. 5) Ib (Cz= P»8/Bg) Cum Cr30) C1130) 
10 22.1 22.1 2.10 119° 334 288 0.426 0.335 
20 17.5 16.5 1.57 234 607 574 0.775 0.667 
30 12.2 10.5 1.00 340 783 861 1.000 1.000 
40 9.4 8.0 0.76 441 930 1148 1.188 1.334 





® Adjusted for stress volume of 10 degree contact angle. 
> Load and life adjusted from values at 830,000-psi maximum Hertz stress. 
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dicates that fatigue life decreases with increasing contact 
angle. This is in agreement with the data of Ref. (5) 
obtained in a modified one-ball fatigue tester for 30, 
45, and 55 degree contact angles, and given in Table 2. 
Since the data presented in Tables 1 and 2 have a com- 
mon contact angle of 30 degrees, the fatigue lives in 
each table were compared relative to the fatigue lives 
at this angle. Both sets of data are summarized in Fig. 5. 

The fatigue lives at different contact angles for each 
fatigue tester can be compared directly by plotting life 
as a function of sliding or angular spin velocity w,. For 
the five-ball fatigue tester the angular spin velocity w, 
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approximately equals w; sin 6 and, in the one-ball fatigue 
tester, w, equals wa(d/2R)tan 6, where wa(d/2R) is 
constant. Relative fatigue life is plotted as a function of 
relative angular spin velocity for each contact angle in 
Fig. 6. From this figure and Fig. 5 an inverse relation 
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Fic. 6. Life of ball specimen relative to life at 30 degree con- 
tact angle versus angular spin velocity relative to angular spin 
velocity at 30 degree contact angle at constant stress and stress 
volume. 


is noted between relative fatigue life and angular spin 
velocity or sliding. 
Loap CAPACITY 

An important criterion of a bearing is its load-carrying 
capacity C, where C = P\/Lg. For the five-ball test 
system, the test specimen 10% life Bg is substituted for 
Lg. The experimental-system thrust-load capacities were 
calculated for the five-ball fatigue tester and are sum- 
marized in Table 1. The ratio of the system thrust-load 
capacity Cy at the different contact angles to the thrust- 
load capacity at the 30 degree contact angle is also 
given in the same table. 


TABLE 2 
Life and Relative Thrust-Load Capacity at Various Contact Angles in a Modified One-Ball Fatigue 
Tester; 600,000-psi Maximum Hertz Stress 





Ratio of calculated 











Ratio of thrust-load 
: ; adjusted capacity to thrust- 
10% Fatigue life, Bg to load capacity at Ratio of Lundberg- 
Contact Ce Bg, adjusted 30 degrees Palmgren predicted 
angle, millions of stress 10% life based on actual thrust-load capacity 
B, cycles at 30 experimental life to that at 30 degrees 
degrees Actual@ Adjusted? degrees (Fig. 7) (Fig. 7) 
30 19.0 19.0 1.00 1.00 1.00 
45 12.5 11.3 0.60 1.23 1.36 
55 9.7 7.9 0.42 1.31 1.48 





@ Data from Ref. (5). 


» Adjusted to stress volume at 30 degree contact angle. 
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Using the Lundberg-Palmgren formulas (4), a theo- 
retical capacity Cy for the five-ball test system can be 
calculated where 


Cr = K3C; 


C; = Win sin B 
and 
W, = A®(2R)18 


The material constant A for M-1 steel and a MIL-L- 
7808C lubricant was found to be 136,000 Ib/in.1-§ on 
the basis of the fatigue data given in Table 1. There- 
fore, W; = 344(cos B)-°* and C; = 1376[sin B/(cos 
B)°-5]. Because the support balls of the test system are 
almost entirely free from fatigue, the capacity will in- 
crease by factor K3. From the Lundberg-Palmgren 
theory, the factor Ks for the five-ball tester over the 
range of contact angles tested is approximately 1.2. The 
test system capacity Cy would then be equal to 1650 
(cos B)°-7 tan B. The values for the theoretical capacity 
of the five-ball system were calculated and are tabulated 
in Table 1, together with values relative to the theoreti- 
cal capacity at 30 degrees. 

In order to compare the thrust-load capacity data ob- 
tained on the five-ball fatigue tester with the data from 
the one-ball fatigue tester, it is necessary to assume a 
fictitious thrust load on the one-ball system necessary to 
produce the same constant normal ball load N as was 
obtained on the ball specimen radially loaded. Based on 
this fictitious thrust load, the theoretical-system thrust- 
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Fic. 7. Increase in thrust-load capacity relative to thrust-load 
capacity at 30 degrees as measured experimentally and as pre- 
dicted by the Lundberg-Palmgren equation. 


load capacity Cy, calculated from the Lundberg-Palm- 
gren formulas, for the one-ball fatigue tester is: 


Cr = Kz, [(d — 2R cos B)!-8 (cos B)®-*8 sin 8] 


The theoretical and experimental relative thrust capaci- 
ties of the one-ball system are given in Table 2. The 
experimental data of relative thrust capacity for Tables 
1 and 2 are summarized in Fig. 7, together with the 
relative values of capacity as predicted by the Lundberg- 
Palmgren formula for the one- and five-ball fatigue 
testers. Both experimental and predicted values for 
thrust-load capacity increase with increasing contact 
angle. The experimental increase in system capacity is 
nearly equal to the predicted values up to a contact 
angle of 30 degrees. At this contact angle, experimental 
capacity begins to deviate from the predicted values. 
This deviation is caused by the decrease in life as con- 
tact angle is increased. 

It can be concluded from these data that, for contact 
angles up to 30 degrees, the Lundberg-Palmgren ca- 
pacity equation very nearly predicts the thrust capacity 
of a system. It appears, however, that the predicted and 
experimental curves of thrust-load capacity diverge at 
contact angles beyond 40 degrees. The fact that the 
experimental curve approaches zero slope beyond the 40 
degree contact angle suggests no real advantage in in- 
creasing contact angles beyond this value. 


FuLuL-SCALE BEARING TESTS 


In order to illustrate the effect of increased capacity 
at increased contact angle, two groups of full-scale 204- 
size angular-contact thrust ball bearings were tested at 
a constant thrust load of 249 lb. These bearings had 
free-contact angles of 10 and 30 degrees and were 
modified to run with four balls. The maximum Hertz 
stresses at the inner and outer races were 460,000 and 
379,000 psi, respectively, for the 10 degree bearings 
and 319,000 and 270,000 psi, respectively, for the 30 
degree bearings. Figure 8 is a summary of these results. 
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Fic. 8. Rolling-contact fatigue life of 52100 modified 204-size 
bearings for constant thrust load at two contact angles. Outer- 
race temperature, 175F; 249-lb thrust load; 10,000 rpm. 
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The 10% life for the twelve 10 degree contact-angle 
bearings tested was 20.5 million inner-race revolutions 
or about 34 hr of operation [Fig. 8(a)]. In contrast, 
only one of the ten 30 degree contact-angle bearings 
failed [Fig. 8(b)]; and this failure occurred at about 
507 million revolutions or 845 hr of operation. From 
these data it may be concluded that a greater bearing 
life for a constant thrust load may be obtained with 
increased contact angle. However, a limiting factor in 
obtaining higher fatigue life with high-contact-angle 
bearings is the maximum race-groove shoulder height 
that can be built into these bearings. A small shoulder 
height increases the danger of the contact ellipse extend- 
ing beyond the race-groove shoulders. If such a con- 
dition should occur, extremely short bearing life can be 
expected because of a sharp increase in the contact 
stress. 
DEFORMATION AND WEAR 


As contact angle is increased, the rheological prop- 
erties of a lubricating film that may exist between roll- 
ing surfaces can be affected by temperature and shear 
rate due to increased sliding. Changes in lubricant 
rheological properties can affect the amount of plastic 
deformation in the running track of the ball specimen. 
Also, wear can be increased with increased sliding if a 
complete lubricant film does not exist at all times. 
Therefore, contact geometry (and thus effective operat- 
ing Hertz stress) can be affected by sliding. Differences 
in Hertz stresses other than those nominally calculated 
could conceivably account for differences in life for speci- 
mens tested at different contact angles. 

Deformation and wear data were obtained for M-1 
balls tested at the initial maximum Hertz stress levels 
of 650,000 and 800,000 psi; contact angles of 10, 20, 30, 
and 40 degrees; and 30,000 stress cycles in the five-ball 
fatigue tester. For each combination of contact angle 
and stress, seven balls were run. Three surface traces 
were made of each ball at different locations around the 
ball, perpendicular to the ball running track. Average 
values for the deformation and wear volumes at each test 
condition are given in Table 3. 

By the use of trigonometric relations, an effective ball 
radius r at the point of contact can be calculated in 
terms of a, H, and R: 


(a/H)? + [R—\/R?— (a/H)? — BH]? 
f Ez 
2[R —\/R? — (a/H)?— H] 


On the basis of this equation, r and an effective maxi- 
mum Hertz stress for 30,000 stress cycles of operation 
were calculated for each condition, and are also given 
in Table 3. Based on previous experience, the value of r 
obtained after 30,000 stress cycles approximates the 
value that would be obtained after an indefinite num- 
ber of stress cycles. 

A trend towards decreased deformation with higher 
contact angle is observed for the two stress levels tested. 
For the 650,000-psi initial maximum Hertz stress, there 
appears to be initially no wear at contact angles of 10 





TABLE 3 
Deformation and Wear and Their Effect on Maximum Hertz 
Stress for M-1 Steel Balls Tested at 650,000 and 800,000-psi In- 
itial Maximum Hertz Stress; Five-Ball Fatigue Tester, 30,000 
Stress Cycles 








Deformation Effective 
Contact area from Wear area maximum 
angle, surface from sur- Calculated Hertz 
B, trace, face trace, radius, stress, 
degrees sq. in. sq. in. in. psi 
650,000-psi initial maximum Hertz stress 
10 1.17 x 10-7 0 0.272 6.45 X 105 
20 0.98 0 0.270 6.46 
30 0.73 0.12 x 10-7 0.266 6.47 
40 0.49 0.33 0.271 6.45 
800,000-psi initial maximum Hertz stress 
10 1.90 x 10-7 1.96 * 10-7 0.292 7.79 * 105 
20 1.58 2.89 0.271 7.88 
30 1.63 1.17 0.301 7.76 
40 1.47 2.00 0.269 7.89 





and 20 degrees after 30,000 stress cycles. These data 
suggest the possibility of some form of elasto-hydro- 
dynamic lubrication in the five-ball fatigue tester for an 
initial maximum Hertz stress of 650,000 psi. The incon- 
sistent wear results at an initial maximum Hertz stress 
of 800,000 psi, however, tend to indicate that boundary 
lubrication is perhaps the predominant type of lubrica- 
tion occurring at this stress level at all four contact 
angles. It was also found that deformation and wear 
reduced the initial Hertz stress for both the 650,000- and 
800,000-psi initial stress levels by approximately 1 to 
3%. 

Deviations in initial Hertz stress may differ for the 
four different contact angles and may account for dif- 
ferences in life. From Table 3 for an initial maximum 
Hertz stress of 800,000 psi, the effective maximum Hertz 
stresses for the 10 and 40 degree contact angles were 
779,000 and 789,000 psi, respectively. Using the 9th 
power relation between fatigue life and stress, it is 
found that, if there are any actual differences in stress 
at increased contact angle, these differences can account 
only for approximately a 10% difference in life. The 
experimental fatigue life at the 40 degree contact angle 
is approximately 36% of the fatigue life of the 10 de- 
gree angle. Therefore, in order to account for differences 
in life at different contact angles, other factors such as 
temperature caused by sliding and thus thermal stresses 
due to temperature gradients have to be considered. 


TEMPERATURE MEASUREMENTS NEAR RUNNING TRACK 


In order to obtain an estimate of the variation of 
contact temperature with contact angle 6, temperature 
measurements were made in a modified five-ball fatigue 
tester described previously. Each test specimen had a 
thermocouple attached, the tip of which was approxi- 
mately 0.01 in. away from the edge of the running 
track. Several specimens were measured at running 
conditions of 800,000 psi, 10,000 rpm, and contact angles 
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of 10, 20, 30, and 40 degrees. The data obtained with 
these balls are summarized in Fig. 9. These tempera- 
tures are believed to represent a much better approxima- 
tion of actual contact temperatures than the tempera- 
tures measured at the outside diameter of the race. A 
linear increase in temperature is observed with increasing 
contact angle. The temperature at the 40 degree contact 
angle is approximately 60 F higher than the near con- 
tact temperature at the 10 degree contact angle. This 
difference in temperature implies that thermal stresses 
(which are a function of the contact temperature in- 
duced by sliding at the higher contact angle) may in- 
crease the subsurface principal stresses and thus the 
shearing stresses beyond those values calculated. The 
change in principal stresses due to the effect of thermal 
stresses induced by contact temperature is illustrated by 
Kelly (14). 
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Fic. 9. Temperature at edge of contact area as a function of 
contact angle. Maximum Hertz stress, 800,000 psi; 10,000 rpm; 
five-ball fatigue tester. 


The increase in the overall coefficient of friction with 
increasing contact angle is another factor that could 
cause an increase in the shearing stresses. The change 
in shearing stresses, however, caused by increased fric- 
tion force is found to be insignificant within the range 
of variables investigated using the relations given in 
Ref. (7). Also, because contact stress differences due to 
plastic deformation can account only for a 10% dif- 
ference between the fatigue lives at 40 and 10 degrees, 
and since the 40 degree fatigue life is actually only 
36% that of the 10 degree life, differences in life could 
primarily be due to thermal stresses induced by higher 
heat generation at higher contact angles. 

In the five-ball fatigue tester, heat generation is a 
function of spin velocity and contact stress, both of 
which are controlled variables. Spin velocity w, is in 
turn a function of contact angle and the angular velocity 
of the drive shaft w,. If, for a 40 degree contact angle 
and a constant contact maximum Hertz stress of 800,000 
psi, the shaft speed is decreased to 5000 rpm from the 
standard operating speed of 10,000 rpm, the heat genera- 
tion and thus contact temperature are also decreased. If 


thermal stresses induced by temperature gradients caused 
by increased spin velocity are an important factor 
in affecting fatigue life, life should be a function of 
this spin velocity if all other operating conditions re- 
main unchanged. The relative angular spin velocity 
Ws(p)/Ms (30) at the reduced speed is one-half the value at 
10,000 rpm and a 40 degree contact angle (1.28, Fig. 
6) or 0.64. From Fig. 6 the life at this spin velocity is 
1.60 multiplied by the life at the 30 degree contact 
angle or 16.8 million stress cycles. 

By the same reasoning stated above, life should also 
be a function of the contact temperature. The measured 
near-contact temperature at the 40 degree contact angle 
and a speed of 5000rpm was 145F. From Fig. 9, a 
contact angle of approximately 15 degrees should pro- 
duce a near-contact temperature of 145 F at 10,000 rpm. 
If life is a function of contact temperature, then the life 
at 5000 rpm and a 40 degree contact angle should be 
about the same as at 10,000 rpm and a 15 degree con- 
tact angle. From Fig. 5, the predicted life at a 15 degree 
contact angle and 10,000rpm is 1.80 of the 10% life 
of 30 degree contact angle specimens run under the 
same conditions, or 18.9 million stress cycles. 

Tests were run with a group of M-1 balls at a 40 
degree contact angle and an initial maximum Hertz 
stress of 800,000 psi, but at the reduced speed of 5000 
rpm. The Bg life for this test condition was 16.8 million 
stress cycles. The results of this test and those for the 
40 degree contact angle tests at 10,000 rpm are given 
in Fig. 10. The good agreement between the predicted 
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of AISI M-1 steel balls for 40 degree contact angle. Initial 
maximum Hertz stress, 800,000 psi; 120F race temperature at 
5000 rpm. 
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and the experimental fatigue lives may be coincidental, 
but it strongly suggests that heat generation and thus 
surface temperature affect rolling-contact fatigue life. 


Summary 


The NASA five-ball fatigue tester was used to deter- 
mine the rolling-contact fatigue life of M-1 steel balls 
at four contact angles: 10, 20, 30, and 40 degrees. These 
tests were run at an initial maximum Hertz stress of 
800,000 psi using a synthetic diester lubricant meeting 
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the MIL-L-7808C specification. Also, modified 204-size 
angular-contact ball bearings made out of 52100 steel 
were fatigue tested at free contact angles of 10 and 30 
degrees and at a constant thrust load of 249 lb. Plastic 
deformation and wear of the specimens in rolling con- 
tact, together with changes in contact geometry, were 
studied at initial maximum Hertz stresses of 650,000 and 
800,000 psi and were compared with the fatigue results 
of the ball specimens. Temperature measurements were 
taken at the edge of the contact area. The following re- 
sults of these investigations were obtained: 

1. The rolling-contact fatigue life at constant Hertz 
stress generally decreased with increasing contact angle. 
The decrease in fatigue life between 10 and 40 degrees 
was on the order of 64%. 

2. The decrease in fatigue life with contact angles 
up to 30 degrees did not appreciably affect the increase 
in thrust-load capacity predicted by the Lundberg- 
Palmgren capacity formula. Beyond this contact angle, 
experimental values were appreciably less than those 
predicted. 

3. The fatigue life and load capacity of the modified 
204-size angular-contact ball bearings were appreciably 
higher at a 30 degree contact angle than at 10 degrees 
for a constant thrust load. 

4. Changes in contact geometry caused by deforma- 
tion and wear showed that the actual Hertz stress after 
the first few stress cycles of operation was 1 to 3% less 
than that initially calculated. 

5. Temperatures near the running track caused by 
sliding increased linearly with contact angle. The tem- 
perature at the 40 degree contact angle was approxi- 
mately 60 F higher than the temperature at the 10 de- 
gree angle. An experimental trend toward decreased 
fatigue life with increased contact temperature is sug- 
gested. 
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Evaluation of Ball-Bearing 


Performance in Liquid 
Hydrogen at DN Values to 1.6 Million 


By HERBERT W. SCIBBE? and WILLIAM J. ANDERSON? 


Experimental data were obtained in liquid hydrogen (-423F) on two series of 40-mm-bore ball 
bearings utilizing various retainer materials. Effects of diametral clearance and retainer material 
on limiting DN value (product of bearing bore in mm and shaft speed in rpm) were investigated 
at thrust loads to 5001b and at speeds to 41,200rpm. An analysis was made to determine the 
effect of ball size and race curvatures on the heat generated in bearings of both series as a result of 
ball spin. The results, supported experimentally, indicate that higher limiting DN values at a specific 
thrust load could be obtained with an extremely light series (1908) bearing with open-race curva- 
tures than with a light series (108) bearing. Successful operation to a DN value of 1.6 million 
was obtained with 1908 bearings (at 110 1b thrust load) using two different retainer materials. The 
glass-fiber-filled PTFE (polytetrafluoroethylene) retainer exhibited much less wear than the 


MoS,-filled phenolic retainer at these test conditions. 


Nomenclature 

a = semimajor axis of contact ellipse, in. 

b = semiminor axis of contact ellipse, in. 

CF = centrifugal force on ball, lb 

d = ball diameter, in. 

E = bearing-unit pitch diameter, in. 

E(k) = complete elliptic intgeral of the sec- 
ond kind 

f = coefficient of sliding friction 

k = elliptic integral modulus = [1- 
(b?/a?) ]*/ 

mM, = torque about bearing axis, lb-in. 

M, = ball-spin moment, Ib-in. 

n = number of balls 

34 = normal ball load, Ib 

QO, = heat generated between balls and 
race because of ball spin, Btu/min 

r == race-ball groove radius, in. 

Fy = bearing thrust load, lb 

Ve = linear velocity of inner-race ball 


contact, in./sec 
angles defined in appendix, deg 
contact angle under load, deg 


Qj, G2, Y, A, 6 


B’ initial mounted no-load contact an- 
gle, deg 

Bus = inner-race contact angle at load and 
speed, deg 

Bio = outer-race contact angle at load and 
speed, deg 

0 = race curvature 





Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Chicago, Illinois, 
October, 1961. 

1 Aeronautical Lubrication Research Engineer, NASA—Lewis 
Research Center, Cleveland 35, Ohio. 

2 Supervisory Aeronautical Lubrication Research Engineer, 
NASA—Lewis Research Center, Cleveland 35, Ohio. 
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w = angular velocity of a ball about its 
rolling axis, rad/sec 

4 = angular velocity of inner race, rad/ 
sec 

Ws = angular velocity of spin of a ball 
relative to a race, rad/sec 

WR = angular velocity of roll of a ball 
relative to a race, rad/sec 

Subscripts: 

i = inner race 

fy) = outer race 

R = rolling 

s = spinning 

Introduction 


SUCCESSFUL operation of high-speed cryogenic ma- 
chinery depends partly on the ability of the bearings 
to perform satisfactorily submerged in and cooled by 
the working fluid. When reliable operation can be ac- 
complished with bearings lubricated and cooled by the 
working fluid, shaft seals and bearing lubricating sys- 
tems of turbomachinery can be greatly simplified. The 
complexity, weight, and cost of turbomachinery systems 
can thereby be appreciably reduced. 

Before a rolling bearing can be operated successfully 
in an application where the lubrication is marginal, two 
principal problems must be overcome. First, the integrity 
of the surfaces in rolling and sliding contact must be 
maintained. Therefore, the bearing should be made of 
materials that tend to exhibit minimum wear and maxi- 
mum resistance to galling and surface welding in sliding. 
Second, the heat generated within the bearing must be 
removed to assure maintenance of an equilibrium operat- 
ing condition and to prevent a total loss of bearing 
operating clearance that results in bearing seizure. The 
two principal sources of heat generation within a ball 
bearing are: the sliding friction between the balls, lo- 
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cating race, and retainer; and friction due to ball spin 
in the ball-race contact area. It follows, then, that the 
bearing materials and design must be chosen so as to 
minimize heat generation within the bearing in order to 
provide a maximum assurance of success. 

Retainer materials selected for test should be chosen 
from among those that exhibit low friction coefficients 
and good resistance to wear in cryogenic friction and 
wear tests. The results of friction and wear experiments 
in liquid nitrogen and liquid hydrogen (1, 2) indicate 
that filled PTFE compositions show promise for cryo- 
genic applications. In Ref. (1), 25%-glass-fiber-filled 
PTFE sliding against 304 stainless steel in liquid nitro- 
gen showed low wear at sliding velocities to 6000 ft/min. 
In this material, the PTFE provides the lubrication 
while the glass fibers are added to increase structural 
strength. Filled PTFE composition retainers used in 
ball bearings operating in liquid nitrogen at low speed 
and a light thrust load showed low wear (3). Because 
of the wide temperature range of operation in cryogenic 
machinery, the use of bearing materials with compatible 
thermal expansion rates is essential. 

The overall objective of the work reported in this 
paper was to study the torque and wear characteristics 
as well as the effect of important bearing design param- 
eters on the operating limitations of ball bearings in 
liquid hydrogen for running times of 1 hr at DN values 
(bearing bore in mm times shaft speed in rpm) to 1.5 
million. Since thrust loads, rather than radial loads, are 
of prime importance in turbomachinery, bearing tests 
were conducted with a pure thrust load. The effect of 
bearing diametral clearance and retainer material on 
bearing limiting speed was determined experimentally 
at various thrust loads, and the effect of ball size and 
race curvatures on the heat generation due to ball spin 
in a thrust-loaded ball bearing was determined analyti- 
cally. These programs were conducted to obtain the 
data needed to optimize bearing design for operation in 
liquid hydrogen. Bearing limiting speed is defined as the 
highest speed at which the bearing can be operated at 
equilibrium conditions without failure. Experiments were 
conducted with two series of 40-mm-bore bearings to 
check the effect of ball size and race curvatures on the 
heat generation rates. It was anticipated that shaft 
sizes of 20 to 40 mm would be used in small high-speed 
cryogenic turbomachinery. Two promising retainer ma- 
terials were evaluated in extremely light series bearings 
designed with open-race curvatures to minimize ball- 
spin losses. 


Apparatus 
Test Ric 
Drive system 


The test rig was driven by a 20-hp d.c. motor with 
an output speed continuously variable from 60 to 3500 
rpm. The drive motor was connected to a 10:1-ratio 
speed increaser through a shear-pin coupling designed to 
prevent damage to the rig in the event of bearing 


failure. A pair of bevel gears with a speed ratio of 1.5:1 
transmitted the power from the horizontal to the verti- 
cal shaft assembly (Fig. 1a). The pinion shaft was 
connected to the test shaft through a quill. Automatic 
speed control was provided over the range of test shaft 
speeds from 900 to 52,500 rpm. 
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Fic. 1(b). Schematic of test-bearing mounting and support 
housing. 
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Test-bearing mounting and torque system 


The test shaft was supported at its lower end by the 
test bearing and at its upper end by a 207-size deep- 
groove ball bearing. The test-bearing housing was floated 
on two externally pressurized, gas-lubricated sleeve 
bearings. Thrust load was applied to the test-bearing 
housing from a dead-weight load at the end of a 10:1- 
ratio load arm. The load was transmitted to the test- 
bearing housing through an annular-shaped-flat-plate, 
externally pressurized gas bearing. A schematic of the 
test-bearing mounting and support housing is shown in 
Fig. 1b. A transducer was connected to a cable that was 
wrapped around the periphery of the test-bearing hous- 
ing for measurement of test-bearing torque. The signal 
from the transducer was amplified and recorded by a 
millivolt potentiometer. The clearance of the lower gas 
journal bearing on the test housing became iced-over 
after approximately 30 min running time. The’ icing 
condition resulted from moisture condensing and freez- 
ing on the cold metal surfaces in spite of attempts to 
prevent freezing with a low-wattage heater. The friction 
torque readings also included torques due to pumping 
action within the bearing and to the rotating parts sub- 
merged in the liquid hydrogen at the operating speed. 
Because of the above conditions, the friction torque 
measurements were used only to indicate imminent bear- 
ing failure. 


Hydrogen supply and exhaust system 


The test chamber was filled with liquid hydrogen dis- 
placed from a 100-liter Dewar. The liquid was trans- 
ferred from the Dewar to the test chamber through a 
vacuum-jacketed supply line. The test chamber and 
upper support housing were vacuum-jacketed, whereas 


the vent line was insulated with %-in.-thick foamed-in- 
place polyurethane. 

The liquid level in the test chamber was measured by 
a device employing carbon resistors spaced at two dif- 
ferent levels. When the liquid level had reached the 
upper resistor, a milliampere scale indicated a full cham- 
ber (2.5 liters). 


Thermocouples 


A copper constantan thermocouple was located in the 
test housing against the test-bearing outer race to meas- 
ure the operating temperature at test conditions. Ad- 
ditional thermocouples were located in the support-bear- 
ing and seal housings and in the gear-box high-speed shaft 
bearing housing. 


Support-bearing lubrication 


All the support bearings and speed-increaser bearings 
were lubricated with SAE 20 oil that was recirculated 
and pressure-fed to the bearings. Provisions for flow 
control and oil-inlet temperature control were included 
in the lubrication system. 


Test BEARINGS 


The bearings used in these tests (shown schematically 
in Fig. 2) were deep-groove ball bearings manufactured 
to ABEC-5 tolerances. The series tested were 204 (20- 
mm bore) light, 1908 (40-mm-bore) extremely light, and 
108 (40-mm-bore) extra light. The ball and race ma- 
terials were either SAE 52100 or AISI 440C stainless 
steel. The construction, materials, and clearances of the 
test bearing retainers are listed in Table 1. The retainer 
clearances varied with bearing size and were generally 
larger for the 40-mm bearing series. The ball-pocket 


TABLE 1 
Test-Bearing Retainers 











Retainer Sinead. 
Test clearances, in. Medici 
Retainer bearing Retainer Retainer Locating Locating Ball shroud 
type series construction material surface surface pocket material 
a 204 2-Piece stamped ribbon- _Silver-plated berryllium copper Balls — — — 
riveted 
b 204 2-Piece machined and Cotton cloth-phenolic laminate Inner race 0.010 0.016 _ 
riveted 
c 204 Same as (b) Glass cloth-melamine laminate Inner race 0.012 0.013 — 
zt 108 Same as (b) Same as (b) oo’ Gea 
e 1908 2-Piece machined and Glass-fiber—-filled PTFE Inner race 0.015 0.039 Aluminum 
riveted 
f 108 Same as (e) Same as (e) Inner race 0.018 0.027. Aluminum 
g 1908  2-Piece machined MoS,-filled cotton cloth-phenolic Inner race 0.016 0.033 — 
and riveted laminate 
h 108 2-Piece machined and Glass cloth-PTFE laminate Inner race 0.027 0.040 Aluminum 
riveted 
i 108 2-Piece machined and Graphitic carbon (mechanical Inner race 0.010 0.016 Stainless 
bolted grade) steel 
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clearances were larger for the retainer materials with 
greater contraction rates (coefficients of expansion). The 
race curvatures, initial mounted contact angles, and 
diametral clearances of the bearings subsequently oper- 
ated in liquid hydrogen are given in Table 2, columns 
1 through 6. 


Procedure 


PRETEST INSPECTION OF TEST BEARINGS 


The bearings as received from the manufacturer were 
prepared for testing in the following manner: (a) de- 
greased with a suitable solvent, (b) air-dried and in- 
spected for cleanliness, (c) washed in a highly volatile 
organic solvent, (d) inspected and measured for clear- 
ances and contact angles, (e) stored in a desiccator for 
16 to 18 hr, and (f) removed from the desiccator and 
weighed prior to testing. 


TEst PROCEDURE 


After the test bearing was installed in the test hous- 
ing, the supply line, test chamber, and vent lines were 
purged with helium gas for 15 min. After the purge 
operation, the test chamber was filled with liquid hydro- 
gen by pressurizing the Dewar with helium gas at 14 
to 16 in. Hg, gage pressure. Approximately 15 min were 
required to chill-down and fill the test chamber with 
fluid. The test shaft was rotated at 900 rpm during the 
filling operation. This procedure minimized the starting 
torque of the rotating components resulting from dif- 
ferential contraction of dissimilar materials in the test 
rig before low-temperature equilibrium was _ reached. 
When the test chamber was filled to the required level, 
the thrust load was applied to the test bearing and the 
speed was increased to the test point. The liquid level 
was maintained continuously throughout the test. 


The range of thrust loads investigated was 100 to 
500 lb at rotative speeds from 10,000 to 41,200 rpm 
(0.40 to 1.65 million DN value for a 40-mm-bore bear- 
ing). The limiting DN value of a test-bearing operating 
with a given thrust load was determined by increasing 
the speed in equal increments until the limiting value was 
reached. The test bearing was permitted to reach tem- 
perature equilibrium, nominally the bath temperature, 
at each speed setting (approximately 5 min at the speeds 
above 20,000 rpm) before progressing to the next higher 
speed. From experience gained through several failures, 
it was learned that when the bearing outer-race tempera- 
ture began to increase above that of the bath (-423 F) 
at a specific rotative speed, the DN limit had been 
reached. 

The limiting DN values reported herein are valid only 
for the specific test conditions used in this investigation. 
In every test the test bearing was run submerged in the 
liquid-hydrogen bath. Bearing failure resulted from a 
total loss of internal clearance. When the DN limit is 
exceeded, the frictional heat generated within the bear- 
ing cannot be adequately dissipated to insure an equi- 
librium temperature condition. This results in a rise 
in internal bearing temperature, an expansion of the 
ball set, and finally in a total loss of internal clearance. 
When the zero clearance condition is reached, the rate 
of heat generation is further accelerated because of the 
increase in compressive loading between the balls and 
races. Bearing seizure follows. It is conceivable that 
higher DN values could have been achieved if the 
cooling efficiency were increased by pumping the fluid 
through the test bearings rather than by operating 
them merely submerged in the bath. The feasibility of 
this concept, however, was not attempted in this in- 
vestigation. 

The 100-liter Dewar supplied enough liquid hydrogen 
for a test run time of approximately 30 min after the 
chill-down and filling operation. 

Imminent failure of the bearing was detected by an 
immediate increase in drive motor current and friction 
torque, followed by a rise in outer-race temperature. 


Post-TEst INSPECTION OF BEARINGS 


After each test the system was purged with helium 
gas. The test bearing was inspected for wear, placed in 
a desiccator for approximately 18 hr, and weighed to 
determine the wear (weight loss in mg) from each test. 
Failed or badly worn bearings were disassembled and 
examined visually and with optical microscopy to deter- 
mine the extent of wear and surface damage. Photo- 
graphs of retainers were made to illustrate the charac- 
teristic wear patterns of several bearings subjected to 
the longer test times of Table 2. 


Results and discussion 


PRELIMINARY TESTS IN LIQUID NITROGEN 


Initial tests were performed with 20-mm-bore (204 
series) “off the shelf” ball bearings equipped with silver- 








plated beryllium copper retainers with diametral clear- 
ances of approximately 0.0002 in. These tests were run 
to determine whether this retainer material had suf- 
ficient strength at liquid nitrogen temperature to with- 
stand the stresses imposed on it. The bearings were 
operated for short test periods at 100-lb thrust load at 
DN values to 0.20 million (10,000 rpm). The beryllium 
copper retainers were positioned by the ball set; con- 
sequently, greater contraction of the retainer material 
at low temperature may result in excessive stresses in 
the ball pockets. Fracture or excessive wear occurred 
in the ball pockets after short operating periods in the 
cold fluid. 


Another group of 204 series bearings with retainers 
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of cotton cloth—-phenolic laminate with diametral clear- 
ances from 0.0007 to 0.0011 in. was operated success- 
fully in liquid nitrogen to DN values of 0.50 million 
(25,000 rpm) at 100- and 200-lb thrust loads. These 
bearings with larger diametral clearances than the bear- 
ings of the previous group, were operated for 30-min test 
intervals in the test fluid without any significant wear. 


PRELIMINARY TESTS IN LIQUID HYDROGEN 


Several of the 204 series bearings with retainers of 
cotton cloth—phenolic laminate were also tested in liquid 
hydrogen at 100-Ilb thrust load. These bearings also 
performed satisfactorily with low wear rates at DN 
values to 0.60 million (30,000 rpm). 








TABLE 2 
Summary of Bearing Tests in Liquid Hydrogen 
Initial Test 
mounted Minimum Range of time 
contact measured Thrust- Total limiting above 
Race angle, Retainer diametral load test DN values DN value 
Test __ Survatures B’, type clearance, range, time, in of 108, 
bearing Series# Q; Qo deg (Table 1) in. lb min millions min Remarks 
1-D 204ST 0.52 0.53 15.9 b 0.0002 100 21 0.30 — Bearing seizure 
at max. DN value 
2-D 204ST 0.52 0.53 16.3 c 0.0004 100 36 0.40 — Bearing seizure 
at max. DN value 
3-D 204ST 0.52 0.53 15.2 b 0.0005 100 32 0.45 — Successful operation 
10-C 204S 0.52 0.54 16.0 b 0.0008 100 20 0.60 — Successful operation 
5-E 108S 0.52 0.54 17.5 d, 0.0007 200-500 78 0.83-0.64 — Successful operation 
6-E 108S 0.52 0.54 17.0 dy 0.0006 200-500 59  —0.90-0.56 — Successful operation 
7-E 108ST 0.52 0.54 17.0 d, 0.0007 200 124 0.92 — Metallic wear debris; 
terminated testing 
9-E 108ST 0.52 0.54 17.5 d, 0.0006 200 45 0.80 — Successful operation 
1-F 108ST 0.52 0.54 20.7 d, 0.0018 100, 200 272 1.00, 1.16 43 Successful operation; 
balls and races have 
rough surfaces 
2-G 108S 0.52 0.54 15.4 d, 0.0009 100, 200 179 0.90, 1.00 7 Retainer fracture 
4-G 108S 0.52 0.54 17.5 do 0.0010 200 237 0.90 — Successful operation 
2-H 108S 0.52 0.54 14.5 i 0.0011 200 75 0.90 — Extreme retainer wear; 
terminated testing 
1-J 108S 0.52 0.54 21.1 f 0.0011 110, 200 112 0.92 — Successful operation 
2-J 108ST 0.52 0.54 16.9 f 0.0014 110-300 101 1.04-0.90 9 Bearing feels rough; 
terminated testing 
3-J 108ST 0.52 0.54 21.5 f 0.0018 110-500 279 1.16-0.60 64 Successful operation 
1-K 1908ST 0.54 0.54 13.5 g 0.0020 110, 200 107 1.20 43 Retainer fracture at 
max. DN value 
2-K 1908ST 0.54 0.54 16.0 g 0.0020 110 80 1.60 57 Extreme ball-pocket 
retainer wear; 
terminated testing 
4-P 1908ST 0.54 0.54 18.0 e 0.0021 300, 500 79 0.90, 0.80 — Bearing seizure at 
500-Ib load 
5-P 1908ST 0.54 0.54 15.0 e 0.0022 110, 240 271 1.65, 1.20 191 Successful operation 
153 108ST 0.51 0.52 18.9 h 0.0035 200 19 1.36 10 Laminate separation 
in retainer; 


terminated testing 





® S$ denotes SAE 52100 steel; ST denotes AISC 440C stainless steel. 
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The results of preliminary tests in liquid nitrogen and 
hydrogen indicated that the ball-race-retainer material 
combinations must have compatible expansion (contrac- 
tion) rates and sufficient diametral clearance at the low 
test temperature to prevent loss of internal clearance 
that results in bearing seizure. These tests indicated that 
it would be advantageous to select ball and race ma- 
terials, the bearing mounting materials, and the mount- 
ing clearances so as to minimize the reduction in bearing 
diametral clearance due to contraction at the tempera- 
ture of the cold fluid. The retainer materials and clear- 
ances (Table 1) were selected to provide sufficient re- 
tainer clearances at the cryogenic temperature. 


EFFECT OF BEARING DIAMETRAL CLEARANCE ON LIMIT- 
ING DN VALUE 


A number of 20-mm-bore bearings with retainers of 
machined, cotton cloth-phenolic laminate and _ glass 
cloth—-melamine laminate were tested at 100-lb thrust 
load to determine the maximum operating DN value for 
a range of diametral clearances from 0.0002 to 0.0008 
in. Figure 3(a) shows that the limiting DN value in- 
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Fic. 3. Limiting DN value as a function of diametral clear- 
ance for bearings of three different series under thrust load. 


creases linearly with clearance from 0.30 to 0.60 million 
for these bearings. 

Limiting DN values were determined for 108 series 
bearings (40-mm-bore) employing two different retainer 
materials. Figure 3(b) indicates that the bearings 
equipped with cotton cloth—phenolic laminate retainers 
operated at approximately the same limiting DN values 
at clearances up to 0.0018 in. as the bearings with glass- 


fiber-filled PTFE retainers. For comparison the limiting 
DN values of two 1908 series bearings (2-K at 1.60 
million DN value and 5-P at 1.65 million DN value) 
with diametral clearances of 0.0020 and 0.0022 in., re- 
spectively, tested at 110-Ib thrust load are also shown 
in Fig. 3(b). Since the three series of bearings for which 
data are shown in Fig. 3 were run at different loads, 
direct comparison cannot be made. 


EFFECT OF THRUsT LOAD ON LimiTING DN VALUE 


Several groups of 108 and 1908 series bearings with 
various retainer materials were run over a range of 
thrust loads from 100 to 500 lb to determine the effect 
of thrust load on limiting DN value. For all the bear- 
ing groups, as shown in Fig. 4, limiting DN value de- 
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Fic. 4. Limiting DN value as a function of thrust load for 
108 and 1908 series bearings with three different retainer ma- 
terials. 


creased with increasing thrust load. This decrease in 
limiting DN was greater for the 1908 bearings than for 
the 108 bearings over the range of loads investigated. 
However, the 1908 bearings were run successfully at 
higher DN values than the 108 bearings over the com- 
plete range of loads. Comparing the relative perform- 
ance of two 108 bearings with filled PTFE retainers 
(Fig. 4), it can be seen that bearing 3-J (diametral 
clearance of 0.0018 in.) showed higher limiting DN 
values over the range of thrust loads from 110 to 300 
Ib than did bearing 2-J (diametral clearance of 0.0014 
in.). In 1908 bearings, limiting DN values for the MoSo- 
filled phenolic retainers (1-K and 2-K) fell on about the 
same curve as those for the filled PTFE retainers (4-P 
and 5-P). 

The higher limiting DN values of the 1908 bearings 
over the 108 bearings are believed due to three factors. 
The first is that the 1908 bearings had greater diametral 
clearance. The second factor is that the 1908 bearings 
had open-race curvatures designed specifically to mini- 
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mize heat generation due to ball spinning in the ball- 
race contact. The 108 bearings had standard race curva- 
tures not designed specifically for marginal lubrication 
and a light load application. The third factor is that, 
even with optimum race curvatures, heat generation in 
the 108 bearing is greater than that in the 1908 bearing 
at a specific load and speed. This is due principally to 
the larger ball diameter in the 108 bearing, which results 
in much greater centrifugal forces on the balls at very 
high speeds. The factors that affect heat generation will 
be discussed more fully in the section Heat Generation 
in the Ball-Race Contact. 

Comparison of the curves for bearing 5-E, which had 
an inner-race riding retainer, and bearing 6-E, which 
had an outer-race riding retainer, shows no significant 
difference in performance for inner- and outer-race re- 
tainer location. 


EFFect OF Test TIME ON TOTAL BEARING WEAR 


A series of tests was run for extended periods of time 
on 108 and 1908 bearing series equipped with four dif- 
ferent retainer materials to evaluate the effect of re- 
tainer material on bearing total wear for nonseparable 
bearings and on retainer wear for separable bearings. 
These wear results are shown in Fig. 5 as a function 
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series) thrust loads. 


° 


of sliding distance at the retainer locating surface. The 
range of sliding velocities at the retainer-race locating 
surface was from 1050 to 8800 ft/min. In these tests, 
the 108 bearings were run at 200-lb thrust load and the 
1908 bearings at 110-lb thrust load. 

A comparison of the data obtained with two 108 series 
bearings indicates that the cotton cloth—phenolic lami- 
nate retainer (4-G) and the glass-fiber-filled PTFE re- 
tainer (3-J) exhibit about the same wear characteristics 
over approximately the same range of sliding velocities, 
although bearing 3-J was run for a total of only 1.4 mil- 
lion feet. The data for bearings 5-P (1908) and 3-J 


(108), both of which had glass-filled PTFE retainers, 
indicate that wear of the 108 bearing at 200-lb thrust 
load was significantly greater than that of the 1908 bear- 
ing at 110-lb thrust load. The higher load on the 108 
bearing probably accounts for the difference in wear. 

Wear of the MoS,-filled phenolic bearing (2-K) was 
appreciably greater than for the glass-fiber-filled PTFE 
material. While bearings with this MoS, retainer ran 
to limiting DN values about equal to those with glass- 
filled PTFE retainers, the heavy wear of the MoS,- 
filled phenolic indicated a limited wear life for this 
material before retainer failure. 

The heavy wear of the bearing with the unimpregnated 
graphitic carbon retainer (2-H) is explainable in the 
light of the performance of graphite in the absence of 
both moisture and oxygen. Reference (4) presents a 
hypothesis which indicates that either moisture or oxygen 
must be present to improve adherence of the graphite 
to the surface and to inhibit “wear dusting.” Further 
tests with impregnated carbons are necessary to properly 
evaluate this material. The carbon retainer of bearing 
2-H was subjected to sliding velocities of 1050 to 4600 
ft/min. The total retainer wear of 170mg represents 
approximately 0.50% of the original retainer weight 
(0.084% of the total bearing weight). 

The total wear of bearings 4-G, 3-J, and 5-P as a 
function of sliding distance resembles the classical wear 
pattern of bearings which shows a wear-in period (high 
initial slope) followed by a normal period (lower slope) 
and a final wear-out period near bearing failure (high 
slope). At a sliding distance of 1.25 million ft the wear 
of bearings 4-G and 3-J was approximately 75 mg, 
whereas the wear of bearings 5-P was 50 mg. These wear 
values represent 0.043% of the bearing prerun weight 
and are considered to be slight as compared to values 
that would seriously affect the wear life of the retainers. 

Bearing retainer wear in the ball pockets and on the 
race locating surface is shown in Fig. 6. The retainers of 
bearings 4-G [Fig. 6(a)] and 3-J [Fig. 6(b)] showed 
only slight wear in the ball pockets and on the race 
locating surfaces. The retainer of bearing 5-P had a 
similar wear pattern except that the ball-pocket wear 
was slightly greater [Fig. 6(c)]. Wear on the inner-race 
locating surface of bearing 2-K was also slight, but the 
ball pockets had extreme wear [Fig. 6(d)]. The post- 
test inspection of these bearings revealed that the ma- 
jority of bearing wear occurred as retainer wear. 

The retainer of bearing 153 is shown in Fig. 6(e). 
The retainer was constructed of laminations of PTFE- 
impregnated glass cloth, reinforced on the outer diam- 
eter by an aluminum shroud. The bearing was tested 
for 19 min in liquid hydrogen at a 200-Ib thrust load 
and at DN values to 1.36 million. Figure 6(e) shows 
heavy wear and laminate separation in the ball pockets. 
The separation of the glass-cloth laminations may have 
resulted from faulty quality control during the lamina- 
tion process. 

Some changes in the surface finish of the balls and 
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race ball grooves occurred in unfailed bearings. Wear 
of these surfaces undoubtedly occurred, but it was not 
of a magnitude great enough to produce a measurable 
change in dimension. Deterioration of sliding surfaces 
would be expected in liquid hydrogen because the re- 
ducing action of this fluid would tend to remove any 
protective oxide films on the bearing parts. 


Heat GENERATION IN THE BALL-RACE CONTACT 


In a ball-bearing operating under any load condition 
other than pure radial, ball spinning in addition to roll- 
ing occurs at the ball-race contacts. If the bearing is 
operated at high speed, the centrifugal force on the 
balls creates an additional load at the outer-race con- 
tact. This effect of centrifugal force shifts the contact 
points between the balls and races from the lower speed 
positions and increases the operating contact angle at 
the inner race. The normal ball load at the outer-race 
contact can be expressed by 





P = (CF)cos Bio + oo Bio) 
i 


[see Ref. (5)]. Whereas the ball load at the inner-race 
contact is 


T 


Pie tus 
n sin Bas 


the ball usually will have either outer-race or inner-race 
control, (i.e., rolling at one race contact without spin and 
spinning plus rolling occurring at the other race con- 
tact). The frictional moment created by ball spin in 
the pressure ellipse at the ball-race contact can be ex- 
pressed approximately as 


M, = - jPaE(k) 


[from Ref. (6)]. The ball will roll at the race contact 
where the value of the friction moment is the greater. 
An approximate analysis was made to determine the 
heat generated in the ball-race contact of a thrust-loaded 
ball bearing. This is outlined in the appendix. The 
procedure followed is outlined in Ref. (7) for the case 
of inner-ring rotation, where gyroscopic moments are 
neglected and the ball rolls on one race without spin. 
The following assumptions are made in this analysis: 


(a) The effective ball rolling radius at operating 
conditions is assumed to be the unstressed radius 
(d/2). 

(b) In computing the spin moment M,, the linear 
slip velocities in the direction of rolling that occur 
because of the curvature of the contact ellipse are 
assumed small compared with the slip velocities due 
to ball spin. 

(c) Gyroscopic moments are assumed to be insuf- 
ficient to cause ball slip. Calculations made for the 
most severe condition of operation indicate that a 
coefficient of sliding friction in the contact ellipse of 
0.13 would be sufficient to prevent slip due to gyro- 
scopic moments. 

(d) The rotating radial load resulting from shaft 
unbalance at high speeds is neglected. 


Calculations were made on a digital computer for 
bearings of an extremely light series (1908) and a light 
series (108), assuming various race-curvature combina- 
tions and values of thrust load of 100, 200, and 300 Ib 
at a DN value of 1.60 million (40-mm-bore at a shaft 





Fic. 6. Bearing retainer wear at various thrust loads, test times, and sliding velocities. 











228 HERBERT W. SCIBBE AND WILLIAM J. ANDERSON 


speed of 40,000 rpm). The method used to determine 
the inner-race (f1;) and outer-race (f;,) contact angles 
is given in Ref. (5). For inner-race control the heat de- 
veloped because of ball spin in the outer-race contact is 
given by 
Qso = NWgoM xo 

(Eq. [8], appendix). 

The geometric relations in a bearing with inner-race 
control are shown in Fig. 7(a). These were used to cal- 
culate the ball-spin velocity w,. (Eq. [7], appendix). 








(B) OUTER-RACE CONTROL 
Fic. 7. Test-bearing geometric relations used to calculate heat 
generation due to ball spinning. 


The heat generated because of ball spin for outer-race 
control (ball spinning at inner race) is 


Oni = 105M 


The geometric relations in a bearing with outer-race 
control are shown in Fig. 7(b). These were used to 
calculate the ball-spin velocity w, (Eq. [14], appendix). 

The values of heat generated were converted to torque 
in pound-inches about the bearing axis by 


M 1 = Qs 

Oi 
(Eqs. [8a] and [15a], appendix) in a bearing of each 
series using four race-curvature combinations at thrust- 
load values of 100, 200, and 300 Ib are shown in Table 
3. A value of 0.56 was used for the sliding friction co- 
efficient in calculating heat generation. This value was 
obtained in Ref. (2), for 440C sliding on a 440C in 
liquid hydrogen. Since the heat generation calculations 


are all relative and are used for comparative purposes 
only, the actual coefficient of friction is unimportant. 

For the 108 series bearings, ball control was at the 
outer race for all combinations of race curvature and 
thrust load chosen. For the 1908 series bearings, ball 
control was at the outer race for all combinations ex- 
cept four. At 300-lb thrust load, 0; = 0.51 and 9, = 0.58 
with initial contact angles of 5°, 10°, and 15°; and at 
0: = 0.51 and 90, = 0.56, for an initial contact angle 
of 5°, ball control is at the inner race, resulting in rela- 
tively low friction torque due to ball spin. From this 
analysis it appears that a 1908 bearing with race curva- 
tures of 0; = 0.51 and 9, = 0.58 would have superior 
performance at thrust loads of 300 lb and greater. 

At a specific thrust load, the values of M, do not change 
appreciably with initial mounted contact angle when 
control is at the outer race. The torque developed de- 
creases with increasing race curvature at the spinning 
contact and is not affected appreciably by the curvature 
at the rolling contact. This fact is apparent since close 
values of ball-race conformities (i.e., approaching 0.50) 
result in high rates of heat generation. The operating 
contact angle is given for a thrust load of 300 lb. The 
operating contact angle and the angular velocity of ball 
spin increase with increasing initial mounted contact 
angle for all race-curvature combinations shown. It 
should also be observed that the torque developed at 
the inner-race contact of the 108 series bearing with 
0; = 0.52 and 9, = 0.54 at thrust loads of 100 and 200 
Ib is greater than that developed in the 1908 series with 
0; = 0.52 and 9, = 0.54. 

The importance of ball-spin losses can be noted by 
comparing the test results of bearings 2-J and 3-J of 
the 108 series and 1-K, 2-K, and 5-P of the 1908 series 
(Table 2). The 108 series bearings with a ball diameter 
of 0.375 in. and curvatures of 0.52 and 0.54 at the inner 
and outer races, respectively, were operated at limiting 
DN values to 1.14 million with 110-lb thrust load 
(Fig. 4). The 1908 series bearings with a ball diameter 
of 0.250 in, had race curvatures of 0.54 inner and 0.54 
outer. Bearings 2-K and 5-P were operated successfully 
at limiting DN values of 1.60 and 1.65 million re- 
spectively, at a thrust load of 110 lb. Figure 4 also 
shows that successful operation was achieved at 1.35 
million limiting DN value and 200-lb thrust load with 
bearing 1-K and at 1.2 million limiting DN value and 
240-lb thrust load with bearing 5-P. The results of these 
tests appear to indicate that ball spin losses are of prime 
importance. 

SUMMARY 


Extremely light series (1908) and light series (108) 
ball bearings were operated in a liquid-hydrogen bath 
(-423 F) to evaluate the effects of diametral clearance 
and retainer material on the limiting DN value at thrust 
loads from 100 to 500 lb and at shaft rotative speeds to 
41,200 rpm. Bearing failure resulted from a total loss 
of internal clearance caused by frictional heating when 
the DN limit was exceeded. An analysis was made to 
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determine the heat generation in the ball-race contacts 
due to ball spin as a function of bearing-race curvatures 
and ball size. 


The following results were obtained: 


1. An extremely light series (1908) bearing with 
a glass-filled PTFE retainer was successfully operated 
for a period greater than 1 hr at DN values to 1.6 
million under 110-lb thrust load. This bearing had 
open-race curvatures that were designed to reduce 
heat generation due to ball spinning. 

2. For a bearing operating at a fixed thrust load, 
increasing the diametral clearance increases the maxi- 
mum operating DN value. Diametral clearances con- 
siderably greater than standard were necessary to 
achieve successful operation at high DN values. 

3. At a specific thrust load, higher limiting DN 
values could be obtained with an extremely light series 
bearing than with a light series bearing. An analysis 
of heat generation losses due to ball spin at one race 
contact indicated that these losses would be greater 
in the light series bearing than in the extremely light 
series bearing. 

4. For a bearing with a given initial diametral 
clearance, (a) an increase in thrust load decreases the 
limiting DN value, (b) the rate of decrease in limiting 
DN with load is more rapid for an extremely light 
series bearing than for a light series bearing regardless 
of the retainer material. 

5. Wear for bearings equipped with either lami- 
nated phenolic or glass-fiber-filled PTFE retainers 
was about the same in the same range of sliding 
velocities (DN values to 1.16 million.) In contrast, 
the wear of bearings equipped with retainers of MoS.- 
filled phenolic laminates was much greater than those 
with glass-fiber-filled PTFE retainers in the higher 
range of sliding velocities (DN values to 1.60 mil- 
lion). These results indicate that sliding velocity has 
a pronounced effect on bearing wear. Post-test inspec- 
tion revealed that the majority of bearing wear oc- 
curred as retainer wear; therefore, retainer materials 
must be selected carefully for operation at high DN 
values in cryogenic fluids. 

6. Bearing wear curves as a function of sliding 
distance at the retainer locating surface at a specific 
thrust load over the speed ranges investigated resemble 
the classical pattern which shows a wear-in period 
(high initial slope) followed by a normal wear period 
(lower slope) and a final wear-out period near bearing 
failure (high slope). 


Appendix 
DERIVATION OF HEAT GENERATION DUE TO BALL SPIN 


Inner-race control 


From Fig. 7(a), 





Va = 0); (+ — cos px) [1] 
i sin Bas 

or ea (E/d) —cos Bu [2] 

= (¥+m) = > (x6) [3] 
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Wso = sin (+-—f:.—Pu—as) [7] 





Qso = 10M. [8] 
and, converted to torque about the bearing axis, 
M,, = 2n [sa] 
Wj 
From Ref. (6), 
3 
MN, = ry {P.a,E(k,) [9] 
Outer-race control 
From Fig. 7(b), 
tan a. = sin Bro [10] 
(E/d) + cos Bio 
1 
Be > thse + [11] 
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Ws; = @ sin(B1; — Bio + G2) + a sin By [14] 
Osi = NM xs [15] 


and, converted to torque about the bearing axis, 


My = 2 [15a] 
Wj 
From Ref. (6), 
3 
My, = 3 {PE (R;) [16] 
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DISCUSSION 


W. A. Witson (Cryogenic Engineering Laboratory, National 
Bureau of Standards, Boulder, Colorado): 


I would like to commend Mr. Scibbe and Mr. Anderson for a 
quite methodical approach to evaluating the operation of ball 
bearings in liquid hydrogen. This paper shows that it is quite 
possible to determine and control some of these parameters to 
better understand ball bearing operation—even when the bearings 
are operating essentially “unlubricated” in a liquid hydrogen en- 
vironment. 

The question of whether or not rolling element bearings, and 
specifically ball bearings, will operate satisfactorily in a cryo- 
genic environment is rapidly being answered. In the last three 
to five years considerable progress has been made in this direc- 
tion. It is apparent that ball bearings can be selected for satis- 
factory operation in cryogenic applications as a result of the 
information that has been accumulated in the last few years. 
Certainly the information presented in this paper greatly en- 
hances and extends previous work done. 

The term “satisfactory operation” is open for definition as in 
any ball bearing application. The authors have accepted a life of 
a few hours as satisfactory. For some applications and particularly 
for the purpose of evaluating parameters in this investigation, a 
life of a few hours is probably satisfactory. This is particularly 
true when the test apparatus and test procedure becomes quite 
complicated as it does in this case. However, once these param- 
eters are evaluated, it seems advisable to change the definition 
of “satisfactory performance” to one of much longer life—500 to 
1000 hours—and adjust the operating conditions accordingly. A 
DN value of 1.6 million is the order of 50% greater than recom- 
mended for operation of these particular bearings in a room 
temperature, well-lubricated environment. It thus becomes neces- 
sary to reduce the speed and/or load to obtain a longer life. 
The rather high DN values can be used only in limited applica- 
tions. 

It is interesting to note that the glass-fiber-filled PTFE retainer 
continues to be the better retainer material used thus far for a 
nonlubricated bearing application. Even though it was determined 
that the wear with either laminated phenolic or glass-fiber-filled 
PTFE retainers was about the same for these tests of a relatively 
short duration, I question that this would be the case for a much 
longer operating time. 


This program was conducted to optimize bearing design for 
operating in liquid hydrogen. From the results and theoretical 
analysis it appears that the approach taken in considering the 
parameters of retainer material, internal clearance, and race curva- 
ture was certainly in the right direction. However, it is not clear 
that these parameters were sorted out and optimized individually. 
For instance the most successful test occurred with bearing No. 
5-P, which incorporated a glass-fiber-filled PTFE retainer, a large 
internal clearance, and a large race curvature. The criterion for 
the selection of retainer material is quite well established. But 
with regard to internal clearance and race curvature I would like 
to ask the authors if they have established an optimum value 
other than keeping these parameters relatively large compared 
with standard manufacturing practices. 

Referring to the apparatus and the descripition of its operation, 
I have three questions. First, in view of the fact that moisture 
freezes out in the lower gas journal bearing, is it possible that 
moisture also accumulates around the test bearing and causes 
erratic results? Second, since the test chamber is relatively small 
and shallow, and there is a very large heat leak into the chamber, 
are you certain that the bearings are running submerged in liquid 
hydrogen rather than a cold gaseous hydrogen atmosphere? 
Finally, the statement was made in the paper that a 100 liter 
dewar supplied enough liquid hydrogen for a test run of 30 
minutes. This implies that all test runs over 30 minutes were 
interrupted. If this was the case, is it possible that some of the 
results might have been different had the test runs been con- 
tinuous? 


M. F. Butner (Research Engineer, Rocketdyne, Canoga Park, 
California) : 


The authors of this paper are to be congratulated on their 
methodical approach to the problem of high speed bearings 
operating in liquid hydrogen, and the sound conclusions reached 
concerning the factors limiting the performance of such bearings. 
The following comments are offered on the basis of recent ex- 
perience with the same problem. 

The detail design of a ball bearing for thrust load at high 
speeds is not confined to the field of cryogenic fluid lubricated 
bearings, but the effects of nonrolling at the contact surface are 
magnified by lack of effective lubrication. The optimized design 
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for such a bearing will involve compromise among the following 
interdependent design features. 

1. Contact angle. One of the major contributors to nonrolling 
contact between inner and outer race is the divergence between 
the operating contact angle at the inner race and outer race 
contact respectively. This effect may be minimized by setting the 
contact angle at a minimum consistent with capacity and di- 
ametral clearance requirements. Gyroscopic ball forces will also 
be minimized by choosing a low contact angle. 

2. Ball size. Since centrifugal force in a given bearing varies 
as the cube of the ball diameter, while capacity varies with less 
than the square, reduction in ball size will pay dividends to the 
minimum size allowing a reasonable cage cross-section. 

3. Race curvatures. Flatter curvatures are beneficial from two 
standpoints: (1) Their use results in smaller contact areas and 
lower heat generation from sliding in the contact area; (2) a 
larger diametral clearance at a given contact angle results from 
the use of flatter curvatures, allowing use of lower initial contact 
angles. Care must be exercised in the use of “flat” curvatures, 
however, since the increase in stress resulting from their use de- 
creases the fatigue life by the ninth power of the stress. 

It is probable that for a given bearing design, there is a mini- 
mum thrust load for satisfactory performance. This is deduced 
from the plot of inner and outer race contact angles vs. thrust 
load. The angles B, and f, are seen to converge as thrust load 
increases. Nonrolling contact will be minimized when B, = 6,. 

The optimum bearing design for a given size, load and speed 
condition will be one in which the following are attained with 
due consideration for capacity: (1) minimum ball size; (2) mini- 
mum contact angle; and (3) maximum race radii. 

As noted by the authors, forced flow of fluid through the 
rotating bearing has a large effect on the ultimate load capacity 
at speed. Bearings with contact stresses of over 500,000 psi have 
given satisfactory operation for several hours at high speed with 
forced flow of about 5 gpm. The DN limit for extra light series 
bearings has not been reached at 1.75 million DN in LH. 

One of the most satisfactory cage materials found for ball 
bearings operating in nonlubricants is laminated fibreglass im- 
pregnated with PTFE. Such cages with aluminum side plates for 
reinforcement have survived complete bearing destruction with- 
out fracture or delamination. . 


K. G. E1icxuorr and A. Wurre (United Kingdom Atomic Energy 
Authority, Capenhurst, Chester, England) : 


The authors state that the DN limit is reached when the fric- 
tional heat generated within the bearing cannot be adequately 
dissipated, this resulting in a rise in bearing temperature. The 
ensuing expansion of the ball set leads to a total loss of internal 
clearance and failure by seizure. 

The performance of the bearing is therefore influenced by the 
specific test conditions. One wonders whether the limiting DN 
value, with its inference of the significance of linear velocity, is 
the best parameter to use for comparing different test results, 
particularly as the authors do not show good correlation between 
the bearing sizes tested. 

From Fig. 1b it would appear that the bearing outer race was 
located in a relatively massive housing, so that the transfer of 
heat from the outer race to the surrounding fluid would be quite 
good. If a thermal barrier were introduced between the bearing 
outer race and its housing, it is possible that the outer race 
temperature would rise above the fluid temperature, while the 
inner race, being in contact with the rotating shaft, would re- 


main at approximately the fluid temperature. Consequently, if the 
outer race was permitted to expand radially in its housing, by 
locating it on its end faces or otherwise, the loss of internal 
clearance should be delayed if not entirely eliminated. 

It is conceivable that such a modification could increase the 
DN limit to the stage at which failure would occur, not by bear- 
ing seizure, but by the wear processes mentioned by the authors 
elsewhere in their paper. 


AuTHors’ CLOSURE: 


In answer to Mr. Wilson, it should be recognized that there is 
a growing number of cryogenic bearing applications. These ap- 
plications will require bearings to operate under a wide range of 
different conditions so there must necessarily be more than one 
meaning for “satisfactory operation.” In Mr. Wilson’s case, he 
is thinking in terms of medium speed pumps which will be re- 
quired to operate reliably for long periods of time. In our case, 
we are concerned with bearings for high speed turbopumps pump- 
ing high energy propellants for chemical rockets. The running 
time for these units is usually only a few minutes. 

In regard to the optimization of parameters such as internal 
clearance and race curvature, each must be considered in relation 
to the speed and load of the application in mind. The optimum 
internal clearance is one that will allow the bearing to operate 
at a small contact angle under the worst operating condition. 
Race curvatures cannot be opened indefinitely because this leads 
to problems with excessive axial play and high contact stresses. 

There was no chance of moisture accumulation around the test 
bearing. The test procedure called for purging with dry helium 
before admission of hydrogen and blanketing with pressurized 
dry helium throughout the test run. The heat leak into the test 
chamber (which was completely vacuum jacketed) was not large, 
as evidenced by the fact that 100 liters of liquid hydrogen were 
sufficient for cool down and a 30-minute run at high speed. It 
does not seem possible that the bearings could have been running 
in gaseous hydrogen because the bearing temperature remained 
at the temperature of liquid hydrogen until failure. More recent 
bearing test results obtained in cold hydrogen gas confirm this 
in that limiting DN values in the gas are lower than in the liquid. 

Mr. Wilson’s last question regarding a “continuous” run is not 
clear. Whether or not the results might have been different would 
depend on the length of the test. Certainly they would have been 
different for a 5000 hour run, but not for a run of 1 or 2 hours, 
which is consistent with our objective. 

Mr. Butner’s comments are well taken and constitute a cogent 
discussion of some of the parameters which must be considered 
carefully in any high-speed, marginal lubrication application. 

In answer to the questions posed by Messrs. Eickoff and White, 
there may very well be a better parameter than DN for com- 
paring different test results. The known dependence of centrifugal 
force on V2 suggests that perhaps DN2 might be a better param- 
eter. A very worthwhile research program would be one in which 
the best parameter for correlating different test results is de- 
veloped. Our principal reason for using it is its wide recognition. 

In theory, the scheme proposed for maintaining operating 
clearance might help although the inner race would not stay at 
the fluid temperature, but would rise to some temperature be- 
tween the fluid and outer race temperatures. The problem would 
lie in providing a thermal barrier and complete freedom of move- 
ment of the outer race in the radial direction. If the outer race 
housing does not heat up, it cannot expand and it will completely 
restrain the outer race, thus worsening the situation. 
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Viscous Lubrication 


in Wire Drawing 


By J. F. OSTERLE! and J. R. DIXON? 


A scheme for the promotion of viscous lubrication in wire drawing is analyzed. Lubricant pres- 
sure is built up by means of close tolerance tube installed in front of the die. In the die, plasticity 
is maintained by the combination of fluid pressure and wire tension. In the analysis presented 
here the lubricant flow rate and film thickness variation in the die are solved for as well as the 
necessary length of pressure tube. Pressure and temperature effects on the lubricant viscosity and 
strain hardening effects on the wire metal are included in the analysis. 


Nomenclature 


Pressure coefficient for viscosity 

Area 

Temperature coefficient for viscosity 
Specific heat 

Diameter 

Young’s modulus 

Drag force 

Dimensionless drag force, Fo/mpoU 9 Do? 
Lubricant film thickness 

Dimensionless lubricant film thickness, 4/ho 
Thermal conductivity 

Length of die from entrance to apex 
Length of inlet tube 

Pressure 

Dimensionless pressure, ap 

Lubricant flow rate 

Radial coordinate direction, cylindrical and 
spherical 

Dimension from die apex 

Temperature 

Dimensionless temperature, bt 
Lubricant velocity 

Wire velocity 

Dimensionless lubricant velocity, u/U 
Dimensionless film thickness, 4o?/DoUouoa 
Distance axially 

Dimensionless distance x/Do 

Distance across film 

Dimensionless distance, y/h 
Dimensionless distance, 1 — x/R, 

Die angle 

Strain hardening parameter 

Strain 
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Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Chicago, Illinois, 
October 1961. 

1 Professor of Mechanical Engineering, Carnegie Institute of 
Technology, Pittsburgh 13, Pennsylvania. 

2 Assistant Professor of Mechanical Engineering, Carnegie In- 
stitute of Technology, Pittsburgh 13, Pennsylvania. 
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Natural strain 

Strain hardening parameter 

Angular coordinate direction 

Dimensionless parameter, 60R,U;/o,h;? 
Viscosity 

Stress 

Dimensionless heat transfer parameter, k/bu Uo 
Dimensionless flow rate, O/1DoU oho 

Density 
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SUBSCRIPTS 


Inlet tube entrance 
Die entrance 
Bearing inlet 
Bearing outlet 
Die material 
Lubricant 

Radial 

Tube material 
Wire material 
Angular direction 
Yield condition 
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Introduction 


IN THE conventional wire drawing apparatus the friction 
between the wire and the die is of the so-called boundary 
type in which metal-to-metal contact takes place despite 
the presence of a lubricant. The attendant high rate of 
die wear has given impetus to consideration of the pos- 
sibility of maintaining full film (no metal-to-metal con- 
tact) lubrication in the die. Christopherson and Naylor 
(1) considered this problem and proposed the scheme 
shown in Fig. 1. A “pressure” tube, only slightly greater 
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Fic. 1. Schematic arrangement of equipment 



































234 J. F. OsTERLE AND J. R. Drxon 


in diameter than the wire, is mounted on the inlet side 
of the die and a viscous lubricant supplied to the tube 
inlet at atmospheric pressure. As the wire is drawn 
through the tube it pumps the lubricant by viscous ac- 
tion to a high pressure at the die inlet. Christopherson 
and Naylor reasoned that if this pressure is high enough 
to act in conjunction with wire tension to cause plastic 
yielding of the wire at the die inlet, metal-to-metal con- 
tact in the die might be prevented. The proposed modi- 
fied wire drawing apparatus would be relatively simple 
and has the important advantage of being self acting. 
Christopherson and Naylor constructed and operated 
such a device and found that die wear could be material- 
ly reduced with reasonable tube lengths. To predict the 
pumping action of the tube they offered a simplified 
analysis of the lubricant flow in the tube assuming 
isothermal conditions. Their theory gave a reasonable 
check with experiment only when the wire was assumed 
to adopt an eccentric position in the tube, variable 
along the tube length, in accordance with a unique 
“minimum drag” hypothesis. They did not analyze the 
flow in the die which involves consideration of the plastic 
flow of the wire. 


It is the purpose of this paper to present a more 
complete theory of the device proposed by Christopher- 
son and Naylor, considering both the tube and the die. 
Temperature effects in the tube and plastic flow effects 
in the die are taken into account. The minimum drag 
hypothesis is dismissed as having no physical basis. The 
theory advanced in this paper makes it possible to pre- 
dict the tube length and lubricant flow necessary to 
insure full film lubrication in the die. Several examples 
are worked out in detail. 


The die 


The die portion of the problem may be analyzed 
separately from the inlet tube. For this purpose it is 
assumed that the proper amount of lubricant at the 
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necessary pressure is available from the inlet tube at 
the die entrance. 

The plastic flow of the wire metal in the die is as- 
sumed to be radially inward (in spherical coordinates) 
toward the apex of the conical die (2). Furthermore, 
plastic yielding is assumed to begin and end homogene- 
ously along the dotted lines in Fig. 2. This simple theory 
of homogeneous yielding and radial flow is justifiable as 
a first approach to the problem when it is recognized 
that the shear stresses on the surface are very small 
compared with the internal stresses when full film viscous 
lubrication is maintained (3). 

The Von-Mises theory of yielding is used to establish 
the condition for initial yielding and a theory suggested 
by Nadai (4, 5) is used to account for strain hardening 
effects. The yield condition derived on this basis reduces 
to 


R, \® 
6,-— 09 = oy + 9 2iIn- [1] 


for a material having a tensile test natural stress-strain 
relation given by (6) 

o = o,+ ne? [2] 
In this work, 6 will be taken as unity, though there is no 
obstacle except added complication to considering the 
more general case. Since f is less than unity for nearly 
all materials, the 8 — 1 case is a limiting case of a 
severely strain hardening metal. The equation of equi- 
librium for a differential spherical element of wire ma- 
terial in the die is 

do, 6, — 9 


‘@ 74 


where inertia terms have been neglected. When Eqs. 
[1] and [3] are combined and integrated, noting that 
the lubricant pressure p — —og, there results 
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where 6, is the tension in the wire at the die entrance, 
the so-called back tension. The pressure distribution 
given by Eq. [4] is that required to maintain plastic 
conditions in the wire in the die. It may be reasonably 
assumed that the presence of the lubricant film does 
not materially affect the conical shape of the die and 
hence, Eq. [4] also gives the pressure distribution im- 
posed on the lubricant film in the full film situation. 

Before solving the lubricant equations for the film 
thickness, it is necessary to consider temperature effects 
in order that proper account may be taken of viscosity 
changes with temperature. It has been shown (3) that 
heat conduction back along the wire or out through an 
uncooled die will have little effect on the wire tempera- 
ture under most operating conditions. It is also assumed 
that all work of plastic deformation appears as an in- 
crease in temperature (7). Therefore considering the 
deformation process to be adiabatic and making use 
of the radial flow approximation, the wire temperature 
distribution at any position is given by 


1 R, R; \? 
ait — 21 
oom ro | 20, In R + 2H (im R ) |. 


where the temperature at the die inlet has been arbi- 
trarily taken as zero. 

Since, in the die, the work of plastic deformation is 
much larger than the viscous dissipation in the lubricant 
film, the lubricant will be assumed to take on the tem- 
perature of the adjacent wire, hence as given by Eq. 
[5]. In this way, the temperature gradient across the 
film is neglected but gross changes in temperature from 
die inlet to outlet are accounted for. 

Neglecting the curvature of the lubricant film, the 
Reynold’s momentum equation may be written as 

=u 
eg (6 
oy ox 
and the viscosity, 1, may be represented approximately 
as 








= poe? * [7] 


where {to is the viscosity at P = 0 and ¢ = 0. Making 
use of Eqs. [4] and [5] the exponent in this equation 
is seen to be a function only of position, R = R,—~x. 
Equation [6] may be integrated on y, therefore, in the 
usual manner treating p and pu as independent of y. The 
result is 


1 dp Rd 
ices” eigenen acics  ceaaenee AM — 8 
= Qe?" dx (y yh) +U I [8] 


where y is measured from the die surface. The lubricant 
flow rate is given by 
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0 
[9] 
Since the flow rate is a constant at every x, d0/dx = 0, 
Eq. [9] may be differentiated with respect to x to give 


d d dp 
ap—bt ata | BP 
640 [« p bus | == | mal [10] 


The pressure p and the temperature ¢ have already been 
expressed in terms of x. The quantities D and U may 
also be expressed in terms of x. Since the die angle, a, 
is small, geometric considerations lead to the following 
approximations: 


D/D, = R/R; = (Ri—x)/Ri [11] 


Making use of Eq. [11] and requiring continuity of 
flow of wire gives: 


bey Ay fo aa eR 
Ui = WANS = U,; Ri [12] 


With these expressions and Eq. [4] substituted into 
Eq. [10] the indicated differentiation may be performed 
leading to a differential equation for the film thickness, 
h, as a function of x. The equation is exact having the 
following solution in dimensionless form: 
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for 1 + o,. In the special case of » = 6,, the solution is 


3 ! A H ap — bt 
Mi>+ 4lyz77! e€ =0 [13a] 


where 


1 
ap — bt = a(o, — 0;) — 24 E In 9 


+ (n>) | + 201m > [14] 





G@= a+ b/QuwCw [15] 

i= 6u9R,U1/h;?0, [16] 
Oy 

=A [17] 


Eq. [13], or [13a], expresses the variation of film 
thickness as a function of position in the die. The en- 
trance thickness is related to the flow rate, Q, as follows: 


uD Uh, wD,h,3 Y— Oy 
2 haus a(o,-0,) R, 

Hence, if a particular flow rate is provided, A, is fixed 
by Eq. [18] and the variation of 4 through the die may 
be found from Eq. [13]. Some typical solutions are 
shown in Fig. 3. It is important to note that, while the 
film thickness decreases through the die, the decrease is 
moderate and not so drastic that the proposed scheme 
is inherently prohibitive. 
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Fic. 3. Typical solutions for film thickness variation in the 
die. 


There are three important restrictions on the physical 
parameters which must be satisfied. Two of these apply 
only to those materials which work harden severely 
such that y > o,. In order that the flow rate be positive 
in Eq. [18], it is necessary that 


je 2 (5-1) > > Wii» [19] 
Oy 

Also, since in these severely work hardening cases 
the pressure rises initially in the die, there must be 
sufficient diameter reduction—and hence die length— 
for the pressure to fall again to essentially zero at the 
die outlet while the back tension, o;, remains positive. 
(Negative 6, would imply back compression, or extru- 

sion.) The limitation is found from Eq. [4] to be: 


Oy 
YH 


The third physical restriction applies to all cases and 
imposes a maximum possible reduction, again due to 
the fact that the lubricant pressure must essentially 
fall to zero at the die outlet. The maximum diameter 
reduction is found by setting 06, = P2 = 0 in Eq. [4] 
at R = Rez and by making use of Eq. [11]. The result, 
in the special case of » = o, for example, is 


D,/Dz = 2.02 


Another important consideration is the effect of at- 
tempting reductions less than the maximum. Examina- 
tion of Eq. [4] shows that if P is fixed or zero, only the 
back tension, 0;, is adjustable in order to control the 
diameter ratio. If reductions less than the maximum are 
attempted without adjusting o, to satisfy [4], the 
normal pressure required for yielding at the die outlet 
will be greater than that which can be supplied by the 





D; 
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lubricant pressure. Hence the plasticity will have to be 
maintained by metal-to-metal contact. The conclusion 
is that back tension control may be necessary for the 
success of the proposed process. An alternative to back 
tension control is to control, perhaps by means of a 
seal, the pressure at the die outlet. 


The inlet tube 


It has been assumed in the preceding discussion that 
the necessary amount of lubricant at the necessary pres- 
sure could be provided by the inlet tube. The solution 
of the die portion provides means for computing the 
flow and pressure required. Attention is therefore turned 
now to the problem of determining the length of inlet 
tube required. 

For practical reasons the wire must be held as nearly 
as possible to the central position in the tube. Clear- 
ances of order of one-tenth the wire diameter are ap- 
parently practical (1) and this small clearance neces- 
sitates careful guiding to prevent damage to the inlet 
tube. Elastic deformations of the wire and tube are not 
significant and it can be shown that heat conduction back 
along the tube and wire have little effect on the tem- 
peratures in the inlet tube (3). Viscous heating, however, 
in the lubricant film itself is found to be significant and 
thus the effect of temperature as well as pressure on the 
lubricant viscosity must be included. 

The large mass flow of wire makes it possible for it 
to absorb any or all the viscous dissipation heat without 
significant increase in temperature. The tube and the 
associated thermal resistance of the outside air film rep- 
resent a nearly adiabatic surface inasmuch as the amount 
of heat which can be transferred away by convection and 
radiation is small compared with the total amount gen- 
erated (3). Hence the model used will be a centrally 
located wire, an oil viscosity which varies with pressure 
and temperature according to Eq. [7], an isothermal 
wire surface, and an adiabatic tube surface. In addition, 
the curvature of the film will be neglected so that rec- 
tangular coordinates may be used. With these assump- 
tions the momentum, energy, and continuity equations, 
in dimensionless form, are: 


dP » " oV 
W ae Y= ¢ oy ~~ f0%) [21] 
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1 
fr VdY = Q [23] 
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where the parameters W, and I’ and Q are as follows: 
" = hy? /woaU Do [24] 


T = b/wUob [25] 
Q = Q/xDoU oho [26] 
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In these equations, inertia and convective effects have 
been neglected. The boundary conditions are 


22 OF wl. BF 
dT [27] 

Ww = %* =0 at F = 0 
An analytical solution to this set of equations was 
not found and numerical solution, using an electronic 
computer, was resorted to. The results are shown in 
Figs. 4-6 for three special cases. Figure 4 represents 
an extreme small wire, rapid speed case with W = 100 
and I’ = 0.01. Figure 5 represents an intermediate size 
and speed case with W = 2000 and [' = 1. Figure 6 
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Fic. 4. Pressure-distance curves for W = 100, fr = 0.01 








0 T 





























| | i T T 
n j } j j | 
w Pei | | | | 
Z8 . + +} | 
° | | | Net 
a] | } | 
| | 
= ais, nf | 
fa) 6 7 ——a | 
7 | 
= | 
1 4 ' t : 
+ | | | | 
= | } . } 
a | 
Y 2 4 + 4 
4 | | 
| } 
ol | i 
° 400 800 1200 1600 


DISTANCE - X - DIMENSIONLESS 
Fic. 5. Pressure-distance curves for W = 2000,T = 1 
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Fic. 6. Pressure-distance curves for W = 10,000, Tf = 100 


represents an extreme of large size and slow speed with 
W = 10,000 and I = 100. 

The theory of the inlet tube developed by Christo- 
pherson and Naylor was based on isothermal conditions 
everywhere in the lubricant and the assumption that the 
wire would adopt a variable eccentric position such that 
the drag per unit length is everywhere a minimum. A 
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Fic. 7. Comparison of theories for inlet tube 


comparison of the results of that theory with the one 
proposed here is shown in Fig. 7. 

It is to be noted that, for the intermediate speed 
conditions assumed, the two theories are not widely 
divergent. At higher speeds, however, the Christopher- 
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Fic. 8. Comparison of isothermal and adiabatic inlet tube solu- 
tions for W = 2000, TF = 1. 








- DIMENSIONL' 
@ 


—f 


ae 








L 








T 
| 
| 
| 





PRESSURE - 
i) 


\N 













































10 . . 
8 |wsioo | pea eee | 
Z r= 0.01 WA 
So 8g : 
2 a= 0.05 | | > 
2 | | | | ' 
6 — 6 
' | 
* ‘ISOTHERMAL TUBE 
wy 4 : 
5 
n | 
no j | i 
. oe — A SRE ES: CSM: UTE Te 
& | ADIABATIC TUBE 
re) i i i i i 
° 200 400 600 800 


DISTANCE - X - DIMENSIONLESS 


Fic. 9. Comparison of isothermal and adiabatic inlet tube 
solutions for W = 100, Tr = 0.01. 
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son-Naylor theory leads to much higher pressures in a 
given distance than does the theory adopted here. 

In order to reduce the length of inlet tube required, 
it may be desirable to cool the inlet tube externally, 
thereby making it nearly isothermal also. This condition 
has also been solved numerically and the results are 
compared with the adiabatic tube solution in Figs. 8 
and 9 for two of the high and intermediate speed cases. 
Little difference was found in the slow speed case. 

The drag force on the wire in the inlet tube has also 
been computed and plotted in dimensionless form for 
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Fic. 10. Drag force-distance curves for W = 2000, f = 1, 
adiabatic tube. 
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Fic. 11. Drag force-distance curves for W = 2000, f = 1, 
isothermal tube. 


two example cases in Figs. 10 and 11. The dimensionless 
drag force is defined as 


pee f(a yin 
> ~ mo UoDo? . oY i Pee, 
0 


where F is the drag force. Figures 12 and 13 show 
typical computed velocity and temperature profiles. 








Combined die and inlet tube 


With the solutions for the die and inlet tube available, 
it is possible to consider them simultaneously to obtain 
a complete solution to the problem. Table 1 presents 
numerical results for the special cases under considera- 
tion. Data common to all these computations is as 
follows: 
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Uo = 4X 10-8 Ib-sec/ft? 
a = 10-® ft?/lb 

oe =0.0245 7 * 

k, = 0.082 Btu/hr-ft-F 
oe 2 

h, = 6 X 10~* inches 


@.2= 17 X 10-* fe /b. 


Examination of these results shows that, while tube 
cooling may be necessary in some cases, tubes are gen- 
erally of a reasonable length. Provided then that either 


TEMP - T - DIMENSIONLESS 










































































i?) 5 10 
” ae 
al | 
—_ —— 
z — 02 
a Sige 
% — 
ray 
~lw = 2000 0. 
-| rel YY 
g} P= 10 os L 
Flee net 
° 
a 
-10 os fe) I. 
VELOCITY - V - DIMENSIONLESS 
Fic. 12. Example velocity and temperature profiles 
TEMP - T - DIMENSIONLESS 
o i?) 05 1.0 
8 lw=2000 
z ir 
So ‘bis 
ow 0.2 —¥ 
= a | Q=.175 
z | | Ps 
a oo DERE areersrere 
‘ 
' eae cme — 
= 
° | | | 
7 } 
TE gemeaae 0.8 + ar alee Se seca. 
oO | 
a 
-0.25 .@] 0.5 1.0 


VELOCITY - V - DIMENSIONLESS 
Fic. 13. Example velocity and temperature profiles 


the back tension or the exit pressure can be controlled 
without undue practical difficulty, the process appears 
to be capable of providing and maintaining full film 
lubrication throughout the die. 

The major expected effect of full film lubrication is 
die wear reduction and hence a reduction in the fre- 
quency of die changes. However, in certain applica- 
tions, other effects may be important. For example, 
surface finish of wire drawn with full film lubrication 
will tend to be dull and the residual lubricant on the 
wire after drawing will certainly be lighter and more 
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TABLE 1 
Results of Example Cases 





W = 2000, F:= 10 


ww = fa F = Oe W = 10,000, fr = 100 











Case number Al A2 A3 Bl B2 B3 C1 C2 
Material Cu Alum Steel Cu Alum Steel Cu Alum 
oY, psi 6000 20,000 60,000 6000 20,000 60,000 6000 20,000 
n, psi 6000 30,000 60,000 6000 20,000 60,000 6000 20,000 
Uy, fps 12.5 12.5 12.5 125 125 125 1.25 1.25 
Us, fps 16.7 34.8 16.7 195 195 195 1.95 1.95 
Do, in. .0625 .0625 0625 .0312 .0312 .0312 0.375 0.375 
Do, in. .0541 0375 0375 .0250 .0250 .0250 0.300 0.300 
% Reduction 25 64 25 36 36 36 36 36 
ho; in. .006 .006 .006 .00432 .00432 .00434 0.015 0.015 
A 6.67 2.0 .667 414 12.4 4.14 2.47 0.74 
Op psi 5686 14,700 56,860 5400 18,010 54,000 5400 18,010 
Q, ft?/sec 4x 10-6 3 x 10-8 4x 10-8 51x10-6 51x10-8& 51x 10-8 3x 10-4 3 xX 10-8 
Hy 0.85 0.30 0.38 0.80 0.80 0.089 0.675 0.533 
hy, in. 53 x 10-5 18 x 10-5 23 x 10-5 0.00048 0.00048 0.000054 4x 10-4 3x 10-4 
p,, psi 314 5300 3140 600 1990 6000 600 1990 
P, 045 0.76 45 0.0865 0.287 0.864 0.0865 0.287 
2 .050 .038 .050 0.070 0.070 0.070 0.020 0.020 
Back Force, Ib 17.4 45.2 174 4.2 14.0 43.1 540 1900 
Tube L, 4.4 20.6 15.6 Em | 6.9 17.2 56 150 
(Adiabatic) in. 

Tube L, 2.1 14.7 10.5 1.1 1.8 4.4 56 150 
(Isothermal) in. 

ductile than on wire drawn with conventional solid REFERENCES 


lubricants, 

In conclusion, additional experimental or production 
trials are needed to evaluate the benefits of viscous lu- 
brication in wire drawing and to cope with the practical 
problems certain to accompany such a technological 
modification. This work points out several necessary 
physical restrictions but indicates no inherent technical 
obstacles to the provision of full film viscous lubrica- 
tion in wire drawing. 
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DISCUSSION 


G. H. Tatrersatt (32 High Storrs Drive, Sheffield 11, England): 


I have read the paper by Professor Osterle and Dr. Dixon with 
great interest. By considering the deformation process as well as 
the parallel portion of the tube they have overcome the major 
limitation of the theory of Christopherson and Naylor (A1/), 
whose equations all contained two dependent variables. Their 
theory is also the first to take into account the effect of tem- 
perature on lubricant viscosity. 


I would however like to discuss the validity of the basic 
assumptions regarding the deformation process. These assump- 
tions, that the flow begins at the entrance to the die and that 
it is radially inward towards the apex of the die, amount to 


stating that the mode of deformation in the presence of hydro- 
dynamic lubrication is exactly the same as in ordinary wire 
drawing. Shield (A2) has treated the case of plastic flow in a 
converging conical channel of a material which obeys the Mises 
yield criterion and which does not work harden. He allows for 
friction between wire and die. Osterle and Dixon’s treatment is 
basically the same. In fact if work hardening is ignored their 
Eq. [4] is identical with the equation derived by Shield if in the 
latter the friction term is omitted. 

Now in ordinary wire drawing the deformation is accomplished 
by means of direct pressure between the die and the wire, and 
the shape of the wire must necessarily conform to that of the 
die. This is not so however when hydrodynamic lubrication pre- 
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dominates. Then, the deformation is caused by pressure in the 
lubricant and the shape of the die is irrelevant except in so far 
as it influences the buildup of that pressure. It has been shown 
by Christopherson and Naylor that the shape of the wire may 
be quite different from that of the die. They quote one case in 
which deformation of the wire began over 40cm in front of the 
die and was 38% complete before the die was reached. 


It seems clear then, that the pressure distribution in the presence 
of hydrodynamic lubrication may be quite different from that 
in ordinary wire drawing. 

Osterle and Dixon’s model implies a discontinuous change, from 
zero to the finite value, in the angle between the wire surface 
and the x axis. If it is supposed that no such discontinuity exists 
so that at the point at which deformation begins the angle is 
zero, it can be shown that the pressure gradient at this point is 
also zero and it is possible to derive a complete theory of the 
inlet tube and die on this basis (A3). 

The comparison of Osterle and Dixon’s theory with that of 
Christopherson and Naylor is interesting. Because in the earlier 
theory it was necessary to know either pressure or lubricant flow 
before the other could be calculated this comparison does not 
do justice to Osterle and Dixon’s work. I wonder whether they 
have yet had the opportunity to compare their theory with ex- 
periment; they will however probably have the difficulty that 
not all the information they require is reported in the published 
work, e.g. in the report of Christopherson and Naylor’s experi- 
ments no details are given of the temperature characteristics of 
the oils used. 

I would agree with Osterle and Dixon that Christopherson and 
Naylor’s minimum drag hypothesis should be dismissed as having 
no physical basis. This hypothesis may seem at first sight to 
derive some support from the work of Christopherson and Dow- 
son (A4) who showed that a ball falling through a viscous 
fluid, in a tube of diameter only a little larger than that of the 
ball, took up a position corresponding to a minimum dissipation 
of energy. It must be remembered however that the wire is, un- 
like the ball, subject to external influences. In Christopherson 
and Naylor’s experiments the wire was drawn from a rotating 
spool and there is no doubt that the eccentricity would be deter- 
mined largely by chance. 


The use of oil tubes in industry involves several disadvantages. 
They are usually inconveniently long and would add to the 
difficulty of “threading-up,” and since oil is a poor boundary 
lubricant in wire drawing there would be a danger of breaking 
the wire before hydrodynamic lubrication was established. Both 
these disadvantages can be overcome by using soap as the lubri- 
cant. The necessary length of the inlet tube can be reduced to less 
than one inch. Nozzles of this type were developed at the British 
Iron and Steel Research Association, and it has been shown that 
die life can be increased by a factor of from 3 to 20 (A5). The 
initial development of these nozzles was on a purely empirical 
basis but in later work (A3) a more theoretical treatment has 
been given. 
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T. E. Dancy and C. W. Garrett (Jones & Laughlin Steel Cor- 
poration, Graham Research Laboratory, Pittsburgh, Pennsyl- 
vania): 


We were very pleased to have the opportunity of seeing this 
new detailed analysis of hydrodynamic lubrication in wire draw- 
ing which takes account of plastic flow of the wire and tempera- 
ture effects. The difficulty of relating this complete treatment with 
practice lies in obtaining reasonable measurements of such factors 
as the viscosity of the lubricant in the pressure tube and the 
temperature. This uncertainty concerning lubricant properties is 
particularly evident if the principle of hydrodynamic lubrication 
using soap is applied. 

While no attempt has been made to test the treatment of 
Osterle and Dixon, some results obtained using a soap nozzle of 
the type described by Wistreich (B1) may be of interest. This 
type of nozzle was assembled with a standard die, in a standard 
die holder. Table B1 gives the relevant details of the wire grade 


TaBLe Bl 


Stock—0.148 in. Patented Air Cooled, C-1061 

Tensile Strength—125/145,000 psi 

Pressure Die Sleeve—.152in. Diameter, 500in. Parallel, Shrink 
Fit into 4340 Housing 

Die—.125 in. Diameter, 16° Entrance Angle 

Speed—300 fpm 

Lubricant—Calcium Stearate (Sifted through No. 25 mesh) 

Stock was acid pickled, lime coated 

Drawn six holes to .054 in. +-000-.002 in. 

Tensile Strength Range—225/265,000 psi 








and size and nozzle and die dimensions. This simple arrange- 
ment was used on the first hole of a 6-hole machine to produce 
17 ga. (0.054 in. spring wire). 

In this example, the nozzle was used to draw 416,000 lbs of 
wire. The overall die wear on the machine was not less than in 
normal practice and some wear also occurred on the nozzle die. 
However, it was evident that lubrication in the first hole in- 
creased substantially as indicated by the quantity of soap passing 
through the first die. Also, the wire leaving a soap nozzle die 
combination had the same diameter as the die itself though it 
is usual for the diameter of the wire leaving a die to be some- 
what larger than the die because of the plastic recovery of the 
wire. At the speed of drawing (300fpm), it therefore appeared 
that the soap nozzle was developing a pressure which was 
scarcely sufficient to deform the wire and it is probable that a 
higher speed or smaller clearance would be necessary to achieve 
complete hydrodynamic lubrication. However, during these tests 
it was noted that the retained coatings (soap + lime) on the 
finished wire was slightly less where a nozzle was used on the 
first hole than with regular practice and that the wire itself 
was smoother than that obtained in normal practice. 

From a practical viewpoint, the possibility of reducing the 
nozzle/wire clearance cannot be considered since wire stock 
tolerances are as great as the clearance used here (plus or minus 
0.002 in.). BISRA’s work has shown that the clearance used here 
at 300fpm with calcium stearate will generate sufficient hydro- 
dynamic pressure to deform low carbon wire. This work is being 
continued to determine if fully hydrodynamic lubrication can be 
attained with high tensile spring wire using higher drawing speeds 
but with the same clearances. 

It is hoped that the limited data presented here will prompt 
the authors to extend their theoretical treatment of viscous 
lubrication in wire drawing to the use of soap since we feel that 
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the widest application of hydrodynamic lubrication will be in this 
field. In particular, there are some incentives for achieving higher 
drawing speeds with harder materials where both die wear and 
temperature are limitations at the present time. 
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T. L. Corey (Aluminum Company of America, New Kensington, 
Pennsylvania) : 


The authors are to be commended for a very complete analysis 
of the idea of an inlet tube as an aid to wire drawing. We had 
always thought this modification by Christopherson and 
Naylor to be a good idea and that it should be tried out on a 
practical basis. The analysis by Osterle and Dixon merely 
strengthens our opinion that the modification is technically sound. 


The authors state that their work points out several physical 
restrictions and I assume that one of these might be the inlet 
tube. While one might reach reasonable lengths of inlet tubes by 
supplementary cooling and hence reduce the inlet tube length 
by the isothermal approach, this appears to be possible only in 
the case of the .0625in. diameter wire where W = 2000 and 

= 1.0 and in the case of .03125 in. diameter wire where W = 
100 and 7 = 0.01. In the case of the .375 in. diameter wire where 
W = 10,000 and 7 = 100, it appears that supplementary cool- 
ing is of no benefit since the authors computed an inlet tube 
length of 150in. from both the isothermal and adiabatic ap- 
proaches. 


While no physical space limitations would exist in a wire drawing 
machine which would accept .375 in. diameter wire, it seems to 
me that an inlet tube length of 150in. would be unduly long 
in practical applications. Similarly, for a wire drawing machine 
which would accept a .0625in. diameter wire, it would be pos- 
sible to utilize an inlet tube 14.7in. long for the first die; 
but subsequent dies would require inlet tube lengths much 
shorter since subsequent dies are spaced much closer together. 
The inlet tube length for the .0312 in. diameter wire appears to 
be practical especially from the isothermal approach for the first 
die as well as any subsequent die since it would appear that a 
1.8in. length inlet tube would present no problem in space 
requirement. In summary, would the authors comment on the 
possibility of reducing the inlet tube length by some means, per- 
haps by reducing the inlet tube clearance to some value less 
than .10 D, or by making the inlet tube clearance a function of 
viscosity. 

Actually, the authors have already used .04 D, for computing 
the length of the inlet tube for the 375in. wire using a flow 
3 X 10—§ ft3/sec but this flow is the same as that used for the 
.0625 in. wire and only 1/17 of the flow used for the .0312 in. 
wire. This may or may not account for the abnormally long 
inlet tube reported for the .375 in. wire. 


Epitror’s Note: 


Authors are furnished a copy of each discussion and invited 
to submit a closure. Since no closure was submitted for the 
above article, it may be assumed that the author(s) either con- 
curred with the discusser(s) or did not feel that a reply was 
necessary. 
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Pressure and Flow Studies of an Experimental 
Externally Pressurized Gas Lubricated Bearing 


By GERALD B. SPEEN?! 


An externally pressurized, gas lubricated bearing for obtaining both axial and radial support is 
described. The manner in which this “integral journal-thrust bearing” operates is explained, thus 
demonstrating its superior load-carrying capacity, stability, and stiffness characteristics. Detailed 
comparative pressure and flow data is presented for both the “integral journal-thrust bearing” and 


@ conventional bearing. 


Introduction 


BEcAUusE of some of their unique properties, gas bearings 
have enjoyed more and more application in precision 
instruments for guidance and navigation. In particular, 
increasing attention has been given to the use of gas 
bearings in such devices as gyroscopes and accelerom- 
eters. The study covered in this paper was motivated 
primarily by the special needs of certain inertial navi- 
gation components. 

One of the most common applications for gas bearings 
is the support of combined radial and axial loads. This 
is generally accomplished through the use of separate 
journal and thrust bearings. Though this conventional 
bearing arrangement satisfies basic requirements, it may 
not exhibit optimum operational properties for inertial 
components. For this application, the ultimate load sup- 
port, stiffness in the nominal or centered position, and 
stability throughout the operating range are usually most 
significant. The “integral journal-thrust bearing” de- 
scribed in this paper can significantly improve the latter 
two properties as compared to conventional bearings 
with no degradation of ultimate load capacity. 

The “integral journal-thrust bearing” differs from 
conventional bearings in that it has both a journal and 
a thrust surface. Further, these two surfaces are joined 
at a common edge which is closed to ambient pressure. 
Because of the improved characteristics of this bearing, 
extensive studies have been made to quantitatively estab- 
lish its properties. The results of these studies follow. 


Bearing description 


The simplest form for an integral journal-thrust bear- 
ing is shown in Fig. 1. Many variations of the configura- 
tion at the junction of the two bearing surfaces are 
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possible and practical as long as it conforms to the 
shape of the supported member. The basic junction has 
the two bearing surfaces at right angles as shown, but 
they may be connected through a bevel or curve as well. 


EIGHT JOURNAL 
FEED HOLES 







EIGHT THRUST 
FEED HOLES 


GAS INPUT 


Fic. 1. Integral journal-thrust bearing—basic configuration 


Investigations were conducted on a bearing whose 
surfaces are joined through a 45 degree bevel as shown 
in the cross-section in Fig. 2. The main justification for 
the choice of the bevel-shaped transition region lies in 
the simplification obtained in machining and assembly. 
Eight feed holes (0.008 in. diameter) are provided on 
the thrust surface and eight on the journal surface. Each 
set of feed holes is connected by a small distribution 
groove” (0.008 in. wide by 0.003 in. deep). The nominal 
radial clearance was 0.001 in. 

The feed holes were fed in pairs through external 
manifolding as shown in Fig. 1 in early bearings. The 
bearing used for the most recent work had self-contained 
internal manifolding as shown in Fig. 5. 

To obtain comparative data, tests were also made 





2 The effect of various types of grooves was studied and will 
be presented in another paper. 
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on a similar bearing which was identical with the in- 
tegral bearing shown in Fig. 2, but modified so that the 
bevel was removed, relieved, and vented to atmosphere. 
The dotted lines in Fig. 2 show where material was 
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Fic. 2. Details of integral journal-thrust bearing used in study 


























removed. This produced a support system which was 
truly made up of two separate bearings and represents 
the conventional approach to the support problem while 
still maintaining comparable dimensions. 


Bearing operation 


The most significant question concerning an integral 
journal-thrust bearing is how the two bearing surfaces 
interact with each other during operation and how this 
interaction affects performance. Consider Fig. 3; under 
a pure thrust load, the journal and journal-bearing cen- 
ters are coincident so that the radial film thickness is 
constant (and equal to the radial clearance). However, 
the gap for the thrust surface is determined by the ap- 
plied thrust load and the source pressure. The three 
possible cases of interest are illustrated: 


(a) If the thrust load is small, the axial lift can be 
larger than the radial clearance in the journal section, 
as shown in Fig. 3(a). In this case, the gas being fed 
to the thrust surface will tend to exhaust almost en- 
tirely through the open side of the thrust bearing. This 
takes place because the pressure developed in the 
narrow journal clearance space will be higher than the 
pressure built up in the relatively wide thrust gap and 
strongly opposes the flow from the thrust gap. As a 
consequence, gas from the journal area feeds into the 
lower pressure thrust area. This increased mass flow 
enhances stability properties over a comparable thrust 
bearing alone. It should also be noted that the high 
pressure in the journal clearance acts as a seal against 
leakage from the thrust area so that a higher-than- 
normal pressure distribution will be maintained 
throughout the inner part of the thrust area, thus 
increasing the load capacity of the thrust bearing as 
well. 


(b) As the thrust load is increased, a point is 
reached where little interaction between the thrust and 
journal surfaces takes place. In this condition, flow 
is essentially toward the open edges in both bearings 
as shown in Fig. 3(b). Load support is still enhanced, 
in this condition, by the higher pressures maintained 
in the areas near the joining bevel. 
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Fic. 3. Position of supported member under various loads 


(c) In the third condition, illustrated in Fig. 3(c), 
the load is increased until the thrust lift is smaller 
than the journal clearance. In this case, which is the 
opposite of case (a), gas fed to the thrust surface will 
flow both out of the open edge and into the journal 
clearance area where a lower pressure exists. The 
favored flow path is directly to atmosphere, but a 
significant flow into the journal still takes place. As 
the load is further increased, proportionally more gas 
flows into the journal area until a point is finally 
reached where the load support of the thrust surface 
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is not significantly greater than a comparable con- 
ventional thrust bearing. Therefore, the load support 
in the thrust direction benefits significantly from the 
integral journal-thrust bearing configuration for all 
but extremely small gaps. 


The previous discussion considered only the thrust por- 
tion, but similar comments about the journal bearing can 
be made. 

It is possible to duplicate the above conditions by 
maintaining a constant thrust load and varying the 
source pressure. Figure 4 shows the data from such a 
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Fic. 4. Thrust bearing clearance vs source pressure for in- 
tegral journal-thrust bearing and plain thrust bearing. 


test for a plain thrust bearing and for the integral jour- 
nal-thrust bearing. The combination bearing clearly ex- 
hibits superior load capacity by maintaining a signifi- 
cantly greater lift for the same pressure. Also, the 
combination bearing shows no unstable tendency through- 
out the entire run, while the plain bearing becomes 
violently unstable for source pressures above 67 psig. 

Figure 4 shows that, for small loads (high pressures), 
the integral journal-thrust bearing lift is substantially 
greater than that of a plain thrust bearing. Under severe 
loads, the performance of the two bearings becomes near- 
ly equal. Therefore, greater stiffness is obtained from the 
integral journal-thrust bearing with smaller loads. This 
is very advantageous in inertial components, particularly 
for deep space or satellite applications. 


Misalignment 


Misaligned loads, as well as pure thrust and pure 
radial loads, can be effectively supported by the integral 
bearing. A strong restoring moment is developed in both 
the thrust gap and the journal clearance. Support of 
a load subjected to a large misaligning moment is en- 
hanced significantly, in practice, because the load is 
generally supported with two integral journal-thrust 
bearings—one at each end. This configuration yields a 


strong restoring moment from the two journal bearings 
acting jointly, as well as from the individual bearing 
components. 

The integral bearing possesses an unusual property 
when a pure thrust load is applied to the supported 
member simultaneously with a pure radial load. Since 
the radial load produces a nonuniform film thickness 
in the journal bearing, the pressures will vary radially, 
being highest where the film is smallest. This produces 
a varying pressure distribution (and therefore a varying 
load carrying capacity) in the thrust portion of the 
bearing as well, and causes the supported load to tilt 
by an amount determined by the applied loads. The 
tilting effect is minimized somewhat for light-to-moderate 
loads because of the superior stiffness of the bearing in 
this operating region. By the same reasoning, if the 
load capacity of the bearing is made considerably in 
excess of the maximum load to be encountered, the tilt- 
ing effect can be kept negligible. When the load is sup- 
ported by two integral bearings, as described above, the 
tilting is further reduced. In this condition, the tilting 
vanishes when the supported member is centered be- 
tween the thrust surfaces and becomes significant only 
for conditions where the thrust gaps become significant- 
ly different. 


Grooves 


The action and effect of the distributing groove must 
also be considered for the three operating conditions il- 
lustrated in Fig. 3. In general, the reason for using dis- 
tributing grooves in gas bearings is to achieve better 
load capacity by creating a more advantageous distribu- 
tion of high pressure gas in the bearing. This desire 
must be balanced against the fact that unstable operating 
conditions might result from the installation of such 
grooves. In this case, the groove size was chosen small 
to minimize any degradation of bearing stability in the 
operating region. 

In the case of a large thrust lift, the distributing groove 
serves no significant function since the groove size is 
very small compared to the bearing gap. This is not 
too unfortunate, however, since under these conditions, 
the bearing is lightly loaded and extra load support is 
not essential. Alternatively, if the lift is small, the 
groove depth becomes significant since much of the 
entering gas will flow through it rather than through the 
narrower bearing gap. This tends to cause a buildup of 
high pressure gas along the groove which, in turn, feeds 
the bearing surface with high pressure gas over a large 
bearing area. Such a pressure distribution yields an 
improvement in load capacity when it is needed most— 
under high loads. The action of the groove at inter- 
mediate loads varies between the two extremes. 


Test apparatus 


To verify the theory and obtain quantitative data, 
a special apparatus as shown in Fig. 5 was employed. 
The integral journal-thrust bearing is mounted on a 
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surface plate with a special sensor-rotor as the supported 
member. Pure thrust loads can be applied by adding 
weights to the loading shaft while radial loads are ap- 
plied using gas pressure introduced into the adjustable 
chamber mounted on the right hand side of the bearing. 
Since the radial force does not pass through the center 
of support of the bearing, a misaligning moment on the 
supported member is produced. To obtain purely radial 
loads, a similar chamber (not shown) is located at the 
bottom of the bearing to exert a force on the lower 
portion of the sensor-rotor. The active areas of the two 
radial load chambers were chosen such that, acting to- 
gether with the same pressure, no moments are produced. 
An in-line valve (not shown) allows the reduction of 
the pressure in the lower chamber below that main- 
tained in the upper chamber so that desired moments 
can be accurately adjusted. 
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Fic. 5. Integral journal-thrust bearing test fixture 


The sensor-rotor contains ten pressure sampling ports 
located opposite various critical points across the thrust 
surface, bevel, and journal surface, two of which are 
shown in Fig. 5. The pressure sampling ports are chan- 
neled to the top of the sensor-rotor where they are sealed 
gas-tight. The output of each pressure sampling port 
may be connected, in turn, to the input to the pressure 
transducer, mounted in the center of the sensor-rotor, 
using special couplings. The electrical output signal from 
the transducer, which is directly proportional to sampled 
pressure, is conducted to an automatic recorder for ac- 
curate, continuous pressure plots. A motor and speed 
reducer are used to slowly rotate the sensor-rotor through 
a magnetic coupling which exerts only rotational forces 
on the sensor-rotor. Thus, it is possible to obtain a plot 
of the pressure distribution existing at ten different lo- 
cations across the bearing surface through an entire 360 
degree rotation. Sets of these curves can provide very 
detailed information about the operation of the bearing. 

The locations of the pressure sampling ports in rela- 
tion to the bearing are shown in Fig. 6. Ports (1) through 
(5) are located on the thrust surface, (6) is on the 
bevel, and (7) through (10) are on the journal surface. 
Port (1) is located approximately midway between the 
distributing groove and the open edge. Port (2) samples 
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the pressure within the distributing groove itself, while 
port (3) is placed just slightly inward from the groove. 
Port (5) is at the inside edge of the thrust surface and 
port (4) is about midway between it and the groove. 
The sampling ports on the journal surface are located 
in about the same way when the thrust gap is 0.001 in. 


€ 
Neo Re 


= 
ae | >" 303 6, 
LLLLL “ LL 


Fic. 6. Position of sampling ports in sensor-rotor 






































Even though the pressure plots provide very adequate 
quantitative data concerning the pressure distribution 
within the bearing, it is still difficult to visualize the 
internal gas flow conditions in detail. Therefore, photo- 
graphs of flow distributions, to supplement the pressure 
data, were obtained by using a thin film of fluorescent 
oil on the bearing surface [Ref. (1)]. With the rotor in 
place and held in a nonrotating position, air was applied 
and the bearing operated for about 30 sec. The air was 
then turned off, the rotor removed, and the thrust surface 
photographed under ultraviolet light. The combined data 
on quantitative pressure distributions and the flow pat- 
terns represent a very powerful technique for the com- 
plete analysis and evaluation of these bearings. 


Test results 


The pressure and flow data presented was obtained 
from the thrust component of two bearing configura- 
tions—the integral journal-thrust bearing and a com- 
parable conventional bearing—under conditions of vary- 
ing load. No specific data on radial loads is given 
because most of the comments for the thrust surface 
apply and because of the difficulty of obtaining photo- 
graphic recordings of the flow patterns. For ease of 
interpretation, all data presented in this paper was taken 
using the same source pressure (130 psig). 


INTEGRAL JOURNAL-THRUST BEARING 
Light thrust loading 


Light thrust loading is defined as any loading con- 
dition where the gas film pressure acting on the thrust 
surface is considerably less than the pressure acting on 
the journal surface. This is essentially equivalent to 
requiring the thrust lift to be considerably greater than 
the journal bearing clearance [see Fig. 3(a)]. 

For this condition, sample pressure distributions are 
shown in Fig. 7 and the flow patterns in Fig. 8. Referring 
to Fig. 7, numbers 1 through 8 on each curve designate 
the location of the eight feed holes around the circum- 
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ference of the bearing. It is clear that, even though there 
are eight feed holes, there is still a significant pressure 
drop between feed holes. This suggests that it might be 
reasonable to use more feed holes to obtain a more uni- 
form pressure distribution. 
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Fic. 7. Pressure distribution—integral journal-thrust bearing 
with 10 Ib load. 


Recalling that Position No. 1 represents the data 
obtained from Port (1) which is closest to the open edge 
of the thrust surface, the pressure scales for the five 
positions show that the general pressure level increases 
for each successive sampling position. Thus, the highest 
overall pressure level exists at Position No. 5 where 
the thrust surface joins the journal surface. This justifies 
the increased load support mentioned previously, the 
source of which can be attributed to a bonus mass flow 
coming as leakage from the more heavily loaded journal 
surface. 

At Position No. 2, the pressures over the feed holes 
are allowed to run off scale so that the pressure distribu- 
tion in the groove may be examined in more detail. 
Significant pressure depressions may be noted [Ref. 
(2)] in the relatively narrow regions surrounding the 
feed holes. Position No. 3, just adjacent to the groove, 
shows that these pressure depressions are somewhat 
broader in the vicinity of and outside of the distributing 
groove. The curve in Position No. 4 indicates that the 
pressure depression can extend quite a distance into 
the bearing. 

Examination of the flow patterns in Fig. 8 will quali- 
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Fic. 8. Flow pattern—integral journal-thrust bearing with 
10 Ib load. 
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Fic. 9. Pressure distribution—integral journal-thrust bearing 
with 75 Ib load. 


tatively verify these observations. The stream lines show 
that gas entering the thrust surface flows outward toward 
the bearing boundary which is exposed to ambient pres- 
sure either directly or through a flow reversal (arrow 
A). In addition, evidence that gas from the journal sur- 
face is entering the thrust surface may be noted in the 
spaces between the feed holes, confirming the supposition 
that increased mass flow exists* (arrow B). 





3 Visual examination of the flow pattern in the journal bear- 
ing (which is not visible in the figure) definitely established the 
fact that air was entering the thrust bearing even though Fig. 8 
does not make it completely obvious. 

















Close inspection of the areas immediately surrounding 
the feed holes reveals some peculiar flow patterns. For 
example, at hole number 6, there are two loops each 
emanating from the feed hole along the inside of the 
groove, one in each direction (arrow C). Further, an- 
other loop extends radially inward from the feed hole 
(arrow D). Finally, three narrow, finger-like projections 
extend from the feed hole outward towards the open 
end of the bearing (arrow E). The other feed holes have 
similar, but somewhat modified shapes. The difference 
between patterns at various feed holes is believed to 
reside in the minute differences in entrance conditions 
and the microscopic character of the feed holes. 

A comparison of the detailed loop pattern and the 
pressure curves reveals that the pressure depression data 
correlates with the loops data. At least, upon examination 
of a flow pattern, it is possible to predict the number of 
pressure depressions and, in some cases, even the relative 
magnitude. The patterns serve as an indication of the 
extent to which a pressure depression covers the bearing 
surface. 
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The action of the distributing groove, in this case, is 
quite negligible. This can be seen from the flow lines 
which start toward the journal surface and then reverse, 
crossing the groove apparently unaffected (arrow F). The 
bright areas on the open edge (arrow G) between feed 
holes, represent an accumulation of fluorescent oil not 
forced out by the exiting gas. This can be explained by 
the lower relative velocity of the gas in these regions and 
also by the fact that oil on the edge of the bearing tends 
to creep inward between the time the gas is turned off 
and the photograph taken. The variation in brightness 
around the bearing is due to nonuniform illumination, 
rather than a marked change in bearing operation. 

One other desirable type of information, unfortunately, 
not available from this data, is the gas velocity distribu- 
tion. However, an idea of the relative velocity at various 
locations can be obtained by estimating the comparative 
brightness of the areas. The higher velocity gas can be 
expected to remove more of the fluorescent oil than lower 
velocity gas, so these areas will be darker. In Fig. 8, 
the areas between the feed holes and the outer edge 





Fic. 10. Flow pattern for feed holes No. 6 and 7—integral journal-thrust bearing with 75 Ib load 
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(arrow H) are generally darker so that the gas velocity 
must have been higher. 


Heavy thrust loading 


Heavy thrust loading is defined as any loading con- 
dition where the gas film pressure acting on the thrust 
surface is considerably higher than the pressure acting 
on the journal surface. This is analogous to having the 
thrust lift considerably less than the journal bearing 
clearance [see Fig. 3(c)]. 

Figures 9 and 10 give the pressure and flow data for 
a thrust load of 75 lb. The pressure data shows an ex- 
pected increase in the internal pressure over that of the 
previous example, but the form of the pressure distribu- 
tion is approximately the same. In view of the source 
pressure, the magnitude of the pressures in the bearing 
shows that the ultimate load of the bearing has not 
nearly been reached. A comparison of the pressure levels 
in Position No. 5 with those in Position No. 1, shows 
that the load support for the thrust bearing is still 
significantly enhanced by the integral bearing design, 
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because much higher pressures still exists near the jour- 
nal surface boundary. 

The pressure depressions directly adjacent to the feed 
holes are still present. In absolute magnitude, they ap- 
pear about the same as before, but on a percentage 
basis they are much less significant. Further, they do not 
extend nearly as far as before—no evidence of a pressure 
depression now exists in either Position No. 4 or 1. 

Examination of the sample flow pattern for feed holes 
6 and 7 in Fig. 10 confirms this by showing loops which 
are much smaller, fewer in number, and less pronounced 
(arrow J). As expected, Fig. 10 shows flow into the 
journal area (arrow K); all trace of flow reversal evi- 
dent previously is gone. However, flow into the journal 
areas is more spread out than the flow toward the 
ambient pressure boundary. This effect is due to the 
higher pressure concentration around the feed holes in 
the journal surface above. The spread indicates that the 
flow is primarily into the spaces between the journal 
feed holes. A similar but reversed condition occurred in 
the previous example. 





Fic. 11. Flow pattern for feed holes No. 6 and 7—integral journal-thrust bearing with 40 Ib load 
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Fic. 12. Pressure distribution—conventional thrust bearing 
with 10 Ib load. 





Fic. 13. Flow pattern for feed holes No. 6 and 7—conventional thrust bearing with 10 lb load 
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The distributing groove is operating much more ef- 
fectively than before. Gas can be seen entering the bear- 
ing area from the groove at quite a distance from the 
feed holes (arrow L). This is certain to enhance thrust 
bearing load support. 


Moderate thrust loading 


Moderate thrust loading is defined as any loading 
condition where the gas film pressures acting on the 
journal and thrust surfaces are nearly equal. For the 
bearing configurations studied, this is analogous to the 
case where the clearance gap in the journal bearing is 
nearly equal to the thrust lift. 

Figure 11 shows a sample flow distribution for feed 
holes 6 and 7 for a 40 lb thrust load. This is approxi- 
mately the load required to achieve the transition region 
illustrated in Fig. 3(b). It is the interesting case where 
there is very little mass flow communication between 
surfaces. 

The lack of interaction is emphasized by the large 
amount of flow in the circumferential direction in the 
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inner part of the bearing (arrow M). Also, flow reversal 
takes place at a considerable distance from the feed 
holes (arrow N), as contrasted with the lightly loaded 
bearing. 

The figure shows that the distributing groove is work- 
ing, but not as effectively as in the heavily loaded case 
(arrow O). The reversing flow tends to feed the groove 
to increase its effectiveness. The existence of loops in- 
dicating pressure depressions is more pronounced than 
with the heavier load, but they are still small and cover 
little area. This flow pattern exhibits the greatest cover- 
age of high veloctiy gas over the bearing for any loading 
condition considered so far. 


CONVENTIONAL JOURNAL AND THRUST BEARINGS 
Light thrust loading 


This test was made to compare the performance of 
the integral journal-thrust bearing with a conventional 
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Fic. 14. Pressure 
with 52 lb load. 
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distribution—conventional thrust bearing 





Fic. 15. Flow pattern for feed holes No. 6 and 7—conventional thrust bearing with 52 lb load 

















bearing. Therefore, all conditions were the same as before, 
using a 10 lb thrust load and 130psig source pres- 
sure. Figures 12 and 13 show the pressure and flow 
distributions for a plain thrust bearing of the same size 
and configuration as the thrust component in the in- 
tegral bearing. 

Comparison of Fig. 12 with Fig. 7 reveals a much 
different pressure distribution. Whereas before, the pres- 
sure increased toward the journal surface, now the high 
pressure is concentrated in the center of the bearing. 
Position No. 5 shows virtually no pressure in Fig. 12 
where a significant pressure existed previously. Because 
of this pressure drop a higher pressure is necessarily 
created at the center for the same load. This less ad- 
vantageous pressure distribution indicates that there is 
a smaller thrust bearing lift than before. 

The sample flow distribution, shown in Fig. 13 for 
feed holes 6 and 7, is also completely different, with 
the flow outward from the feed holes in all directions 
and little activity between feed holes (arrow P). The 
primary support from this bearing is localized in the 
areas directly around the feed holes. The characteristic 
loops at the feed holes are present (arrow Q), as before, 
but are slightly smaller. 

It can be seen that the conventional bearing obtains 
its load support from a higher pressure over a smaller 
area, while the integral journal-thrust bearing has lower 
pressures over a larger area. This explains why the in- 
tegral bearing can be expected to have better load support 
and can maintain this advantage until a nearly ultimate 
load is applied and bearing closure is near. In addition, 
no bonus mass flow from the journal surface is provided 
as before. 


Heavy thrust loading 


When a 75 lb thrust load was applied a small in- 
stability was noticed. The load had to be reduced to 
52 lb to obtain completely stable operation, and, there- 
fore, the data given is for a 52 lb load. Here again, this 
bearing operates with a higher pressure over a smaller 
area than the integral bearing, as shown in Fig. 14. 

Pressure curves at Positions 1 and 2 show that the 
groove effectively assists in distributing the high pres- 
sure better. Another notable fact is that the pressure 
depressions are virtually gone. The sample flow patterns 
in Fig. 15 for feed holes 6 and 7 confirm these statements 
regarding groove activity (arrow R) and pressure depres- 
sions (arrow S). 
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ADDITIONAL COMMENT—TURBINE TORQUES 


Of special interest, when using externally pressurized 
gas bearings in gyroscopic instruments, is the magnitude 
of the stray, continuous torques (known as turbine 
torques) which are exerted on the supported member. 
Preliminary studies on these torques, dealing with their 
formation and control, have produced some interesting 
information. A reasonable correlation has been found 
between pressure depressions and turbine torques. As 
pointed out above, a correlation also exists between pres- 
sure depressions and the loop shaped area found near the 
feed holes in the flow patterns. 

No comment will be made on the possible source of 
these disturbances within a gas bearing; however, it can 
be said that the shape or character of the disturbances 
can be changed by various means, such as altering feed 
hole shape minutely. These facts lead to the suggestion 
that turbine torques can be changed or controlled by 
deliberately altering the bearing feed system slightly. 
Also, it is suggested that if the loop patterns are made 
perfectly symmetrical, turbine torques may be brought 
to a minimum. 

No concrete verification of these comments is yet 
available. However, if this theory can be firmly estab- 
lished, it may become possible to eliminate this problem 
from gas bearings. It is expected that continued work 
on this problem will yield the verification desired. 


Conclusions 


The data presented demonstrates that improved per- 
formance can be expected with integral bearings over 
conventional bearings. Enhanced load support, wider 
range of stable operation, and greater stiffness are all 
apparent with the integral journal-thrust bearing. Fur- 
ther, the data indicates that a groove, properly designed 
to avoid instability, can contribute to bearing perform- 
ance. 

It might be mentioned further that the test technique 
employed for obtaining pressure and flow data provides 
a useful method for the analysis and evaluation of ex- 
ternally pressurized gas bearings. 
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DISCUSSION 


Davw C. Attais (IBM Advanced Systems Development Division, 
San Jose, California): 


The author is to be congratulated for his informative paper on 
the “integral journal-thrust bearing.” Clearly, this integral bear- 
ing provides greater load capacity at a particular film thickness 
than does a comparable thrust (only) bearing. This advantage in 


load capacity is particularly evident when the bearing is operating 
at light load and relatively large film thickness as suggested by 
Fig. 4. 


It is not evident, however, the integral bearing has greater 
stiffness than a comparable thrust (only) bearing. Stiffness (K) 
of a bearing is defined as: 
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where W is the bearing load and h& is the film thickness. Generally, 
film thickness is plotted as a function of load for some constant 
supply pressure, and the stiffness at any point is found from the 
slope of the load-film thickness curve. A fair comparison of stiff- 
ness between two bearings can be made only for a point of equal 
load and equal film thickness because for similar flow conditions: 


Ww 
K~ =" 

Referring now to Fig. 4, stiffness cannot be obtained directly 
since film thickness (h) is plotted vs pressure (p,) rather than 
load (W). However, this variation of supply pressure can be used 
to observe relative changes in film thickness. In Fig. 4, consider 
the change in film thickness which occurs in the two bearings 
when pressure (p,) is increased from 20 to 60 psig. For the in- 
tegral journal thrust bearing, # increases from 0.6 to 1.7 * 10-3 
resulting in Ak = 1.1 & 10-38. For the thrust (only) bearing 
Ah = 0.8 X 10-3. Thus, the integral bearing is more compliant 
since it responds with a greater change in film thickness. From 
this, one would expect the stiffness of the integral bearing to be 
lower than that of the thrust (only) bearing. 

Considering the comparative stability of the integral bearing, 
it is seen in Fig. 2 that the 45° chamfer area has been relieved to 
produce a supposedly equivalent thrust (only) bearing. This 
chamfer portion contributes a considerable projected area to the 
integral bearing. Thus, the integral bearing has a larger squeeze 
(land) area than the thrust (only) bearing. Our experience with 
small gas thrust bearings has shown the amount of squeeze area 
to be a prominent factor contributing to stability. If Mr. Speen 
had vented the lower edge of the journal, rather than venting the 
45° chamfer, it seems likely his thrust (only) bearing would show 
comparable, or nearly comparable, stability to the integral bear- 
ing. 

Because of its simplicity, increased specific load capacity, and 
efficient utilization of space, the “integral journal-thrust bearing” 
should prove to be a valuable addition to the family of externally 
pressurized bearings. 


AvuTHor’s CLOSURE: 


Thank you very much for these important comments. They 
serve well to bring out some areas of significance and certain 
points worth further consideration that were not covered in the 
paper. 

The stated definition of stiffness for a bearing is well accepted. 
However, the comparison of the stiffness between two different 
bearings is much less clearly defined or accepted. In this regard, 
if the comparison between the integral bearing and a comparable 
plain thrust bearing could only be made at a point of equal 
load and equal film thickness, the source pressure supplied to 
the integral bearing would have to be adjusted downward to 
attain this condition. We do not feel that this would represent a 
true comparison. 

To compare the two bearings most usefully, it is necessary to 
consider any constraints dictated by the application. If we are to 
compare the stiffness of two bearings with different load-carrying 





1 Matanosk1, S. B., and Logs, A. M., “The Effect of the 
Method of Compensation on Hydrostatic Bearing Stiffness,” J. 
Basic Engr., 88(2), 179-187 (1961). 


capacities, as is the case here, we must decide whether to com- 
pare them when their thrust lifts are equal or when they are 
loaded equally. We cannot make both equal when the source 
pressure is constant. 

It is important to recognize that the integral bearing operates 
in a rather peculiar manner. At very small clearances, its opera- 
tion approaches that of the comparable plain bearing. At large 
clearances, it operates very much like a similar, but larger, bear- 
ing. (This latter case can be attributed to the significantly longer 
flow paths for the gas and the additional gas flow from the 
journal.) To illustrate this, consider Fig. B1. The solid curve 
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designated “Bearing A” represents operation typical of the plain 
thrust (only) bearing. The solid curve marked “Bearing B” is 
typical of a similar plain thrust (only) bearing having a greater 
load support. As noted above, the integral bearing operates like 
curve A for small gaps, but, as the gap increases, it operates like 
curve B, going through a transition represented by the dotted 
curve. 

Considering stiffness now, we note from the figure that, for 
a given value of load, “Bearing A” is always stiffer than both 
“Bearing B” and the integral bearing. On the other hand, if a 
given value of lift is chosen, “Bearing B” is always stiffer than 
“Bearing A” and the integral bearing is stiffer than the plain 
bearing over the region of wider gaps. This is the condition re- 
ferred to in the introduction to the paper. This stiffness advantage 
for the integral bearing begins about at the point when notice- 
able flow from the journal area begins. 

In justifying this method of comparing bearing stiffness, it 
should be noted that, in our application, integral bearings are 














used in opposed pairs to support a load between the two thrust 
surfaces. We are interested in maintaining the load as well centered 
as possible and this determines a constant operating gap in each 
bearing. 

Now, with regard to stability and the neglected contribution of 
the bevel, let us refer to Fig. 6. If the bevel on the sensor-rotor 
had exactly the same width as the bevel in the bearing, the radius 
of the flat bottom would be 2.195 in. Then, the bevel projected 
area would represent about 11.5% of the total thrust area. In 
such a case, for a thrust lift of 0.001 in., the bevel gap would be 
0.0014 in. From the standpoint of load support, this might pro- 
duce a measurable error, but it would be acceptable in light of 
the very low pressure that would exist in this larger gap. (The 
effect of this difference on the overall stability of the plain bearing 
is not clear though our present prediction is that it would be 
small.) 

In the case actually studied, however, the width of the bevel 
on the sensor-rotor was slightly larger (0.067 in.). I must apolo- 
gize for inadvertently omitting this dimension from the figures. 
This sized bevel represents about 12.3% of the total thrust area, 
but, more important, it produces a bevel clearance of about 
0.003 in. when the thrust lift is 0.001 in. 
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In the integral bearing, this larger bevel clearance does not 
affect the pressure distribution because it is isolated from am- 
bient. However, if the bearing had been modified to retain the 
bevel in the thrust (only) bearing, the larger bevel gap would 
result in little contribution to bearing performance. From the 
standpoint of load support, the pressure produced in the bevel 
when open to ambient would result in negligible assistance. From 
the standpoint of stability, the bevel area has so little influence 
on the overall bearing performance, it is not likely to reduce 
the region of instability significantly. We believe that the flow 
paths of the gas are far more influential on stability, in this case, 
and the bevel would not significantly alter these. 

In line with the idea of greater squeeze area leading to greater 
stability, I wish to point out that the flow reversal noted in the 
integral bearing makes this design operate very much like a 
larger bearing. The distance that the gas travels from inlet to 
the open edge is actually a good indication of what might be 
called the “apparent size” of the bearing. In this regard, I would 
like to suggest that the reason Mr. Allais has noted better sta- 
bility with larger areas is because of the greater gas flow path. 
And the integral bearing principle provides a means for obtaining 
a larger “apparent size” without increasing physical size. 
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The Design of Externally Pressurized 
Gas Thrust Bearings for Maximum Stiffness 
and Stability 


By D. C. ALLAIS! 


Relations governing the common forms of externally pressurized (EP) bearings are reviewed and a 
simple formula is derived which allows the bearing stiffness to be calculated directly from known 
parameters. Pneumatic instability is discussed, and the importance of land area for stable operation 
emphasized. Measurement techniques are described and some experimental data presented to sup- 
port the theory. It is shown that, under proper conditions, the film thickness of an EP bearing can 
be relatively independent of linear surface velocity. 


Nomenclature 


A Orifice throat area, in.” 

Face area of distribution slot, in.? 

Coefficient of discharge 

A constant 

Orifice diameter, in. 

Weight rate of air flow, lb/sec 

Acceleration of gravity, 386 in./sec? 

Film thickness (spacing), in. 

Stiffness, lb/in. 

Ratio of specific heats = c,/c, 

Length of bearing land 

A constant 

Mean effective bearing pressure, psig 

Flow rate exponent 

Pressure, psia 

Average pressure, psia 

Pressure at the inside edge of the bearing land, 
psia 

Ambient pressure, psia 

Recess or slot pressure, psia 

Supply pressure, psia 

r Radius of slot centerline or radius to any 
point, in. 

Recess radius, in. 

Outer radius, in. 

Land width (for a slot bearing s = 276), in. 

Absolute temperature, deg Rankine 

: Absolute temperature of supply gas, deg 
Rankine 

Bearing load, lb 

Length from the outer edge of a bearing land, 
in. 


Q > 
ds @ 


ep 


WBS S Mere gas 


? 





Presented as an American Society of Lubrication Engineers 
paper at the Lubrication Conference held in Chicago, Illinois, 
October 1961. 
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6 Angle of distribution slot, radians 
R Gas constant (2.47 < 10° in 2/sec? °R for air) 
mM Viscosity, reyns 


Introduction 


THE externally pressurized (EP) gas bearing is a versa- 
tile device having important advantages. EP bearings 
can be designed for greater load capacity and higher 
stiffness than self-acting bearings of equal size; and 
because of their nearly zero starting friction, they are 
widely used in sensitive instruments. The primary 
disadvantage of EP bearings is the requirement for a 
source of pressurized gas. 

EP bearings may be used in magnetic recording to 
support the magnetic read-write head. Such air bear- 
ing heads have been used in magnetic drum memories 
and in disk files to avoid the problems of wear and sur- 
face damage resulting from high-speed contact record- 
ing. The bearings discussed in the experimental por- 
tion of this paper were specifically designed for applica- 
tion to a random access disk file. 

Fhe following sections present the results of some 
theoretical and experimental studies in the design of 
EP bearings. After a brief review of bearing charac- 
teristics, a simple algebraic formula for stiffness is 
derived and its usefulness explained. Second, a quali- 
tative explanation of pneumatic instability is given and 
analytical results by previous authors are briefly cited. 
Third, some experimental data for small thrust bearings 
is presented and compared with the theory. 


A Review of Bearing Characteristics 


This discussion is confined to the most common type 
of EP thrust bearing, which consists of a control orifice 
in series with a flow restriction formed by two closely 
spaced, nearly parallel surfaces. Useful bearings may 
be designed with a variety of pools, slots, or relief 
grooves. Three common forms (Fig. 1) are the in- 
herently compensated (IC) bearing, the circular recess 
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Fic. 1. Common forms of EP thrust bearings 


bearing, and the slot recess bearing. The bearing 
designer is often confronted with a host of interacting 
requirements. A specific application may demand 
particular values of load, stiffness, and supply pressure 
or gas consumption. Intermittent contact is avoided 
by maintaining adequate film thickness. The minimum 
safe orifice diameter depends on the size of particles 
suspended in the working fluid. Finally, the practical 
EP bearing must be pneumatically stable at all values 
of load and pressure which it may encounter in service. 

The control orifice will be considered first. Its 
throat (with cross-sectional area A) can occur either 
in the round port or in the annular ring formed between 
the bearing and surface. Generally, in recess and slot 
bearings, the orifice diameter d is less than four times 
the sum of slot depth and film thickness, and the con- 
trolling area may be assumed to be A = wd?/4. For 
an isentropic expansion, the weight rate of flow G is 
given by? 


i= CoAvaal g—anaee [(2) - (2) | 
@= CoApa gta |Z) =? Ge ie 


for 
6 2 k/(k-1) 
eater 
Ds (kK + 1) 


If the orifice pressure ratio p./p, falls below this 
critical value, the flow becomes choked and is unaffected 
by downstream pressure changes. For choked flow, 
the pressure ratio in Equation [1] is taken as 


Po = k/(k-1) 
De = + i) : 
and G may be obtained from 


G= CpAcp, Vv 1/T,, [2] 


where c is a constant for particular values of k and &. 











2 Equations [1] through [12] presented in this section are well 
known. They form the basis for the derivation of Equations 
{18] and [19] which follow. 


Within the lubricating film, flow is effectively iso- 
thermal, and, for sufficiently low rates of flow, fluid 
inertia is negligible. The mathematical model for the 
slot recess bearing (Fig. 2) is a clearance channel of 
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Fic. 2. Mathematical model of the slot bearing 


constant area. Inlet pressure p; and ambient outlet 
pressure p, are related by 


24 wRTGI 
nin te Bh ide cee eeaneie’ 
Di? — Da sg [3] 
For a slot bearing of the type shown in Fig. 1, 
S = 2r6, [4] 


where @ is slightly greater than the angle of the physical 
distribution slot to allow for fringing at the ends. For 
most slot bearings, the difference between recess pres- 
sure p, and clearance channel entry pressure p; can 
be neglected. The pressure distribution is 








24 pRTGx 
h3sg 


where < is the distance from the ambient edge of the 
bearing. The load W for each element is 


p? = pa + [5] 


i 
W = (po — pa)As + sf (p — pa) dz. [6] 
Substituting [5] in [6] and integrating yields 


pat zs 2(p.* — Da*) oo ) 
W = (po Pa)A, + (Ges — p.) pa}ls. [7] 


A convenient design parameter is the mean effective 
pressure (mep) defined here for the slot bearing to be 


_ 2(p.3 — pa’) 

a 3 (po? — pa”) Tee 

_ 2(po? + Poe + Pa?) _ 
_, 8@u+ pe) 

The load supported by the bearing land is then the 


product of the mep times the land area. Equation [8] 
can be evaluated using Table 1 for the special case of 


mep 





Pe. [8] 


TABLE 1 
Evaluation of Mean Effective Pressure (mep) in a Slot Recess 
Bearing Where Ambient Pressure ps = 14.7 psia* 


Gage press. in 





Press. in 





distribution distrib. slot Mean effect. press. (mep) 

slot po (po — 14.7) under bearing land 

(psia) (psig) (psig) 
19.7 5 2.61 
20.7 6 3.16 
21.7 7 3.72 
22.7 8 4.28 
23.7 9 4.84 
24.7 10 5.42 
26.7 12 6.57 
28.7 14 7.75 
30.7 16 8.94 
32.7 18 10.14 
34.7 20 11.35 
36.7 22 12.57 
38.7 24 13.80 
40.7 26 15.03 
42.7 28 16.27 
44.7 30 17.52 
49.7 35 20.68 
54.7 40 23.84 
59.7 45 27.04 
64.7 50 30.25 
69.7 55 33.47 
74.7 60 36.71 
89.7 75 46.48 

114.7 100 62.88 





* From Eq. [8]. 


ambient pressure p, equal to 14.7 psia. The stiffness K 
is defined as the spring rate of the bearing, so that 


= —dW/dh. [9] 
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For the IC and recess bearings shown in Fig. 1, gas is 
considered to flow radially outward from each control 
orifice. Thus the mathematical model consists of a 
circular land, concentric with the orifice and circular 
recess (Fig. 3). Results based on this assumption are 
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Fic. 3. Mathematical models of (A) inherently compensated 
and (B) circular recess bearings. 


necessarily approximate for the bearing types illus- 
trated in Fig. 1. With radial flow the pressure drop 
becomes 

Ta 


st 12 uRTG i fs, [10] 


a 
mh3g rT} 


pi? — p 
The load supported by a recess bearing is 
W = (po — pa)ari? + re (p — pa)r dr. [11] 
"1 
The integral in Equation [11] takes the form 
J(“c’ — Inr)r dr and may be expressed in terms of the 


error function or solved graphically or numerically. 
For the recess bearing, the approximate load is obtained 
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directly by assuming that pressure varies linearly whit 
radius. Then, taking pi = p.: 
— Pa 


W = a112(p. — po) + 7 
to Fh 


1 2 
° G Tee — Tali? + 3 nt). [12] 


The accuracy of Equation [12] increases as 7;/r.— 1. 

Typically, the analysis of EP bearings requires the 
simultaneous solution of Equations [1] and [3] or [1] and 
[10] to determine flow rate G and recess pressure po. 
The resulting pressure distribution and load W are 
determined as functions of film thickness A, and stiffness 
K is evaluated as — AW/Ah for small Ah. This 
method is not easily applied to the synthesis of bearings 
for maximum stiffness. Tang and Gross (/) give design 
curves based on computer and asymptotic solutions to 
these equations. A simple alternative approach is 
developed in the following section. 


A new approach to the stiffness of EP bearings 


It is convenient to use the ratio of stiffness to load, 
called the specific stiffness: 


—-dW a 
Wdh (p— pa) dh 


Hereafter, # is used to represent the average absolute 
pressure contributing to load, W. The pressure p 
under a differential element in the bearing land or 
recess is found from Equation [5] for rectangular flow 
or a variation of [10] for radial flow. For a particular 
fluid, position in the film, temperature and geometry, 
these equations can be written 


G 
7 = Da sae! [14] 


where p, and m are constants. 

The specific stiffness can be determined from [13] and 
[14] if flow rate G is expressed as a function of spacing h. 
An experimentally determined plot of G versus h for a 
particular bearing is shown in Fig. 4. At higher 





K/W = [13] 
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Fic. 4. Flow vs. spacing in a typical EP air bearing 


spacings, G is constant as a result of choked flow; at 
very small spacings, the laminar restriction dominates 
so that G varies nearly as h?. At any arbitrary point, 
G can be expressed as 


G = ch", [15] 


where ¢ is a flow constant and n is an exponent between 
0 and 3. 
Combining [14] and [15] yields 


p= Vp + mch"-8 [16] 


Differentiating [16] with respect to spacing h and 
simplifying yields 


dp _ (n — 3)(p? — pe”) | 





17 
dh 2ph 7] 
Dividing [17] by gage pressure (p — pa) yields 
dp p+ Da 
i n — 3 ee 
@—p)ar >) dpb 


The specific stiffness for a complete bearing can now 
be closely predicted if p is substituted for p: 





dp 3 a + Da, 
Hala ae 
pec oe OP Be 

K/W = (3 n) Oph [18] 


For the slot-type bearing, if the slot area A, is small 
compared to land area ls, # can be replaced by 
(mep + pa), giving 


3—n mep + 2p. j 
2 h(mep + pa) 


where mep is defined by [8]. 


Figure 5 shows selected plots of specific stiffness given 
by [18]. The implications for design are obvious: 
Small values of n, h, and # all contribute to greater 
stiffness; choked or near-choked flow gives maximum 
K/W for any value of h and §; and smaller film thick- 
ness results in greater stiffness, provided that near- 
choked flow can be maintained. 

The load spacing curves for a particular IC bearing 
shown in Fig. 6 are consistent with Equation [18]. 
Note the increasing stiffness with decreasing film thick- 
ness until a point of inflection. After this point, as a 
result of increasing n, stiffness decreases, approaching 
zero at very small spacings. At zero spacing n equals 
three, because here the lubricating film is the dominant 
restriction. Since the orifice throat in practical IC 
bearings is annular, its area varies directly with film 
thickness. Thus in the IC bearing, n equals one or 
greater. Orifice-compensated bearings have a maxi- 
mum specific stiffness 1.5 times the stiffness obtainable 
with a comparable IC bearing which operates at the 
same spacing. 





K/W = [19} 
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Fic. 6. Experimental load vs. spacing for a typical IC bearing 





Pneumatic instability 


In addition to having adequate stiffness and load 
capacity under the static conditions treated above, a 
useful bearing must be stable under operating condi- 
tions. Many EP bearings can exhibit self-excited 
oscillations. The following discussion is meant to give 
qualitative insight into this phenomenon of pneumatic 
instability. 

Suppose a bearing or any flat disk is forced to vibrate 
in close proximity to another flat surface. The air film 
between the surfaces will be alternately compressed and 
extended, flowing inward and outward at the bound- 
aries. This squeeze film can be represented by a non- 
linear spring and dashpot system. 

If the load W is changed gradually, the clearance of 
an EP bearing will vary according to the theory given 
here, resulting in a load spacing curve like that in 
Fig. 6. However, if load is changed rapidly, the squeeze 
effect becomes important and clearance becomes a 
function of both load and time. In such a situation, 
the effective dynamic stiffness results from a combina- 





Fic. 5. Selected plots of specific stiffness from Eq. [18] for 
Pp, = 14.7 psia. (A) Specific stiffness vs. average bearing pressure 
for nm = 0, G = constant, 4 = 0.0003 in. (B) Specific stiffness vs. 
exponent m for (p— ,) = 10 psig, A = 0.0003 in., G ~ hn. 
(C) Specific stiffness vs. film thickness for (6—p,) = 10 psig, 
n = 0, G = constant. 
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tion of gas bearing and squeeze film effects. A bearing 
with dynamic stiffness greater than static stiffness, and 
with significant damping, tends to be nonoscillatory 
and thus stable. A low dynamic stiffness and small 
amount of squeeze damping, coupled with a higher 
static stiffness, produce overshoot and rebound. The 
resulting oscillation takes the form of a limit cycle 
typical of nonlinear vibrations. 

Licht and Elrod (2) analyzed the problem of pneu- 
matic instability of EP bearings and concluded that 
greatest stability results from the following: (a) maxi- 
mum ratio of land area to recess area; (b) minimum 
depth of recess; (c) minimum bearing mass; (d) maxi- 
mum land length (1); (e) maximum orifice diameter; 
(f) minimum difference between supply and recess 
pressure. 

These theoretical results may be interpreted in terms 
of the previous qualitative analyses: (a) and (d) serve 
to increase squeeze effect; (d), (e) and (f) tend to reduce 
stiffness; and (b) and (c) diminish the lag time to attain 
steady state flow conditions following a disturbance. 
However, both static stiffness and stability are impor- 
tant. Recess bearings which combine high stiffness 
with stability may be difficult to manufacture. Slot 
bearings are more easily tailored to these compromise 
requirements and therefore are more practical for 
applications which require maximum stiffness. The 
foregoing interpretation suggests that stable slot recess 
bearings can be designed for any reasonable combination 
of load and film thickness without sacrificing stiffness, 
simply by providing adequate squeeze (land), area. 


Experimental methods and results 


More than 20 configurations of small thrust bearings 
designed to carry the read-write element for recording 
on a magnetic disk have been fabricated and tested. 
The film thickness of each bearing could not vary more 
than +10% in spite of disk runout and machine vibra- 
tion. Consequently, maximum stiffness and minimum 
bearing mass were important objectives. Most of these 
bearings were of the slot recess type and were designed 
for maximum stiffness at particular combinations of 
load and film thickness. Outside diameters of the 
bearings were between % and % in., the load varied 
from ¥% to 2 lb, and the working fluid was air supplied 
at pressures between 10 and 100 psig and a temperature 
of 70 F. 

These small bearings required very little air, the 
consumption per bearing ranging from less than 0.01 
cubic feet per min of free air to a maximum of 0.1 cubic 
feet per min. The flow rate was measured by dis- 
charging an air tank of known volume through a par- 
ticular orifice or bearing. For small rates of discharge, 
the expansion was nearly isothermal and the flow could 
be determined by timing the pressure drop within the 
tank. A limited number of tests showed values for the 
orifice coefficient of discharge Cp between 0.9 and 1 for 
choked flow in 0.002-to-0.005-in. orifices at supply 
pressures of 35 and 50 psig. 


Figure 7 illustrates the basic arrangement of the test 
stand. The bearing was loaded onto the surface of a 
flat disk by weights acting through a pivoted arm. The 
test disk (about 6 in. in diameter) was surface hardened 
to RC 62, ground, and lapped to a flatness exceeding 2 
light fringes (23.2 u in.). The mounting arrangement 
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Fic. 7. Schematic of test stand 


permitted the disk runout to be varied from near zero 
(100 uw in.) to more than 4g in. Disk velocities between 
0 and 9000 rpm (corresponding to a surface speed of 
2200 in. per sec at the bearing centerline) were obtained 
with a motor drive. For a bearing to be considered 
acceptable, its film thickness could not vary more than 
+10% in response to a 10g amplitude acceleration 
from this sinusoidal swash plate. 


With the disk stationary, the air supply was switched 
on and off through a solenoid valve and the film thick- 
ness measured with a sensitive variable reluctance 
indicator shown by a calibration check to be accurate 
within +2 » in. This measurement of film thickness 
on a stationary surface was used to calibrate a capaci- 
tance probe mounted in the bearing. Capacitive 
readings then provided a means of measuring film thick- 
ness under dynamic conditions. The biggest problem 
in film thickness measurement was establishing the 
point of zero spacing. Errors as large as 100 wu in. 
resulted from improper “ringing in” or minute dust 
particles. With improved technique and careful atten- 
tion to cleanliness, film thickness measurements could 
be consistently repeated within +5 yu in. 

The measured film thickness of slot recess bearings 
was always less than predicted by Equation [3]. This 
difference varied from 15 to 50 yu in. the smaller differ- 
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ences resulting from flatter bearings and more careful 
measurement. Stiffness obtained from the measure- 
ment of load and spacing was generally within +5% of 
that predicted by Equation [19]. 

Surface velocity has little effect on the spacing of the 
common types of EP bearings, provided the bearing 
face rides parallel to the surface. For example, the 
spacing of a particular slot bearing, which was 285 uy in. 
at zero velocity, increased to 290 u in. at 750 in. per sec. 
Further increase in disk speed gradually reduced the 
spacing to a value of 282 wu in. at 2200 in. per sec. The 
average air velocity in the lubricating film of this bear- 
ing due only to external pressurization was calculated 
to be 342 in. per sec. Such experimental evidence 
shows Equation [3] to be a valid design tool even where 
the surface velocity greatly exceeds the velocity of gas 
in the lubricating film. 

IC bearings are the most stable, rarely exhibiting 
self-excited oscillations. For film thicknesses in the 
200-to-600-u in. range, most recess bearings become 
unstable at supply pressures above a critical value. In 
this region, both increased load and increased supply 
pressure tend toward instability. The importance of 
land (squeeze) area has been confirmed by experiment. 
For example, two slot bearings having squeeze areas of 
0.253 in.? and 0.210 in.? were designed for identical 
operating conditions (h = 0.000275, W = 1 lb, 
P, = 49.7 psia, K = 8500 lb/in.). The larger bearing 
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was stable for all values of load and pressure up to 
1.75 lb and 80 psig supply, while the smaller bearing 
became unstable at 1 lb and 35 psig. 


Conclusions 


1. The stiffness Equation [19] was derived and 
experimentally confirmed. 

2. The measured film thickness for small thrust 
bearings tends to be slightly less than the theoretical 
value. This difference is attributed to slight roughness 
and out-of-flatness of the bearing surfaces. 

3. Land area is shown to be an important factor in 
bearing stability and it is suggested that stable bearings 
can be designed to operate with maximum stiffness if 
sufficient land is provided. 

4. Symmetrical EP bearings which operate parallel 
to a transversely moving surface with film thickness on 
the order of 300 u in. are relatively insensitive to surface 
velocity. This holds true even when the surface speed 
exceeds the gas velocity in the lubricating film by a 
factor of 6. 
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Analysis and Design of Externally Pressurized Gas Bearings 
By I. C. TANG! and W. A. GROSS? 


Equations for flow rate, pressure, load, and stiffness of externally pressurized thrust and journal bearings 
are given for purely viscous, isothermal gas films with longitudinal or radial flow and no relative surface 


motion. 


Charts are presented by means of which the bearing characteristics can be evaluated in terms 
of the bearing parameter, the bearing configuration, and the ratio of supply to ambient pressure. 


Sample 


characteristics of thrust and journal bearings are established using the curves and experimental con- 
firmation shown. A method of treating bearing films with two inlet-restricting orifices in series is 


described. 


Nomenclature 

A Area of restricting orifice 

Ap, Ax, Ar Bearing area 

B Bearing parameter (Eq. [6]) 

Cp Discharge coefficient 

Cu Specific heat of gas at constant 
pressure 

Ce Specific heat of gas at constant 
volume 

d Diameter of inlet orifice 

G Defined in Eq. [26] 

h Film thickness 

H =h/d Normalized film thickness 

k = c,/ty Adiabatic expansion coefficient 

K = —dW/dh Stiffness 

K’ = —H dW’/dH Stiffness factor 

L Unit length of bearing for longi- 


tudinal flow 





M Mass flux 
pial (k-—1)TR .. ‘ 
M'= G, MJ Ok Normalized flux 
Min Inlet mass flux 
Mout Outlet mass flux 
p Pressure (absolute) 
Da Ambient pressure 
P= p/Da Normalized pressure 
P; = pi/Da Normalized pressure at inlet to 
film 
P, = (p1/Ds)cr Critical pressure ratio 
Q Unit flux (volumetric flow) 


r Radial coordinate 
Y1, T2 Inner and outer dimensions of 
lubricating film 
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R=r/re Normalized radial coordinate 

R Gas constant, 2.47 X 10° in.?/ 
sec?/deg. Rankine for air 

S = re/L Normalized outer dimension of 
bearing 

T Temperature (absolute) 

W Bearing load 

W’ = W/(p.A) Normalized bearing load 

x Longitudinal coordinate 

X =2/re Normalized longitudinal coordi- 
nate 

Fr) Recess depth 

A =i/d Normalized recess depth 

m Absolute viscosity 

o =11/re Ratio of recess dimension to 
outer dimension of bearing 

Subscripts 

L Longitudinal flow 

R Radial flow 

a Ambient 

0 Recess 

8 Supply 

Introduction 


OVER a century ago Willis (1) performed the first in- 
vestigation of externally pressurized air lubricating 
films as part of an experimental study of radial air flow 
between parallel surfaces. Although he did not recog- 
nize the lubricating properties of the films, his results 
indicated that under steady conditions the externally 
pressurized gas film force between parallel surfaces goes 
from positive to negative to positive as the space 
between the surfaces increases from zero (Fig. 1). 
When spacings are small, there is a large negative load 
gradient which decreases with increasing film thickness. 
This is the lubricating region in which the stiffness of 
the film, K = —dW/dh, acts to give a restoring force 
if the surfaces are displaced from steady conditions. 
The Bernoulli region (where air gages operate) is that 
in which the force is attractive. In most of this region 
the load gradient is positive, corresponding to negative 
stiffness. When spacing between the surfaces is large 
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Fic. 1. Load-displacement curves for an externally pressurized 
gas bearing under steady conditions. 


enough, there is only a jet impact, and the force is again 
positive. 

Design of an externally pressurized gas bearing 
ordinarily requires an appropriate balance between load 
supported, stiffness, stability, and gas consumption. 
It is necessary to consider the effect of external restric- 
tions leading into the film as well as of recesses, pools, 
grooves, or slots about the source. In any event, the 
load spacing curve will always flatten out so that 
K-—0ash-—0. This flattening out occurs because 
when the spacing is small, the only effective resistance 
to the flow is in the lubricating film, the resistance due 
to flow through the cross-sectional area of the restricting 
inlet orifice being negligible. Clearly, this region must 
be avoided, particularly if precise spacing is a require- 
ment. Pneumatic instability can occur over part of 
the otherwise acceptable lubricating region. Licht and 
Elrod (2), for example, have used distributed parameter 
analysis to show how the depth of a pool affects stability, 
and Richardson (3) has given general stability criteria 
based upon a lumped parameter analysis. 

Occasionally the small region, in which the stiffness 
is positive but the load negative, can be used where 
attraction is essential, although the consequent softness 
of the film usually makes such a system impractical. 

When the film thickness is large enough, flow is fluid 
inertia dominated, as in the radial diffuser described by 
Woolard (4). In the ordinarily useful lubricating 
region, fluid viscosity dominates the flow. The analy- 
sis of laminar films of this type is straightforward. 

Analyses of externally pressurized gas bearings have 
been published by a number of authors; for example, 
Gottwald and Vieweg (5), Shires (6), Deuker and 


Wojtech (7), Licht and Fuller (8), and Comolet (9). 
Shires analyzed both laminar and turbulent films, 
Laub (10) experimentally verified predicted behavior 
in the small film thickness region, and Mori (//) de- 
veloped an analysis for predicting pressure drops near 
the inlet due to inertial flow. 

In a companion paper, D. C. Allais (12) develops 
some approximate formulas which can be used in de- 
signing orifice-compensated externally pressurized 
bearings under choked conditions. 

This paper presents design curves for both inherently 
and orifice-compensated bearings, based on exact solu- 
tions of the equations for viscous flow in steady laminar 
air films. These curves, which cover both choked and 
unchoked regions of operations, are applicable to the 
design of the thrust and journal bearings shown in 
Fig. 2. In this figure, (a) is a flat plate, inherently 


D & 


Fic. 2. Externally pressurized bearings 











compensated bearing in which there is no external 
restrictor — the inlet hole is simply drilled through the 
face of the bearing. Bearing (b) has a recess of com- 
paratively small depth, or a pool of larger depth sur- 
rounding the inlet hole, which may or may not be backed 
by a restricting orifice. Bearing (c) achieves the same 
pressure profile as bearing (b) by means of the groove 
cut into the surface. This configuration has the ad- 
vantage of reducing the volume of entrapped air and 
increasing the area for developing squeeze film damping. 
Bearing (d) is an inherently compensated annular 
bearing, whereas bearing (c) is a slot type like that 
described by Allen, et al.(13), and Allais (12). Bear- 
ing (f) is a slot type rectangular thrust bearing, as 
described by Graneek and Kerr (14). Journal bearing 
(g) is inherently compensated and journal bearing (h) 
is a recess type. (It should be noted that the design 
curves in this paper are not directly applicable to the 
analysis or design of either restricting land — sometimes 
called step — or deep slot externally pressurized bear- 


ings. ) 
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Analysis 
A. ASSUMPTIONS AND DEFINITIONS 


In arriving at the results plotted in the curves pre- 
sented here, the following assumptions were made: 


1. Flow is either purely radial or purely longi- 
tudinal, depending on which configuration in 
Fig. 3 best approximates the film being con- 
sidered. 





Ps = Supply pressure 
Po = recess pressure 
p) = inlet pressure 

Pa = ambient pressure 
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Fic. 3. Thrust bearing with a recess—Section at left gives 
rise to radial flow, and section at right gives rise to longitudinal 
flow. 


2. Film temperature is isothermal and ambient. 

Surface velocity is negligible. 

4. Film thickness is small enough for the flow to be 
purely viscous and the effects of lubricant in- 
ertia (15), vortex formation and unsteady 
behavior (16) are negligible. 

5. The pressure drop between sources is negligible. 

6. The pressure in a recess is constant. 

7. The flow through the inlet orifice is adiabatic. 


~ 


With these assumptions, bearings of the type illus- 
trated in Fig. 3 may be analyzed by equating inflow to 
outflow. Because of similarities in the equations, r; 
and r2 are used to designate the extent of the recess and 
of the land region of the bearing for both longitudinal 
and radial flow. If the recess depth is small, the pres- 
sure drop in the recess must be considered. 

If the recess depth is zero (or 71) = d/2) the principal 
inlet restriction is at the periphery of the inlet hole, and 
the bearing is called inherently compensated. If the 
recess depth is large and the principal inlet restriction is 


through a fixed area orifice, the bearing is called orifice 
compensated. The range of the film thickness in that 
part of the lubricating region over which the stiffness is 
nearly zero is determined largely by the flow restriction 
to the bearing. When h-0, K-0, pp~po™ pi 
and the pressure profile is nearly independent of film 
thickness. Proper choice of the restriction permits re- 
duction of this region and operation at small film 
thicknesses. 

Both orifice compensation, in which the flow passes 
through a restricting area rd?/4, in the supply line at 
the entrance to the recess, and inherent compensation, 
in which flow passes through either the cylindrical areas 
a(h +6)d or 2mryh, or the rectangular area 2Lh, are 
considered. An equivalent orifice area may be used for 
multiple restrictions. Appendix A describes a method 
of handling two restricting areas in series. 

In the study of externally pressurized bearings, the 
bearing load, stiffness, flux and sometimes pressure 
distribution, are generally of interest. These quantities 
are presented here as generalized curves. 


B. BEARING PARAMETER 


The design curves are plotted in terms of a bearing 
parameter which is a grouping of the bearing quantities. 
This grouping is established from the equations of fluid 
flow which are given in this section. 

The adiabatic mass flux through the inlet orifice is 


ot ak Do 2/k : | 
re Va - var) e : 


[1] 
for p./p, > P. = [2/(k + 1)}/*?. (See the nomen- 


clature for definition of symbols.) When flow is 
choked, p./p, < P., and the mass flux is 








2k 
Min = /. e—re— P2/k — Plt) , ‘ 
sae hits Ja = ar | 2:5 


Longitudinal mass flux through a parallel surface, 
laminar, and isothermal gas film is 


2h3L (pi? — pa”) 








Mout, = WRT (ro am r1) ? [3] 
and the radial mass flux is 
h3 (p12 — 2 
Miia: Sete [4] 


12uRT In(r2/r1) 


Since it is assumed that no pressure drop occurs in 
the recess, po. ~~ pi for restriction at the inlet orifice 
and p,~ po for restriction at the edge of the recess. 
When the flow is controlled by only one area, p. may 
be equated to either pi or p,. 

Steady conditions imply continuity of mass flux. 
By equating the inlet flux with the appropriate outlet 
flux, the intermediate pressure ratio, Pi, can be de- 
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termined. For convenience, a bearing parameter, B, 
is introduced, which is defined by 


bi 12C puA [2kRT ip —r,)/L long. flow, (5) 
Rp, k —1(In(re/ri)/e rad. flow. 
The ratio A/h®? may assume one of the following 
forms: 








for compensation controlled by an orifice of constant 
area, 

A rd(h+8)_ (+4) 

ae Sere 
for inherent compensation at the orifice, 


A 2Qaryh 2nr) 





for inherent compensation at the edge of a circular 
recess, or 





for inherent compensation at the edge of a rectangular 
recess. 
C. INTERIOR PRESSURE 


The normalized intermediate pressure for the classes 
of bearings considered can be expressed implicitly as 








Pi = Vi+ BP,@-D/2kP, Uk V/ PA-Wk — Pyl-k [6] 
for P;/P, > P., and 





Py = V1 + BP,P.t V1 — PH, [7] 


for Pi/P.. 5 Pe 

The bearing parameter can be expressed as a dimen- 
sionless ratio. For example, for longitudinal or radial 
flow and either orifice or inherent compensation at the 
inlet hole, 


Bila 12C pu [2kRT i" + yee — a), long. flow, 
~ pHtdNk-1{ % J\n(1/o), rad. flow, 

[8] 

where the smaller of H + A and % is used. When the 


controlling area is at the edge of a rectangular or circular 
orifice, 


12C pu jae Be — ¢)2LH/d, long. flow, 
pall?d Nk — 1 \In(1/oc)2rH/d, rad. flow, 
where L applies to a rectangular recess and 7; to a 
circular recess. 
When flow is choked, so that 
P?2P2 —1 
Bs P,PeV1 — Pe? [10] 





Dee 





[9] 
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P, can be calculated directly, using Eq. [7]. When flow 
is not choked, the transcendental Equation [6] may be 
solved by graphical, cut and try, or iterative methods. 
For moderate values of B, P; can be evaluated by 
iteration: After an initial estimate of Pi, Pic), an 
improved value P(;+1) is obtained, using 


Py) = [1 + BP,4- 1! Py oy'* 
» (PAW — Py veyuV2, 114] 


and iteration is continued until the desired accuracy is 
achieved. For large or small values of B, Pi may be 
determined from the asymptotic expressions developed 
in Appendix B. 

The interior pressure is plotted in Figs. 4 and 5, 
which are based upon the asymptotic Equations [B.1], 
[B.2], and [B.6], supplemented by computer solutions 
of Eqs. [6] and [7]. To establish the interior pressure 
for a given bearing, it is only necessary to specify B and 
P,? in these and subsequent figures. A dash-dot line 
separates the choked and unchoked flow regions. 

With P, established, the pressure distribution in the 


film is 
Pit —o—X(P,2—1 
P(X) = wr fate nm 


l-—@o 








for longitudinal flow, where X = 2/re; and 


P(R) = \pe+ (P;2 — n(1 ~ aed | [13] 


Ino 





for radial flow, where R = r/ro. 


D. Mass Fiux 


The mass flux can be determined, using Eq. [1] or [2]. 
Figure 6 shows the normalized flux, as a function of the 
bearing parameter 


P, 2/k Py 1+1/k 
rela () - (3) » when nase i 





and 
M’ = P,P./k-V1 — P.A-1/*, when P;/P, < P.. [14a] 
E. Loap 
When flow is longitudinal, the normalized load is 


1+ 2¢ (1 — «)(8 + P;) 
, 4 i 
Ws, = - 3 +P,[1- 3(1 ) | [15] 


Figures 7 to 10 give curves for W’; in terms of B and P,. 
When flow is radial, the normalized load is 








W'r = Pio aE [erf (VG) — erf (VG/P1)] , [16] 





3 Curves establishing P; for longitudinal flow in the bearing 
film, and for choked flow in the inlet orifice, were published by 
MeNeilly (17). 
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where erf designates the error function, and 


2P;2Ino 


G = — . 
P;? -1 





[17] 


This quantity is always positive because o <1. 
Figures 11 to 14 give curves for W's in terms of B and 
Py, 

If both load and stiffness are plotted as functions of 
P,, fewer curves would result. However, B was re- 
tained as the parameter here in order to simplify both 
the analysis and construction of the curves. 


F. STIFFNESS AND STIFFNESS FAcTOR 


It is not possible to establish general curves for stiff- 
ness which are directly applicable for all types of ex- 
ternally pressurized bearings over the complete range 
of the bearing parameter. This is because there is a 
range of the bearing parameter where two, and possibly 
three, restricting orifice areas must be considered in 
series [rd?/4, r(h + 5)d, and 2xr,h or 2Lh may be all 
comparable]. Furthermore, the stiffness of an in- 
herently compensated bearing is different from that of 
an orifice-compensated bearing with equal restricting 
area, because the restricting area of the inherently com- 
pensated bearings change with the film thickness. The 
curves of Figs. 15 to 22 may be used directly to de- 
termine stiffness for orifice-compensated bearings. 
With slight modification, they can also be used for 
inherently compensated bearings. 
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A stiffness factor which involves the film thickness is 
used : 
dW’ hK 
Psa sa . 
dH PoAp 
where Az is the bearing area. The stiffness factor is 


most easily established by writing it as the product of 
differentials, 


,_ _ (IW'\(4P1\( 4B \ 
alee (SSE ae i) _— 


It can be shown that 


dW’, aay pm 1— “1 4 2 | (19) 
ee 3 (1 + P,)? 


bts 








[18] 











for longitudinal flow, and 
dW’ pr P, ( =) =) 
= W'2(1 - —)+1-— 20 
dP; all ‘ ma Ae ee 
for radial flow. For choked flow: 
aPy _ Pi? 1 
dB - 2BP, 
If the flow is not choked: 
SS. 
2kP 2 
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Finally, 


dB 
H— = — 3B 2 
dH rs [23] 


for constant area control (orifice-compensation) ; 


dB Ny 
H— = —8B| 1 ==-———_|,, 24 
a” E 3 a [24] 


for control at the periphery of the inlet orifice in the 
recess (inherent compensation) ; and 


dB 
slinliedec~ vile ~<a B 
y= 2B [25] 


for control at the periphery of either a rectangular or a 
circular recess (inherent compensation). 

The stiffness factor can be evaluated by the appropri- 
ate combination of the preceding equations. It is 
apparent from Eqs. [23] and [24] that data for orifice 
compensation, obtained from Figs. 15 to 22, must be 
multiplied by 24 if there is inherent compensation. 
Since the inherently compensated bearing, when h — 0, 
has just 24 the stiffness of a similar bearing with con- 
stant area control, it is obviously desirable to use orifice- 
compensated bearings with small control areas for 
operation at close spacings with maximum stiffness. 

It is possible to draw a good approximation of the 
stiffness factor curve in the region of transition from 
control by one area to control by another. First, the 
bearing parameter which corresponds to equal orifice 
and downstream restricting areas is determined. To 
the left of this transition point on the appropriate 
stiffness factor curve, the values of K’ will approach 
the plotted curves; to the right the values of K’ will 
approach 24 of the values of the plotted curves. Then, 
following the procedure outlined in Appendix A, the 
region of mixed compensation is determined, and a 
transition curve can be drawn in this region from the 
portion of the K’ curve for pure orifice-compensation 
to that for pure inherent compensation. The slope of 
the K’ curve must be a continuous function of B. An 
example will be shown in the next section. 


Stiffness is a maximum when (d/dH)(dW’'/dH) = 0. 


Since 
dH d {dW’ 
“ oo aa(ar)| [26] 


the stiffness becomes a maximum when dinK’/dinB = 
dinH/dinB. It follows from Eqs. [23], [24], or [25] that 
maximum stiffness is to be found at a point where the 
slope of the stiffness factor curve is —4 for constant 
area control or —% for inherent compensation without 
recess or control at the periphery of the recess. Other- 
wise, the point falls between these two values. In 
Figs. 15 to 22 the points where the slope is —14 are 








dinK’ a dinH [1 4 
dnB  dinB 


connected by dashed lines, and points where the slope 
is — 4 are connected by dotted lines.* 


Use of design curves to predict bearing performance 


The design curves are used in this section to predict 
properties of three bearings: a circular thrust bearing 
with approximately longitudinal flow from narrow rec- 
tangular recesses as in Fig. 2(e) an inherently com- 
pensated thrust bearing with radial flow as in Fig. 2(a); 
and an inherently compensated journal bearing as in 
Fig. 2(g). In each case, ambient conditions are as- 
sumed to be 70 F and 14.7 psi. 


A. EXAMPLE 1 


A companion paper by Allais (12) describes the 
design methods which he applied to a thrust bearing 
similar to that of Fig. 2(e). The same bearing is now 
analyzed for a particular condition for which experi- 
mental data is available. 

Load, stiffness, and flow are predicted for operation 
at h = 315 in., p, = 49.7 psi with air as the lubricant, 
and the following bearing dimensions: 


d = 0.0024 in. 
6 = 0.004 in. 
L = 0.358 in. 
ry = 0.003 in. 
re = 0.077 in. 


Because of the configuration, the flow is assumed to be 
longitudinal. The dimensionless geometrical param- 
eters are S=re/L =0.209, o =11/re = 0.039, 
A = 6/d = 1.66, and H = h/d = 0.131. 

The restricting areas are md?/4 = 4.5 X 10°® in.?, 
2hL = 226 X 10-6 in.?, and rd(h +6) = 32.6 x 10-® 
in.?.. The inlet orifice for this bearing controls the flow. 
The bearing parameter® is B= 1.72 based on 
Cp =0.9. Since there is little difference between 
values for small oc, it is easy to interpolate from Figs. 6 
to 8, and 15 and 16 to get M’ = 0.91, W’1 = 0.32, and 
K’,, = 0.85 for ¢ = 0.039. The volumetric flow rate is 
Q = 1728C pA[2kKRT/(k — 1)]!/2M’ = 0.716 X 1074 cfs 
of air at 14.7 psi. Since there are four sections in the 
bearing, the load and stiffness are W = 4(2p.Lr2)W', = 
1.04 lb, and K = 4(2p,Lreh)K’, = 8,760 lb/in. Ata 
load of 1.04 lb, Allais (12) experimentally found the 





* Ling (18) described design methods which are based on the 
fact that, for given p, and pa, the optimum stiffness is a function 
only of Py, regardless of the recess size. The optimum stiffnesses 
in Ling’s figures for gas films correspond to optima plotted in 
Figs. 15 to 22. For example, maximum values of Ling’s curves 1 
for constant clearance are derivable from the maximum values of 
K' where dinH/dinB =0. The maximum values of Ling’s 
curves 2 are derivable from the values of K’ indicated by the 
dashed line. 

5 It is useful to note that [2kRT/(k —1)]”? = 3 X 104 in./see 
for air at 70 F. 
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film thickness to be h = 290u in. The slope of the 
experimental load-displacement curve gave K = 7,750 
lb/in. As expected, the assumptions made here result 
in an over-estimation of the load and stiffness. 

The film thickness which gives the maximum stiffness 
for the same thrust bearing with the same ambient and 
supply pressure is obtained from Fig. 15. The opti- 
mum stiffness with constant area orifice control requires 
B=8.1. It follows that K’, = 1.30; using Eq. [5], 
the desired film thickness for constant area control is 
determined to be 186y in. 

In designing externally pressurized gas bearings it is 
important to have load-spacing and stiffness-spacing 
curves. Figure 23 shows load and stiffness for the same 
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Fic. 23. Load and stiffness curves for an orifice-controlled 
thrust bearing. 


thrust bearing with p, = 29.4 psi (P, = 2.00), as 
calculated from Figs. 7, 8, 15, and 16. It is unnecessary 
to make special calculations for the orifices in series 
because throughout most of the range the inlet orifice 
is the controlling area. 


B. EXAMPLE 2 


Load and spacing curves for an inherently compen- 
sated circular thrust bearing for which two inlet restrict- 
ing areas must be considered are shown in Fig. 24. In 
this case d = 0.0020 in. and r2 = 0.2000 in., so that 
o = 0.005. The bearing parameter is 


1 1 
— <- 3 5 in. 
PD) H<; (h < .0005 in.) 
B = 0.171 for 
1 1 
—. >- aa 5 in. 
aH #2; (h > .0005 in.) 
or 
1 
iP aol 
B = 0.171 for 
1 
4 es | 








where a = A;/A2 = d/(4h) = 1/(4H). The dotted 
line of Fig. 24, labeled “approximate load,” was ob- 
tained by reading W’, directly from Fig. 11, using B 
as given above. The discontinuity in the slope occurs 
at H = 4%. The solid line was obtained, using an 
effective B, as described in Appendix A. For example, 
at H= 4%, B=2.74 and a=1. Using Fig. Al, 
P; = 1A1. From Fig. 4, the effective bearing param- 
eter is determined to be 2.1. The load 0.051 for 
B = 2.1 is determined using Fig. 11. This is signifi- 
cantly less than the 0.063 which corresponds to 
B = 2.74. 

The stiffness curve for this example is more difficult 
to establish. Note first that the transition of control- 
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Fic. 24. Normalized load and stiffness curves for a thrust 
bearing with inherent and orifice-controlled compensation. 
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ling area occurs at H = \4, giving B = 2.74. To the 
right of this point a curve is drawn parallel, but dis- 
placed downward by a factor of 24, to the K’ curve 
corresponding to P, = 2. The mixed transition region 
is bounded by 0.084< B< 4.24, determined by 
methods described in Appendix A. In this region a 
curve is drawn to join the portion of the K’ curve lying 
in B < 0.084, which corresponds to orifice-compensa- 
tion, and the portion in B > 4.24, which corresponds to 
inherent compensation. Such an approximate K’ 
curve can be seen drawn in Fig. 19. From this curve, 
for H = 4, K’r = 0.105 is read and dW’/dH = 0.42 
is obtained. 
C. Example 3 


Consider a journal bearing type (g) in Fig. 2 with 
the following dimensions: 


length 1 in. 
bearing diameter 1.00145 in. 
journal diameter 1.00000 in. 


16 inlet holes 0.020 in. diameter 


As an approximation, we ignore circumferential flow 
and¥restrict our stiffness calculation to concentric 
journal and bearing. (Even in the concentric position, 
circumferential flow affects the stiffness, because K 
depends upon quantities which change with film 
thickness. ) 

The load on a journal bearing with n sections is 


W=- a (W1)n cos Bn ’ [27] 


where (W_). is the load on the nth section for longitudi- 

nal flow, and 8, is the angle to the center of the nth sec- 

tion. The load is, of course, zero for zero eccentricity. 
The relation between film thickness and angle is 


h=c+ecosB, [28] 


where c is the radial clearance and e is the eccentricity. 
It follows that d/dh = secBd/de. Because the sources 
are at 22.5° intervals, it can be assumed that the point 
sources are replaced by a line source. The width of the 
n sections is reduced so that the summation of Eq. [27] 
can be replaced by integration. Hence, for zero 
eccentricity 


Qr 
K = rK*, f cos?BdB = arK*,, [29] 
0 
where K*, is the stiffness for a unit width. 


The bearing parameter for this inherently compen- 
sated journal bearing, using Cp = 1.00, is B = 19.3. 
The dimensional stiffness is 


K = 2[(2/3)(4peA r/e)|\K'1 = 42,200 K’, lb/in., 


for pa = 14.7 psi, Ar = 1 sq. in., r= % in., and 
ce = 0.000725. 


The stiffness has the factor 2 because there are two 
bearings, and the factor 24 because the bearings are 


inherently compensated and the curves are for orifice 
control. Since the bearing film pressure satisfies the 
membrane equation in p?, the load and stiffness are 
likely to vary more or less parabolically. Figure 25 
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Fic. 25. Static stiffness for an inherently compensated journal 
bearing, « = 0, x = 0.00145, r = 0.5 in., L = 1 in. 


illustrates the agreement between predicted and experi- 
mental values of stiffness as functions of supply pres- 
sure for «=e/c=0, and y=c/r = 0.00145. As 
expected, the predictions tend to overestimate the 
stiffness. Since designers are most often interested in 
K"/2) the error is usually acceptable. 


Summary 


The design curves presented here have been shown 
to give good predictions for the characteristics of ex- 
ternally pressurized gas lubricated thrust and journal 
bearings. The principal limitations are: 

1. the gas flow should be laminar with negligible 
fluid inertia; 

2. the bearing geometry should be such that flow 
can be considered either longitudinal or radial 
between parallel surfaces. 


Ambient temperature and pressure, gas viscosity, 
adiabatic exponent, discharge coefficient and character 
of flow (i.e., longitudinal or radial) are combined into a 
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bearing parameter. Curves for inlet film pressure and 
mass flux are given as functions of the bearing parameter 
with the ratio of supply to ambient pressure as a param- 
eter, for both choked and unchoked flow. The bearing 
can be inherently compensated or orifice-controlled. 


Curves from which the bearing load and stiffness can 
be determined are presented for a range of recess sizes 
and supply pressures, each expressed as a ratio. Al- 
though the bearing load curves apply to all types of 
control areas, the stiffness factor curves are drawn only 
for orifice control. These curves can be modified to 
account for inherent compensation or to apply to con- 
figurations where restricting areas in series are of 
comparable size. 


The curves can be used to design bearings for opti- 
mum load or stiffness consistent with minimum flow. 
It is, for example, comparatively easy to choose a 
restricting area which is appropriate for any given film 
thickness. Although inherently compensated bearings 
offer greater resistance to pneumatic instability, such 
bearings are only two-thirds as stiff as similar recess 
bearings with fixed area orifice control. 
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Appendix A 


Two ORIFICES IN SERIES 


Flow through two restricting orifices in series be- 
comes important when the inlet restricting orifice area 
A, is comparable to the area Ag at which inherent com- 
pensation takes place. Figure Al is drawn to permit 
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Fic. Al. Charts for determining interior pressure when two 
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establishment of the recess pressure p, and the inlet film 
pressure pi when p,, pa and the area ratio a = A;/A2 
are known. The figure is based on the assumption 
that, although flow is adiabatic through each restriction, 
the fluid velocity dissipates and the temperature 
equalizes; i.e., T, = T, = Ti; = Ta, where T, is the 
temperature of the bearing walls.® 

The lower half of Fig. Al comes directly from Figs. 4 
and 5, in which p, is presumed to be the supply pressure 
to the inherently compensated orifice. The parameter 
B, is the bearing parameter calculated for the downstream 
area, Az. The upper half of Fig. Al applies to bearings 
in which there is adiabatic flow through two orifices in 
series from p, to p, to pi. Either orifice may be choked 
or unchoked. 

In order to use the figure, calculate B, and a and 
locate that abscissa for which the correct P, = p./pa 
is obtained by dividing the value P, = p./pa, read from 
the lower curves, by the value P,/P, = p./p,., read 
from the upper curves. Then read off P\~! = p./pi 
from the lower curves. An effective B can accordingly 
be established from Fig. 4 or 5 as that value for B which 
gives the correct P; for a given P,. This effective B 
will always be less than B,. 

For constant area control, B <« H~3; for inherent com- 
pensation with no recess, Bx H~?. Where there is 
mixed compensation, B« H~*, where 2< \< 3. Al- 
though an equivalent area can be determined, it must 
be realized that since the film thickness is bound into 
this area (and therefore B), this area changes as the 
film thickness changes. 

Note from Fig. Al that P, is within 6% of P, as long 
as A; >2Ap2 but that P; is within 6% of P, over a 
reasonable range of P,/P, when Az > 5A. Specific 
cases must be individually examined. 


Appendix B 
Some AsyMPTOTIC EXPRESSIONS 


Limiting values for the bearing properties which are 
applicable for large and small B were used to construct 
the curves. They are useful for making extensions. 
The bearing parameter B—0 as P} > 1 or H-> @, 
and B— » asH -0. 


Interior Pressure 


We note that Pi > 1 as B-—0. Thus, the interior 
pressure in Eqs. [6] and [7] can be expanded to 


Py~1+ = Pia V1 — P-itHlk [B.1] 





® If instead of assuming 72 = 7, the isentropic expansion 
temperature at the outlet of the orifice is assumed to be the tem- 
perature of the film, there is less energy in the flow, and a lower 
bound on P, is therefore obtained. The reduction in Pj, for 
example, is at most half an atmosphere for P, = 10 and is negligi- 
ble for B < 0.4 or B > 40. Since, in practice, the film tempera- 
ture rises nearly to ambient near the source and the pressure drop 
due to this effect is small, T, = 7, = T. is used. 


when P;/P, > P., and 


Pi~1+ ‘ P,PtV1 — Polite [BQ] 


when P;/P, < P.. 
These expressions are accurate to O(B?). 


When B is large, P; ~ P,, and flow cannot be choked. 
Set Pi/P,~ 1 in Eq. [7] and obtain 


1-1/k 

P,2~1+ BP, Ji ae (2) (B.3] 
1 B P 1-1/k 

ja ds+ 2 =(2) ; [B.4] 


P 1 oat P,? 277k/(k-1) 
pel _ (FS ) | : [B.5] 


which can be written, accurate to O(B~*), 


P, k 1— <a) 

—aw -— . B.6 

P, k- “( BP, ait 
Mass Flux 


Whenever P;/P, < P., Eq. [2] is directly applicable. 
When P;/P, => P., limiting values for mass flux for 
small B can be established from Eqs. [12] and [13]. 
With Pi; > 1as B—0, P;/P,-—1/P,. Hence, 


M' =~ P)-G/) V1 — Pit [B.7] 


with accuracy to O(B?). 


This limit extends into the Bernoulli region, where 
inertial flow becomes important. Since inertial flow is 
ignored, the behavior of the flow in the Bernoulli region 
cannot be predicted; the load, therefore, simply ap- 
proaches zero as B — 0. 

Since, for large B, Pi ~ P,, it follows from Eq. [16] 
that 





Thus 








or 








Bide 
M’~ et, [B.8] 


with accuracy to O(B-?). 
Load 
The load curves of Figs. 5 to 12 for longitudinal flow 
approach the asymptotes: 


1 
Wi ~ + ° BP, 





PO») V1 — Pain, Pt rae 
rs [B.9] 
PAkVy — Pin, <P. 


for B — 0; and 











280 I. C. TANG AND W. A. Gross 
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[B.10] 


for B— o, 
For radial flow, the curves approach 
(o? — 1) BP, 
We ~ 
* 4lno 
cceeeapiaicretenian Ne 
P-1b) V1 — Pak, — > P,, 
. P, [B.11] 
PlkV/1 — Pi-ik,— < P, 
P.= 


8 


for B — 0, and 


W'n > P.o? 4 [- ferf (WG) — erf (WG/P,)}, 
[B.12] 
for B— o, 


These equations are accurate to O(B?) for B 0 and 
O(B-*) for B— &. 


Stiffness 


After a good deal of manipulation, it is possible to 
establish the appropriate limiting values for stiffness: 


K',~3W',, [B.13] 
for B — 0; and 











2loe 2+0 
ae we 2 ' 
K LD Re (P,.~ 1) [1 + 30 P.(2+ P| 
[B.14] 
for B— ~; 
K'n~ 3W'e [B.15] 
for B > 0; and 
: 21 
K RD Rp (P,? — 1) 
. | W's (P. - =a) + P,- | [B.16] 
for B— -, 


These equations are accurate to O(B?) for B-—0 
and O(B-*) for B— o. 


DISCUSSION 


H. H. Ricuarpson (Massachusetts Institute of Technology, Cam- 
bridge 39, Massachusetts) : 


I would like to commend the authors for this extensive presen- 
tation of the characteristic curves for orifice-compensated gas 
thrust bearings. This work, which can be applied also to estimate 
the performance of journal bearings and complex thrust bearing 
configurations, should prove very useful to designers since it in- 
volves only a limited number of parameters and yet in many cases 
will give reasonably accurate predictions of performance. 

A word of caution is in order, however, in regard to the indis- 
criminate use of the curves presented in this paper. As the authors 
point out in the introduction to their paper the analysis presented 
applies only where the flow in the bearing gap is essentially 
laminar. Unfortunately, no completely satisfactory means of de- 
termining the range of validity of the analysis in quantitative 
terms has been developed. In the case of the radial-flow thrust 
bearing, the analysis of Comolet (9) provides some basis for 
finding the range of bearing parameters, gas pressures, and so 
forth over which inertia effects in the flow will be small. Laub 
(10) has investigated a range of bearing variables in which cor- 
relation between the simple theory and experiment is remark- 
able. Several other references listed by the present authors also 
deal to some extent with this question. If, in the circular thrust 
bearing, the radius is large, the gap small and the gas pressures 
low, the laminar flow equations are satisfactory. There are some 
applications, however, in which the bearing clearance must be 
relatively large, say one mil or so, for reasons of thermal distor- 
tion or clogging by dirt particles and yet the pad diameter is 
small, say 0.5 to 0.75 inch. For bearings operating in this range 
with supply pressures as low as 40 psig, Salbu (A1) found that 
the simple laminar flow analysis is grossly inadequate. A clarifi- 
cation of the ranges of applicability of the simple analysis for 
thrust bearings would be a valuable contribution to the litera- 
ture on pressurized gas thrust bearings. 


In regard to the so-called inherently-compensated journal 
bearing shown in the authors’ Fig. 1.2g, I can comment to some 
extent on the range of validity of the analysis presented. An 
experimental and analytical program dealing with the inherently- 
compensated type of bearing has been carried on at the writer’s 
laboratories for several years. The term “inherently-compensated” 
was in fact first introduced by Grinnell and Richardson (A2) to 
describe the type of bearing in which the upstream or compen- 
sating restrictor was formed by the annular area between a 
straight-drilled inlet hole and the bearing surface. A large number 
of bearings have been tested, ranging in radial clearance from 
0.0003 inch to 0.00032 inch and in diameter from 1.00 to 1.50 
inches at supply pressures up to 300 psi. In this range, the inter- 
mediate or interior pressure ratio P, (see the authors’ Fig. 2.2) 
was found to agree with the simple theory within 5 to 10%. 
The stiffness for eccentricity ratios less than 0.5 was found to 
agree with theory in most cases within 20% and in almost all 
cases within 50%. A summary of this information is being pre- 
pared for publication. The analysis that we have employed is 
presented in Refs. (3) and (A2) and is substantially the same as 
used by the present authors. In order to compare some of our 
results with the predictions of the authors’ analysis, Mr. Philip 
Mullan! of our laboratory has taken a particular bearing configu- 
ration which we have tested and has compared the test data with 
the predicted stiffness given by the authors’ paper. Following the 
calculation procedure outlined in the authors’ Example 3 for a 
journal bearing but substituting the bearing parameters noted on 
Fig. Al, Mr. Mullan has found the predicted bearing stiffness to 
vary as shown as a function of pressure ratio P, across the bear- 
ing. The experimental data for this bearing falls well below this 
theoretical curve as may be seen in Fig. Al. When, however, the 





1 Research Engineer, Engineering Projects Laboratory, M.L.T., 
Cambridge, Mass. 
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journal bearing stiffness is computed as described in Ref. (3) by 
first computing the stiffness of one symmetrical section of the 
bearing (in this case a 22 1/2° section) and then multiplying by 
one-half of the number of bearing sections or pads, very good 
correlation is obtained with experiment. Figure Al shows the 
results of this procedure, where the authors’ theoretical curves 
have been used to compute the individual pad stiffness. It is in- 
teresting to note from these curves that at large pressure ratios 
the stiffness tends to level off and become relatively independent 
of pressure ratio. 
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AuTuHors’ CLOSURE: 


Professor Richardson did well to emphasize the limitations of 
the present analysis which were described in the abstract, and 
both the analysis and summary sections. It is all too tempting to 
use design charts indiscriminately; the emphasis of the limita- 
tions should serve to alert the reader to use appropriate caution. 
One additional point which merits emphasis is that, although Eq. 
[27] may be applied to a journal bearing with any eccentricity 
ratio if there are a sufficient number of sources, the simpler Eq. 
[29] is specifically applicable only for ¢ = 0. Since journal bear- 
ing stiffness is nearly constant for e < 0.5, the usefulness of Eq. 
[29] is enhanced. 

The problem of predicting the pressure profile in an externally 
pressurized bearing when inertial flow is significant has also been 
studied by the authors. Although the work is as yet incomplete, 
some pressure profiles for a large number of examples, as ob- 
tained in the junior author’s laboratory, have been presented by 
Carothers (B1). 

Professor Richardson observed that the stiffness of the journal 
bearing of Fig. Al became comparatively insensitive to the pres- 
sure ratio P, at large values of P,. 

The figure in fact shows an inflection point between a concave 
upward portion at small values of P,, and a concave downward 
portion at large values of P,. These general characteristics can be 
recognized directly. Consider for example a journal bearing with 
€ = 0 for which B = 5 and r,/r, = 0.01. Since e = 0, the stiffness 


factor is directly proportional to the stiffness. Table B1 lists in- 
crements of stiffness factor corresponding to increments of pres- 
sure ratio. The existence of an inflection point is evident. 








TasBie Bl 
P, AK’, /AP, 
7.5 0.26 
4.25 0.47 
3.0 0.51 
2.25 0.68 
1.875 0.68 
1.625 0.68 
1.375 0.56 
1.1625 0.37 





In his verbal discussion of the paper, Professor Richardson 
observed that there are important cases where the film thickness 
and pressure ratio must be held constant and the designer wishes 
to optimize his restrictor. Under these conditions, the optimum B 
for a given P, can be read directly from the appropriate of Figs. 
15 to 18 corresponding to the maximum value of K’ for the par- 
ticular curve for constant P,. The constant P, curves must of 
course be modified as described in the paper if both orifice and 
inherent compensation must be considered. 

The principal aim of this paper was to present design data 
which can be applied to externally pressurized bearings with 
parallel surfaces. Clearly, the journal bearing with zero eccen- 
tricity is a special case to which these results can be applied, 
subject to appropriate limitations. It is noteworthy that the 
predicted stiffness which results from using the method of Eq. 
[29] is identical to that described by Professor Richardson in his 
discussion. For each method we first calculate the bearing param- 
eter B. The only possible difference in B can arise from the ratio 
A/L. In Professor Richardson’s approach, A is the area of one 
restricting orifice, and Z the bearing circumferential length as- 
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sumed to be fed by this orifice. In the method described here, 
A/L is considered to be the restricting orifice area per unit length. 
Clearly the ratios are the same in each case, and the bearing 
parameter for Fig. Al is B = 5. In order to convert the stiffness 
factor to dimensional stiffness, Professor Richardson considers half 
of the bearing sections to be active. He therefore calculates the 
stiffness K for his single bearing to be 4(2Lp,r./h)K’,, for the 
four active pads, where L=2D/8 in. Using the method de- 
scribed in the paper, we calculate K to be (p,rA,/h)K’, where 
A, = 2r, sq. in. since we consider a unit length of circumference. 
In both cases we see that K = 7.45 (10+) K’,; because the bear- 
ing is inherently compensated, the value of K’,; used should be 
2/3 that read from the charts. 

An experimental verification of the fluid flow predictions was 
obtained after this paper had been submitted. From the standpoint 
of completeness, the volumetric flow rate which results for two 
identical bearings with L = 0.5 in., D = 1 in., d = 0.00020 in. (16 
sources), ¢ = 0.0006 in., and e = 0, are shown together with the 
predicted values in Fig. B1. The bearing parameter for this exam- 
ple is B = 14.4. 

It has been brought to our attention that the theoretical curve 
of Fig. 25 is high by a factor of two from the computation pro- 
cedure outlined. The caption of Fig. 25 should have stated that 
the results are for a pair of bearings, rather than a single bearing. 
When this is taken into account, the difference will not occur. 
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B. Srernticut (Mechanical Technology, Inc., Latham, New 
York), and J. Lunn (General Electric Co., Schenectady, New 
York): 


The authors should be complimented for presenting this useful 
data in easy to use design form for externally pressurized gas bear- 
ings. While the results seem to be accurate for the thrust bearing 
configurations a, b, c, and f (Fig. 2) and reasonably accurate for 
configuration d and e caution should be exercised when journal 
bearings of configurations g and h are considered. Unfortunately 
the journal bearing results presented by the authors do not give 
safe design criteria. They yield higher stiffness and in turn load 
carrying capacity then is experienced in practice. This difference 
sometimes turns out to be almost an order of magnitude. There- 
fore, calculated natural frequencies may be 3:1 greater than prac- 
tice. This could result in a rotor design which operates at the 
critical speed which in general should be avoided. Furthermore 
since the threshold of whirl for externally pressurized journal 
bearings occurs at speeds greater than twice the first system 
critical such a design may also introduce whirl instability. 

The authors give a nuniber of references. It is unfortunate that 
they were not aware of the papers by G. Heinrich, “The Theory 
of the Externally-Pressurized Bearing with Compressible Lubri- 
cant” presented at the First International Symposium on Gas- 
Lubricated Bearings, October 1959. Additional work of his was 
also discussed in, “Theory of Hydrodynamic Lubrication” by 
O. Pinkus and B. Sternlicht, McGraw-Hill Publication. This 
valuable work is brought to the attention of the reader since 
the results are in closed analytical form and at this time they 
give closest agreement with practice. 

To illustrate this point see Figs. C1-C5 which compare the 
theoretical results obtained from Tang-Gross’ paper with those 
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of Heinrich. In addition Figs. C1-C4 also give experimental re- 
sults which were obtained on ONR Contract No. NONR 2844(00), 
Task No. NR 097-348. Note that Tang-Gross yield con- 
siderably higher results while Heinrich’s results in general are 
conservative. The bearing parameter B = 5.83 for this com- 
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parison. At higher values of B the comparison between these two 
methods of analysis improves. 

It is hoped that these remarks will add to the value of this 
paper and that the designer will exercise caution in using the 
journal bearing results. It would be extremely valuable if the 
authors could expand on the limitations of the results presented 
in the paper and provide additional experimental comparison. 
When this is done the paper will provide a very valuable tool to 
the designer. 


AvuTHorsS’ CLOSURE: 


The authors appreciate the contribution of the experimental 
results by Messrs. Sternlicht and Lund. These discussers were 
not able to get satisfactory correlation between their experimental 
results and predictions using the design charts because they did 
not use the charts properly. For example, to obtain the stiffness 
of an externally pressurized journal bearing in lbs/in. the con- 
version, K(Ibs/in.) = (xrL p,/c)K,’, should be used. However, 
the discussers evidently used the conversion factor in Fig. C5. It 
resulted in values which are too large by a factor of two if the 
bearings are orifice compensated, or three if inherently compen- 
sated. 

The so-called Tang-Gross curves of Figs. C1-C3 are incorrect 
as plotted. Equation [27] which is the only load-eccentricity 
equation given in the paper, does not yield a load which is 
linear in ¢. In fact, the design curves lose applicability at large 
eccentricity ratios because the bearing surfaces become less nearly 
parallel. This effect is especially noticeable with large clearance 
ratios. 

There is also an error in the transcription onto Fig. C4 of 
the discussers’ measured results in Figs. C1-C3. The slope of a 
load-eccentricity curve gives the stiffness of the bearing. This 
slope, as measured from the curves in Figs. C1-C3 at zero ec- 
centricity and at pressure ratios of 2, 4, and 6, yielded a stiffness 
of 0.4, 1.25 and 1.82 x 10° lIbs/in., respectively. The discussers, 
however, indicated corresponding values of 0.25, 0.7, and 1.4 
Ibs/in. (evidently omitting the 10° scale factor from the ordinate) 
in Fig. C5. Their values correspond to a non-zero eccentricity 
and are not appropriate for comparison. 

For lack of a more detailed description of the discussers’ bear- 
ing two calculations are made. In each case we ignore the factcr 
a which is defined neither by the discussers nor in the paper 
by Heinrich to which they refer. In the first case, we use the 
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same bearing parameter given by the discussers B = 5.83, and, 
because adh < md2/4, assume inherent compensation. The result 
is plotted in Fig. D1 together with the experimental curve for 
© = O derived from Figs. C1i—C3. If the orifice were recessed 
to insure orifice compensation, the curve for B = 5.83 would be 
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Fic. D1. Comparison of Sternlicht-Lund experimentally deter- 
mined stiffness for ¢ = O and Heinrich curve with predictions 
using design charts. 


raised by a factor of 1.5. In the second case, we calculate B = 
2.92 (for Cp = 1.00) and B = 2.19 (for Cp = 0.75) using the 
data given in Fig. C4 and assuming inherent compensation. The 
stiffness curves for these examples are plotted in Fig. D1. For 
comparison, the Heinrich curve of Fig. C4 is also plotted in 
Fig. D1. It is clear that, contrary to the discussers’ claim, these 
design methods yield results which are closer to the experimental 
than are the Heinrich predictions. 


The authors did not refer to the Heinrich paper because of 
its limited applicability. The Heinrich contributicn is useful for 
bearings in which there are a series of restricting orifices leading 
to each external pressure source in the bearing such that the 
orifice flow is isothermal. Heinrich considered there to be enough 
orifices for the summation of the effects of the restrictions to be 
replaced by an integral. These assumptions are not justified for 
a single restricting orifice per source film. The Heinrich paper 
gives a closed form solution for the pressure but not for the 
load nor the stiffness in his particular kind of externally pressurized 
bearing. Figure C5 must be corrected to permit comparison of 
the two stiffness curves. The top curve in that figure is taken 
directly from the design charts. The lower (Heinrich) curve must 
be raised by a factor of two to correct for the discussers’ error 
in relating K to K’,;. When this is done, the curves cross at B = 
20, and predict the lower stiffness for the Heinrich type bearing 
rather than for the conventional orifice compensated bearing for 
B < 20. 


In closing, the authors feel that they should emphasize their 
aims in presenting this paper. The chief purpose of this work is 
to make available design curves based on well-known and well- 
confirmed methods. The establishment of design criteria, however, 
is the responsibility of the designer. He must decide on the 
applicability of the curves to his problem and assign appropriate 
factors of safety. 

















A Theory of Boundary Lubrication’ 


C. M. van Battum? and J. J. Broeder.2 In this paper the 
mechanism of boundary friction is assumed to be due to the 
molecular forces between hydrocarbon molecules adsorbed on 
the mating surfaces, a point of view which has been taken by 
Hardy. If the two surfaces, supposed to be ideally flat, are sliding 
over each other, the potential energy between the adsorbed layers 
will be a periodic function of their relative position. Cameron 
argues that the average frictional force is given by the difference 
between two consecutive extreme values in the potential energy, 
E, and E,, divided by the corresponding difference in distance. 

The energy minimum £, in the absence of external load is 
calculated by summing the London-van der Waals energy over 
all scattering centres (methylene and methyl] groups) in one layer, 
within a distance of 8A from a certain hydrocarbon chain in 
the opposing layer. In this way, however, a (negative) attractive 
energy E, is found which in absolute value is about 30% too low.3 
This is caused by the fact that although the contribution of the 
scattering centres falls off with R—®, their number increases as 
R2, which finally makes the attractive energy between the layers 
proportional to d—2 (d is the distance between opposing layers). 

The energy maximum £, is assumed by Cameron to be very 
small with respect to E,, which is based on the argument that E, 
cannot possibly be of the same order of magnitude as E,, since 
otherwise a paraffin chain “could move from one position to 
another in the middle of the surface, and only when it reached 
the periphery would there be any energy required to take it 
over the last energy barrier. The system is in fact, independent of 
length of the periphery, and depends only on the area, therefore 
E, can be taken as small with respect to E,.” This reasoning is 
in our opinion fallacious and in fact any value of E, sufficiently 
less negative than E,, for instance a positive one, will prevent a 
molecule to “move from one position to another in the middle 
of the surface.” Moreover if E, is much less negative than E, 
(Fig. Al) a considerable external force will be required to keep the 
distance d between the two layers constant, and in the unloaded 
state the distance between the planes will increase to the value d,, 
so that the frictional force would be proportional to E, — E, 
instead of E, — Ey. Again, like E,, E, is not necessarily small 
compared with E£,. 

In order to derive the coefficient of friction, Cameron calculates 
the attractive energy between the planes for a number of loads 
and values of d derived from compressibility data. It is further 
assumed that the repulsion potentials remain constant on compres- 
sion which is considered to be “not a serious matter because they 
are small.” If this were true the system would spontaneously con- 
tract to a density which can in fact only be obtained by a certain 
amount of external work. In Fig. Al the points A and B represent 
two compressed states, the tangents in A and B being proportional 
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1 By A. Cameron, published in the May, 1960, issue of ASLE 
Transactions, Vol. 2, No. 2, pp. 195-198. 

2 Koninklijke/Shell-Laboratorium, Amsterdam, Shell Interna- 
tionale Research Maatschappij N.V. 

3 This value is obtained from a comparison of the London-van 
der Waals energy integrated for a continuous mass distribution 
over the volume indicated by Cameron and the same energy in- 
tegrated over infinite space. 


to the external force (load) required to maintain the system in 
this state. It is seen from Fig. Al that the interaction energy be- 
tween the adsorbed layers becomes less negative with increasing 
load, which deprives the theory of its foundation. 

A theory of this type could make sense cnly if the frictional 
energy barrier is taken to be the sum of two terms viz.: (1) the 
London-van der Waals potential energy between B and B’ (Fig. 
Al, parallel tangents and hence comparable state of compression) 
and (2) the work done against the load if the distance between 
the planes is increased from B to B’. 


London - v.d. WAALS Energy 
Between Planes 











—+»Distance Between Planes 
Fic. Al. 


Cameron’s theory has been set up for perfectly smooth surfaces. 
For rough surfaces the real contact area is a very small fraction 
of the geometric surface area, so that the local pressures are very 
high. Since a large increase in local pressure would, according 
to the author, cause only relatively small changes in E, (Cameron 
loc. cit., table on page 197) it would follow that at constant load 
the frictional force and the coefficient of friction would strongly 
decrease with increasing surface roughness. This has never been 
experimentally found; only in a few incidental cases has a small 
effect of this type been described. The author finally claims his 
theory to be able to explain the difference between static and 
kinetic friction for nonpolar hydrocarbons as found by Bristow.* 
The difference would ultimately be caused by the fact that the 
intermolecular forces in nonorientated (static) and—supposedly— 
orientated (kinematic) cases would be different. This may well 
be the case, but since in the calculation the above incorrect theory 
is used, agreement between experiment and theory is meaningless. 


AUTHOR’S CLOSURE 


This note is an amplification of the theory of boundary friction 
which was based on a calculation of the net attractive forces 
between mono layers attached to the two rubbing surfaces. It 
can be stated briefly as follows. Let E, be the attraction energy of 
one chain in the upper layer in respect to all the chains in the 
lower layer calculated at its equilibrium position. If the surfaces 
are then moved relative to each other, at some position this 
chain will have a minimum net attraction energy E.. If the dis- 
tance between these two positions is x, the mean force F required 





4 Bristow, J. R., J. Inst. Mech. Engrs. 160, 384 (1949). 
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to move the chain from energy states E, to E, will be given by 
Eq. [1] of the original paper, 


Fx = E,—E, 


It was argued that E, is small in comparison with E, and so 
could be neglected. The arguments leading to this assertion were 
given briefly in the original paper and are amplified in this note, 
in response to a very detailed comment written by van Battum 
and Broeder and a verbal discussion with Professor Derjaguin. 
In both these comments the objections hinged on the validity of 
writing E, <<< E,. This step may be validated as follows: 

The net attraction energy is given by the sum E = $—@p 
where ¢ is the van der Waals potential which is proportional to 
> 1/R®, the sum of the distances R between each atom of one 
chain and the atoms of all the chains in the other layer. The 
second term ¢p is the repulsion energy. It equals 


$y = 7.70°X 10-29 x > 10—-2.08" 


where R’ is the distance between any two hydrogen atoms. 

At equilibrium ¢ = 5.54 X 10-14 ergs per chain and gp = 
0.33 X 10-14 ergs. 

It is seen that gp increases very rapidly with decreasing R’. 
In fact if the nearest hydrogen atoms are 2.07A apart, instead 
of 2.58A the repulsion energy equals the whole attraction energy 
of 5.54 X 10-14 ergs. 

In Fig. B1 the chains are shown in elevation. The carbon atoms 
are given as circles and the hydrogen as crosses. The carbon 
atoms at the end of the chain are shown as solid circles and 
those further away are depicted dotted. The terminal hydrogen 
atoms are shown as full crosses and the others are also dotted. 
The gap between the terminal carbon atoms of the upper and 
lower carbon chains is 3.09A. This decreases to 2.49A under the 
influence of the normal frictional force. A peak stress of 120 
tons/sq in. was considered in the paper. 

In Fig. B1 the plain view of the chains is drawn. Knowing 
the geometry of the system it is possible to draw, in plain view, 
circles centred on the terminal hydrogen atoms of the other will 
approach to within 2.07A. This is the critical distance to make 
the repulsion energy equal to the equilibrium van der Waals 
attraction potential at which point the met attraction energy E, 
will then be zero. These circles are drawn round each terminal 
hydrogen atom of chain 1. The inner circles correspond to the 
C—C separation of 3.09A and the outer to the 2.49A gap. 

Looking at this diagram it is clear that the hydrogen atoms of 
the lower chain, marked as X on chains 2, cannot move directly 
from one equilibrium position to the next when the surfaces are 
moved, without passing over a circle indicating zero E,, so it is 
valid to write E, << E,. Even if a somewhat crooked path is 
taken, the peak repulsion energy must grow to a quite large 
value. At this point, also, the van der Waals forces will almost 
certainly be much less than they are at the equilibrium position, 
and so the justification for putting E, << E, is again valid. 

This argument was mentioned briefly in the original paper in 
the second paragraph of page 196, but is given at greater length 
here. 

In conclusion, one or two minor queries which have been 
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raised may be considered. Messrs. van Battum and Broeder stated 
that Ewing had also produced a theory of friction, which I did 
not know, although Tomlinson’s was well known to me, but 
this latter deals with a quite different system which I did not 
refer to. I did not know about the Polyani-London treatment 
of long range van der Waals attraction energy, and I must thank 
Dr. A. J. Kitchener of this college for referring me to J. H. de 
Boer’s article in Vol. 3 of “Advances in Colloid Science” (Inter- 
science, 1950) where it is given. The fact that it alters my value 
by only 30% is a matter for satisfaction. Calculated values of 
the repulsion potentials at the smallest gaps were still considerably 
less than the attraction energy. One further point, it is true that 
where the nominal area of contact is large, as in two flat plates 
in contact, the actual area of contact is small, but in point or 
line contact (discs and cylinders) the actual area and the nominal 
(Hertzian) area are practically the same. 




















CONTENTS 


Larson, R. H., and Prken, A. G. Bearing and Lubricant Requirements for 
Some Aerospace Projects: Discussion and Preliminary Investigation 

BucKLey, DoNALD H., SWIKERT, MAX, and JOHNSON, RoBERT L. Friction, 
Wear, and Evaporation Rates of Various Materials in Vacuum to 10-* mm 
Hg 

Brown, R. D., Burton, R. A., and Ku, P. M. Friction and Wear Charac- 
teristics of Cermets at High Temperature and High Vacuum 

KL. InT, R. V., and Owens, R. S. Lubrication of Diffusion-Beryllided Titanium 

KIssEL, J. W., GLAESER, W. A., and ALLEN, C. M. Sliding Contact Frictional 
Behavior in Sodium Environments 

BaILey, JOHN M., and GwATHMEY, ALLAN T. Friction and Surface Deforma- 
tion During Sliding on a Single Crystal of Copper 

GopFrEy, DoucLas. Chemical Changes in Steel Surfaces During Extreme 
Pressure Lubrication 

SakuRAI, TosHI0, IKEDA, SAKUJI, and OKABE, HEIHACHTRO. The Mechanism 
of Reaction of Sulfur Compounds with Steel Surface During Boundary 
Lubrication, Using S*° as a ‘lracer 

Dortnson, A., and BRoMAN, V. E. Extreme Pressure Lubrication and Wear. 


The Chemical Reactivity and the Extreme Pressure Action of Two Aliphatic 
Disulfides 


CAMPBELL, W. E., and LErg, R. E., Jr. Polymer Formation on Sliding Metals 
in Air Saturated with Organic Vapors 


GroszEK, A. J. Heat of Preferential Adsorption of Surfactants on Porous 
Solids and Its Relation to Wear of Sliding Steel Surfaces 


Kaus, E. E., Tewksbury, E. J., and FENSKE, M. R. Preparation, Properties, 
and Some Applications of Super-Refined Mineral Oils 


Cox, D. B., OBerriGHT, E. A., and GREEN, R. J. Dynamic and Static Irradia- 
tion of Nuclear Power Plant Lubricants 


NissAN, ALFRED H. Elastic Behavior of Certain Hydrocarbon-Soap and Other 
Colloidal Systems 


SmitH, F. W. The Effect of Temperature in Concentrated Contact Lubrication 


Furey, M. J., and APPELDOoRN, J. K. The Effect of Lubricant Viscosity on 
Metallic Contact and Friction in a Sliding System 

BELL, J. C. Lubrication of Rolling Surfaces by a Ree-Eyring Fluid 

Rounps, Frep G. Effects of Base Oil Viscosity and Type on Bearing Ball Fa- 
tigue 

TALLIAN, Trsor. Weibull Distribution of Rolling Contact Fatigue Life and 
Deviations Therefrom 


GustaFsson, OLor G., and TALLIAN, TriBor. Detection of Damage in As- 
sembled Rolling Element Bearings 

ZARETSKY, E. V., ANDERSON, W. J., and PARKER, R. J. The Effect of Contact 
Angle on Rolling-Contact Fatigue and Bearing Load Capacity 


ScrpsBE, H. W., and ANDERSON, W. J. Evaluation of Ball-Bearing Performance 
in Liquid Hydrogen at DN Values to 1.6 Million 


OsTERLE, J. F., and Dixon, J. R. Viscous Lubrication in Wire Drawing .... 


SPEEN, GERALD B. Pressure and Flow Studies of an Experimental Externally 
Pressurized Gas Lubricated Bearing 


Attats, D. C. The Design of Externally Pressurized Gas Thrust Bearings for 
Maximum Stiffness and Stability 


Tans, I. C., and Gross, W. A. Analysis and Design of Externally Pressurized 
Gas Bearings 


Discussions of Previously Published Papers 








